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Abstract 

This study discusses the thermal isolation efficiency of 

the air knife system at the opening of two spaces with 

temperature difference. As the tiny outlet of air knife 

can increase the supply air velocity to reduce the 

volume flow rate, forming a good air curtain barrier to 

reduce the energy loss and the effect of outside 

temperature on the interior is the key point of this study. 

This study uses Computational Fluid Dynamics to 

discuss the thermal isolation efficiency and heat affected 

zone coverage ratio of air knife in different 

configurations of supply air angle, supply air velocity 

and volume flow rate proportion of return air and supply 

air. The findings show that the thermal isolation 

efficiency obtained by turning the supply air angle 

towards the warm area is better than the configuration 

of vertically downward supply air, the maximum 

difference is 15%. The supply air velocity and thermal 

isolation efficiency are influenced by the supply air 

angle, but apparently the supply air angle toward the 

warm area can implement thermal insulation at a low 

supply air velocity. When the volume flow rate 

proportion is increased from 0.0 to 1.3, the thermal 

isolation efficiency is increased by about 5%, the 

increasing amplitude is obviously smaller than the 

thermal isolation efficiency obtained by changing the 

supply air angle and the supply air velocity.  

Keyword:Air knife, CFD, Supply air angle, Thermal 

isolation efficiency. 

Introduction 

With the progress of the time, the comfort level and 

convenience will continue to rise。According to the 

survey, an average of 88% of the time per person stays 

in the building. To maintain the quality and comfort of 

the indoor air, the presence of air conditioning will be 

indispensable. The leakage issue is related to heat 

convection phenomenon due to temperature difference 

between indoor and outdoor temperature. The opening 

will cause the high temperature and humid air from 

outdoor will enter to conditioned area. 

The air leak curtain can be set on manual door, 

automatic door, revolving door or air door to reduce the 

indoor air conditioning or outdoor air leakage. Air 

curtain is the most widely used commercial product in 

various industries. The operation uses cross-flow blade 

to drive the air and then sprays through the air ducting. 
Hayes and Stoecker (1969) explained that the air 

curtain equipment is designed with a wide width of the 

outlet which should be used with low speed. However, 

the wide width outlet is matched with the air volume 

obtained by applying the wind speed and the length of 

the wind, Often makes the pedestrians passing through 

the opening feel uncomfortable.  

The air curtain is a continuous gas fluid with air as the 

medium. The jet barrier formed by a single opening or 

multiple openings is used to block the energy transfer 

from the opening. The application range can be 

extended to prevent the spread of germs in the medical 

system. (Cao et al., 2014, Cook et al., 2009). The 

opening of the dust particles and smoke barrier Shih et 

al.(2011). Building fire facilities (Luo et al., 2013, 

Juraeva et al., 2016) food preservation (Hammond et al., 

2011, Goncalves et al., 2012, Gil-Lopez et al., 2014, 

Goncalves et al., 2012) Building energy conservation 

(Wang and Zhong, 2014, Frank and Linden, 2015, 

Giraldez et al., 2013, Neto et al., 2006) and other related 

applications. 

Costa et al.(2006) used a k–ɛ turbulence model and a 

two-layer wall function based on numerical simulations 

of differential equations for mass conservation in 2D 

models. The simulated air curtain is installed in two 

adjacent temperature-connected spaces to analyze the 

speed, height and reverse temperature gradient of the 

moving air curtain. The influence of different dynamic 

and geometric parameters on the sealing efficiency is 

found when the air curtain spray angle is 15°-20°. When 

the spray is facing outdoors, the air curtain sealing 

efficiency can be improved. F.C. Hayes explained when 

there is no external interference to the air curtain, the 

balance ratio between the kinetic energy and the thermal 

buoyancy of the air curtain fan is determined by the 

dimensionless parameter (Dm) of the air curtain 

stability Hayes (1968), The air curtain is 

approximately stable with a deflection coefficient Dm, 

minimum, and the sealing condition is optimal, and the 

efficiency can be increased to 75-80%.。Foster et al. 
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(2007) used numerical simulation and experimental data 

to compare the effectiveness of air curtains at different 

velocities, and numerically calculated and analyzed 

using 2-D and 3-D CFD models respectively. It was 

found that the air curtain flow cannot be assumed to be 

2-D, because the central part of the jet comes from the 

Coanda effect of the air curtain device, which causes the 

edge of the jet to bend to and form a void.  

In recent years, there has been another type of airflow 

concentrating system, namely the air knife system. 

When the air knife system is used, it is necessary to add 

a blower as a jet pressure source, and the pressurized air 

is sent to the air inlet of the air knife by the air duct, and 

then the air is sent out from the air outlet through the 

rectifying layer. Because of the gap flowing through the 

air outlet of the air knife system, the Iberoulli's theorem 

knows that the space is rapidly shrinking, which will 

increase the airflow speed. Because of the interference 

of the centrifugal force without blades, it has a relatively 

stable concentrated airflow, which can be used to 

replace the air curtain system. The efficiency of the air 

knife and the scope of its application have also 

gradually expanded. From Gill et al. (2004), by 

changing the special geometric shape and the Coanda 

effect, high-speed and uniform jet characteristics are 

produced, which are applied to the beef packaging 

process. 

Summarizing the sealing effectiveness of the air curtain 

has been confirmed, indicating that when applied to the 

air-conditioned space where the door is opened, the use 

of the appropriate air curtain can provide considerable 

energy saving effects. The main of this research is to 

use the air knife system which is often applied to the 

production line to remove moisture, dust, cooling and 

other application. The narrow nozzle width 

characterized by a streamlined design that allow the air 

curtain to easily reach high wind speeds and achieves a 

sealing effect with only a small amount of air. The air 

curtain system combined with the return air outlet has 

been found to have a high sealing effect, but the 

relevant design for the application of the return air in the 

building is insufficient, and how to achieve the good 

sealing efficiency with regard to the efficiency of the 

retrofit air inlet and the related parameter configuration. 

It is the focus of this study. 

Numerical model 

Domain geometry 

The experimental space is 110cm (L) × 408cm (W) × 

250cm (H) and 416cm (L) × 408cm (W) × 250cm (H) 

two unequal length spaces, from a 110cm (W) × 210cm 

(H The doorway is connected, as shown in Figure 1. 

The size of the air knife is 6.5cm (L) × 144cm (W) × 

13.3cm (H), which is placed at the front of the doorway 

215.7cm from the ground and 12.5cm away from the 

wall. The outlet opening is 0.2cm horizontally 

downward. 

 

Figure 1:Experimental space plan. 

The air knife nozzle has an opening width of 0.2 cm, a 

length of 144 cm, and an outlet aspect ratio of 0.0139. 

The blower is fed with high-pressure air from the side 

position, and is mixed by the hollow chamber in the 

water droplet shape section. The working principle of 

the air knife to produce the air curtain is shown in Fig. 

2. 

 

Figure 2:Air knife working principle 

Computational Fluid Dynamics 

The 3D simulation software uses the computational 

fluid dynamics software ANSYS Workbench 15.0 

(Computational Fluid Dynamics, CFD for short) to 

discuss the spatial airflow distribution and temperature 

diffusion behavior of the air knife. Based on the 

experimental space size and boundary conditions, a 

virtual model laboratory with equal proportion is 

generated. The experimental results are used to verify 

the airflow velocity distribution of the wind blade, and 

the error degree of the flow field change trend and 

experimental data is calculated.  And test the time 

step of the numerical model, and select the setting that 

meets the numerical accuracy and stability to increase 

the reliability of the simulation result. By using the 

simulation parameters, the configuration and boundary 

conditions of the air knife are further predicted, and the 

utility of the air knife in the two adjacent spaces under 

the temperature difference is predicted. 

Geometric Model Construction 

When discussing the change of the air knife angle to the 

flow field, the air knife angle is defined as α which is 

the angle between the normal line and the vertical line 

of the air knife outlet. When the α is changed, the 

direction of the air outlet is only rotated and the air 

knife is not changed. The size of the geometry model is 

shown in Figure 3. 
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Figure 3:Air angle diagram 

Experiment Boundary Condition settings 

In this study, a scaled model was constructed based on 

the actual size of the model laboratory and the 

configuration of the air knife. In the model, the 

experimental space and the inlet and outlet boundary 

temperature are constant at 27°C, and no heat source 

exists. The air knife inlet is a circular tube with a 

diameter of 9.6cm, the air inlet volume is 350CMH, and 

the average air inlet speed is 13.547m/s; the two spaces 

each have a pressure of 1 atmosphere, used as the air 

pressure for balancing the experimental space; the 

working fluid is incompressible air. The flow field is a 

steady flow field and considers the gravity; the air knife, 

wall and floor boundary are both adiabatic and no heat 

transfer. The detailed boundary condition settings are 

shown in Table 1. 

Table 1:Boundary Condition Setting 

No Boundary QTY Type Value unit 

1 Air knife 1 wall - - 

2 Outlet 2 pressure-outlet 1 atm 

3 
Air knife 

inlet 
1 velocity-inlet 13.5473 m/s 

4 
Air knife 

outlet 
1 interior - - 

5 other - wall - - 

 

Grid Test and Turbulent Models Comparison 

The growth mode of the research grid is divided into 

two areas, in which the wind knife is divided into 

unstructured grids to adapt to the shape of the air knife, 

and the grid in the jet area of the air knife exit is 

partially encrypted to match the airflow. Drastic changes; 

the rest of the experimental space is suitable for the use 

of structured mesh, which reduces the number of 

meshes and improves the computational efficiency. The 

grid configuration of the geometric space is shown in 

Figure 4. 

The standard k-ε and SST k-ω turbulence models are 

used in the grid test. The number of grids of the three 

groups is 773, 214, 643, 933, 541, 931. The number of 

grids is compared with the experimental test points 

under the same case setting conditions. The position of 

the measured point at the same point below the air outlet 

of the air knife is calculated, and the error of the wind 

speed value at each point is calculated. The relative 

error values are shown in Fig. 5 and Fig. 6. 

 

Figure 4:Schematic diagram of grid configuration 

 

 

Figure 5:Grid number and experimental difference of 

standard k-ε turbulence model 

 

 

Figure 6:the number of grids and experimental 

differences of shear pressure transmission k-ω 

turbulence model 

Discussion and analysis 

Research Basis 

Exploring the barrier efficiency of the air curtain, the air 

conditioning space is as shown in the dotted line in 

Figure 7. Moreover, it is discussed that the boundary 
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condition of the wall at the time of heat transmission is 

set to be adiabatic, and there is no heat exchange with 

the outside environment, which is mainly caused by the 

influence of air knife, floor return air, outlet ventilation 

and doorway convection. 

 

Figure 7:Protection Heat Balance 

The change in heat in the air conditioning space is 

indicative of the rate of thermal intrusion over time. In 

the formula, the V table volume and the C_P table 

constant pressure specific heat are constant, but the air 

density ρ and the spatial average temperature T are 

functions of time. The rate of heat intrusion in the 

air-conditioned space, as shown in equation (1). The 

heat flux from the opening into and out of the 

air-conditioned space is expressed by the formula (2). 
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By the relationship between the conservation of energy 

in the first law of thermodynamics, the energy entering 

and leaving the system and the changes in the system 

must reach a balance, as expressed by equation (3). 
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The heat flux from the doorway can be obtained by 

formula (4): 
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The heat insulation efficiency is as shown in formula (5), 

which defines the percentage of heat flux (
jetQ ) that is 

influenced from the doorway using the air knife.  
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Analysis of the Thermal Insulation efficiency 

This study will focus on air insulation between 

air-conditioned and outdoor space in analyze the 

temperature differences. The outlet angle, air velocity, 

and volume ratio is changed to achieve the heat 

insulation efficiency. Using the results calculated by the 

commercially available simulation software, the 

calculation of the heat gain estimation and the heat 

insulation efficiency evaluation method, the influence of 

the air knife configuration on the heat insulation 

efficiency are analyzed. 

Air Volume Ratio 

As shown in Fig. 8 and Fig. 9, the air volume ratio is 

vary from the heat insulation efficiency when the wind 

angle is 0 and 15 degrees. It can be found that the 

increase of the air volume ratio has a tendency to 

improve the heat insulation efficiency, and the trend of 

increasing the air volume ratio and the heat insulation 

efficiency is approximately linear. When the air volume 

ratio is increased from 0.0 to 1.3, the average difference 

in efficiency of the outlet is increased by 5.86 %. When 

the outlet angle is 15 degrees, the average is increased 

by 5.64 %. It can be seen that even if the different air 

outlet angles increase the air volume, the heat insulation 

efficiency is similar to the improved insulation 

efficiency. 

 

Figure 8:Outlet angle 0 degrees, different air volume 

ratio and insulation efficiency 

 

 

Figure 9:Outlet angle 15 degrees, different air volume 

ratio and insulation efficiency 

Air Velocity 

As shown in Fig. 10 and Fig. 11, the wind speed and the 

heat insulation efficiency are different when the wind 

angle is 0 and 15 degrees. When the outlet is set to 0 

degree, the trend of air pattern and heat insulation 

efficiency is convex. The efficiency of the heat 

insulation reach the maximum when the velocity is 

increased to 15 m/s. And the efficiency will getting 

lower when the velocity is decreased to 10 m/s. The 

trend of 15 degrees of wind exit angle is slightly 

different when the wind speed is low, and the highest 
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heat insulation efficiency is achieved at low wind speed, 

and then decreases as the wind speed increases. 

 

Figure 10:Outlet angle 0 degrees, different air velocity 

and insulation efficiency 

 

Figure 11:Outlet angle 15 degrees, different air velocity 

and insulation efficiency 

Outlet Angle 

As shown in figure 12, figure 13 and figure 14, with 

different outlet angle, the insulation efficiency also 

different. It can be found that even at different velocity 

and air volume ratios the best efficiency of the 

insulation is obtained by 15 degrees. When the outlet 

angle is adjusted from 0 degrees to 15 degrees, the heat 

output efficiency of the wind speed of 10m/s is 

increased by 14.86, 9.21% at 15m/s, and 6.62% at 

20m/s. It can be seen that adjusting the outlet angle has 

the greatest influence on the low wind speed. 

 

Figure 12:Wind speed 10 m/s, different outlet angle and 

insulation efficiency 

 

Figure 13 Wind speed 15 m/s, different outlet angle and 

insulation efficiency 

 

 

Figure 14:Wind speed 20 m/s, different outlet angle and 

insulation efficiency 

Conclusion 

Cold air often leaks from the opening of the building 

structure or the door, especially when the door is used 

frequently. From the standpoint of energy saving 

performance and recycling age, it has been shown that 

the use of high efficiency air curtains as isolation is 

cleaner and cheaper than other common systems. 

This study uses air knives to replace the widely used 

commercial air curtain equipment products, breaking 

through the threshold of air curtain equipment efficiency, 

and improving the width of the wide air outlet to create 

a large amount of airflow, will causing an 

uncomfortable feeling to the pedestrians through the 

opening. The research focused on the outlet angle, air 

velocity and air volume ratio of the air knife, and 

summarized the research results as follows: 

1. The air knife is rotated 15 degrees toward the 

higher temperature side, the heat insulation is 

increased by 5 to 15 % compared to air knife with 0 

degree. This is the most effective way to improve 

efficiency. 

2. Under the influence of the external wind field and 

unbalanced ventilation, the same air velocity and air 

volume ratio are opened from the opening of the 

door until the heat intrusion rate drops, and the 

outlet angle is much better than using 0 degrees. 

The rate of intrusion acceleration is moderate, and 

the time to reach the maximum thermal intrusion 

rate is shortened, reducing the impact of the 

moment of opening the door. However, after the 
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trough, there is no significant difference in the heat 

intrusion rate between the two. If used in the door 

opening for a long time, the advantage of rotating 

the wind angle will be small. 

3. Even if the outlet length of the air knife covers the 

entire width of the doorway, if there is no deflection 

angle, the air curtain will deflect into the room due 

to the temperature difference, and the gap between 

the air outlet and the side of the doorway is difficult 

to achieve good insulation effect. 

4. Excessive wind speed will not only reduce the heat 

insulation efficiency, but also increase the affected 

area, causing the heat to spread rapidly throughout 

the room. 

5. By increasing the air volume ratio found that it can 

improve the heat insulation efficiency. When the air 

volume ratio is increased from 0.0 to 1.3, the heat 

insulation efficiency is increased by 5.86% on 

average, and the air volume ratio has a linear 

relationship with the heat insulation efficiency 

trend. 
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Abstract 
This study aims to develop recommendations for the 
heating of staircases in high-rise buildings. In particular, 
the optimal distribution of convectors on different floors 
and their heating power output is to be identified. We need 
to analyze the data from a large number of staircases with 
various numbers of floors, values of glazing ratio and 
arrangements of heating units in order to achieve the 
above-mentioned goal. Conducting field experiments, in 
this case, is limited to available types of buildings, 
engineering designs, and weather conditions. We use 
computational fluid dynamics (CFD) simulations 
calibrated on a number of field experiments in order to 
overcome these limitations and obtain the distribution of 
temperature for all the studied staircases. We additionally 
do a sensitivity study of various factors such as infiltration 
rate, heat exchange with adjacent spaces and outdoor air 
temperature. An engineering methodology based on 
regression analysis was developed for determining the 
optimal arrangement of heating units within the 
staircases. 
Introduction 
The construction of high-rise buildings has become a 
global trend due to the lack of space in cities. Residential 
and public buildings of 25 floors and higher are common 
nowadays. Considering modern construction scales, the 
global construction industry requires the development of 
guidelines for high-rise buildings. Moscow ranks first 
among the 85 regions of the Russian Federation with a 
22.5% share of the high-rise construction. The majority of 
buildings under construction in Moscow are higher than 
13 floors. Due to the cold climate, energy-efficient 
heating of such buildings is not trivial. Recommendations 
for the positioning of the terminal heating units in 
residential and public areas of high-rise buildings are well 
defined, which is not the case for the stairs because the 
heated volume of staircases directly depends on the 
building height. Capital costs of the construction, the 
appearance of the stairs, the presence of overheated or 
overcooled zones of the staircase, and consequently, the 
operating costs of heating depend on the arrangement of 
heating devices in the staircases. 
The Russian building code contains only one 
recommendation regarding this issue: “Heating devices 
on staircases should, as a rule, be placed on the first floor, 

and on staircases divided into compartments, at the 
bottom of each compartment” (SP 60.13330.2012, 2012). 
Thus, the problem of placing the heating devices in the 
stairs of high-rise buildings is not obvious and does not 
have a clear solution. As a rule, engineers rely on 
experience, which varies greatly from person to person, 
which often leads to completely different design 
solutions. To verify the recommendation regarding the 
installation of heating devices in the lower part of the 
building, numerical modeling of a staircase in a 24-story 
building with 25% glazing was carried out with the 
arrangement of convectors on the first six floors with half 
of the total power assigned to the first floor. The results 
showed that the air in the upper nine floors of the stairs is 
cooler than 13°C. The situation is similar for a 12-story 
building with 50% glazing and three heating devices 
located on the first three floors (see Figure 1). 

 
Figure 1: Temperature distribution in the 12-story 

building staircase (CFD). 
This confirms the insufficiency of existing guidelines and 
methods for determining the optimal placement of the 
heating units, which leads to the placement of convectors 
more densely than it is required, or to overcool and 
overheat of the staircase zones.  
Rock (2017) studied heating and cooling of the five-story 
tall staircase with fan coil units using CFD simulation. 
The study challenged the rule-of-thumb regarding the 
sufficiency of a single heating unit at the bottom a stair 
tower, highlighted the danger of freezing of building 
services containing water.  
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Mokhtarzadeh-Dehghan (2011) concluded that numerical 
solutions can provide accurate results for the problem and 
highlighted the importance of thermal radiation in the 
simulation. Peppes (2001) found a very good agreement 
between the CFD simulations and experimental 
measurements for the two-story staircase.  
Overall, the literature review revealed very little data on 
the temperature distribution between the floors of the 
stairwells and no fixed recommendations on the optimal 
placement of the heating units. This study was conducted 
to fill the gap. 

Methods 
The following measures were used in order to reach the 
goal of this study: CFD analysis, field measurement of 
temperature distribution in stairs of several existing 
buildings, regression model. These methods are described 
in details below. 
Numerical Simulation Description 
Computational Fluid Dynamics (CFD) was used for 
numerical modelling of hydrodynamic processes. A CFD 
model is a combination of a geometric model of a room, 
a physical model of the processes under consideration, 
and a mathematical model. The physical model, in turn, 
includes the properties of air, the parameters of the 
heating unit operation, the conditions of heat exchange 
with the environment, infiltration, and other phenomena 
described in detail below. Taking into account the 
peculiarities of the physics of the problem and the 
geometry of space, a mathematical model was set up. The 
model is a system of equations describing the change of 
parameters in space and in time in case of the time-
dependent problem. Its solution allowed us to obtain the 
distribution of the desired parameters and analyse them. 
We use ANSYS CFX software for the simulation, which 
realizes the numerical solution of the heat and mass 
transfer equations by the finite volume method. Analysis 
of the results is possible when obtaining the values of the 
variables of interest - density, pressure, velocity 
components, temperature. They are related to each other 
by the Navier-Stokes system of equations of a viscous 
compressible fluid. 
For a more accurate solution to this problem, it is 
necessary to take into account the flow turbulence. This 
complex three-dimensional nonstationary phenomenon is 
the fluctuation of environmental parameters in space and 
time. At present, there is a large number of turbulence 
models developed, the choice is determined by the 
specifics of the problem. For this study, we tested several 
models, with the result that the standard “kε” 
configuration has proven itself well. Radiation heat 
transfer was taken into account by the “Discrete Transfer 
Model” method, which assumes isotropic scattering that 
is uniform in all directions. This approach is justified in 
this case due to the absence of a dedicated radiation 
direction. The finite volume method is used in most 
software systems to simulate the flow of a liquid or gas.  

An important stage of modelling with this method is the 
creation of a finite element mesh, which is a set of 
elementary volumes, for which the equations are solved. 
The accuracy of the model, calculation time and, as a 
result, the accuracy of the calculation results depend on 
the number of elements, the shape, and regularity of the 
grid. We used prismatic elements for more accurate 
accounting of heat exchange and resolution of the flow 
near the surfaces of walls, windows and heating devices, 
convectors in this case. , This allowed a small grid size 
near the wall. For the rest of the volume, a tetrahedral grid 
was constructed, with higher density around the objects 
with smaller linear dimensions, as shown in Figure 2. 

 
Figure 2: Simulation grid. 

Our research was not intended to study the change in air 
temperature over time. In this case, the solution can be 
carried out in a steady state, when an iterative method is 
applied to the system of equations. The solution was 
stopped when the level of residuals descended below 10-4 
and there was no change in average temperatures across 
the floors. 
The air properties inside the room can vary due to the 
possible variety of architectural stair solutions and places 
of convectors installation. In this paper, we chose the most 
typical construction as an option. The dimensions are 
present in Figure 3.  

 
Figure 3: Geometry of the staircase. 

A flight of stairs has one external wall with a window, the 
size of which varies. Glazing area in various experiments 
ranges from 0% to 100%. Heat loss through external walls 
is taken into account with the heat transfer coefficient and 
a set of outdoor air temperature. We consider the 
remaining walls internal and take into account the heat 
exchange through them with adjacent rooms. The average 
temperature of the coldest five-days with 92% cumulative 
frequency for Moscow is -25°С; however, for calculating 
more extreme conditions, the simulation was performed 
with an outdoor air temperature of -28°С.  
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In adjacent rooms, the minimum allowable average 
temperature of 18°C for corridors, living rooms, kitchens 
was selected (according to GOST 30494-2011, 2011). 
The values of heat transfer coefficients are given in 
Table 1. 

Table 1: Boundary conditions for walls and windows. 
Surface Heat transfer 

coefficient, 
W/m2K 

External 
temperature, °C 

Exterior wall 0.33 -28 
Windows 1.67 -28 

Interior wall 1 18 
We placed convectors on the sidewall at a height of 2.2 m 
above the floor in accordance with the requirements of 
fire safety. The heat source is taken into account as a 
volume energy release; herewith the convective and 
radiation components of heat transfer are divided in a 
proportion of 80% and 20%, respectively, and remain at 
this level regardless of the temperature around the device. 
To evaluate the results of the calculations, it is necessary 
to determine the criteria for the success of the heating 
devices placement. Hereinafter we consider that for the 
comfort of people, the average temperature on any floor 
should be no more than 2°C below the average allowable, 
thus it should be above 14°C. In addition, an important 
criterion is the freezing of structures, in particular, 
glazing. The minimum temperature of the inner surface of 
the glazing should not be below 3°C. However, performed 
calculations showed that the inner surface of the windows 
with heat transfer coefficient specified in Table 1 would 
not cool below 5°С provided an average air temperature 
at each floor be above 14° С. Thus this criterion is 
satisfied automatically and does not require additional 
verification. 
Calibration of a numerical model with the field 
experiments 
Computer calculations need to be compared with existing 
databases, test cases, or experiments, before concluding 
about the results. Within the framework of this study, field 
experiments were carried out that made it possible to 
evaluate the validity of the simulations. 
The air temperature measurements in the stairwells were 
carried out in five various types of buildings in winter, 
along with the measurement of outdoor air temperatures, 
wall temperatures with an infrared pyrometer, and heating 
loads on every floor. Table 2 presents the characteristics 
of these buildings and the results of the measurements in 
the form of minimum (Tmin), maximum (Tmax) and average 

(Tave) temperatures, indicating the external (Text) 
temperature during experiments. 
These experiments showed overheating of the staircase 
relative to the optimal values in all measurement cases. 
Average temperature values exceeded the allowable range 
in three of five buildings. Taking into account the 
different types of buildings considered, it can be 
concluded that the heating system is inefficient and the 
power consumption is excessive. 
Described experiments were reproduced in CFD to 
calibrate a numerical model and verify the physical 
assumptions and the mathematical model. We built 
geometries of all measured stairs with the features of the 
structures and weather conditions taken into account. 
Heat transfer coefficients in each case correspond to the 
available data. Comparison of the temperatures obtained 
in the field and numerical experiments made it possible to 
select the most important factors. On average the 
temperature error was less than 5% relative to the 
experimental data. Below we discuss the factors that have 
the greatest impact: 
 gravity (buoyancy), which plays a huge role in non-

isothermal processes; 
 heat exchange with the exterior, which determines 

the main source of heat loss; 
 glazing ratio - the more the window area, the more 

the heat loss on each floor and the more often it is 
necessary to arrange the devices; 

 power and location of heating devices; 
 main structural elements, such as exterior and 

interior walls, windows, flights of stairs. 
Note that it is advisable to simplify the geometry and 
exclude objects that have little effect on air flow, but 
require serious increases in computational resources due 
to the small linear dimensions and the need to thicken the 
grid at their locations. Such objects include, for example, 
railings, window and door handles, window frames, 
protrusions on the walls, steps, decorative elements. 
Other factors are less obvious and their significance is 
determined after carrying out a series of simulations. 
Varying the processes taken into account, analysing the 
simulation results and comparing it with experimental 
data showed the importance of the following parameters: 
 infiltration; 
 heat exchange with adjacent rooms; 
 outdoor temperature; 
 radiation heat transfer. 

 
Table 2: Specification of the buildings for field experiments and the temperatures obtained. 

# Year of 
construction 

Number 
of floors 

Number of heating 
units 

Glazing 
ratio, % Text, °C Tmin, °C Tmax, °C Tave, °C 

1 1962 5 2 15 -18 14 22 18.6 
2 1985 17 12 20 -7 16 22 20.1 
3 2002 14 13 10 -8 16 21 19.3 
4 2016 17 10 40 -2 16 23 21.6 
5 2013 15 14 44 -2 20 23 22.2 
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In the article, we research in more details the infiltration 
as the most sophisticated and interesting factor. In the 
results section, we show that the catalogued infiltration 
values of the constructions were underestimated and their 
usage leads to an unrealistic temperature distribution in 
the stair volume. A numerical experiment with increased 
infiltration, on the contrary, is in a good agreement with a 
full-scale experiment. Thus, we can conclude that 
infiltration has a great influence on the temperature 
distribution along the height by increasing the air mixing 
and its accurate accounting is necessary to obtain the 
correct simulation results. 
Regression model development 
In order to improve the energy efficiency and reduce the 
number of heating devices, it is necessary to develop a 
methodology based on the results of numerical modelling 
and experiments, which will allow efficient heating of 
stairs. 
It is necessary to find a relationship between the factors 
influencing the temperature distribution in stairs to 
develop the methodology. The sought dependencies were 
identified through regression analysis. The definition of 
regression analysis can be given as follows: this is a 
statistical method for studying the influence of one or 
several independent variables on a dependent variable. 
Independent variables are otherwise called regressors or 
predictors. At the moment, the regression models are 
described in sufficient detail and have proven to be a good 
tool that describes a pattern with the help of a wide class 
of universal functions. To build the model, the measured 
data are mainly used; knowledge of the properties of the 
studied regularity is not mandatory. Thus, after 
conducting numerous experiments and collecting a 
database of measured values, one can train a model by 
finding the optimal set of parameters and coefficients. 
In this study, simulation results act as such experiments, 
the validity of which is proved with the field experiments. 
The goal of regression analysis is to find an approximate 
solution of the true functional dependence. Multiple 
regression techniques exist, some of which were applied 
for this study: linear regression, adaptive splines (MARS), 
decision trees and random forests, neuron network and 
Naïve Bayes. Linear regression showed the least error at 
the test sample and will be discussed next. 
It was necessary to optimize the experiment on the 
following factors: number of input parameters, interval, 
and number of variation levels, the sequence of the 
experiments. Therefore, it was necessary to define the 
matrix of experiments in such a way, as to fill in the 
volume of the variables mostly evenly and to take into 
account all the parameters, which influence the dependent 
variable. A fractional factorial experiment was used for 
this problem. 
Total number of 38 experiments were conducted with 
following varying parameters: number of floors (from 8 
to 36), glazing ratio (0, 10, 25, 50 and 100 percent), 

number of heating units and their placement. First 18 
experiments were conducted in order to even distribution 
of the parameters; the following 20 simulations were 
aimed at filling the most appropriate intervals to meet the 
criteria for success. 

Table 3: Numerical simulation experiments. 

# Floors Glazing 
ratio, % 

Number of 
heating 

units 
1 36 100 3 
2 36 0 6 
3 36 50 12 
4 24 0 2 
5 24 50 4 
6 24 100 8 
7 12 50 1 
8 12 100 2 
9 12 0 4 
10 32 75 4 
11 32 10 8 
12 32 25 16 
13 16 10 2 
14 16 25 4 
15 16 75 8 
16 8 25 1 
17 8 75 2 
18 8 10 4 
19 25 25 5 
20 25 50 5 
21 25 100 6 
22 36 0 2 
23 36 50 8 
24 36 50 8 
25 24 0 2 
26 24 50 5 
27 24 100 7 
28 12 50 3 
29 12 100 3 
30 12 0 1 
31 36 100 10 
32 32 75 7 
33 32 10 4 
34 32 25 5 
35 16 10 2 
36 16 25 2 
37 16 75 4 
38 8 10 1 

The results of simulations were analysed pertaining to the 
heating units, so the total number of 181 points, for which 
the parameters of the problem (glazing ratio, floor of the 
installation, heating output, infiltration, heat flow from 
the internal walls and others), as well as the simulation 
results (minimum, average and maximum temperature in 
zone served by the unit). 
If the sough parameter depends on the multiple variables, 
then this regression is called multivariable. In such a case, 
a question of the necessity of including all the available 
parameters in the regression model arises. An excessive 
number of parameters may lead to overtraining of the 
model. In order to reduce the number of independent 
variables, an analysis of the importance of parameters was 
carried out. We analysed the following as a dependent 
parameter: the minimal average temperature in the served 
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zone, number of floors, which can be heated by the unit, 
the satisfaction of success criteria. The first one showed 
to be the most convenient in use.   
To create the model, among the directly obtained 
parameters, additional universal parameters that describe 
the values of certain general characteristics were used. For 
instance, the relative installation height of the unit varies 
from 0 to 1 and is recalculated depending on the building 
height in such a way as 0 relates to the first floor and 1 – 
to the last. Such an approach allowed finding general 
dependencies leading to higher model accuracy. The 
following section contains the results of the study. 

Results 
This section consists of the discussion on the realistic 
values of infiltration in the field experiments, the 
importance of its correct determination for the simulations 
and the results of regression analysis. 
Infiltration and its impact on temperature 
distribution 
Infiltration is the penetration of outside air into the 
building. This is possible due to the existing leaks and 
gaps, opening windows and doors. Pressure difference on 
opposite sides of the gap is the cause of air movement. 
There are many studies showing a significant contribution 
of infiltration to the buildings heat loss in winter and heat 
gain in summer, despite the use of modern materials and 
weatherstripped windows. (Younes, 2011, Persily, 1999) 
The need to account for infiltration is described in the 
standards. Methods to assess the amount of incoming air 
can be found in the textbooks of various authors, e.g. 
Malyavina (2007). It allows calculating the infiltration on 
each floor separately, depending on the pressure 
difference, type of the windows and entrance doors used. 
The largest infiltration values correspond to the lower 
floors, it decreases as they rise up, reaching zero values in 
the middle of the stair’s height. At the same time in the 
upper part of the building, internal air is exfiltrated. 
Unobvious questions are how to properly consider this 
process and calculate its influence. To simplify the 
mathematical model, there is a temptation to set this load 
not through the inflow of cold air, but as additional heat 

loss from the wall surfaces or windows. However, the 
analysis of simulation results with different boundary 
conditions showed the importance of taking into account 
the infiltrating air in an explicit form, because it 
contributes to the effect of the warm air rising up. 
Let us consider an example of an infiltration impact on the 
temperature distribution of the staircase. Air temperature 
measurements were conducted in a five-story building in 
winter. Numerical simulations were performed for the 
same staircase with various infiltration rates: normalized 
and increased over the first one. Figure 4 shows a 
comparison of the obtained results with the experiment. 
As can be seen, low infiltration values (or its complete 
absence) lead to unrealistic temperature distribution, 
namely to the accumulation of warm air at the bottom of 
the volume. Rock (2017) shows a similar picture. 
Unfortunately, their article does not describe in detail the 
used boundary conditions; presumably, they applied small 
infiltration rate or did not include it as an airflow rate. On 
the contrary, a numerical simulation with increased 
infiltration fits the experiment well. Thus, we conclude 
that infiltration has a great influence on the temperature 
distribution by increasing the mixing of the air. Its 
accurate accounting is necessary to obtain the correct 
simulation results. 
Actual infiltration values 
In SP 50.13330.2012 (2012) “the amount of infiltrating 
air entering the stairwell of a residential building or into a 
public building through the leak-tightness of filling 
openings” is determined by the equation (1). 

 퐺 = ∙ ∆ + ∙ ∆  (1) 

Where Sw and Sd are the windows and eternal doors total 
areas, Rw and Rd are air penetration resistances for 
windows and external doors and ∆pw and ∆pd are the 
calculated pressure differences between the external and 
internal air on windows and external doors respectively. 
The pressure difference, and accordingly, the required 
resistance to air penetration, depends on the height of the 
building. The higher the building, the greater the pressure 
drop and Rw or Rd. 

 
Figure 4: Results of the experiment and simulation at different infiltration intensity in the 5-story building. 
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Thus, having determined the resistance to air penetration 
of windows and doors, knowing their location and area, 
building height, wind speed, it is possible to find the flow 
rate of infiltration air on each floor according to 
Malyavina (2007). With this approach, there was a 
discrepancy in the temperatures obtained in numerical 
calculations with experimental data. Therefore, it was 
required to select other values for resistance to air 
penetration, which ensured realistic air circulation and 
correct temperature distribution. An analysis of Russian 
literature did not reveal recommendations for increased 
infiltration with respect to the normalized values or 
methods for accounting the amount of actually flowing air 
in a building through leaks. In the foreign literature, there 
are a number of published studies on the penetration of air 
into the building. In particular, the technical note of Orme 
(1994) aims to summarize the available data on the 
transmission of air by building structures for use in 
calculations. The authors created a computer database 
compiled from information found in published sources 
and obtained the values of elements crack flow 
coefficients. They grouped them according to the 
frequency of propagation, that is, by quartiles. 
The lower quartile means that a quarter of all objects have 
values of the required coefficient less than the specified 
one. The median shows such a coefficient, in relation to 
which half of all objects have values less than it. Median 
is considered an indicator of good quality material. The 
number reflecting such a value of the coefficient at which 
the value in a real object will be lower than that specified 
with a probability of 75% is called the upper quartile. It 
reflects the poor quality of the design. As stated in the 
study, most of the standards regulate the low penetration 
of the elements and correspond to the lower quartile in the 
table. If there are no data on experimental measurement 
of coefficients, then a recommendation is given to rely on 
median values. So there is the need to increase the 
calculated infiltration relative to the value required by the 
norms in order to obtain data corresponding to the 
experiments. 
According to the above-mentioned method, selected 
resistance coefficients for air penetration were 
recalculated for the five field experiments described 
above. The obtained figures show how the actual 
infiltration of air exceeds the calculated according to the 
norms. In all experiments, the air penetration resistance 
values are no less than 7 times lower than the calculated 
ones, except for the last case in which this coefficient for 
windows corresponds to normalized ones. Figures 5 and 
6 illustrate the boundaries of quartiles of weatherstripped 
and non-weatherstripped windows and doors. Also, the 
coefficients obtained from field experiments are marked 
with symbols on the chart. One can see that almost all 
points for windows lie within the upper quartile of the 
weatherstripped windows and the lower quartile of the 
non-weatherstripped. Similarly, Figure 6 shows the 
correspondence of external doors to the upper quartile of 

the non-weatherstripped doors. Point number 3 is the 
outlier and it can be concluded that the door of this 
building is not close tightly and does not fulfil its function. 

 
Figure 5: Crack flow coefficient for windows. 

 
Figure 6: Crack flow coefficient for doors. 

We have proposed the following method for determining 
infiltration in buildings under construction, used in this 
study. It is necessary to choose the median values of the 
air crack flow coefficient for weatherstripped windows 
(0.13 ls-1m-1Pa-0.6) and non-weatherstripped doors 
(1.2 ls-1m-1Pa-0.6). Further, for each separately considered 
staircase, it is necessary to recalculate the resistance to air 
penetration according to the equation (2). 

 푅 = ∙ ∙ ∆

. ∙ ∙ . . ∙ .
 (2) 

Where C is a crack flow coefficient, S is the area of an 
element, L is its perimeter, and ρ is the density of the 
inflowing air. 
Regression model and its accuracy 
The obtained regression model that predicts the minimum 
average air temperature of the floor in the zone served by 
the unit can be represented in the following form: 
 푦 = 푎 + ∑ 푎 ∙ 푥  (3) 
for which selected regressors xi and the values of 
regression coefficients ai are shown in Table 4. 
We randomly selected 31 of 181 points for model testing. 
The training sample consisted of 150 points and the root 
mean square error of the predictions in it was 0.44°C. 
Same value for the test sample was 0.53°С. The 
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coefficient of variation was 3% for the training sample 
and 3.6% for the test sample. 

Table 4: Regression model parameters. 
풙풊 Variable 풂풊 
 Intercept 15.575 
푥  Glazing ratio 2.61 
푥  Infiltration (W) -0.0000632 
푥  Interior walls (W) -0.00126 
푥  Exterior walls (W) -0.000508 
푥  Windows (W) 0.000993 
푥  Floor of installation 0.00194 
푥  Relative installation height 1.224 
푥  Relative heating power 0.127 

푥  Heating power to the served 
floors (W) -0.000913 

The predicted average temperature distribution along the 
values from the simulation experiments and the 
distribution of residuals are in Figures 7 and 8. 

 
Figure 7: Regression model predicted temperatures 

 
Figure 8: Regression model residuals 

Application of the regression model is an iterative 
process. Firstly, one needs to determine the inputs: 
glazing ratio, heat gains and loss from infiltration, interior 
and exterior walls. Heating units are placed from the 
bottom to the top of a staircase. Then, the heating output 
of the convector on the first floor is to be calculated, as 
well as the number of floors it serves. Afterward, the next 
heating unit is placed at the floor over the served zone of 
the first convector and its power output is calculated. This 
procedure repeats until compensating all the heat loss of 
the staircase. For the sake of usability, the calculation 
procedure was realized in the Excel file.  
In order to verify the methodology, the 30-floor building 
with a 100% glazing ratio was selected. The application 

of the above-mentioned approach results in 7 heating 
units. According to the regression model, it is necessary 
to place the convectors at 1, 3, 6, 9, 13, 18 and 24 floors. 
The CFD simulation of this staircase and the average air 
temperatures are presented in Figure 9. 
The above results indicate that the proposed approach 
allows calculating the number of heating units and its 
placement in a way that ensures heating of the staircase 
volume to the temperature required without waste of 
costs. 

 
Figure 9: Regression method prediction. 

Discussion 
The most accurate evaluation of the placement of heating 
units in staircases would be CFD simulation of every 
particular design case. However, it is not always possible 
or necessary to follow such an approach for typical project 
designs. For more effective use of resources and reduction 
of the quantity of heating units, we developed a 
methodology based on the results of numerical and field 
experiments. 
The proposed methodology is based on a quite detailed 
calculation of the heat balance of a staircase including the 
components, which are not always taken into account in 
engineering practice (such as heat gains from the interior 
spaces). Also, the proposed approach requires a 
calculation of infiltration, based on the worse air 
impermeability properties of constructions, than the ones 
in the codes or catalogues. 
It should be noted that the authors carried out additional 
simulations with higher outdoor air temperature. The 
results revealed that the proposed approach is applicable 
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in the climate zones with the design outdoor air 
temperature higher than -28 °C, resulting in more 
conservative and suboptimal distribution of heating units. 
The application of the methodology showed the fairness 
of recommendations to place heating units more often at 
the bottom of the stairs, rather than in the top, where there 
is no infiltration. After the series of experiments, we made 
the conclusion that it is enough to place only one heating 
unit on the first floor in a 30 or fewer floors staircase 
without external glazing. However, it is worth mentioning 
that the proposed approach does not guarantee the 
reproduction of the calculated parameters of the 
environment due to limits of modelling both in terms of 
inclusion of all physical processes in the model, as well as 
limitations of computational resources. It is necessary to 
ensure the following criteria are in place before the 
application of the proposed algorithm: 
 the building under consideration is located in a 

climate zone with the design outdoor temperature of 
-28°C or higher; 

 the staircase is a single volume. If it is broken down 
into zones without free air movement between them, 
then each one should be considered separately; 

 internal and external dimensions of a staircase 
should resemble such as shown in Figure 3. If the 
geometry of a staircase is not standard, the 
methodology should be applied with caution; 

 three walls of a staircase should be internal; while 
the external wall should have less area and may have 
any glazing ratio; 

 the number of floors in staircases for which the 
methodology has been tested was limited to 40. In 
the case of higher staircases, the methodology 
should be applied with caution. 

Conclusion 
Due to the lack of guidelines for heating of stairs in high-
rise buildings, there is an uncertainty in the placement of 
heating devices and the problem of using too many of 
them. Overheating of stairs in winter and inefficient use 
of resources is also a common problem confirmed by our 
field experiments. This paper presents a method for 
determining the optimal number of heating units in 
standard stairs in order to ensure the greatest efficiency 
and reducing their number to the minimum necessary. 
This allows for achieving the desired temperature 
distribution over the staircase volume. The method is 
based on a linear regression model built after conducting 
a series of numerical experiments. We calibrated the 
numerical models based on the field measurements. In the 
course of the study, we identified the important factors, 
consideration of which is necessary for obtaining reliable 
results. A realistic estimate of the amount of air 
infiltrating in the staircase volume is critical for obtaining 
the temperature distribution corresponding to reality. 

A new method was proposed for determining the amount 
of infiltrating air inside the staircase volume because the 
use of existing recommendations does not lead to 
obtaining results that correspond to measurements in the 
existing buildings. The developed methodology allows 
determining the density and power distribution of 
convectors by floors. The method performed well when 
analysing the results of a numerical calculation carried out 
after determining the placement of heating devices by the 
regression model and it can be used for designing heating 
in stairs. 
This article focused on the aspect of heating of the 
staircases, which is more relevant for a cold climate. The 
future works may address the issues of cooling of the 
high-rise staircases as well as a more complete 
generalization for different climates and geometries of 
staircases.  
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 Abstract 

This paper describes an approach for validating and 

calibrating a digital twin of a prefabricated 

multifunctional radiant heating façade element. In 

December 2017, a prototype equipped with sensors able 

to log surface and layer temperature (on the inside and 

outside surface and within the construction layers), 

relative humidity as well as vertical global irradiation was 

mounted to the existing brickwork wall. The 

measurement interval was set to one minute. Two 

different control strategies for a minimal invasive radiant 

heating systems are compared in regard to energy 

efficiency and the deviation of the room temperature from 

a defined set point by thermal simulation. The validation 

is executed through alignments of simulation results and 

measured data by implementing measured boundary 

conditions. Results concerning the minimal inlet flow 

temperature, the control strategy and the thermal behavior 

can be multiplied and utilized for the refurbishment 

process of the whole building. 

Introduction 

The refurbishment of post-war buildings all over Europe 

is facing different kinds of challenges in order to adapt 

them for the future. Most important is the energy demand 

of buildings, which sums up to approximately 40 % of the 

global energy demand – a catalyst consequently and 

predominantly addressed by many concepts of urban 

district modernization. (Bindra and Scanlon, 2010). Based 

on the ageing structure of the buildings and due to the 

missing/poor thermal insulation as well as heterogenic 

energy supply systems in such housings, the heating 

energy demand can be substantially improved. 

A demonstration site in the city of Hallein/Austria with 

high traffic congestion and a uniform, overaged building 

stock from the 1950s serves as an example for similar 

settlement structures in Europe. In Austria 11 % 

(Statistics Austria, 2011) and in Europe 18 % (Birchall et 

al. 2016) of the building stock are multi-family buildings, 

erected during the same time period as the reference 

building. A minimal invasive refurbishment approach (i.e. 

multifunctional radiant heating façade and sound 

absorption for the building surroundings) should 

guarantee little disturbance of the tenants during 

renovation and a life-cycle extension of the stock. 

The aim of this paper is to present the validation and 

calibration of a digital twin for a prefabricated façade and 

a comparison of possible control strategies with data 

collected during the monitoring phase between Feb. 2018 

and April 2018. For this purpose, a simulation model of 

the façade prototype and the heated room is created with 

the dynamic thermal simulation software IDA ICE 4.8. 

The prototype (figure 1) was installed on the 

demonstration object in December 2017 and was 

designed, planned and implemented together with the 

cooperation partners. It combines the functions of heating, 

thermal insulation and sound absorption in one 

prefabricated element with a glue-free cross-laminated 

timber wall on which heating pipes are pre-mounted. The 

outside layers (from inside to outside) consist of thermal 

insulation, rear ventilation and sound absorbing wood-

cement panels. This multifunctional façade element is 

mounted on the outside of the existing wall with some 

distance in order to compensate the unevenness of the 

wall. Afterwards, the gap is filled with low-viscosity 

cement mortar to achieve a stable thermal contact 

between piping and the existing brickwork wall. 

 

Figure 1: Mounted prototype. 

Building data 

The specific heating demand of the unrefurbished 

building is 136.2 kWh/m²a. The outer wall consists of 

solid brickwork with lime mortar (0.38 m). On the inside 

and outside, layers of lime plaster add 0.05 m of material 

leading to a total thickness of 0.43 m. As part of the 

renovation work, the interior lime plaster was removed, 

which results in a 0.41 m thick wall at the time of 

refurbishment. The apartment relevant for the 

measurement is located on the ground floor of the 

building. In figure 2 the red line marks the borders of the 

apartment in which the measurement room (green) is 

situated. 

 

Figure 2: Location of the apartment. 
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This room was selected because of the fact that the 

surrounding rooms can be heated to a target temperature 

of 22 °C – as desired in the measurement room – by means 

of a central heating system. It is also a critical room within 

the building in terms of the low ratio (1:1.79) between the 

façade heating surface and the size of the room. 

Consequently, the performance of this room can 

significantly exemplify the overall heating performance 

of the radiant heating system and subsequently the 

obtainable room and surface temperatures as well as 

material humidity for the entire building. 

Prototype 

The prototype was prefabricated as an element and 

fastened to the existing brickwork wall on site using steel 

brackets. 

 

Figure 3: Layer structure of the existing wall (purple) 

and the mounted prototype (green) including the 

activated layer of low-viscosity cement mortar including 

the pre-mounted heating pipes (red). 

Figure 3 shows the existing brickwork wall with lime 

cement plaster (0.41 m), the layer of low-viscosity cement 

mortar (0.08 m), and the prototype consisting of five 

layers, namely glue-free cross laminated dowelled timber 

– CLT – (0.1 m), blown in cellulose insulation (0.16 m), 

wood formwork (0.024 m) serving as a box for the 

insulation, battens with air gap (0.03 m) for rear 

ventilation and sound-absorbing cement bound particle 

panels with inhomogeneous surface structure provided by 

the manufacturer Velox (0.05-0.08 m). 

The pre-mounted heating circuits (on the wooden module) 

for activating the brickwork wall are located in the 0.08 m 

gap between existing wall and prototype, filled with the 

low-viscosity cement mortar. The heating pipes (KeKelit 

KELOX multi-layer composite pipes) have a wall 

thickness of 0.00225 m and a total diameter of 0.02 m. 

The center distance between the heating pipes varies 

between 0.2 m and 0.25 m. 

 

Figure 4: Heating circuits prototype. 

Figure 4 shows that two separate heating circuits were 

installed. Heating circuit one (red) covers the exterior wall 

of the measurement room on an area of 5.97 m². Heating 

circuit two (blue) covers an area of 11.24 m² and was 

installed surrounding heating circuit one counteracting 

thermal bridge losses and serving as edge heating. 

Without it, heating circuit one would border to non-

activated low-viscosity cement mortar, leading to 

additional heat transmission losses falsifying the 

measurement result. This approach ensures realistic and 

comparable conditions. 

An area of 6.18 m² of the prototype was not activated and 

is used for other research purposes.  

Table 1: Physical properties of the refurbished wall. 

layer 

(inside – outside) 

d 

m 

λ 

W/mK 

ρ 

kg/m³ 

cp 

J/kgK 

brickwork 0.38 0.83* 1500 920 

lime-cement plaster 0.03 0.7 1600 1130 

cement mortar 0.08 0.5* 1970 1000 

CLT (glue free) 0.1 0.04* 475 1600 

cellulose insulation 0.16 0.038 54 2100 

wood formwork 0.024 0.12 475 1700 

façade lining 0.0006 0.22 170 792 

battens with air gap 0.03 0.278 1.2 1008 

sound panels 0.05 0.125 750 1400 

* Discussion of marked values in chapter Validation of the prototype. 

The properties shown in Table 1 are either standard values 

for materials of the existing wall or they derive from 

datasheets of the components of the prefabricated wooden 

element. The properties of the cement mortar and the 

glue-free CLT deviate from standard properties in 

literature. This is discussed in the chapter Validation of 

the simulation model. 

Methods 

The process of validation in this paper involves a 

simulation within IDA ICE 4.8 and an iterative based 

manual calibration. It includes trial and error in order to 

manually tune model input parameters starting from 

standard values and measurement data. The modeling 

process starts with setting up the geometry of the observed 

zone and the surrounding areas. Validation is done by the 

assignment of thermal properties of the construction, 

implementation of measured boundary conditions derived 

from on-site measurements, definition of control 

strategies, troubleshooting of errors and trial and error in 

order to calibrate the model as close as possible to the 

measured thermal behavior. 

On-site measurements 

The core of the data acquisition is the implemented 

monitoring concept. For the following simulation process, 

the relevant parameters were measured during the test 

period. These include: 

 Ambient air temperature and humidity 

 Solar radiation on the façade surface 

 Indoor air temperature of the adjacent rooms  

 Detailed ventilation protocol 

 Inlet flow temperature of the  façade heating element 

 Inlet mass flow of the  façade heating element 

Figure 5 gives an insight into the sensor positioning. The 

room conditions of the rooms adjacent to the 

measurement room (highlighted in green) were gathered 
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by the use of air quality monitors (air temperature and 

humidity, CO2-level) installed in the middle of the rooms.  

 

Figure 5: Sensor positioning. 

An overview of the sensors and their accuracy is listed 

below: 

 component/outside climate sensors 

E+E electronics EE071 

Component temperature and humidity 

Indoor and outdoor climate (with radiation protection 

E+E Elektronik HA010502) 

Temperature: ± 0.5 % to 1 % at 23 °C  

range: -40…80 °C  

Humidity: 2 % rh to 3 % rh at 90…100 % rh 

Range: 0…100 % 

 surface sensors 

Thermocon TF14/OF14 

Surface temperature inside and outside 

Temperature: ± 1 % at 21 °C 

 heat quantity sensors 

Danfoss SonoMeter 30 

Heat quantity meter for wall and edge heating circuit 

Heat quantity: ± 4 % at 1.5 m³/h 

Range: 0…180 °C; 0.015…3 m³/h 

 outside climate: irradiation sensor 

Technical Alternative global radiation (GBS01)  

Global radiation: ± 5 % additional ± 50 W 

Range: linear 0…1400 W/m² 

 room climate sensors 

AQM air quality monitor G3 

Temperature, humidity and CO2 monitoring device 

Indoor climate of the surrounding rooms 

Temperature: ± 1 °C (range: 0…50 °C) 

Humidity: ± 0,5 % rh (range: 0…100 % rh) 

CO2: ± 30 ppm, ± 0,5 % (range: 0…5000 ppm) 

The component sensors were inserted into the façade 

through drilled holes and sealed with airtight sealing 

compound. In addition, an airtight sleeve was put over the 

sensor to limit the measuring gap. The component sensors 

measure the humidity and temperature of the resulting 

microclimate at six points in the façade construction 

(numbers 2-7 in figure 6) Furthermore, the surface 

temperatures of the inner and outer surfaces of the thermal 

envelope were recorded (number 1 and 8 in figure 6). 

 

Figure 6: Component sensor positioning. 

Control strategy of the heating circuit 

A heating unit (hot-box) was installed (location is 

displayed in figure 5) for supplying heat to the two heating 

circuits installed on the prototype. Due to the fact that the 

heating pipes between the hot-box and the heating circuits 

are installed without piping insulation, additional heat 

losses are calculated with a heat transfer coefficient 

between liquid (35 °C) and ambient (20 °C) of 

5.9 W/m²K for the multi-layer composite pipes. 

Both heating circuits were recorded separately with heat 

quantity counters. The inlet flow temperature was 

controlled depending on a three hourly mean of the 

ambient temperature, decreasing linearly from 35 °C at -

15 °C ambient temperature to 20 °C at 20 °C ambient 

temperature, and an approximately constant volume flow 

of maximum 0.144 kg/s. The relatively high flow volume, 

compared to standard values ranging between 0.016 kg/s 

and 0.083 kg/s according to Todorvic et al. (2015), was 

set in order to achieve a homogenous temperature 

distribution over the heated surface.  

Conditioning of the apartment 

In order to eliminate or minimize the transmission losses 

to the neighboring rooms, the entire apartment (except for 

the measurement room) was heated by radiators, 

connected to the building’s central heating system. The 

apartment was conditioned to a temperature of 21 °C to 

22 °C in order to achieve almost adiabatic conditions 

between the measurement room and the neighboring 

rooms. The apartment located above the tested apartment 

is inhabited and conditioned. Due to the fact that it was 

immanent to keep the disturbance of inhabitants at a 

minimum, it was not possible to measure the temperature 

of the room above the measurement room. As a result, the 

simulation was conducted with a temperature variation 

between 15 °C and 26 °C, in order to achieve the 

bandwidth of the possible simulated room conditions of 

the tested room. The intermediate ceiling of the cellar 

below was insulated and thus achieves a U-value of 

0.26 W/m²K. Heat losses occur due to this ceiling, which 

have a great influence on the expected heat load of the 

measurement room. The temperature inside the basement 

was measured similar to the adjacent rooms. 

Calculation of surface temperatures 

Within the environment of IDA ICE 4.8, one detailed 

zone is defined. Due to numeric issues of the solver, it is 

not possible to create a room zone which follows a given 

mean air temperature according to an imported file. Hence 

the calculated surface temperature of the adjacent walls is 
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used for the simulation. The direction of the heat flow, 

shown in figure 7, depends on the temperature difference 

between the measurement room and the adjacent room 

temperature. For linking them to the simulation 

environment, calculations to determine the surface 

temperatures for each time-step are conducted by using 

the following formulas (1), (2) and (3). (Schmidt et al. 

(2017) 

 

Figure 7: Wall resistance model. 

 q̇ = 
1

Rtot
 * (ϑmr - ϑar) (1)  

 Rtot = Rsi,mr + 
d1

λ1
 + 

d…

λ…
 + 

dn

λn
 + Rsi,ar (2) 

 ϑSF,ar = ϑar - Rsi,ar * q̇ (3) 

 

q̇…conductive heat transfer 

Rtot… resistance to heat flow of wall in total 

ϑmr…temperature of measuring room 

ϑar…temperature of adjacent room 

Rsi,mr…surface resistance to heat flow 

Rsi,ar…surface resistance to heat flow 

ϑSF,ar…surface temperature of adjacent room 

Ventilation control 

In order to simulate natural ventilation behavior by the 

residents, the apartment was ventilated naturally twice a 

day on weekdays during the core time of the measurement 

(19.02.2018 to 10.03.2018). The calculations for the 

ventilation duration were carried out in accordance with 

EN 13465 (EN 13465, 2004), shown in formula (4). The 

temperature difference between indoor and outdoor air 

influences the volume flow through the open windows. A 

single air change per ventilation interval was calculated. 

Depending on the outside temperatures, the ventilation 

times were between 200 and 400 seconds.  

 q
v airing

 = CD * ρ * 
AW

3
 * √

∆ϑ * g * HWD
ϑint + ϑout

2

 (4) 

q
v airing

…airing flow 

CD … discharge coefficient of an opening 

AW…opening area   

∆ϑ … temperature difference betw. room and ambient 

HWD … average height from bottom to top of opening 

ϑint…room temperature 

ϑout…ambient temperature 

Results 

This chapter describes the validation of the simulation 

model based on measurements, performed on the 

prototype, inside the measurement room and inside the 

adjacent building zones. Additionally, the necessary inlet 

flow temperature of the radiant heating system is given 

and two control strategies (pulsing and sliding) are 

compared with each other. 

Validation of the simulation model 

A validated model of the prototype forms the basis for 

further simulations of the entire building. Besides the IDA 

ICE 4.8 simulation, additional calculations within the 

simulation environment WUFI Pro 6.2 (simulation 

program for transient calculation of the coupled heat and 

moisture transport in components) are conducted. The 

measured temperature is used in order to determine the 

thermal conductivity of the individual building materials. 

Figure 8 shows the wall structure of the WUFI simulation 

model (camera symbol: monitoring position; light bulb: 

heat source; tap symbol: moisture source).  

 

Figure 8: Simulation model WUFI. 

A step by step manual parameter modification of the 

material properties is performed within WUFI Pro 6.2 by 

comparing boundary layer temperatures with the 

measured values. The average heating fluid temperature 

is calculated based on the mean difference between the 

inlet flow temperature and the return flow temperature. 

Figure 9 shows the comparison of measured and 

simulated temperature at predetermined points within the 

layers of the refurbished wall structure. 

 

Figure 9: Wall layer temperature. 

Relevant deviations from the previously assumed material 

properties are in detail: 

The average difference between measured internal 

surface temperature and measured room temperature 

amounts to 0.76 K and can be reproduced by calculating 

with a reduced surface resistance to heat flow of 

0.066 m²K/W, compared to the standard value of 

0.125 m²K/W (ÖNORM EN ISO 6946, 2018). An 
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From top to bottom: 

educated conjecture for this deviation is an inversion of 

the heat flux due to high temperatures within the activated 

cement mortar layer. 

For the outside surface of the model, the surface transition 

to heat flow is set to 0.13 m²K/W (ÖNORM B 8110-7, 

2013). The temperature inside the air gap is calculated in 

a way, that the external surface temperature is in 

accordance with the measured values. 

Within the 0.38 m thick brickwork layer, an average 

temperature drop of 3.4 K occurs. This temperature drop 

indicates a high thermal conductivity of 0.83 W/mK, 

which can be regarded as the upper limit for the thermal 

conductivity of solid brickwork (ÖNORM B 8110-7, 

2013).  

In a first approach, a typical value for the thermal 

conductivity of the activated cement mortar layer of 

0.9 W/mK is used. Results of the parameter variation 

show, that the measured temperature within the cement 

mortar layer can only be reproduced in the simulation 

using a thermal conductivity of 0.5 W/mK. This does not 

indicate that the thermal conductivity of the activated 

cement mortar layer is not meeting typical specifications, 

but leads to the assumption, that the thermal resistance of 

the activated layer is increased due to air inclusions. 

Those air inclusions are caused by the dwindling and 

creeping behavior of the mortar itself. After opening and 

examination of the prototype, it was possible to confirm 

those air inclusions (figure 10). 

 

Figure 10: Dwindling of the mortar. 

Without additional laboratory investigations, the 

measured temperature decrease of approximately 10 K 

trough the 0.1 m thick glue free CLT layer cannot be 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

explained. The calculated properties of the CLT layer 

correspond to those of an insulation layer with a thermal 

conductivity of 0.04 W/mK. According to the data sheet 

of the wood panel, the thermal conductivity should be 

between 0.08 W/mK and 0.12 W/mK. An explanation 

attempt is again the air inclusion, since this type of 

plywood panels are dowelled instead of glued over the 

entire surface (Figure 11). 

 

Figure 11: CLT air inclusions. 

In order to specify the material parameters with higher 

accuracy, additional measurements need to be conducted 

for further research. 

Figure 12 displays the temperature band of the IDA ICE 

simulation (red: maximum temperature, blue: minimum 

temperature) in comparison with the measured room 

temperature (the black dotted line). Due to missing 

measurement data of the room temperature from the 

adjacent flat above the measured room, several simulation 

runs with different adjacent flat temperatures, between 

15 °C and 26 °C, are conducted. The average room 

temperature difference between measurements and 

simulations of the tested bedroom, during the 20-day 

simulation period, is approximately 0.1 K. Additionally, 

there is a slight deviation of the room temperature of 

approximately 0.2 K between measurements and 

simulation over the whole simulation period. During 

natural ventilation times, the simulated room temperature 

drops up to 2.5 K below the measured results, which is 

caused by multiple reasons: the data logging interval of  

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 12: Bandwidth of room temperature. 

Heating pipe 

Cement mortar 

CLT 

Air inclusions  

Air inclusions  
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one minute, the slight inertial behavior of the temperature 

sensor and the close distance between the inside wall and 

the room temperature sensor. Nevertheless, results show 

an agreeable deviation between simulated and measured 

room temperature. 

Besides the described deviations in temperature, the 

return flow temperature of the radiant heating circuit 

differs between simulation and measurement. During the 

simulation period of three weeks, the simulated return 

flow temperature from the radiant heating device is 

averagely 0.54 K above the measured return flow 

temperature. Comparing the data from the heat quantity 

meter with the simulation results shows that the calculated 

value for the heating energy demand (12.3 kWh) is 50 % 

of the measured value (24.5 kWh) which is confirmed 

through additional simulations in WUFI Pro 6.2. 

The comparison reveals that both simulation methods are 

resulting in slightly higher temperatures through the 

whole wall cross-section, but the differences are not high 

enough to account for the gap in heating energy demand. 

Implementing the measured heating energy demand 

within the simulation would lead to temperatures above 

the measured values. The reason for those discrepancies 

can be traced back to a measurement failure of the heat 

quantity meter at low mass flows (8 liters/minute) 

compared to the given nominal flow (25 liter/minute). 

Minimum inlet flow temperature 

In order to determine the necessary inlet flow temperature 

of the façade heating circuits to ensure a room 

temperature of 26 °C, a modified simulation model of the 

previous described validation model is created. The 

modified boundary conditions are set accordingly: 

 Climate: ASHRAE IWEC 2 Salzburg Airport 

 Adjacent rooms are calculated adiabatically 

 Basement temperature:  10 °C const. 

 Inlet mass flow: constant 5 liters/minute 

 Air change rate: 0.15 h-1; 0.3 h-1 between 08:00-09:00 

and 18:00-19:00 through mechanical ventilation  

Beside the implementation of a synthetic climate file and 

the assumption of adiabatic conditions of the adjacent 

zones, another major difference between the validation 

model and the modified model is the limitation of the inlet 

mass flow. A value of five liters per minute is chosen, 

which represents a typical maximal value for radiant 

heating flow limiter. The ventilation is ensured by an 

exhaust fan. This modification is necessary in order to 

make the results suitable for the planned refurbishment 

approach, which includes an exhaust fan inside the 

sanitary rooms and inlet air ducts above the refurbished 

windows. During the simulation period of two months, 

between January and February 2018, a parametric run 

with Genopt 3.1.1 was conducted. Figure 13 displays the 

linear relationship between the minimum room 

temperature over the whole simulation period and the 

inlet flow temperature. As a result, an inlet flow 

temperature of 42 °C is suitable to ensure possible room 

temperatures of 26 °C at any time of the year.  

Figure 13: Parametric run room-/ flow-temperature. 

Control strategy – pulsing  

The first of the two considered control strategies is the 

regulation of the room temperature by means of a room 

thermostat and a pulsing (on/off) control of the inlet mass 

flow. Relevant boundary conditions are set accordingly: 

 Climate: ASHRAE IWEC 2 Salzburg Airport 

 Adjacent rooms are calculated adiabatically 

 Basement temperature:  10 °C const. 

 Inlet flow temperature:  42 °C const. 

 Inlet mass flow: pulsing (on/off) 5 liters/minute 

 Air change rate: 0.15 h-1; 0.3 h-1 between 08:00-09:00 

and 18:00-19:00 through mechanical ventilation 

 Target room temperature:  22 °C 

 Dead-band of thermostat:  ± 1 K 

Figure 14 displays the simulated results for the month of 

January. Due to the pulsing control, the set dead-band of 

± 1 K and the inertial behavior caused by the high thermal 

mass, the room temperature exceeds the desired 

temperature of 22 °C by 2 K. A similar phenomenon can 

be detected during the switching phase of the controller 

from off to on. This overheating leads to a less frequent 

opening behavior of the inlet mass flow valve (~ every 1.5 

weeks). Over the whole year, 431 kWh (40.6 kWh/m²a) 

heating energy is used for conditioning of the simulated 

room.  

 

Figure 14: Pulsing control – January. 

Due to the location of the heating circuit on the outside of 

the existing wall structure, the simulation shows that 

approximately 24 % of the energy flows are directed 

towards the outside environment throughout the whole 

heating season of the year.  

Control strategy - sliding 

The second considered control strategy is the regulation 

of the room temperature by means of a PI controller and 
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a sliding control of the inlet mass flow. Relevant 

boundary conditions are set accordingly: 

 Climate: ASHRAE IWEC 2 Salzburg Airport 

 Adjacent rooms are calculated adiabatically 

 Basement temperature:  10 °C const. 

 Inlet flow temperature:  42 °C const. 

 Inlet mass flow: sliding  0 – 5 liters/minute 

 Air change rate: 0.15 h-1; 0.3 h-1 between 08:00-09:00 

and 18:00-19:00 through mechanical ventilation 

 Target room temperature:  22 °C 

 PI – Controller:   

 Gain parameter:   0.3  

 Tracking time:  15 minutes 

 Integration time:  2.5 hours 

Figure 15 gives an overview of the simulated results for 

the month of January. The PI controller is configured 

according to recommendations of Schrowang (Recknagel, 

2014) for room temperature driven heating controls. Due 

to the sliding control of the inlet mass flow between zero 

and five liters per minute and the inertial behavior of the 

wall structure, the room temperature exceeds the desired 

temperature of 22 °C by 2 K, which is similar to the 

results of the pulsing control strategy. Nevertheless, the 

room temperature inside the simulated zone is more stable 

compared to a pulsing control. In addition, a more 

frequent opening of the inlet flow control valve can be 

observed. Over the whole year, 429 kWh (40.4 kWh/m²a) 

of heating energy is needed for conditioning the simulated 

room. Due to the location of the heating circuit on the 

outside of the existing wall structure, approximately 24 % 

of the energy are directed to the outside environment 

throughout the whole heating season of the year. Both 

results concerning the heating energy demand and the 

energy loss to the outside environment show very little 

discrepancies between the two control strategies. 

 

Figure 15: Sliding control – January. 

Conclusion 

A validated model of the prefabricated multifunctional 

radiant heating façade element in interaction with the 

existing wall structure of the building is achieved with an 

acceptable accuracy. The average difference between 

measurement and simulation is 0.1 K, increasing up to 

2.5 K during ventilation times through window openings. 

These differences can be caused by a lack of measurement 

data due to limited financial resources e.g.: temperature 

from the adjacent flat above the measurement room, 

ambient wind speed, air change rate, door openings and 

measurement accuracy of sensors. 

The temperature gradient from the measurements 

corresponds with the calculations by adopting the 

following modifications of material properties: 

 The existing brickwork layer is likely to be a heavy, 

highly thermally conductive brickwork. It seems 

appropriate to set the average thermal conductivity of 

the layer to a value 0.83 W/mK and the mass density 

at 1800 kg/m³. 

 The surface resistance to heat flow on the inside of the 

wall is rather low with a value of 0.07 W/m²K. 

 The average thermal conductivity of the thermally 

activated cement mortar layer of 0.5 W/mK is 

unexpectedly low, which can be contributed to air 

inclusions caused by the dwindling behavior. 

 The measured high temperature drop in the CLT layer 

cannot be explained in a plausible way without 

additional laboratory measurements. According to the 

data sheet of the wood panel, the thermal conductivity 

should be between 0.08  W/mK and 0.12 W/mK. The 

calculated properties of the CLT layer correspond to 

those of an insulation layer with a thermal 

conductivity of 0.04 W/mK 

Due to regulations of the building operator, the tenants 

need to have the possibility to adjust the room temperature 

to a maximum of 26 °C. The results of the conducted 

parameter study within GenOpt 3.1.1 show that an inlet 

flow temperature of 42 °C is necessary to ensure the 

required room temperature of 26 °C, under the 

prerequisite that the inlet mass flow is limited to 5 liters 

per minute for each heating circuit analogous to industrial 

standard values. 

The room temperature is a relevant parameter for the 

characterization of the thermal comfort and therefore for 

the satisfaction of the tenants. With a set room 

temperature of 22 °C, both for sliding and pulse control, a 

whisker plot (shown in figure 16), created within IBM 

SPSS Statistics 24, is conducted.  

 

Figure 16: Room temperature; pulse and sliding control. 

The lower bottom of the box indicates the lower quartile 

and therefore the position of the 25 % lowest values. The 

line within the box shows the location of the median and 

the end of the box the upper quartile. The rings above the 

upper whisker represent moderate outliers. With a value 

of 22.67 °C, the median of the room temperature with 

pulse control is almost identical to the median of sliding 
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control with 22.69 °C. The difference between the two 

control strategies is shown by a comparison of the 

standard deviation. With a value of 0.83 the standard 

deviation for sliding control is 28 % lower than the 

standard deviation for pulse control. In order to ensure a 

homogenous temperature distribution, the lower 

bandwidth of the sliding control shows a clear advantage 

under the presumed parameters over the pulse control 

strategy and is therefore suggested for further planning.  

Outlook 

The ongoing refurbishment of the entire building is 

expected to be completed in spring 2019. The sliding 

control strategy of the heating system will be set 

analogous to the results of the thermal building 

simulation. With the help of additional measurements and 

accompanying simulation of the entire building, the 

control strategy will be subsequently optimized and tested 

during ongoing operation, especially during the heating 

season of 2019/2020. With simulation results of the whole 

building, a comparison between the unrefurbished 

building in terms of heating energy demand will be 

conducted. The CLT layer will be replaced by a standard 

glued timber layer. Therefore, modifications in the 

existing simulation model are necessary and additional 

laboratory measurement of the CLT layer used in the 

prototype in order to specify the material properties can 

be avoided, but should be conducted for the new glued 

timber layer. For the further validation process, it is 

necessary to install additional sensors (e.g. wind speed 

measurement, surface temperatures etc.) Due to the 

incomparable way of refurbishing, no economic 

efficiency calculation was conducted. Future research 

could deal with an in detail economic analysis.  
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Abstract 

This work presents the case study of the retrofitting of a 

historical building of the University of Padua, equipped 

with a hybrid heat pump system, which uses as heat 

source/sink the ground and ambient air. The building is 

located in Padua (Italy) and it is a historical complex of 

the late 1800, previously used as a geriatric hospital, in 

which a retrofit process is occurring in order to build the 

new humanistic campus of the Padua University reaching 

the highest energy efficiency. 

The refurbishment is in progress and regards both the 

building envelope and the plant-system. The building is 

equipped with two types of heat pumps: the first one is 

coupled to the ground with borehole heat exchangers and 

the second is a common air-to-water heat pump. The 

entire building plant system has been investigated through 

integrated computer simulations making use of 

EnergyPlus Software. A new control strategy in order to 

manage the two types of the heat pumps has been 

developed in order to increase the energy efficiency. 

The results outline the potential of the computer 

simulations in order to control the hybrid heat pump 

system. In fact, a suitable switch temperature was found 

in order to move from ground to air source/sink for the 

heat pumps. In addition, this strategy allows the control of 

the thermal drift of the ground temperature throughout the 

years. 

 

Introduction 

The building sector represents a large part of the global 

energy consumption. As widely known and discussed in 

literature, the energy efficiency improvement, especially 

in building sector is one of the most important actions for 

the reduction of the greenhouse gases emissions in the 

atmosphere. The existing buildings are responsible of 

about the 40% of the primary energy demand in Europe 

(BP plc, 2018). The introduction of recent EU energy 

policies (European Parliament, 2009, 2010, 2012, 2018) 

allowed obtaining several important results in this field. 

The main results of reducing greenhouse gases emission 

can be obtained increasing the renewable energy 

exploitation and the overall energy efficiency of building 

envelope and systems. In Italy, the total amount of 

heritage monuments is about 4,000,000 of 5,367,000 

present in the worldwide. Many buildings were built 

before the 1919 and today are used as residential buildings 

or for public services (Galatioto et al., 2017). From the 

UNESCO World Heritage List, Italy has 4.7% of the 

world architectural heritage that occupies 46% about of 

the entire country (UNESCO, 2018). In Italy according to 

the EPBD Directive (European Parliament, 2010, 2018), 

the recent standards and laws have focused mainly on the 

energy retrofit of existing buildings, but the energy 

retrofits are not mandatory for historical buildings due to 

their protected status. The energy retrofit of buildings 

usually starts from improving the energy performance of 

the envelope up to improving the efficiency of the air-

conditioning systems. This assumption is right when the 

buildings do not present any restriction as instead happens 

in the case of historical buildings. These buildings have 

common characteristics of poor energy quality of the 

envelope and high primary energy demand (Ciulla et al., 

2016). Furthermore, historical buildings present artistic 

and architectural constrains which make any activity on 

the envelope difficult and critical. These issues represent 

a limit and a difficult challenge for the refurbishment of 

historical building taking into account the matching 

among regulations, technical, energy and economic 

feasibilities (Galatioto et al., 2017). Some possible 

solutions for the improvement of the energy performance 

of the envelope are for example the use of plasters with 

improved insulation properties (for internal and external 

surfaces) or the use of internal coats and insulation panels 

and the substitution of the glazing elements (Johansson et 

al., 2014a, 2014b) (Bianco et al., 2015) (Pisello et al., 

2016). 

Nardi et al. (2017) studied a possible solution for the 

seismic and energy refurbishment of historical building in 

L’Aquila city centre. They used natural materials for the 

insulation of the internal surface of the walls and an 

“endothermic membrane” for the external side of the 

walls. The on field results showed an increase of the 

thermal performance, which was the purpose of the 

intervention. Doukas et al. (2017) investigated the energy 

performance of a school building in Edinburgh by the use 

of energy simulations. They made some hypotheses of 

energy improvements on the envelope. They also 

considered the use of renewable sources in the project. In 

particular, a ground source heat pump system coupled 

with a biomass boiler of rated capacity of 199 kW was 

considered in the study. 

Since the limitation of possible actions that can be applied 

to the envelope side, it seems easier to move the attention 

on the possible solutions that can be used in the air-
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conditioning system. In literature, many works on 

historical buildings suggest the ground source heat pump 

or heat pump in general, as a possible solution that 

combines energy efficiency and exploitation of renewable 

energy source at the same time. Emmi et al. (2017) 

analysed two different case studies of historical building 

in Italy, in Venice and Florence. They carried out several 

energy simulations for three layout solutions for the plant 

system: ground source heat pump, air-to-water heat pump 

and boiler coupled with an air-to-water heat pump. The 

results outlined that the ground source heat pump system 

is the best solution in terms of primary energy saving 

point of view. Pacchiega and Fausti (2017) compared 

different system solutions in terms of economic impact 

and energy needs during the operation of the systems. The 

case study regards a rural single-family house in Ferrara, 

dating from the 15th century and subjected to various 

renovations over the years. They investigated the 

sustainability of ground source heat pump technology for 

heating and cooling. Righi et al. (2017) analysed a case 

study built before 1800 and located in Motta di Livenza, 

Italy. Their work provides a methodology of analysis for 

the identification of the best-facilitated interventions of 

energy efficiency which can be used also in historical 

buildings. The study suggests some non-invasive 

interventions. In historical buildings, in fact, the energy 

efficiency cannot be based on invasive interventions, as in 

other types of buildings. 

Based on the previous studies reported in literature, the 

present work aims to investigate the possibility of using a 

double source heat pump system in a deep retrofit 

operation. The heat pump uses air and ground as heat 

source/sink for its operation. The use of two different heat 

sources/sinks can be exploited with a dedicated control 

strategy in order to optimize the energy efficiency of the 

entire system and control the thermal drift of the ground 

temperature due to the imbalance of the building load 

profile. At the same time, the installation costs for the 

borehole heat exchangers can be reduced making this 

solution economically attractive. The energy analysis was 

carried out by means of computer simulations with 

EnergyPlus software considering the building, heat pump 

and ground heat exchangers at the same time. 

 

Case study 

The complex (Figure 1) here analysed is located in Padua. 

It is a historical complex mainly of the late 1800, in which 

a retrofit process is occurring in order to build the new 

humanistic pole of the University of Padua reaching the 

energy efficiency rank of “A” (Class A according to the 

Italian Standards). 

The building ensemble was formerly a Geriatric Hospital 

resulting, in turn, from successive transformations of the 

old “Beato Pellegrino” (Blessed Pilgrim) convent to a 

retirement home for the elderly. The first phase of 

enlargement dates from 1882, while two other phases took 

place: in the 30’s and 50’s of last century. Figure 2 shows 

the buildings retrofitted and those demolished or rebuilt. 

 

 

Figure 1: Aerial view of the building. 

 

 

 

 

Figure 2: Comparison of the ensemble before (above) 

and after (below) the retrofit. The buildings circled in 

blue are the ex-novo constructions, the demolished 

buildings are circled in red. 

 

The complex has an area of 16667 m2 and a volume of 

104672 m3. The humanistic pole is composed of about 

4300 m2 of space for libraries, 2300 m2 for new lecture 
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rooms and 3800 m2 for offices. There is a total of about 

200 seats for libraries in the current configuration, 1500 

for lecture rooms, and 400 workstations in offices. 

The original facades of the complex have been preserved. 

An insulation layer has been added on the internal side of 

the walls of the existing buildings to reach the mandatory 

thermal transmittance level of 0.25 W/(m2K). 

The ex-novo buildings have been built according to the 

actual legislation, reaching an average thermal 

transmittance level of vertical wall of 0.20 W/(m2 K). 

The thermal transmittance of glazing surfaces is 1.4 

W/(m2 K) with a solar factor of 0.36, except the windows 

of the building A1, having a thermal transmittance of 1.5 

W/(m2 K) with a solar factor of 0.42. The glass roof of the 

new glazed corridor (building named P4) has a thermal 

transmittance of 0.5 W/(m2 K) with a solar factor of 0.18. 

 

Model 

The case-study was modelled in EnergyPlus software (US 

Department of Energy, 2018). The geometry of the 

building was firstly implemented in SketchUp (Figure 3) 

and, then, the characteristics of both the construction and 

plant-system were modelled in EnergyPlus environment. 

EnergyPlus software uses the g-function method to 

simulate the thermal behaviour of borehole heat 

exchangers (BHEs); however, the g-function has to be 

calculated by the user and then used as input to 

EnergyPlus: this is a disadvantage because common 

designers have not the possibility to carry out this 

calculation. The g-function of the BHE is convoluted with 

the incremental heat flux signal to obtain the mean fluid 

temperature in accordance with the equation below: 
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where  
gbores aL 92  is the characteristic time. 

In this work, the tool developed by Cimmino and Bernier 

(2013) was used to generate the g-function for the 

borehole field; the tool is very user-friendly and allows 

the consideration of the real layout of the borehole field. 

The building model consists of 228 thermal zones. In fact, 

the building was modelled with high level of detail, using 

all the information reported hereafter: 

 the composition of the walls considering the 

refurbishment; 

 the characteristics of each plant device according to 

the design (e.g., fan-coils, radiant panels, primary air 

diffusers); 

 the heat gains according to the design (schedules of 

lighting, occupancy, electrical appliances, etc.); 

 the energy production equipment, using data supplied 

by the manufacturers. 

This high level of detail has provided a deep 

understanding of the phenomena of energy use of the 

various devices and the production equipment. 

 

 

Figure 3: Rendering of the complex. 

 

The various thermal zones in the building have been 

designed only with two configurations: fan-coils and air 

diffusers or radiant surfaces and air diffusers: 

 Fan-coils: these devices are only used to control the 

air temperature and not the humidity ratio. Each fan-

coil was modelled with its own technical data 

according to the manufacturer data sheet. 

 Radiant floor: these terminals are used for both 

heating, with a design heating capacity equal to 60 

W/m2, and for cooling, with a design cooling capacity 

of 30 W/m2. The radiant floor is used in the library 

area (B buildings and the library of the building C1 

shown in Figure 2) and in some zones of the new 

buildings (ground floor of building P1 and P4 shown 

in Figure 2)). Where the radiant floor is present, there 

are not fan-coils. 

 Air diffusers: these terminals move the air coming 

from the air-handling units (AHU) which operate to 

control the humidity ratio and to maintain the ratio of 

renewal air constant during the occupation time in 

order to improve the air quality inside each zone. 

These devices are present in the spaces with a constant 

occupation like libraries, classes, meeting rooms and 

in the wide corridors like in the building P4 (Figure 2). 

The energy production consists of two identical air-to-

water heat pumps, each one with thermal capacity of 447 

kW and 318 kW in cooling and heating respectively, and 

other two identical water-to-water heat pumps each one 

with thermal capacity of 168 kW and 192 kW in cooling 

and heating respectively, coupled with the ground by 

means of vertical ground heat exchangers. 

The borehole field consists of 60 double U-tube heat 

exchangers, made of PE-Xa crosslinked polyethylene 

pipes, with an external (internal) diameter of 32 mm (26 

mm). The two U-loops of the same borehole heat 

exchanger are coupled in parallel as also all the borehole 

heat exchangers of the field. The g-function, which 

represents the thermal behaviour of the borehole field was 

obtained via the tool developed by Cimmino and Bernier 

(2013) considering the real layout of the boreholes that is 

reported in Figure 4. 
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The modelling of the borehole field is a key phase to 

define the energy performances of the ground coupled 

heat pumps. In a preliminary phase, the thermal response 

test (TRT) was also carried out in order to evaluate the 

equivalent thermal conductivity of the ground and the 

undisturbed ground temperature. These values were then 

used as input in the computer simulations. Hereafter the 

main data of the borehole field are reported: 

 Borehole configuration: 2 U-shaped tube 

 U-tube external diameter: 32 mm 

 U-tube internal diameter: 26 mm 

 Thermal conductivity of pipe: 0.4 W/(m K) 

 Borehole diameter: 152 mm 

 Borehole depth: 120 m 

 Thermal conductivity of the grout: 2 W/(m K) 

 Ground thermal conductivity: 1.62 W/(m K) 

 Specific ground thermal capacity: 2.5 MJ/(m3K) 

 Undisturbed ground temperature: 17.5°C 

 Number of borehole heat exchangers: 60 

 

 

Figure 4: Layout of the borehole field. 

 

Control strategy 

As it was mentioned in the previous section, two types of 

heat pump with different heat source/sink were installed: 

two air-to-water heat pumps and two ground-coupled heat 

pumps. Therefore, a suitable control strategy to optimize 

the operation of the entire system is fundamental in order 

to maximize the energy efficiency. In addition, it was to 

consider that the building load profile is not balanced and 

this, as it is well known, involves a thermal drift of the 

ground temperature throughout the operating years. Two 

control strategies were investigated: a) the first one 

maximizes the operation of the ground coupled heat pump 

to exploit its higher nominal energy efficiency compared 

to that of the air-to-water heat pump; b) the second 

strategy controls the thermal drift of the ground 

temperature over the years. 

The latter strategy is based on a switch temperature 

between the two types of heat pump (Figure 5): when the 

external air temperature is higher than the switch 

temperature, ground coupled heat pumps run; otherwise 

when the external air temperature is lower than the switch 

temperature the air-to-water heat pumps work. This kind 

of approach has already proved its efficiency of 

controlling the thermal drift of the soil in another study 

(Zarrella et al., 2018). 

This approach was compared to a usual priority based on 

the machine start-up to satisfy the energy needs of the 

building: the ground-coupled heat pumps firstly operate, 

and, if this is not sufficient, the air-to-water heat pumps 

are switched on. 

The control strategy implemented in this work combines 

the two strategies mentioned above. The operating mode 

is explained here: 

 during the heating period, the control strategy leads to 

maximize the use of ground coupled heat pumps, 

extracting the maximum amount of seasonal heat from 

the ground. 

 during the cooling period, the ground coupled heat 

pumps start operating only when the external 

temperature exceeds the value of switch temperature. 

When air temperature is higher than the switch 

temperature, the ground coupled heat pumps operate 

with a starting priority compared to air-to-water 

machines. When air temperature is lower than the 

switch temperature, only the air-to-water heat pumps 

run. In this operating mode, the switch temperature is 

calculated to ensure that the amount of heat injected 

into the ground in cooling mode is equal to the heat 

extracted from the ground in the heating operation. 

This control strategy involves the following advantages: 

the prevention of the phenomenon of thermal drift of the 

ground temperature, the maximization of the use of the 

ground coupled heat pumps in the heating mode, and the 

use of air-to-water heat pumps during the most favourable 

times (in term of electric energy consumption) in summer 

period. On the other hand, the disadvantages are: 

 the complexity of calculating the value of the switch 

temperature that requires dynamic simulations with a 

trial and error approach. 

 the verification that the peak power of the air-to-water 

heat pump is sufficient to satisfy the peak of cooling 

demand of the complex at the switch temperature. 

As it was mentioned, the switch temperature was found 

via a trial and error approach starting from an analysis of 

the building load profile: about 80% of the cooling load 

was concentrated when the external air temperature 

ranges from 15°C to 28°C. Using an iterative procedure, 

making use of computer simulations and the load profile 

of this building, the switch temperature resulted equal to 

24°C: with this value, the heat extraction energy rate from 

the ground during the heating operation is equal to the 

energy injected into the ground during the cooling mode 

and, consequently, no thermal drift occurs. 

 

 

 

 

BHE used for TRT BHE Piezometer
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Figure 5: Control system approach. 

 

Computer simulations 

Computer simulations were carried out in order to analyse 

the effect of the control strategies adopted. 

 

Boundary conditions 

The simulations were based on the weather data of the 

Test Reference Year of Venice (Figure 6), which is 

available in the database of the EnergyPlus software (U.S. 

Department Of Energy, 2018). 

 

 

Figure 6: External air temperature of the Test Reference 

Year of Venice. 

 

The internal design conditions set in the simulations are 

reported in Table 1. The entire plant system can provide 

only hot fluid in heating and cold fluid in cooling. Table 

2 reports the characteristics of the heat pumps. The heat-

carrier fluid in the borehole heat exchangers is pure water. 

The heat pump model implemented in EnergyPlus (US 

Department Of Energy, 2018) considers the change of the 

fluid temperature on both the heat source/sink and 

building side as well as the operation at partial loads by 

means of suitable equations with coefficients calculated 

using data provided from the manufacturer in order to fit 

the behaviour of the machine. 

 

Table 1: Design conditions. 

 Maximum 

comfort value 

Minimum 

comfort value 

Summer time 26°C 20°C 

Winter time 24°C 20°C 

 

 

Table 2: Characteristics of the heat pumps. 

 Heating 

mode 

Cooling 

mode 

GCHP 

Thermal 

capacity [kW] 
192 168 

Energy 

efficiency [-] 
4.6 (a) 4.2 (b) 

Air to 

Water 

Heat 

Pump 

Thermal 

capacity [kW] 
318 447 

Energy 

efficiency [-] 
2.2 (c) 3.0 (d) 

a. Inlet-Outlet water temperature at the evaporator: 10-5°C 

    Inlet-Outlet water temperature at the condenser: 40-45°C 

b. Inlet-Outlet water temperature at the evaporator: 14-8°C 

    Inlet-Outlet water temperature at the condenser: 30-35°C 

c. External air temperature: -10°C 

    Inlet-Outlet water temperature at the condenser: 40-45°C 

d. External air temperature: 35°C 

Inlet-Outlet water temperature at the evaporator: 12-7°C 

 

Results 

The model of the building has been launched with varied 

assumptions in order to evaluate different aspects of the 

control and the building complex itself. The analysis of 

the electric consumption and thermal production of the 

heat pumps have allowed a comparison between a specific 

control strategy and the simple control based on the 

priority of the ground coupled heat pump. 

Figures 7 and 8 outline the monthly specific energy and 

the hourly thermal load of the building (always satisfied 

by the production units), respectively. The ratio between 

the annual heating and cooling energy demands is about 

0.68, confirming that the building’s annual load profile is 

cooling dominant. 

 

 

Figure 7: Monthly specific thermal energy requirement 

of the building. 
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Figure 8: Hourly thermal load of the building. 

 

Figure 9 shows the values of thermal energy for heating 

and cooling provided by the air-to-water and ground 

coupled heat pumps when the control strategy based on 

the switch temperature is adopted. As it can be seen, in 

the middle seasons (between May and June, and also in 

September) the air-to-water heat pumps are more 

frequently used in cooling operation as the external air 

temperature is lower than the switch temperature, which 

was set to 24°C. On the other hand, during the warmer 

summer months (i.e., July and August) the ground 

coupled heat pumps are used more frequently as the 

external air temperature is higher than the switch 

temperature value. This behaviour changes when the 

control strategy is only based on the priority of operation 

of the ground coupled heat pumps, which will lead to 

higher use of the ground coupled heat pump as shown in 

Figure 10. In this operating mode, no control on the 

thermal drift of the ground temperature is set. 

In terms of total energy exchanged with the ground, the 

simulation results shown that: 

 with the switch temperature control, the heat rejected 

to the ground is about 190 MWh in cooling mode 

whereas the extracted one is about 192 MWh. 

 with the priority of the ground coupled heat pump 

control, the heat injected into the ground is 427 MWh 

in cooling mode and only the quantity equal to 193 

MWh is extracted in heating operation. 

 

 

Figure 9: Results with the switch temperature control 

strategy. 

 

 

Figure 10: Results with only GCHP priority. 

 

Figure 11 shows the temperature of the heat-carrier fluid 

entering the heat pump on the ground side when the two 

control strategies are adopted. As it can be seen, the 

control with priority of ground coupled heat pump leads 

to a thermal drift of the ground temperature of about 4°C 

over ten operating years (Figure 11.a). On the other hand, 

when the switch temperature control is set the annual 

energy extracted is equal to the energy injected, 

consequently the thermal drift of the ground temperature 

is controlled (Figure 11.b) and no appreciable changes of 

the energy efficiency of the heat pumps in long-term 

occur. This result is found in Figure 12 where the seasonal 

energy efficiency of the two types of heat pump in both 

heating (named SCOP) and cooling (named SEER) modes 

are shown. In particular, Figure 12.a outlines the seasonal 

energy efficiencies when the switch temperature control 

is set: as it can be seen, the values of the energy efficiency 

are constant during the ten operating years. On the 

contrary, Figure 12.b shows that without the switch 

temperature control the cooling energy efficiency (SEER) 

of the ground coupled heat pumps decreases over the 

years; the reduction is also lower than the increase of the 

heating energy efficiency (SCOP) on the same machine. 

This is clearly due to the effect of the thermal drift of the 

ground temperature involved by the unbalanced ground 

load profile. It is possible to see also that the cooling 

energy efficiency of the air-to-water heat pumps is lower 

than the corresponding values when the switch 

temperature control is set since, in this case, the air-to-

water heat pumps are switched on when more favourable 

temperature of the sink occurs. In heating mode, no 

difference are found for air-to-water heat pumps as for 

this season the load is almost totally satisfied by the 

ground coupled heat pumps. In terms of annual electric 

energy consumption of the heat pumps, the difference 

between the two control strategies is low throughout ten 

operating years with the considered building load profile. 

However, it is evident how the control strategy set on the 

switch temperature is able to control the ground thermal 

drift which affects the energy efficiency of the ground 

coupled heat pumps over the long-term. 
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(a) 

 

(b) 

Figure 11: Entering heat pump fluid temperature over 

ten years: a) without and b) with the switch temperature 

control. 

 

 

(a) 

 

(b) 

Figure 12: Seasonal energy efficiencies for ground 

coupled and air-to-water heat pumps: with (a) and 

without (b) switch temperature control. 

At the end, Figure 13 shows the heating and cooling rates 

provided by each type of heat pump during the first 

operating year when the control strategy based on the 

switch temperature is set. As it can be seen, the 

contribution provided by the air-to-water heat pump for 

heating is about 10% of the contribution provided by the 

ground coupled heat pump in the same period. The ground 

coupled heat pumps cover about 38% of the total energy 

cooling demand whereas the air-to-water heat pumps 

provide the remaining rate. 

 

 

Figure 13: Energy provided to the building during the 

first operating year. 

 

Conclusions 

The work presented here investigated the application of 

ground coupled heat pumps in a deep retrofit of a 

historical building of University of Padua, Italy. In order 

to satisfy all the building load profile also air-to-water 

heat pumps were installed because of the limited ground 

surface for borehole field installation. This hybrid 

solution was also adopted to control the initial costs. The 

operating mode of the hybrid system needs to be 

optimized in order to increase the energy efficiency of the 

entire system and, at the same time, avoid the thermal drift 

of the ground temperature. This phenomenon can occur in 

ground coupled heat pumps when the building load 

profile is unbalanced. To this purpose, suitable control 

strategies have to be set. In this work, it is shown how the 

integrated computer simulations, considering both the 

building and the plant system, can help the designers to 

set the operating strategies of a hybrid system. This is a 

key process especially in hybrid system based on ground 

source heat pumps since the initial costs are very high 

compared to the standard systems, consequently the high 

energy efficiency has to be maintained over the years to 

have low operating costs. 

In this work, a switch temperature was set in order to 

change the type of heat source or sink (ground and air). 

This value depends on the building load profiles, as a 

consequence it cannot be generalized; it can be found by 

means of computer simulations and then implemented in 

the building management system. It is evident also that 

the value of the switch temperature must be checked in 

real operating conditions because the building load 

profiles could be different from the design assumptions or 
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change over the time. In fact, a suitable controller can 

update the switch temperature in real-time considering the 

actual heat rate exchanged with the ground. The results 

outlined that the switch temperature control limited the 

effect of the thermal drift of the ground temperature and, 

consequently, the energy efficiency was maintained high 

over the time. 
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Abstract 
The research community has worked on optimizing the 
design, performance, and operation of radiant system 
technologies; however, the holistic interactions between 
architectural design decisions and radiant cooling systems 
design in the tropics have been left unexplored. Morris 
sensitivity analysis is used to analyze the design 
performance impact, interactions, variability and non-
linear effects of 13 building and systems design 
parameters on energy, system and comfort performances 
for 3 radiant systems typologies applied to a parametric 
office building in the tropical climate of Singapore. It is 
found that window solar heat gain coefficient, window-
to-wall ratio, and system set-point temperature play a key 
role to ensure building’s high multi-objective 
performance and have an almost monotonic behavior with 
respective values falling below or equal to 54% and 57% 
and high room dry bulb air temperatures between 24.8 °C 
and 27 °C. 
Introduction 
Achieving a thermally comfortable environment while 
reducing the energy consumption in buildings has become 
a necessity in the tropical hot and humid climate, where 
sensible and latent cooling represents the largest portion 
of the energy expenditure. In Singapore, the building 
sector accounts for 31% of the total energy consumed in 
the country (Chua et al., 2013), and around 60% is used 
for cooling and ventilation needs (Lee et al., 2004). With 
the demand for space cooling expected to triple between 
2010 and 2050, the priority for countries with hot and 
humid climates should be the design of high-performing 
building fabrics combined with the wide adoption of low-
energy and cost-effective cooling systems. Such designs 
should reduce space peak loads, cooling needs and 
electricity demand resulting in improved energy 
efficiency and system performances while maintaining 
acceptable thermal comfort levels.   
Although building performance simulations (BPS) are 
key analyses in this effort, they are widely carried out later 
in the design process when most of the decisions affecting 
occupant’s thermal comfort, energy & system 
performance and costs have already been made (Lohnert 
et al., 2003), leaving possible design alternatives 
unexplored and therefore considered inefficient to support 
the decision-making process in the design of high-
performing building. However, the consideration of        

and possibilities during the design process–could improve 
and enable design decision support, particularly if 
augmented by sensitivity analysis (SA), defined as the 
quantitative measure of the impact of variables on pre-
defined outputs (Saltelli et al., 2004). The early-design 
process supported with the use of decision-making 
methodologies, BPS, and SA has the potential to enhance 
design solutions by providing knowledge of interactions 
and dependencies between building performance metrics 
and active & passive design parameters; therefore, 
insights into the consequences and robustness of 
individual design decisions are gained and the trade-offs 
between conflicting design goals are identified, avoiding 
thus time-consuming and expensive last-minute design 
changes.  
The interaction between building fabric and HVAC 
systems play a key role from the beginning of the design 
process when installing radiant cooling systems, defined 
as sensible cooling system that meets more than 50% of 
total space cooling load through thermal radiation. 
Thermal energy radiates from the heat loads present in the 
space (objects, people, equipment and lights) to the 
surfaces, cooled by circulating a high-temperature fluid 
through pipes embedded in the structure of the building 
(TABS—Thermally Active Building Systems), in a layer 
of screed or insulation (ESS—Embedded Surface 
Systems) or hung from the ceiling (RCP—Radiant 
Ceiling Panels) (ASHRAE, 2016; Babiak et al., 2009). 
Radiant system operational temperatures are close to the 
room temperature; therefore, their cooling capacity is 
lower than a conventional cooling system, and it is 
fundamental to design a high-performing building fabric 
to reduce external heat gains to keep the zone sensible 
load lower than the system cooling capacity. Radiant 
cooling systems provide an opportunity to achieve 
significant energy savings, take up less space than all-air 
systems, reduce peak loads, and are quiet in their 
operation (Olesen, 2012). With a proper design, equal or 
improved thermal comfort levels compared to 
conventional all-air systems can be achieved (Karmann et 
al., 2017) and application of these systems has increased 
in recent years (Talami et al., 2017). 
Given the strong influence that architectural design has on 
radiant systems design, it is fundamental to consider their 
installation from the beginning of the design, integrated 
and balanced with the proposed formal design features, 
exploring how conceptual design phases will influence 
the load balance of the building and the operation and uncertainties in the design scenario–multiple variations 
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effectiveness of radiant cooling systems. In fact, early 
design stages offer the greatest potential for creating a 
high-quality and sustainable design that results in a low 
energy building working towards a wide-variety of 
defined environmental goals. The lack of design detail 
early in a project is both an analytical limitation and an 
opportunity to identify emergent design solutions.  
This research aims to support early-design decisions and 
simplify the design scenario when integrating radiant 
cooling systems in the architectural design related to 
energy consumption, thermal comfort and system 
operation in the tropics using a sensitivity analysis 
approach. This manuscript (1) addresses the holistic 
design of effective radiant cooling systems and the 
architectural environments that they serve, (2) identifies 
variables that have high impacts on the performance 
indicators, negligible parameters while also underlying 
their interactions and non-linear effects, and (3) proposes 
preliminary design indications of the parameters values to 
adopt when integrating radiant cooling systems and the 
building fabric to achieve high multi-objective goals. 
Methodology 
Figure 1 depicts the workflow implemented in its 
essential passages. 

 
Figure 1: Workflow diagram. 

The authors focused on 3 building performance metrics: 
(1) the total cooling energy consumption expressed as the 
Energy Use Intensity (EUI, kWh/m2) of HVAC 
components (DOAS—Dedicated Outdoor Air System, 
cooling tower and the two separate chillers for sensible 
and latent cooling needs), (2) the occupant’s thermal 
comfort (hours) expressed as the frequency with which 
occupants would feel uncomfortable in one or more 
occupied zones, and (3) the system’s operational 
effectiveness as the zone weighted incremental difference 
in number of hours when the zone temperature is above 
the cooling set-point (weighted hours).  
The target is to minimize energy consumption while 
maintaining an acceptable thermal comfort level and 
system operation by adopting a complimentary set of 
design variables. Therefore, the authors decided to fix 
parameters related to internal loads, equipment & 
occupancy schedule, and most of the mechanical 
components of the system to better investigate the 
variable parameters related to building fabric and system 
operation. Moreover, the present study focuses in the 
context of Singapore, and the results will be specific 
under the design limitations of a tropical climate. The 
approach illustrated herein can be extended to different 
climatic locations, building typologies, urban 
overshadowing conditions and energy systems. The 
parameters selected to test in the sensitivity analysis are 

classified into 5 main categories: building, façade, 
thermal mass, operational strategy, and system type. 
Beyond common architectural parameters, three radiant 
system distribution types were tested with varying 
thermostat set point temperatures and supply 
temperatures of the HVAC plant for cooling. The authors 
opted to use a classification scheme based on current 
standards, reviewing the ASHRAE Handbook (2016), and 
the REHVA guidebook (Babiak et al., 2009). Based on 
these guidelines and categorized according to their 
response time (Ning et al., 2017) three different types are 
identified: (1) radiant ceiling panels (RCP) which offer a 
quick response time (1.8 – 6.5 minutes) since the pipes are 
attached to thin conductive metal panels fixed to the 
ceiling structure, (2) embedded surface systems (ESS) 
characterized by pipes embedded within the surface layer 
and insulated from the ceiling structure with a medium 
response time (0.8 – 8.7 hours), and (3) thermally 
activated building systems (TABS) where the pipes are 
thermally coupled and embedded in the central core of the 
ceiling structure exploiting the thermal mass potential of 
the massive concrete layer with, consequently, a slow 
response time in the range of 8.7 – 18.8 hours. Figure 2 
displays the assembly construction of RCP (left), ESS 
(centre) and TABS (right). 

 
Figure 2: Assembly construction of RCP, ESS and TABS. 
The authors selected  the perturbation values of each 
parameter from common engineering & design practice 
guidebooks and based on current energy legislations, 
stressing the range of variability for some parameters to 
further analyse their reactions. The selected parameters 
are: building aspect ratio, orientation, number of floors 
and floor-to-floor height, façade U-value, window-to-wall 
ratio and shade length, window U-value and solar heat 
gain coefficient, incremental thermal mass and slab 
thickness, system set-point temperature and supply liquid 
temperature. The incremental thermal mass parameter is 
defined in kg of concrete per m2 of zone area and it 
includes structure, columns and interior walls as a proxy 
to represent lightweight and heavyweight structures. The 
slab thickness parameter allows to control the thickness to  
define the amount of thermal mass (concrete or screed) 
that the radiant system can exploit for its operation, but it 
is not applied to RCP models. Consequently, it regulates 
the roof and internal floors U-values.  
A building energy simulation model of a generic open-
plan office floor is designed using Grasshopper for  
Rhinoceros and its features are defined using Archsim 
plug-in (Dogan, 2013). The top zone ceiling surface were  
always modelled as highly insulated in order to avoid 
influencing the model sensitivity results. The occupied 
space is divided  into  five  thermal   zones. Specific basic      
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building features relating to internal loads and occupancy 
have been chosen based on the norms for office buildings 
in Singapore and are kept fixed throughout the study. 
Figure 3 details the input parameters with their maximum 
and minimum perturbation values and the fixed building 
features.  
The HVAC system has been designed using the 
EnergyPlus simulation platform (Design Builder 
interface). In a conventional air-based space conditioning 
sensible and latent cooling are combined, representing an 
energy-demanding process and a reason for the frequent 
issue of overcooling. The adoption of radiant cooling 
systems coupled with a DOAS in buildings allows the 
separation of sensible and latent cooling by decoupling 
the load using two chillers—one chiller provides higher 
temperatures (14-18 ˚C) for sensible cooling to maintain 
the interior temperature control at 24-27 ˚C and the 
second one handles mainly the latent cooling load, 
requiring 6-8˚C to dehumidify the interior air to maintain 
acceptable thermal comfort levels (Jeong and Mumma, 
2006). This approach reduces the electricity consumption 
as the sensible chiller produces higher temperatures with 
a decreased temperature lift, and the latent chiller & 
DOAS work to dehumidify the minimally required 
volume of air for ventilation delivering it to the zones 
without reheat, controlling the humidity and offsetting 
some sensible load fraction as well. Additionally, this 
operational strategy allows a smaller sized unit and 
components (compressor, fans) and the reduction of the 
HVAC energy consumption. Moreover, the adoption of a 
DOAS for dehumidification and ventilation purposes sets 
aside the fear of condensation on radiant panels in the 
tropics. Figure 4 depicts the modelled radiant cooling 
setup which comprises the radiant ceiling in the 
conditioned space in which chilled water is delivered 
from a combined cooling tower & electric chiller 
operation and a DOAS with constant volume fans and a 
separate electric chiller aided with the cooling tower. The 
DOAS accommodates ~ 36% of the space sensible load 
and the radiant cooling system covers the remaining load 
(~ 64%) to ensure the balance and indoor thermal comfort. 
After calibrating the system, a script allowed 
interoperability    between   simple    ‘ideal    air    loads’  
      

      Figure 4: Schematic of the radiant cooling setup 
simulation files generated by Archsim which report only 
the building loads and EnergyPlus. HVAC information 
was added to the simple EnergyPlus Input Data Files 
(IDF’s) via the aforementioned script, which added all 
systems components detailed in Figure 4 to the files as 
well as removed the ‘ideal air loads’ portions of the IDF.  
For this study, the authors adopted the enhanced Morris’s 
sensitivity method (Campolongo et al., 2007) since it is 
considered a reliable one-factor-at-a-time (OAT) 
screening method combined with a redifined factorial 
sampling strategy enabling a better exploration of the 
input space among a large number of input parameters, 
relatively minimizing the number of samples. The Morris 
method has been widely used in the field of building 
energy analysis (Tian, 2013) and estimates the elementary 
effect (EE), defined as the relative magnitude of change 
of each input parameter using a OAT evenly distributed 
sampling process on the output along a sequence of points 
(trajectory) in which one point represents a single 
evaluation run. The method generates a random starting 
point for each defined trajectory in the input space and 
moving one factor at a time in a random order computes 
the EE between the two simulation runs where the input 
factor is modified. The EE is defined as the following in 
Equation 1: 

Figure 3: Baseline and parametric inputs with relative perturbations. 
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            𝐸𝐸𝐸𝐸𝑖𝑖(𝑥𝑥) = [𝑦𝑦(𝑥𝑥1 ,…,𝑥𝑥𝑖𝑖−1,𝑥𝑥𝑖𝑖 + 𝛥𝛥, 𝑥𝑥𝑖𝑖+1,…,𝑥𝑥𝑛𝑛 )−𝑦𝑦(𝑥𝑥)]
𝛥𝛥

          (1) 

The sensitivity of each design parameter is evaluated by 
two measure indicators: the mean value of the distribution 
of absolute EE (µ∗) which estimates the main effect of the 
input factor on the output, indicating an input parameter 
with an important overall influence on the output and 
parameters whose effect can be considered negligible 
(Equation 2), and the standard deviation (σ) which 
estimates the factor’s higher order effects through the 
assessment of the interaction with other factors or whose 
effect is non-linear (Equation 3).  

µ∗ = 1
𝑟𝑟
∑ |𝐸𝐸𝐸𝐸𝑖𝑖𝑟𝑟
𝑖𝑖=1 |                             (2) 

                     𝜎𝜎 =  � 1
(𝑟𝑟−1)

∑ |𝐸𝐸𝐸𝐸𝑖𝑖 −  µ|2𝑟𝑟
𝑖𝑖=1                       (3)                                         

The sampling of the parameters was done parametrically 
via Grasshopper resulting in EnergyPlus simulation 
models with radiant cooling systems in place and a wide 
variety of parameter changes as described in Figure 3. 200 
is used as the number of resampling trajectories to ensure 
the reliability of the results (Menberg et al., 2016) leading 
to a total number of 8,200 runs according to Equation 4:  

n = r (k + 1)                                 (4) 
where n is the number of final samples, r is the number of 
simulation trajectories, and k is the number of input 
variables for which elementary effects are assessed. After  
all the 8,200 combinations have been simulated (2,800 for 
TABS and ESS and 2,600 for RCP), the resulting outputs 
are imported into SALib module (Herman and Usher, 
2017) in Python and used to calculate µ* and σ. 
Results 
The distribution of results for each performance metric 
and system type are displayed in Figure 5. It is found that 
all 3 system typologies (TABS, ESS and RCP), if coupled 
with design strategies aimed to reduce the external gains 
and latent loads, allow acceptable thermal comfort levels, 
system’s operation and reduced energy consumption, as 
shown from the lower whiskers of each boxplot. The 
boxplots portray how ceiling panels represent the best 
solution for the tropical climate of Singapore due to their 
fast response time and assembly configuration. Night time 
or early morning operation of TABS can overcome its 
slow response time by storing the energy and releasing it 
during the day, shifting part of the building loads. It is also 
noteworthy to point out that the median value of the 
Cooling EUI results of the three distribution systems falls 
below the representative whole-building energy-model 

value for cooling consumption of a large office building 
with minimum local green rating in the tropics (62.8 
kWh/m^2-yr) estimated by Duarte et al. (2017), showing 
the benefit of the implementation of radiant cooling 
technologies in Singapore.  
The analysis of the EE obtained through Morris 
sensitivity analysis varies in the strengths and range of 
their effects, and the ranked parameter importance 
changes across the 3 different system typologies and 
evaluation types. The overall sensitivity ranking and 
elementary effects scatter plots for cooling EUI, 
uncomfortable and unmet hours are presented in Figure 6. 
The error bars indicate the confidence interval of µ* 
values in the metric output unit. Based on the ratio σ/µ*, 
the higher-order effects are portrayed according to a 
classification scheme proposed by Garcia Sanchez et al. 
(2014). The parameters displayed below the line σ/µ* = 
0.1 are considered as having an almost linear relationship 
with the results while, if they are located above the line σ 
/µ* = 1, they are characterized by a high nonlinear 
relationship with the results and non-monotonic 
behaviour, showing that there might be an interaction with 
other input factors. Moreover, if the parameters appear 
between the lines σ/µ* = 0.1 and σ / µ* = 0.5 they have a 
monotonic behaviour while, if they are between the lines 
σ/µ* = 0.5 and σ/µ* = 1, they are almost-monotonic. The 
σ/µ* charts prove the negligibility of the parameters 
characterized by low µ* values when they show low 
standard deviation (σ) values as well.   
TABS results 
In this section the results for the Thermally Active 
Building Systems (TABS) distribution type will be 
discussed. When assessing sensitivity on thermal comfort, 
the parameters with the highest µ* values are, in this 
order: the window solar heat gain coefficient, the façade 
window-to-wall-ratio, and the system set point 
temperature. A subsequent group of parameters with 
lower impact but significant influence includes the 
building floor-to-floor height followed by the façade 
shades length, the system supply temperature, the window 
U-value, the building aspect ratio and the façade U-value. 
The remaining parameters (building slab thickness, 
number of floors, orientation and incremental thermal 
mass) can be classified as negligible. The system set point 
temperature and its variability might interact with most of 
the second group of influential parameters since they are 
all characterized by a non-linear  effects,  non-monotonic  

Figure 5: Boxplots of the 8200 simulations performed subdivided by outputs and system types. 
 

behaviour or interactions. The other dominating inputs 
and the building floor-to-floor ratio from the second group 
exhibit an almost monotonic behaviour and high σ values. 
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Figure 6: µ* and σ/µ* on thermal comfort, system operation, and cooling energy consumption for TABS, ESS and RCP. 
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When assessing the sensitivity of TABS for unmet 
setpoint hours, the parameter with the highest µ* value is 
the set-point temperature. Additionally, the window solar 
heat coefficient and the façade window-to-wall ratio play 
a central role. A second group of parameters which 
comprises, in descending order, the building floor-to-
floor height, the system supply temperature, the façade 
shades length, the window U-value, the façade U-value 
and the building aspect ratio have a significant influence 
while the remaining parameters are negligible. It is 
notable how the overall sensitivity ranking is similar to 
the thermal comfort results besides an increased 
importance of the system supply temperature and the 
performance of the envelope (U-value). Regarding the 
higher-order effects, the most influential parameters stay 
within the almost-monotonic zone as well as building 
floor-to-floor ratio, system supply temperature and façade 
shades length from the second influential input group. 
However, it can be inferred that the façade U-value, the 
building aspect ratio, and the window U-value might 
interact between each other and minor parameters, 
characterized by non-monotonic non-linearities. 
The sensitivity of TABS design parameters to cooling 
EUI highlights the building aspect ratio as having the 
highest impact, followed by the window solar heat gain 
coefficient, and the façade window-to-wall ratio. A 
subsequent group of parameters with lower impact but 
significant influence includes the building floor-to-floor 
ratio followed by the façade shades length, the system set-
point temperature, and the window U-value. The 
remaining parameters can be considered negligible. It is 
noteworthy pointing out that the system supply 
temperature and the façade U-value show a much lower 
influence when considering the cooling EUI output. The 
σ /µ* ratio scatterplot displays that most of the factors 
show non-monotonic non-linearities or interactions 
besides the façade window-to-wall ratio, the system set-
point, and supply temperature (on the verge of the 
monotonic zone).  
ESS results 
Overall, the results for Embedded Surface Systems (ESS) 
distribution type are in close agreement with the 
previously analysed TABS. The ranking of the most 
sensitive parameters, the identification of the negligible 
factors, the classification of the floor-to-floor height as the 
fourth most influential input, and the higher-order effects 
remain unchanged, although with some small impact 
variations. For this reason, the authors decided to analyse 
the results in comparison with TABS. 
When analysing sensitivity for unmet setpoint hours, the 
window solar heat coefficient, the set-point temperature 
and the façade window-to-wall ratio play, in this order, a 
central role. The indoor uncomfortable hours’ bar chart 
displays the system supply temperature as having a bigger 
impact than the façade shades length as well as the 
building aspect ratio on the window U-value. Moreover, 
the building window-to-wall ratio can be categorized 
within the factors showing a non-linear influence or 
interaction with other parameters (system set-point and 

supply temperature, building aspect ratio, façade U-value 
and shades length and window U-value) as well as the 
system set-point temperature when considering the total 
cooling energy consumption. 
RCP results 
The sensitivity results for Radiant Ceiling Panels (RCP) 
are presented in the following section. The system set 
point temperature plays alone a major role when 
considering sensitivity on thermal comfort. The building 
floor-to-floor height and aspect ratio, the façade window-
to-wall ratio and window solar heat coefficient can be 
ranked within the second group of influential parameters 
with similar values of importance, including the system 
set point temperature with a slight lower sensitivity 
coefficient. The remaining parameters can be classified as 
negligible. The σ / µ* ratio identifies the system set point 
temperature as almost-monotonic as well as the building 
floor-to-floor height from the second group while, the 
building aspect ratio, the façade window-to-wall ratio, the 
window solar heat gain coefficient, and the system supply 
temperature show a non-linear influence or interaction 
with themselves or other otherwise negligible parameters.  
When assessing the sensitivity for unmet setpoint hours, 
the parameter with the highest µ* value is the set-point 
temperature. Additionally, the façade window-to-wall 
ratio and the window solar heat coefficient ratio play a 
major role. A subsequent group of parameters which 
comprises, in descending order, the system supply 
temperature, the building floor-to-floor height, the 
window U-value, the building aspect ratio, and the façade 
shades length have a significant influence while the 
remaining parameters are negligible. For our test model, 
regarding the higher-order effects, the most influential 
parameters stay within the almost-monotonic zone. 
However, it can be inferred that the all the inputs from the 
second group and the negligible parameters might interact 
between each other, characterized by a non-linear 
behaviour with the outputs. 
The total cooling energy consumption ranking chart 
displays that the window solar heat gain coefficient has 
the highest impact, followed by the façade window-to-
wall ratio and the building aspect ratio. A subsequent 
group of factors with lower impact but significant 
influence includes the building floor-to-floor ratio 
followed by the system set-point temperature and the 
façade shades length. The remaining parameters can be 
considered negligible. The highest-impact parameters and 
the second group exhibit almost-monotonic behaviours 
besides the building aspect ratio which is non-linear 
and/or interacting with other parameters.  
Discussions 
Generally, the results indicate that occupant’s thermal 
comfort and system operation are mainly governed by the 
same 3 input variables (window solar heat gain 
coefficient, façade window-to-wall ratio, and system set-
point temperature) with almost monotonic behaviours. In 
addition to these parameters, the building aspect ratio has 
a higher impact when considering energy performances. 
The analysis of the results for RCP regarding thermal 
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comfort show instead that the system set-point 
temperature alone plays a dominant role, and the building 
floor-to floor height is the second most important 
parameter. 
Building aspect ratio, floor-to-floor height, façade shade 
depth, window U-value, and system supply temperature 
have a significant impact on performance criteria, mostly 
showing marked non-monotonic non-linearities or 
interactions with other factors. The remaining input 
factors (building massing, number of floors, orientation, 
slab thickness and façade U-value) can be classified as 
less important exhibiting a small influence on the results 
and, in some cases, negligible, mostly characterized by 
non-monotonic behaviors or interactions between each 
other or important parameters. None of the factors have 
an almost linear relationship with the results or a 
monotonic behavior. It is expected that none of the 
parameters would significantly affect the results when 
interacting between each other due to (1) similar σ and µ* 
values showing a very narrow variability on the 
percentage of influence (second-group parameters) or (2) 
notably higher µ* values assessing marked percentages of 
contribution (dominant and less important parameters). 
Architectural design for building performance is not only 
a complex interaction of factors, but multi-design goals 
are involved as well in the decision-making process. 
Often these design goals can be conflicting; therefore, a 
deeper understanding of their interactions with design 
parameters is needed to understand the parameter 
variability that fits certain criteria. Parallel coordinate 
plots are presented in Figure 7 to analyse how the 
parameters are distributed when setting filtered high-
performing goals for occupant’s thermal comfort, system 
performance and energy consumption simultaneously. 
The filtering criteria is based firstly on ASHRAE 90.1 
Standard (2016) which requires the number of hours in a 
year that the HVAC system is not able to maintain the 
space set-point to be below 300 out of 8760 hours 
simulated. Secondly, the 5% best results are filtered from 
the HVAC energy consumption and occupant’s comfort 
values. Only the simulation results that match the first 
criteria and remain after being filtered by the second one, 
are displayed as “high-performance multi-objective”. It is 

notable that overall the variables span is smaller when the 
parameter has been assessed as dominant by the 
sensitivity analysis, meaning that a restricted range of 
values can ensure the desired design goals, while, on the 
other side, the variability increases when the parameter is 
considered negligible with multiple design possibilities 
allowing the same output values. 
All 3 radiant typologies require façade window-to-wall 
ratio and window solar heat gain coefficient values falling 
below or equal to 57% and 0.54, respectively. This 
indicates the necessity of adopting spectrally selective 
glazing and suggests the reduction of the façade glazed 
surfaces. TABS display the lowest window solar heat gain 
coefficient variability from 0.2 to 0.3 while RCP allow the 
adoption of 0.2-0.54; ESS instead require values up to 0.4. 
RCP are the most flexible when considering the façade 
window-to-wall ratio with a span of 20-57% compared to 
a slightly lower value of up to 51% for both TABS and 
ESS. When analysing the system set-point temperature, it 
is found that, as predicted, high room temperatures from 
24.8 °C to 27 °C are preferred to achieve the multi-
objective goals and help exploiting the potentialities of 
radiant cooling. This is because the large radiant cooling 
surfaces reduce the amount of air needed to be moved by 
convection, therefore allowing people to feel comfortable 
at a higher air temperature set-point. RCP allow higher 
temperatures and small operational ranges (25.8 – 27 °C) 
than ESS and TABS (24.8 – 26.6 °C). Floor-to-floor 
height displays a variability comprised between 2.4 m and 
3.7 m although the majority of simulation results are equal 
or below 2.8 m. Lower floor-to-floor heights are an 
advantage since they facilitate the heat radiation process 
reducing the distance between the cool surfaces and 
occupants. RCP allow a floor-to-floor height equal or 
below 3.3 m, lower than ESS (3.5 m) and TABS (3.7 m). 
Conclusion 
This manuscript presented a Morris sensitivity analysis of 
13 passive (building) and active (system) design 
parameters on 3 building performance metrics (total 
cooling energy consumption, thermal comfort and 
system’s operation). The simulations were run on 3 
different radiant cooling system types (radiant ceiling 

Figure 7: Parallel coordinates of parameters variability on multi-objective design goals for TABS (a), ESS (b), RCP (c). 
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panels, embedded surface systems and thermally 
activated building systems) applied to a parametric office 
building in the tropical climate of Singapore. The charts 
provide insights on the identification of variables that 
have high impacts on the performance indicators, 
negligible parameters while also underlying their 
interactions, non-linear effects, and parameter variability 
related to high-performing multi-objective goals. Based 
on the feedback obtained from the sensitivity analysis 
results, the design scenario is simplified and restricted to 
regions that meet certain design criteria, thus simplifying 
the design problem and offering guidance in the decision-
making process. The findings can be readily applied as 
preliminary design indication in the design of office 
buildings in the tropics utilizing radiant cooling systems 
in their conditioning; however, extrapolating the results to 
other situations may lead to incorrect conclusions. The 
study can be extended to different climatic locations, 
building typologies, urban overshadowing conditions and 
energy systems.  
It is found that all 3 system typologies, if coupled with 
design strategies aimed to reduce the external gains and 
latent loads, can achieve acceptable thermal comfort 
levels, system performance and reduced energy 
consumption. Generally, window solar heat gain 
coefficient, window-to-wall ratio, and system set-point 
temperature play a key role to ensure high building’s 
performance and have an almost monotonic behavior with 
respective values falling below or equal to 54% and 57% 
and high room dry bulb air temperatures between 24.8 °C 
and 27 °C. In addition, building aspect ratio, floor-to-floor 
height, façade shade length, window U-value, and system 
supply temperature have a significant impact, showing 
marked non-monotonic non-linearities and/or interactions 
with other factors. The remaining parameters can be 
classified as less important and, in some cases, negligible, 
mostly characterized by non-monotonic behaviors and/or 
interactions. In other words, architectural design for 
building’s performance is a complex interaction of 
factors, but through sensitivity analysis, it is possible to 
assess which are the dominant contributors. 
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Abstract 
Low-temperature networks (LTN) with temperatures 
below 20 °C are district heating and cooling networks of 
the future, since they can be operated (i) emission-free, 
(ii) are suitable for space heating and cooling and (iii) 
incorporate low-temperature environmental heat or waste 
heat from industrial processes. In Switzerland, the number 
of LTNs is continuously increasing. The aim of the 
present study is a comparison between two existing, but 
simplified, network topologies with either a central 
circulation pump or distributed circulation pumps. 
Modelica / Dymola simulations show that for four 
different annual heating and cooling scenarios, the heat 
pumps in the topology with decentralized circulation 
pumps consume 1 % to 5 % less electric energy than the 
same heat pumps in a topology with a single centralized 
circulation pump. 
Introduction 
District heating and cooling is divided into four 
categories, depending on the water temperature of the 
network: (i) High temperature over 60 °C for domestic hot 
water (DHW), (ii) low temperature over 30 °C for room 
heating, (iii) temperatures larger than 20 °C for pre-
heating and (iii) temperatures below 20 °C allowing for 
direct cooling (Figure 1) (Hangartner 2018). 

 
Figure 1: Four categories of district heating networks 

(Hangartner 2018).  
A number of LTNs have been realized in Switzerland, of 
which seven are documented in (Energieschweiz 2018). 
Examples are the Suurstoffi residential area in Zug, the 
campus Science City Hönggerberg of ETH Zurich and 
Familienheim-Genossenschaft Zürich. LTNs with their 
ability to supply heat and cold are operated most 

efficiently when heating and cooling demand balances; 
ideally simultaneously. 
In Switzerland, the year is divided into four seasons. The 
climate is mild with moderate heat, cold and humidity. 
The heating period typically lasts from September to May 
and the cooling period from June to August. Yearly 
integrated heating demand of residential buildings 
typically dominates over cooling demand and ratio of 12 
to 120 the two depends on the age of the buildings. 
(Settembrini 2017). In office buildings, however, yearly 
heating and cooling are approximately balanced 
(Zakovorotnyi 2017). Both studies show that with climate 
change, the demand for cooling in both building types 
increases exponentially (25 to 200 % of the heating 
demand for new residential buildings) in the next 50 
years, whereas the need for heating decreases moderately 
(from 9 to 13 % for old resp. new residential buildings). 
In summary, even though, on average, yearly heating 
demand in districts generally exceeds cooling demand at 
the moment, there are districts, where heating and cooling 
demands balance, in particular, when waste heat from 
industrial processes, data centres or laboratory facilities 
are included. Temporal shifts between heating and 
cooling demand can be compensated using seasonal 
storages e.g. borehole fields (Suurstoffi case, 
Energieschweiz 2018). An additional advantage of LTNs 
is the possibility of direct cooling without a chiller. The 
waste heat from the cooling process, which is normally 
released into the environment can be used to regenerate 
geothermal probes or as a source for heat pumps (HPs). 
Whether networks with simultaneous heating and cooling 
load are more efficiently operated in a conventional way 
with a central circulation pump (CCP) or various 
decentralized circulation pumps (DCP) is an open 
question. Both topologies have been realized in 
Switzerland, but direct comparison is missing. 
In this study, we compare the CCP and the DCP topology 
using Modelica / Dymola simulations. We first present the 
layout of the two topologies, then describe the model 
components and evaluate the electricity consumption of 
the heat pumps for the two topologies. The findings of this 
comparison result in a simple method to quantify the 
savings of the DCP topology compared to the CCP at the 
planning stage. The electricity consumption of the 
circulation pumps is not investigated in detail, but we 
provide arguments that this contribution is small and may 
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Figure 2: Two different network topologies. a) CCP topology with a central circulation pump. b) DCP topology with 

distributed circulation pumps. The network temperatures indicated are an example and vary over time. 
be negligible in the comparison. The paper ends with a 
summary of the findings and mentions further aspects for 
the decision which network topology to use. 
Methods 
Topologies 
Both investigated topologies (Figure 2) are inspired by 
(Schluck, 2015). They include a source S (geothermal 
boreholes) and two users U1 and U2 with heating and 
cooling demand, respectively. The heating demand is 
covered by an HP and the cooling demand by a heat 
exchanger (direct cooling). Both users control their mass 
flow on the network side by ensuring a temperature 
difference of 4 K between inflow and outflow of the HP 
and heat exchanger, respectively. In the CCP topology 

(Figure 2a) the circulation pump is located at the source, 
whereas in the DCP topology (Figure 2b), the two 
circulation pumps are located at the users. In reality, a 
network will contain more than two users. However, if the 
users are sorted into two clusters with either heating or 
cooling demand and the demands summed up within each 
cluster, each group can be simplified by one large user. 
CCP topology 
In the CCP topology, the flow direction in the system is 
predefined, thus uni-directional from the source S to the 
two users U1 and U2 and back to the source. Both users 
U1 and U2 receive the same water temperature provided 
by the source. At point P, warm and cold water is mixed.

 

 
Figure 3: CCP topology in the Modelica / Dymola environment. 

1) 2) 

3) 

4) 

5) 

5) 5) 6) 6) 
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Figure 4: CCP topology in the Modelica / Dymola environment. 

DCP topology 
In the DCP topology, the flow direction through the 
source S is not predefined and depends on the heating and 
cooling demand of the two users. The flow is non-
directional. If heating and cooling demand balance, the 
mass flow through the source is zero. If the cooling 
demand of U2 exceeds the heating demand of U1, U1 
receives its water from U2. If the cooling demand of U2 
is smaller than the heating demand of U1, U1 receives 
water partially form the source S and U2. Since the 
outflow temperature of U2 is 4 K larger than the outflow 
temperature of the source, the coefficient of performance 
(COP) of the HP increases when cooling demand exceeds 
heating demand. The temperature increase of the water 
supplied to HP is one of the key aspects of the paper. 
Simulation Model 
The two topologies (Figure 2) are compared using 
Modelica / Dymola simulations (Figure 3, 4). The 
components of the simulation are 1) an HP, 2) a heat 
exchanger for direct cooling (FC), 3) geothermal 
boreholes, 4) pumps, 5) pipes and 6) valves. All model 
components are from the IBPSA library (IBPSA 2018). 
Heat Pump Model 
The maximum theoretical achievable 𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶 is  
 𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶 =  (𝑇𝑇𝑐𝑐𝑐𝑐𝑐𝑐  ⁄  (𝑇𝑇𝑐𝑐𝑐𝑐𝑐𝑐 − 𝑇𝑇𝑒𝑒𝑒𝑒𝑒𝑒)) (1) 
Here, 𝑇𝑇𝑒𝑒𝑒𝑒𝑒𝑒 and 𝑇𝑇𝑐𝑐𝑐𝑐𝑐𝑐 is the evaporator and the condenser 
temperature, respectively. In reality, the COP is always 
lower. In the model, the COP of the heat pump is defined 
by 
 𝐶𝐶𝐶𝐶𝐶𝐶 =  𝜂𝜂𝐶𝐶𝑒𝑒𝐶𝐶𝑐𝑐𝑐𝑐𝐶𝐶,0  𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶  , (2) 
With 
   𝜂𝜂𝐶𝐶𝑒𝑒𝐶𝐶𝑐𝑐𝑐𝑐𝐶𝐶,0 =  𝐶𝐶𝐶𝐶𝐶𝐶0/𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶,0, (3) 
being the ratio of the real COP and the theoretical 𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶 
at design conditions (indicated by index 0). In our case, 
𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶,0 = 11.9 (see table) COP0 = 6.1, therefore, 
𝜂𝜂𝐶𝐶𝑒𝑒𝐶𝐶𝑐𝑐𝑐𝑐𝐶𝐶,0  = 0.51. 
 
 

Table 1: Nominal parameters for the HP model 
Parameter Unit Value 

Heat Demand (Evaporator) kW 10 
Cooling Demand (Condenser) kW 8.3 
COP - 6.1 
el. Power Consumption kW 1.7 
Mass Flow 1 (Condenser) kg/s 0.497 
Mass Flow 2 (Evaporator) kg/s 0.694 
ΔT Evaporator K 3 
ΔT Condenser K 5 
Temperature Condenser °C 35 
Temperature Evaporator °C 10 

Model of the Direct Cooling Heat Exchanger 
The model for the heat exchanger is  
 �̇�𝑄 = �̇�𝑄𝑐𝑐,𝑚𝑚𝑒𝑒𝑚𝑚 ε (4) 
where ε is constant effectiveness (in our case 70 %) and 
�̇�𝑄𝑐𝑐,𝑚𝑚𝑒𝑒𝑚𝑚 the maximum cooling load that can be transferred 
by the heat exchanger. 
Geothermal Boreholes Model 
The borehole model used is a hybrid step-response model 
(HSRM), which was first implemented by Picard 2017 
and will be further developed by Picard D. and Cimmino 
M. in the project 1 (IBPSA 2018). The eight boreholes 
used here provide nearly constant outflow temperatures to 
the network throughout the year. 

Table 2: Parameter for the borehole field model 
Parameter Unit CCP DCP 

Mass Flow Nominal kg/s 1.194 0.597 
Number of Boreholes Pcs. 8 8 
Borehole Length m 250 250 
Performance pro running 
meter Boreholes 

W/m 30 30 

Circulation Pump Model 
The pump model computes the electric power 
consumption of the circulation pump by multiplying the 
hydraulic power with a total efficiency of 49%, which is 
a typical assumption of technical planners. 

1) 2) 

3) 

4) 

5) 

5) 5) 6) 6) 4) 
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Model for Heating and Cooling Load 
The heating load �̇�𝑄𝑆𝑆𝑆𝑆 must balance the heat losses to the 
environment to keep the room temperature constant and 
thus depends on the temperature difference between the 
room temperature 𝑇𝑇𝐶𝐶 and the ambient temperature 
𝑇𝑇𝑒𝑒𝑚𝑚𝑎𝑎.The heating load is defined by 
 �̇�𝑄𝑆𝑆𝑆𝑆 = 𝑘𝑘(𝑇𝑇𝐶𝐶 −  𝑇𝑇𝑒𝑒𝑚𝑚𝑎𝑎), (5) 
where k (W/K) is a factor (here assumed constant and not 
considering any radiative energy fluxes) that includes all 
heat transfer properties between the room and the 
ambience. This equation is identical to 

 �̇�𝑄𝑆𝑆𝑆𝑆 = �̇�𝑄𝑆𝑆𝑆𝑆,𝑠𝑠
(𝑇𝑇𝑟𝑟− 𝑇𝑇𝑎𝑎𝑎𝑎𝑎𝑎)

(𝑇𝑇𝑟𝑟,𝑠𝑠,𝑊𝑊− 𝑇𝑇𝑎𝑎𝑎𝑎𝑎𝑎,𝑠𝑠,𝑊𝑊)
, (6) 

where the standard load is 
 �̇�𝑄𝑆𝑆𝑆𝑆,𝑠𝑠 = 𝑘𝑘(𝑇𝑇𝐶𝐶,𝑠𝑠,𝑊𝑊 −  𝑇𝑇𝑒𝑒𝑚𝑚𝑎𝑎,𝑠𝑠,𝑊𝑊) (7) 
and 𝑇𝑇𝐶𝐶,𝑠𝑠,𝑊𝑊 − 𝑇𝑇𝑒𝑒𝑚𝑚𝑎𝑎,𝑠𝑠,𝑊𝑊 is a “standard” temperature 
difference. Equation 6 is used in the model to calculate 
the heating load for space heating �̇�𝑄𝑆𝑆𝑆𝑆. 
Space cooling is determined analogously by 

 �̇�𝑄𝑆𝑆𝐶𝐶 =  �̇�𝑄𝑆𝑆𝐶𝐶,𝑠𝑠  (𝑇𝑇𝑎𝑎𝑎𝑎𝑎𝑎−𝑇𝑇𝑟𝑟)
(𝑇𝑇𝑎𝑎𝑎𝑎𝑎𝑎,𝑠𝑠,𝑆𝑆−𝑇𝑇𝑟𝑟,𝑠𝑠,𝑆𝑆)

 (8) 

Where �̇�𝑄𝑆𝑆𝐶𝐶,𝑠𝑠 is the standard cooling load, �̇�𝑄𝑆𝑆𝐶𝐶 is the actual 
cooling load, 𝑇𝑇𝐶𝐶,𝑠𝑠,𝑆𝑆 is the standard room temperature in 
summer and 𝑇𝑇𝑒𝑒𝑚𝑚𝑎𝑎,𝑠𝑠,𝑆𝑆 is the standard ambient temperature 
in summer (not considering any radiative energy fluxes). 
In addition to the loads described above, constant band 
loads are added for some scenarios. 
Table 3: Parameters for heating and cooling load model 

in the four variants 
Parameter Unit V1 V2 V3 V4 
�̇�𝑄𝑆𝑆𝑆𝑆,𝑠𝑠 kW 10 6 10 6 
𝑇𝑇𝑒𝑒𝑚𝑚𝑎𝑎,𝑠𝑠,𝑊𝑊 °C -8 -8 -8 -8 
𝑇𝑇𝐶𝐶,𝑠𝑠,𝑊𝑊 °C 21 21 21 21 
�̇�𝑄𝑆𝑆𝐶𝐶,𝑠𝑠 kW 10 10 6 6 
𝑇𝑇𝑒𝑒𝑚𝑚𝑎𝑎,𝑠𝑠,𝑆𝑆 °C 35 35 35 35 
𝑇𝑇𝐶𝐶,𝑠𝑠,𝑆𝑆 °C 26 26 26 26 

Heating and Cooling Temperatures 
Not only the heating demand for space heating changes  

  
Figure 5: a) HS and HR temperatures for DHW and SH. 
b) Heating load for DHW and SH. The heat load of SH 

depends on 𝑇𝑇𝑒𝑒𝑚𝑚𝑎𝑎 and is calculated from the tempeatures 
in (a). The heat load of DHW is constant. 

depending on the ambient temperature, but also the 
temperatures in the secondary (building) circuit change 
depending on ambient temperature. Figure 5 shows heat 
supply (HS) and heat return (HR) depending on ambient 
temperature (Figure 5). The heating load and 
temperatures for DHW remain constant. 
Results 
Electricity Consumption of the Heat Pumps. 
Figure 6 examines the electric power of the HP for the 
CCP and the DCP topology over a period of one year. 
Figure 6a shows the ambient temperature as the 
cumulative distribution diagram. From this, the heating 
and cooling loads on the user side are calculated using (6) 
and (8) (Figure 6 b, solid lines). The vertical solid line 
indicates the time point of equal heating and cooling load 
on the user side. From the user load (condenser load), the 
evaporator load (�̇�𝑄H,network side) is calculated using the 
COP of the HP (Figure 6b, dashed line). The vertical 
dashed line indicates the time point of equal heating and 
cooling load on the network side. The yellow shading 
shows the time intervals with cooling or heating only. 
From the heating and cooling demand on the network 
side, the mass flows through users U1 and U2 and 
consequently through the source (Figure 6c) are 
calculated. For time periods with heating and cooling 
only, the mass flows through the source are identical in 
both topologies. For simultaneous heating and cooling the 
mass flow through the source in DCP topology is reduced 
compared to the CCP topology. As soon as cooling 
demand exceeds heating demand on the network side, the 
water temperature supplied to the HP of U1 increases by 
4K (due to waste heat from direct cooling of U2) (Figure 
6d). This increases the COP of the HP (Figure 6e) and 
reduces the electrical power of the HP (Figure 6f) by 12.6 
to 13.3 % (Figure 6g), depending on the temperatures of 
HS and RF on the building side, which are linked to 
ambient temperature. On average, the decrease of 
electricity consumption is 12.9 % during times when 
cooling exceeds heating. This percentage is referred to as 
parameter α later on. However, as cooling demand only 
exceeds heating demand during part of the year and the 
heating demand during this time is smaller than during the 
rest of the year, the reduction of electrical power 
integrated over the entire year is only βsim = 1.1 %. In 
numbers, the electrical power is 5565 kWh for the CCP 
topology and 5503 kWh for the DCP topology (Legend of 
Figure 6f). 
The same analysis was carried out for three additional 
yearly heating and cooling scenarios (Figure 7). The 
previously analysed profile (reference) is repeated in 
Figure 7a. Figure 7b represents a situation with additional 
DHW production. In Figure 7c the cooling load is 
increased compared to a reference, whereas the heating 
load is identical to the reference. In Figure 7d, both, the 
heating and cooling loads are increased compared to the 
reference. For the four different scenarios, the electricity 
savings of the DCP topology compared to the CCP 
topology are βsim = 1.1 % (reference), 1.5 %, 4.4 % and 
4.1 % (table 4). These savings are in line with the 
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Figure 6: Simulation results for the CCP topology and DCP topology. Numerical values of the yearly heating and 
cooling demand and the yearly electric energy consumption of the HP are indicated in the legends of (b) and (f).  
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estimates of (Sulzer, 2018). The savings depend on the 
time interval where cooling load exceeds heating load and 
the heating load during this time interval compared to the 
heating load during the rest of the time. 

 

 

 

  
Figure 7: Four different heating and cooling load 

profiles. The four variants (V1 – V4) are (a) Reference 
(Figure 7b), (b) Reference with additional domestic hot 
water, (c) Reference with additional band load cooling 
and (d) Reference with additional domestic hot water 

and band load cooling. 
Table 4: Parameters for estimating the savings 

Parameter Unit V1 V2 V3 V4 
∆𝑇𝑇𝑊𝑊 Days 235 293 140 207 
∆𝑇𝑇𝑆𝑆 Days 130 72 225 158 
PW - 4.6 5.8 5.5 6.2 
PS - 0.9 3.4 1.9 4.1 
rt - 1.8 4.1 0.6 1.3 
rP - 5.4 1.7 2.9 1.5 
α % 12.9 12.8 13.0 12.6 
βsim  % 1.1 1.5 4.4 4.1 
βest % 1.2 1.6 4.7 4.3 

Quantifying Savings at Planning Stage. 
The savings β (-) of the electricity consumption of HPs in 
the DCP topology compared to the CCP topology are 
expressed by β = (1 - ED/EC). Here, ED and EC are the 
electrical energy consumptions of the DCP and the CCP 
topology, respectively. In the previous section, βsim was 
directly calculated from the simulation. Here we provide 
a method to estimate βest at planning stage. Therefore we 
first determine the time interval ΔtW, where heating load 
exceeds cooling load (Figure 8). The index “W” may be 
interpreted as “winter”. In the remaining time interval ΔtS 
(index “s” for “summer”) cooling load exceeds heating 
load. The time ratio rt is then defined by  

 𝑟𝑟𝐶𝐶  =  𝛥𝛥𝐶𝐶𝑊𝑊
𝛥𝛥𝐶𝐶𝑆𝑆

 (9) 

We further define PW,D (W) and PS,D (W) as the mean 
electrical power consumptions of the HP in the DCP 
topology during winter and summer, respectively, and 
PW,C (W) and PS,C (W) as the mean electrical power 
consumptions of the HP in the CCP topology during 

winter and summer, respectively. The power ratio rP is 
then defined by  

 𝑟𝑟𝑃𝑃  =  𝑃𝑃𝑊𝑊,𝐶𝐶
𝑃𝑃𝑆𝑆,𝐶𝐶

 (10) 

The ratio of electric power consumption during winter 
and summer in the CCP topology is usually an unknown 
at the planning stage of a district heating network. We 
thus estimate rP using the approximation  

 𝑟𝑟𝑃𝑃  =  𝑃𝑃𝑊𝑊
𝑃𝑃𝑆𝑆

 (11) 

where PW (W) is the mean heating load in winter and PS 
(W) the mean heating load in summer (Figure 8). 

 
Figure 8: Schematic to illustrate the parameters rt and 
rP used for estimating the savings βest. PW is the mean 

heating load (red dotted horizontal lines) during the time 
interval ΔtW. PS is the mean heating load (red horizontal 

lines) during the time interval ΔtS. 
The electrical energy consumption of the HP in the CCP 
topology is the sum of the energy consumption in summer 
and in winter. 
 𝐸𝐸𝐶𝐶 = 𝐶𝐶𝑆𝑆,𝐶𝐶𝛥𝛥𝑡𝑡𝑆𝑆 + 𝐶𝐶𝑊𝑊,𝐶𝐶𝛥𝛥𝑡𝑡𝑊𝑊 (12) 
The same applies to the DCP 
 𝐸𝐸𝐷𝐷 = 𝐶𝐶𝑆𝑆,𝐷𝐷𝛥𝛥𝑡𝑡𝑆𝑆 + 𝐶𝐶𝑊𝑊,𝐷𝐷𝛥𝛥𝑡𝑡𝑊𝑊 = 
 (1 − 𝛼𝛼)𝐶𝐶𝑆𝑆,𝐶𝐶𝛥𝛥𝑡𝑡𝑆𝑆 + 𝐶𝐶𝑊𝑊,𝐶𝐶𝛥𝛥𝑡𝑡𝑊𝑊 (13) 
For the left hand side of (13), we used PS,D = (1-α)PS,C and 
PW,D = PW,C. Using (12) and (13) in the definition of βsim 
results in:  

 𝛽𝛽𝑒𝑒𝑠𝑠𝐶𝐶 =  1 −  𝐸𝐸𝐷𝐷
𝐸𝐸𝐶𝐶

= 1 − (1−𝛼𝛼)𝑃𝑃𝑆𝑆,𝐶𝐶𝛥𝛥𝐶𝐶𝑆𝑆+𝑃𝑃𝑊𝑊,𝐶𝐶𝛥𝛥𝐶𝐶𝑊𝑊
𝑃𝑃𝑆𝑆,𝐶𝐶𝛥𝛥𝐶𝐶𝑆𝑆+𝑃𝑃𝑊𝑊,𝐶𝐶𝛥𝛥𝐶𝐶𝑊𝑊

= 

 1 −
(1−𝛼𝛼)+

𝑃𝑃𝑊𝑊,𝐶𝐶
𝑃𝑃𝑆𝑆,𝐶𝐶

𝛥𝛥𝑡𝑡𝑊𝑊
𝛥𝛥𝑡𝑡𝑆𝑆

1+
𝑃𝑃𝑊𝑊,𝐶𝐶
𝑃𝑃𝑆𝑆,𝐶𝐶

𝛥𝛥𝑡𝑡𝑊𝑊
𝛥𝛥𝑡𝑡𝑆𝑆

 (14) 

Using the definitions of the time ratio (9) and the power 
ratio (10), equation (14) becomes 

 𝛽𝛽𝑒𝑒𝑠𝑠𝐶𝐶 =  1 − (1−𝛼𝛼)+𝐶𝐶𝑃𝑃𝐶𝐶𝑡𝑡
1+𝐶𝐶𝑃𝑃𝐶𝐶𝑡𝑡

= 𝛼𝛼 1
1+𝐶𝐶𝑃𝑃𝐶𝐶𝑡𝑡

 (15) 

Figure 9 shows a contour plot representation of β (in 
percent) as a function of rP and rt for the four different 
scenarios of Figure 7. As α is only varying slightly (table 
3), the contours of the four scenarios are almost identical. 
The estimated energy savings βest (15) are indicated by 
diamonds in Figure 9 and agree within 8 % with βsim 
(Table 4). For example, the reference (V1, Figure 7a) is 
represented by the blue diamond in Figure 9. In this 
scenario, heating dominates cooling for 235 days per year, 
so the ratio rt is 1.8 (235 to 130 days). The ratio of the 
mean electrical power consumptions rP of the HP between 
winter and summer is 5.4 (4.6 kW in winter to 0.9 kW in 
summer). These two parameters can be used in Figure 9 
to estimate the electric energy savings βest for a DCP 
topology compared to a CCP topology. In this case, 
βest = 1.2 %. In contrast, V3 has a saving of 4.3 %. 

∆𝑡𝑡𝑊𝑊 

∆𝑡𝑡𝑆𝑆 𝐶𝐶𝑊𝑊 
𝐶𝐶𝑆𝑆 
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Figure 9: Contour plot of the electric energy savings β (%) for a DCP topology compared to a CCP topology. The four 
scenarios of table 8 result in almost identical isolines (four lines close to each other) because α only varies marginally 
between the scenarios. The vertically dotted line at rt = 1 represents a scenario where winter is as long as summer (see 

text for the definition of winter and summer in this context). The horizontally dotted at rp = 1 represents a scenario 
where the heating load in summer is identical to the heating load in winter.

The heating demand profiles of V1 and V3 are identical, 
but the cooling demand of V3 was adjusted with an 
additional band load. This shifts the intersection between 
dominant heating and dominant cooling to the left (Figure 
7c). Now, heating exceeds cooling for only 140 days per 
year. This reduces rt to 0.6 (140 to 225 days). Although 
the heating demand profile of V3 is identical to V1, rP 
changes due to the new time intervals considered in the 
calculation. For V3, PW and PS are 5.5 kW and 1.9 kW, 
respectively, whereas they were 4.6 kW and 0.9 kW for 
V1. Thus, rP is reduced from 5.4 to 2.9 and βest is increased 
from 1.2 % to 4.7%. Since the cooling demand exceeds 
heating demand over a longer period, the heat pump is 
supplied with a higher temperature for a longer time and 
thus operates longer at higher COP. As rt and rP are easily 
calculated at the planning stage, Figure 9 provides a 
practical tool to estimate the savings of the DCP topology 

compared to the CCP topology. We note, that α depends 
on temperature difference (temperature lift) between 
primary (network) and secondary (building) water, which 
is between 8 K and 45 K in our case. 
Electricity Consumption of the Circulation Pumps 
For this work, we neglect the electricity consumption of 
circulation pumps for the following reasons. (i) The main 
hydraulic advantage of the DCP topology is the reduced 
mass flow through source when heating and cooling 
demand are approximately equal. That is why the total 
hydraulic power of the DCP topology is always smaller 
than for the CCP topology. However, this advantage 
becomes minor, when the source of the CCP topology is 
hydraulically decoupled allowing for basically 
frictionless water flow through the bypass when heating 
and cooling balance (Figure 9). With the bypass, the 
hydraulic power needed in the two topologies is similar. 

∆𝑡𝑡𝑊𝑊 >  ∆𝑡𝑡𝑆𝑆 ∆𝑡𝑡𝑊𝑊 <  ∆𝑡𝑡𝑆𝑆 

𝐶𝐶𝑊𝑊 >  𝐶𝐶𝑆𝑆 

𝐶𝐶𝑊𝑊 <  𝐶𝐶𝑆𝑆 
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Figure 10: CCP topology with hydraulically decoupled 

source, using a bypass (blue line) and an additional 
circulation pump. 

(ii) The electricity consumption of the circulation pumps 
is usually much smaller than the electricity consumption 
of the HPs, typically by a factor of 5 to 10 (Hangartner 
2018). Therefore, the main difference in electricity 
consumption between the two topologies will be caused 
by the electricity consumption of the HPs and the 
difference in electricity consumption of the circulation 
pumps plays a minor role. 
Discussion 
This work is based on a simplified representation of two 
network topologies with only two users. More complex 
districts can be simplified to the “two user case” by 
clustering users with heating and cooling demand 
respectively. The geothermal boreholes were designed to 
provide nearly constant outflow temperatures 
independent of inflow temperatures and volume flows 
through the boreholes. The boreholes thus represent an 
idealized source. Using Figure 10, engineers can estimate 
the energetic advantages of a DCP over the year on the 
basis of estimated heating and cooling demands. Energy 
savings of the DCP topology can be achieved by including 
new buildings or areas with cooling demand. Apart from 
electricity consumption, network control and network 
flexibility toward network expansion are important issues 
to consider when choosing a network topology. Moving 
towards complete hydraulic decoupling (Sulzer 2018) for 
easier control and increased flexibility might be an option 
to consider in the future 
Conclusion 
In a low-temperature network with distributed 
circulations, the heat pumps consume less electricity than 
in a low-temperature network with a central circulation 
pump. If the cooling load in the network is larger than the 
heating load, the HP in the DCP topology is supplied with 
warmer water (here by 4 K) compared to the CCP 
topology. Those 4 K correspond to 13 to 14 % less 
electricity consumption of the HPs. However, integrated 
over one year, the advantage of electric energy 
consumption is reduced to 1 % to 5 %, depending on the 
time and the power ratio. Larger savings are achieved, 
when the cooling load exceeds the heating load over most 
of the year and when during this time most of the total 

heating demand is covered order to estimate the savings 
at planning stage, we presented a graphic representation 
to estimate the savings only based on the time and power 
ratio, which are directly extracted from the expected load 
profiles. 
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Abstract 

This paper assesses the energy performance of applying 

optimal control of air handling unit (AHU) discharge air 

temperature (DAT). An artificial neural network (ANN) 

model was used through the link between Matlab and 

EnergyPlus via BCVTB to realize automatic and optimal 

control of the AHU DAT. As a result of this study, the 

predictive control algorithm was able to significantly 

reduce cooling energy by approximately 10%, compared 

to a conventional control strategy of fixing AHU DAT to 

14℃. These findings suggest that the ANN model and the 

control algorithm showed energy saving potential for 

various types of forced air systems by taking dynamic 

operating conditions into account. 

 

Introduction 

According to the World Meteorological Organization’s 

Greenhouse Gas Bulletin in 2017, the average global 

atmospheric carbon dioxide level in 2016 was 403.3ppm. 

What is more problematic is that the concentrations of 

nitrous oxide and methane, which accelerate global 

warming more than carbon dioxide, are also increasing 

day by day (World Meteorological Organization, 2017). 

As a result, recognizing the worldwide severity, we have 

agreed to reduce greenhouse gas emissions, including 

carbon dioxide, through the 2015 Paris Climate Change 

Convention (Yoon, 2017). In Korea, building energy 

conservation projects such as energy saving plan, building 

energy efficiency class certification, and zero energy 

building are being carried out. However, there is no energy 

saving guideline for the HVAC system control that is 

applied to most office buildings. In the case of office 

buildings in Korea, cooling energy accounts for a large 

portion of annual energy consumption. Moreover, about 

57% of the cooling energy uses electricity, which causes 

greenhouse gas increase (Korea Energy Economics 

Institute, 2018). Therefore, this study proposes a new 

control guideline for AHU (Air Handling Unit) DAT 

(Discharge Air Temperature) in VAV systems in the case 

of AHU DAT, it is mostly fixed at a specific temperature 

regardless of load conditions. Therefore, this study 

adopted ANN (Artificial Neural Network) based control 

method which is increasingly applied to solve complex 

problems in various fields due to its ability to learn and 

analyze mapping relationships including non-linear 

phenomena. ANN enables more accurate predictions than 

the mathematically analytical model through its 

adaptability to external changes. In addition, it is able to 

predict the optimal variables for optimal control to 

implement an accurate and efficient control. Based on this, 

this study aims to analyze cooling energy reduction effect 

during summer according to AHU DAT optimal control by 

using ANN model (Lee et al., 2019). 

 

Method 

Simulation Overview 

This study used EnergyPlus, a program developed by the 

U.S. Department of Energy based on the combined 

advantages of BLAST and DOE-2 (Crawley et al., 2001). 

In addition, MATLAB / Simulink, which provides the 

Neural Network Tool Box function, was used to 

implement ANN. We use the BCVTB program to simulate 

real - time interworking of these two programs. This 

enables real-time simulation of EnergyPlus and MATLAB 

/ Simulink, enabling more accurate analysis. 

Simulation Model 

In this study, the size of the target building for simulation 

is 52m X 35m(1,820m2), and the floor-to-floor height of 

the 3-story office building is 4m. The building to be 

analyzed was selected as a virtual office building with a 

WWR (window-to-wall ratio) of 30%. 

Simulation Condition 

This study used the meteorological data of Incheon 

basically provided by EnergyPlus, and the air 

conditioning system is an AHU-based conventional VAV 

system consisting of a hot water coil supplied with hot 

water from the boiler and a chilled water coil supplied 

with chilled water from the chiller. Double glazing glass 

(6mm glass + 13mm air + 6mm glass) was applied to the 

windows. The frame was assumed as an aluminum 

window frame with a width of 0.0572m and a projection 

of 0.0254m from the glass window. The composition of 

the modeling and the material properties refer to 

ASHRAE Standard 90.1. Indoor cooling set temperature 

is set at 26 ℃ and the internal heat gain conditions are 

shown in Table 1. Figure 1 shows the internal heat gain 

schedule for weekdays and HVAC system was set to 

operate from 5:00 to 19:00 (Lee et al., 2019). 
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Table 1: Internal heat gain conditions. 

Type Value Fraction Radiant 

Occupancy 9.3 m2/person 0.367 

Light 9.1 W/m2 0.32 

Equipment 14.4 W/m2 0.5 

 

 

Figure 1: Occupancy, Lighting, Electric Equipment, and 

HVAC schedules. 

 

Co-simulation Platform 

The purpose of this study is to minimize the total energy 

consumption which combined the electrical energy 

consumption of AHU supply fan, relief fan, two chillers, 

cooling tower, chilled water pump, and condenser water 

pump through the optimal control of AHU DAT by using 

ANN model. This study established a co-simulation 

between EnergyPlus and MATLAB through BCVTB 

platform in order to implement this. The modeling of the 

building and system for simulation was implemented 

through EnergyPlus using the ExternalInterface and 

ExternalInterface:Schedule Objects for co-simulation 

(Lee et al., 2019). The ANN model was implemented by 

using neural network toolbox function included in the 

MATLAB program, and real-time data exchange of 

EnergyPlus and MATLAB through BCVTB platform is 

shown in Table 2. In addition, TimeStep was set to 5 

minute intervals for the accuracy of co-simulation. When 

exchanging data, ANN model implemented by MATLAB 

stopped the artificial neural network learning except for 

HVAC operating hours according to HVAC system 

schedule and AHU DAT was fixed at 18℃during the 

weekend. In addition, AHU DAT was fixed at 18°C for 

time periods when HVAC system was not operating on 

weekdays, same as the weekends (Lee et al., 2019). 

 

Table 2: Data exchange between EnergyPlus and Matlab 

(Lee et al., 2019) 

EnergyPlus → MATLAB MATLAB → EnergyPlus 

Outdoor Air Dry-bulb 

Temperature [℃] 

AHU Discharge Air 

Temperature [℃] 

Outdoor Air Relative 

Humidity [%] 

Diffuse Solar Radiation 

Rate per Area [W/m2] 

Direct Solar Radiation 

Rate per Area [W/m2] 

Cooling Coil 

Total Cooling Rate [W] 

 

Predictive ANN Model Development 

In order to develop ANN model, this study used neural 

network toolbox function embedded in MATLAB. As 

shown in Figure 2, the process for developing the total 

energy consumption prediction model according to AHU 

DAT is composed of 3 steps. The first step determines the 

input layer, hidden layer, and output layer of the initial 

model and the configuration and learning method of each 

neuron. In the second step, the initial model is optimized 

and determines the number of hidden layers and hidden 

neurons in which the prediction model can yield the most 

accurate result values. By applying CV(RMSE) 

(Coefficient of Variation of the Root Mean Squared Error), 

which is a statistical concept of viewing the overall 

accuracy of the predicted values, the number of hidden 

layers and hidden neurons when CV(RMSE) value is the 

lowest was determined as the optimal ANN model. The 

CV(RMSE) value is determined to be a reliable value 

when it is below 30% of the hourly data standard given in 
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ASHRAE Guideline 14, and Equation 1 and Equation 2 

show how to calculate RMSE and CV(RMSE), 

respectively (Hargan, 2002). Finally, the third step secures 

the applicability through analyzing the performance of the 

optimized ANN model, and verifies the stability and 

accuracy of the prediction by comparing the results 

predicted by ANN model with EnergyPlus simulation 

results (Lee et al., 2019). 

 

 

Figure 2: ANN model development steps. 

 

 𝑅𝑀𝑆𝐸 =  √
∑(𝑆−𝑀)𝑖𝑛𝑡𝑒𝑟𝑣𝑎𝑙

2

𝑁𝑖𝑛𝑡𝑒𝑟𝑣𝑎𝑙
 (1) 

 𝐶𝑉(𝑅𝑀𝑆𝐸)  =  
𝑅𝑀𝑆𝐸𝑝𝑒𝑟𝑖𝑜𝑑

𝐴𝑝𝑒𝑟𝑖𝑜𝑑
 (2) 

 𝐴𝑝𝑒𝑟𝑖𝑜𝑑 =  
∑ 𝑀𝑖𝑛𝑡𝑒𝑟𝑣𝑎𝑙𝑝𝑒𝑟𝑖𝑜𝑑

𝑁𝑖𝑛𝑡𝑒𝑟𝑣𝑎𝑙
 (3) 

 

Where, 

𝑆 : ANN model prediction value 

𝑀 : Actual measurement value 

𝑁𝑖𝑛𝑡𝑒𝑟𝑣𝑎𝑙  : Number of actual measurement values 

 

The initial ANN model to be developed and used in this 

study consists of 6 input neurons as shown in Figure 3, 

and the parameters applied are shown in Table 3. In the 

initial ANN model, the number of hidden layers and 

hidden neurons was randomly set to 1 hidden layer and 10 

hidden neurons. The learning data for the initial ANN 

model was built using EnergyPlus and data from 07:00 to 

19:00 excluding weekends from June 1 to August 31 were 

collected and used. In terms of the simulation conditions, 

AHU DAT was increased in steps of 1°C from 12°C to 

18°C to derive data for the input neuron along with 

parameters and total energy consumption, which is the 

output neuron result value (Lee et al., 2019). The output 

neuron is total energy consumption, which is a total sum 

of the electrical energy consumption of AHU Supply Fan, 

Relief Fan, Two Chillers, Cooling Tower, Chilled Water 

Pump, and Condenser Water Pump. As for transfer 

functions, the Tangent-Sigmoid and Pure-Linear methods 

were used for the hidden and output layer neurons, 

respectively. In addition, the Levenberg-Marquardt 

algorithm was used for the learning process of ANN 

model. The Levenberg-Marquardt algorithm appears as 

the function trainlm in MATLAB, which is the basic 

training function for wardnet feeds. This method tends to 

be less efficient for large networks, as more memory and 

computation time are required. In addition, trainlm works 

better on function fitting problems such as non-linear 

regression than pattern recognition problems (Beale at all, 

2018). The learning rate of the initial model was set to 0.3 

and the momentum was set to 0.3 (Lee et al., 2019). 

 

 

Figure 3: Initial ANN model (Lee et al., 2019). 

 

Table 3: The variables and values of the input, hidden, 

and output neurons of the initial ANN model. 

Layer Variable Value 

Input 

Outdoor Air Dry-bulb 

Temperature [℃] 
14 ~ 32 

Outdoor Air Relative Humidity 

[%] 
27 ~ 99 

Diffuse Solar Radiation Rate per 

Area [W/m2] 
11 ~ 450 

Direct Solar Radiation Rate per 

Area [W/m2] 
0 ~ 900 

AHU Supply Air 

Temperature [℃] 
12 ~ 18 

Cooling Coil 

Total Cooling Rate [W] 
0 ~ 510,000 

Hidden 
Number of Hidden Layer 1 

Number of Hidden Neurons 10 

Output 

Total Energy Consumption 

(Supply Fan, Relief Fan, Chiller, 

Chiller2, Cooling Tower,  

Chilled Water Pump,  

Condenser Water Pump) [kWh] 

4 ~ 100 

 

As described above, the number of hidden layers and 

hidden neurons are determined to optimize ANN model. 
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The optimization method was performed by fixing the 

values of other variables while analyzing the performance 

of one target, and this study compared the total energy 

consumption predicted by ANN model with total energy 

consumption derived from EnergyPlus simulation and set 

each of the variables as the final target value when 

CV(RMSE) value was less than 30%. For example, during 

the simulation for finding the optimal number of hidden 

neurons, the number of hidden layers is fixed to the initial 

value in order to determine the optimal number of hidden 

neurons by evaluation, and the optimal number of hidden 

layers was determined in the same way. In this study, the 

number of hidden neurons and hidden layers were 

optimized as shown in Table 4, and the lowest CV(RMSE) 

of 24.04% was obtained when the number of hidden 

neurons was 16 and the number of hidden layers was 2. 

The optimized ANN model is shown in Figure 4 (Lee et 

al., 2019). 

 

Table 4: The CV(RMSE) value (%) according to the 

number of hidden neurons and hidden layers (Lee et al., 

2019). 

Sort 
Number of Hidden Layer 

1 2 3 4 5 

Number 

of 

Hidden 

Neurons 

10 27.57 29.44 27.74 30.47 33.14 

11 29.86 30.09 27.21 26.34 32.70 

12 26.17 29.87 30.81 39.16 30.24 

13 32.68 32.22 26.63 31.18 34.70 

14 29.18 27.52 33.05 38.72 29.81 

15 29.80 31.18 26.41 33.16 40.30 

16 30.25 24.04 33.09 39.36 30.35 

17 26.85 28.61 30.54 39.51 38.78 

18 25.84 27.43 26.49 35.59 29.73 

19 26.82 28.80 28.70 43.28 28.28 

20 25.68 35.54 28.14 56.47 105.32 

 

 

Figure 4: Optimized ANN model (Lee et al., 2019). 

 

Results Analysis and Discussions 

Total energy consumption according to AHU DAT 

In this sub-chapter, a preliminary analysis was performed 

to investigate how AHU DAT affects the overall system 

energy performance, before applying ANN based 

optimized control of AHU DAT. During the analysis, 

AHU DATs were fixed to constant values during the 

whole simulation period. Figure 5 shows cooling energy 

consumption of HVAC system from June 1 to August 31 

according to AHU DAT, and cooling energy consumption 

ratio was high in the order of Chiller1, Chiller2, AHU 

Supply Fan, Cooling Tower, Condenser Water Pump, 

Chilled Water Pump, and Relief Fan. As AHU DAT 

increased to 17℃, cooling energy consumption gradually 

decreased and then increased again from 18℃. The energy 

consumption was highest at 46,782kWh when AHU DAT 

was 12℃, and energy consumption was lowest at 

39,038kWh when AHU DAT was 17℃ (Lee et al., 2019). 

A significant reduction of approximately 17% was 

achieved when AHU DAT was 17°C compared to 12°C as 

the energy consumption of AHU Supply Fan and Relief 

Fan increased while the energy consumption of other 

equipment decreased. The Chilled Water Pump showed a 

very high energy saving as AHU DAT increased, but the 

impact on the change in energy consumption was minimal 

because of the low energy consumption. In addition, the 

energy consumption of Chiller1 and Chiller2, which 

account for the highest percentage in cooling energy 

consumption, each showed energy savings of 22% and 35% 

when comparing AHU DAT 12℃ and 17℃, confirming 

that energy consumption was greatly affected by AHU 

DAT. On the other hand, the energy consumption of AHU 

Supply Fan and Relief Fan increased as AHU DAT 

increased, but the share of cooling energy consumption 

was low compared to Chiller1 and Chiller2 described 

above. Therefore, compared to AHU DAT 12℃, which 

showed the highest total cooling energy consumption, 

cooling energy consumption effect was excellent as AHU 

DAT increased up to 17℃ and significant savings were 

observed even up to 18°C (Lee et al., 2019). 

 

Hourly AHU discharge air temperature control status 

predicted by ANN model 

Figure 6 shows hourly AHU DAT set-point from 5:00 to 

19:00 on June 9 during the analysis period predicted by 

ANN model. The ANN model of this study combines 

energy consumption of AHU Supply Fan, Relief Fan, Two 

Chillers, Cooling Tower, Chilled Water Pump, and 

Condenser Water Pump at each time-step from 5:00 to 

19:00 (HVAC system operating hours) from June 1 to 

August 31, and sets the AHU DAT as the optimal AHU 

DAT when the total cooling energy consumption is the 

minimum value. As a result, AHU DAT was set to 17℃, 

in which total cooling energy consumption is the lowest 

from 5:00 to 7:00, and was set to 18℃ from 8:00 to 11:00 

(Lee et al., 2019). Then, it was controlled to 15°C from 

12:00 to 13:00 as AHU DAT decreased, and was lowered 

by 1°C to 14°C from 14:00 to 16:00. From 17:00, AHU 
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DAT was controlled to be gradually higher and then at 

19:00, the last time period for operating HVAC system, it 

was controlled at 18°C. As a result of comparing energy 

consumption derived based on AHU DAT on June 9 

predicted by the optimal ANN model with fixed control 

case, it showed energy savings of 21% compared to the 

highest energy consumption at 18°C on the corresponding 

day and energy savings of 2% compared to the lowest 

energy consumption at 16°C. Figure 7 shows the 

cumulative hours of each AHU DAT control. According 

to the graph, 18℃, which shows the lowest total cooling 

energy consumption after AHU DAT 17℃, accounted for 

864 hours out of total 990 hours, followed by 55 hours at 

17℃, 22 hours at 16℃, 19 hours at 14℃, 15 hours at 12℃, 

13 hours at 15℃, and 2 hours at 13℃ (Lee et al., 2019). 

 
Figure 6: Hourly AHU Discharge Air Temperature 

control status (June 9) (Lee et al., 2019). 

 

Figure 7: The cumulative hours for each AHU DAT 

control (Lee et al., 2019). 

 

Chiller energy consumption 

The chiller accounts for the largest portion of total cooling 

energy consumption. Therefore, reducing energy 

consumption of the chiller is a key point to reduce the 

overall cooling energy. Figure 8 shows the total energy 

consumption of Chiller1 and Chiller2 during HVAC 

operating hours from 5:00 to 19:00 from June 1 to August 

31 when AHU DAT is fixed from 12°C to 18°C and when 

the optimal AHU DAT is controlled at each time-step 

through the optimal ANN model. In the case of Chiller1, 

energy consumption pattern showed a steady decrease as 

AHU DAT increased, and Chiller2 showed a steady 

decrease until AHU DAT increased up to 17℃, and then 

increased again from 18℃ (Lee et al., 2019). Therefore, 

among the fixed control cases, total energy consumption 

of Chiller1 and Chiller2 was the lowest at 25,828kWh in 

the case of AHU DAT 18℃, and Chiller2 was the lowest 

at 6,803kWh at 17℃. When AHU DAT was controlled 

through the optimal ANN model, the energy savings rate 

was 30% higher than that of AHU DAT 12℃. Compared 

to AHU DAT 18℃, Chiller1 showed a low energy savings 

of 0.2%, while Chiller2 showed an energy savings of 8%, 

resulting in a total chiller energy reduction rate of 2% (Lee 

et al., 2019). 

Figure 5: Total cooling energy consumption according to AHU Discharge Air Temperature change. 
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Figure 8: Chiller energy consumption comparison (Lee 

et al., 2019). 

 

Total cooling energy saving by ANN 

Figure 9 shows total cooling energy consumption of AHU 

Supply Fan, Relief Fan, Two Chillers, Cooling Tower, 

Chilled Water Pump, and Condenser Water Pump in each 

simulated case. The total cooling energy consumption was 

highest at 46,782kWh when AHU DAT was 12℃ because 

energy consumption of other devices was higher than 

other cases except for AHU Supply Fan and Relief Fan. 

The difference in total energy consumption between AHU 

DAT 17℃ and 18℃ was approximately 1.5% lower at 

17℃. At 18℃, energy consumption was 39,618kWh 

higher than that of 17℃ due to increased energy 

consumption of Chiller2 and Condenser Water Pump. 

However, at 17℃, energy consumption was 39,038 kWh 

due to reduced energy consumption of Chiller2 and 

Condenser Water Pump. The real-time control of AHU 

DAT through ANN model showed a significant cooling 

energy consumption reduction (Lee et al., 2019). Table 5 

shows total energy consumption reduction rate of the 

optimal ANN model when compared to the fixed AHU 

DATs. As shown in Table 5, cooling energy consumption 

can be reduced by up to 18% and at least 2%. Likewise, it 

is possible to implement real-time optimal control of AHU 

DAT based on ANN model by minimizing the sum of 

energy consumption of AHU Supply Fan, Relief Fan, Two  

Chillers, Cooling Tower, Chilled Water Pump, and 

Condenser Water Pump in real-time through the learning 

process of ANN model (Lee et al., 2019). 

 

Table 5: Difference in total cooling energy consumption 

between the optimal ANN model and the fixed AHU DAT 

control cases (Lee et al., 2019). 

Case 
Difference between ANN control and fixed 

AHU DAT [%] 

12℃ 18.2 

13℃ 14.3 

14℃ 10.1 

15℃ 6.5 

16℃ 3.7 

17℃ 2.0 

18℃ 3.4 

 

Conclusion 

This study developed an ANN model that can control the 

optimal AHU DAT in real-time by using the neural 

network toolbox function embedded in MATLAB and 

verified its accuracy through CV(RMSE) analysis. In 

order to implement ANN model, this study used 

EnergyPlus and BCVTB platform to implement 

simulation connected with MATLAB, which can leverage 

the neural network toolbox functions described previously. 

From June 1 to August 31, data analysis was performed 

from 5:00 to 19:00 according to HVAC system schedule 

and the conclusions are as follows. 

Before developing ANN model, this study analysed total 

cooling energy consumption from June 1 to August 31 

according to AHU DAT. The lower the AHU DAT, the 

lower the energy consumption, but showed an increasing 

pattern from 18℃. The chiller consumed the most energy 

due to the characteristics of HVAC system during summer. 

In terms of equipment other than the fan, energy 

consumption decreased as AHU DAT increased, while 

AHU Supply Fan and Relief Fan showed an increasing 

pattern (Lee et al., 2019). 

Figure 9: Total cooling energy consumption (Lee et al., 2019). 
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Hourly AHU DAT controlled by ANN model from 5:00 to 

19:00 during the summer was analyzed. As a result of 

investigating hourly AHU DAT predicted by ANN model, 

18℃ accounted for the most time at 864 hours out of total 

cooling time of 990 hours, followed by 55 hours at 17℃, 

22 hours at 16℃, 19 hours at 14℃, 15 hours at 12℃, 13 

hours at 15℃, and 2 hours at 13℃. 

Compared to the fixed control of AHU DAT, the 

difference in energy consumption between Chiller1 and 

Chiller2 when AHU DAT is controlled in real-time by 

applying the optimal ANN model showed 30.4% lower 

energy consumption than when AHU DAT was lowest at 

12℃, 26.3% lower than 13°C, 21.5% lower than 14°C, 

16.6% lower than 15°C, 11.7% lower than 16°C, 6.2% 

lower than 17°C, and 2.3% lower than 18°C when AHU 

DAT was the highest (Lee et al., 2019). 

Compared to the fixed control of AHU DAT, total energy 

consumption when AHU DAT is controlled by the optimal 

ANN model was 18.2% lower than AHU DAT 12℃, 14.3% 

lower than 13℃, 10.1% lower than 14℃, 6.5% lower than 

15℃, 3.7% lower than 16℃, 2.0% lower than 17℃, and 

3.4% lower than 18℃. Therefore, it was possible to 

reduce cooling energy consumption significantly when 

AHU DAT was controlled in real-time using ANN model. 

As a result of using ANN model to optimize AHU DAT 

control in an office building, this study confirmed that 

there is certainly the potential to save a considerable 

amount of cooling energy compared to the simply fixed 

control method. Therefore, future studies will aim at 

analysing higher cooling energy saving effects through 

simultaneous optimal control of other system control 

variables such as chilled water temperature, condenser 

water temperature, and condenser water flow rate, as well 

as AHU DAT (Lee et al., 2019). 
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Abstract

This study analyzes the potential energy and wa-
ter savings of the use of a closed-loop water-source
heat pump system to condition an office building for
the weather conditions of Madrid and Berlin. Build-
ing simulations were conducted using the EnergyPlus
tool. A floor of an office building, comprising five
thermal zones (four perimeter zones, oriented to the
north, south, east and west, and a core zone) condi-
tioned by a four-pipe fan-coil system was considered
as the base case building. The effective thermal iner-
tia of different walls and internal heat gains from the
lighting and electric equipment, ranging between 10
and 50 W/m2, were examined in the study.

Introduction

During winter operation, office buildings may require
cooling in interior zones while heating is required in
exterior zones. Conventional heating ventilating and
air conditioning (HVAC) systems based on the use of
boilers and chillers typically provide both heating and
cooling demands separately (McQuiston et al., 2005),
as they are unable to recover heat gains from internal
zones of office buildings, due to occupants, lighting
and equipment, with typical values being around 40
W/m2.

For such cases, the use of air-conditioning systems
capable of supplying perimeter heating by recovering
heat gains available from internal zones, where there
is a surplus and cooling is usually required over the
entire year, may offer notable energy saving potential
in office buildings, as internal gains due to occupants,
equipment and lighting can be high.

Closed-loop water-source heat pump systems for re-
ducing the energy consumption related to heating
demands have been used in a number of applica-
tions and buildings characterized by high internal
heat gains and simultaneous heating demand. This
technology has been used successfully since the 1980s,
re-emerging in recent years due to the growing trend
in the electrification of heating in developed countries
in order to facilitate greater integration of renewable
production (solar, wind, etc.) into the electric grid.

One of the first experiences of recovering wasted heat
for space heating applications in an industrial en-
vironment (processing of plastics) was reported by
Williams (1978). This author pointed out the great
potential of the heat extracted from molding ma-
chines, their hydraulics, and the plastic itself to sup-
ply part of the total space heating in manufactur-
ing and warehouse areas, or even completely elimi-
nate the need for such heating. Another example of
the application of water-source heat pumps to satisfy
comfort requirements, in this case in a large univer-
sity medical center comprising teaching, hospital and
research facilities, was carried out by Bahnfleth and
Cramblette (1989). In this work, the authors paid
special attention to the recovered energy between con-
ditioned spaces. The benefits provided by the inte-
gration of thermal energy storage in the closed water
loop were analyzed by Howell and Zaidi (1989). The
simulation results of the analysis showed that the ad-
dition of approximately 180 m3 of water storage in a
high capacity HVAC system could save up to 6% of
the HVAC energy consumption and additional stor-
age volumes showed a diminishing returns trend. The
authors also showed that smaller temperature differ-
ences for water storage improved the energy efficiency
(about 4%) of the complete system.

However, closed-loop water-source heat pump sys-
tems are frequently implemented in shopping cen-
ters (ASHRAE, 2016) (as shops typically have high
lighting heat gains whereas the shopping mall may
need heating) and buildings containing data process-
ing centers (Hinsley and Bromley, 1982) (computer
server facilities, banks, etc.). Office buildings can also
fit into this category, as during winter operation of-
fice buildings present significant cooling needs in the
interior zones while heating is required in perimetral
zones. To the best of the authors’ knowledge, their
application in office buildings has not been reported
in the scientific literature, meaning their potential im-
plementation and energy performance compared to
conventional HVAC systems is an issue that is still
not fully understood.

In the near future, the expected increase in energy
costs, which will undoubtedly boost the use of heat
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recovery HVAC systems, and the widespread imple-
mentation of LED technologies in lighting systems,
which on the other hand will greatly reduce lighting
heat gains, will make it necessary to establish clear
scenarios, trade-offs and critical values, to ascertain
whether the installation of heat recovery HVAC sys-
tems is economically feasible or not. In this sense,
the present study intends to contribute to a better
knowledge of the application of such systems in office
buildings. The increased application of these systems
will likely find the higher initial costs of these types
of systems compared to conventional systems (based,
for the scope of this work, on four-pipe fan-coil sys-
tems served by boilers and water-cooled chillers) to
be a constraint. These costs have been reported by
some authors (ATECYR, 2010; ASHRAE, 2016) to
be around 1.5-1.7 times higher.

This study presents and describes in detail the ben-
efits in energy performance of the use of closed-loop
water-source heat pump systems, compared to con-
ventional air-conditioning systems based on a four-
pipe fan-coil system, to condition an office building
over the course of a year. In the following sections,
the main characteristics and basic components of the
four-pipe fan-coil systems and closed-loop heat pump
systems are briefly described. Next, the most im-
portant modeling details of office buildings are high-
lighted. The simulation results obtained using the
EnergyPlus tool for the different scenarios are then
presented and discussed, and finally, the main con-
clusions of the work are summarized.

Methods

Brief description of the four-pipe fan-coil sys-
tem

Figure 1 shows a simplified schematic diagram of a
four-pipe fan-coil system served by a chiller and a
boiler. This HVAC system meets the heating and
cooling demands by means of two independent loops,
which supply heating and cooling water as required
to the four-pipe fan-coils located in the conditioned
spaces. These elements contain two different coils:
a heating coil and a cooling coil. Under this HVAC
scheme, natural gas is consumed in the boiler, while
the chiller, circulation pumps, fan-coils and cooling
tower (this last element not depicted in the diagram)
consume electricity. It should be taken into account
that significant quantities of water are consumed by
the cooling tower (make-up water) when cooling is
required.

Brief description of the closed-loop water-
source heat pump system

In buildings with simultaneous heating and cooling
demands, the system proposed in Figure 2, typically
known as a closed-loop water-source heat pump sys-
tem, can help reduce air-conditioning energy con-
sumption by taking advantage of the (free) heat avail-

Figure 1: Simplified schematic diagram of a conven-
tional four-pipe fan-coil system fed by a natural gas
boiler and water-to-water chiller (condenser loop not
included in the diagram).

able in the interior zones, which may be transferred to
the perimeter zones, where heating is needed. In an
ideal situation, cooling loads from the interior zones
and heating loads from the exterior zones may be
practically or completely balanced, requiring little or
no intervention from the plants that serve the water
loop.

Water typically circulates through the loop as heat
transfer fluid (HTF), providing or absorbing heat
from the water-to-air heat pumps connected to the
water loop, which maintains a temperature between
20 and 33 ◦C, requiring intervention from the cen-
tral boilers and cooling towers only when the water
temperature drops or exceeds these set-points, re-
spectively. Integration of buffer water tanks in the
loop, with the aim of increasing the thermal inertia
of the loop (not considered in this study), may help to
provide more prolonged operation of the equipment
(avoiding excessive on-off cycling). Finally, as men-
tioned, a water-to-air heat pump is located in each
zone to meet the heating or cooling demands of each
zone, as required. It is important to note that if all
the water-to-air heat pump units simultaneously de-
mand heating or cooling (as occurs for example dur-
ing the midday hours in summer), the heat pump
units, together with the boiler and chiller, would have
to fully meet these demands. Consequently, the en-
ergy efficiency of the described system would be sim-
ilar to that of a conventional HVAC system, as little
or no heat could be recovered between zones.

Boiler

Cooling
Tower

.

.

.

Thermal 
Storage
Tank

Water-to-Air
Heat Pump

Water-to-Air
Heat Pump

 Conditioned
space 1

Conditioned
space 2

Conditioned
space 3

Water-to-Air
Heat Pump

T

T

Figure 2: Simplified schematic diagram of the pro-
posed HVAC system (water-to-air heat pumps in a
closed-loop system).
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Modeling of the base case building

Building simulations have been conducted with the
EnergyPlus tool (DOE, 2018), considering a floor of
an office building containing the five thermal zones
illustrated in Figure 3 as the building base case. This
figure shows the geometry and boundary conditions of
the base case building model, comprising four perime-
ter zones perfectly oriented to the north, south, east
and west and an internal core zone, which has no
contact with outdoor conditions. Different colors in-
dicate different surfaces properties: Figure 3(a) illus-
trates the types of surfaces, where walls are yellow,
floors and ceilings brown, and windows are blue. Fig-
ure 3(b) depicts the boundary conditions, where blue
indicates external surfaces and pink adiabatic ceil-
ing/floors.

(a)

(b)

Figure 3: Different rendering views of the office base
case building model.

The base case building was modeled using Euclid (Big
Ladder Software, 2018), a plug-in for the geometri-
cal environment of Sketchup (Trimble, 2018), which
allows 3D geometrical models to be converted into
EnergyPlus input files (*.idf files).

A summary of the buildings main geometric details,
including floor, exterior wall and window-wall areas,
along with the density of occupation is shown in Ta-
ble 1. Because modern office buildings tend towards
high window-wall ratios, especially apparent in less
sunny locations such as Berlin, a high window-wall
ratio (of almost 50%) was selected for the building
model. EnergyPlus default values for office work-
ers heat gains during year round operation schedules
(from 08:00-20:00h, from Mondays to Fridays) were
considered in all building models (people per floor
area ratio equal to 0.054 persons/m2).

The influence of the thermal inertia of walls on the
simulation results was taken into account by consid-
ering three different office walls for all the scenar-
ios considered: low, medium and high thermal mass
walls. Tables 2 and 3 list the assembling details of

Table 1: Building geometry and occupation details.
Floor Area Envelope Area Window area People

[m2] [m2] [m2] [m2/person]
South Zone 400 200 92 18.518
East Zone 400 200 92 18.518
Core Zone 900 0 0 18.518
North Zone 400 200 92 18.518
West Zone 400 200 92 18.518
Total 2500 800 368
window-wall [%] 46

the layers (materials, thicknesses and relative posi-
tioning within the wall from outside to inside) of each
wall, including the overall U-value and inner effective
thermal mass for the case of the external walls. The
details of the layers and the inner effective thermal
mass are given for the case of interior floors (and ceil-
ings), as adiabatic boundary conditions were selected
for these partitions. To facilitate the reproduction of
the building models by an external modeler, materi-
als were selected from EnergyPlus dataset materials
(ASHRAE, 2017). Although no significant differences
were observed for the U-values of the different walls,
as insulation thicknesses were kept constant for low,
medium or high thermal inertia walls, it can be ob-
served, however, that each wall provides a very dif-
ferent inner thermal inertia, where the inner effec-
tive thermal masses (Tm) were computed according
to Equation 1.

Tm =
∑
i

ρicpi
thi (1)

where ρi, cpi
and thi represent the density, specific

heat and thickness of each layer i, respectively. It
should be noted that this computation only takes into
account layers i, from the innermost layers upward to
reach the position of the insulation layer, in order to
retain only the effect of the inner or effective thermal
mass of the walls, as it was considered that the insu-
lation layer “splits” the thermal inertia of the walls
into two parts.

Table 4 summarizes the main characteristics of the
building’s windows, which mainly consist of large
frameless double-pane windows. In addition to the
construction details, the overall glass U-factor and
solar heat gain coefficient (SHGC) are also provided
in the table.

Modeling of the HVAC systems

EnergyPlus contains both analyzed HVAC systems
as built-in “HVAC template” objects: the base case
conventional system considered (a four-pipe fan-coil
system served by boilers and water-cooled chillers)
and the proposed system (a closed-loop water-source
system with water-air heat pumps). This greatly sim-
plifies the implementation of both HVAC systems in
the EnergyPlus building models, significantly reduc-
ing modeling time. This subsection covers in some
detail the most important sizing and operational as-
pects and parameters of the simulated water-air heat
pump system.
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Table 2: Construction details of exterior walls.
Exterior Walls

Low thermal mass
U-factor = 0.429 W/m2K

Inner effective thermal mass, Tm = 16.568 kJ/m2K
Construction

Outer Layer M01 100mm brick
Layer 2 M15 200mm heavyweight concrete
Layer 3 I02 50mm insulation board
Layer 4 F04 Wall air space resistance
Inner Layer G01a 19mm gypsum board

Medium thermal mass
U-factor= 0.420 W/m2K

Inner effective thermal mass, Tm = 221.394 kJ/m2K
Construction

Outer Layer M01 100mm brick
Layer 2 M15 200mm heavyweight concrete
Layer 3 I02 50mm insulation board
Layer 4 F04 Wall air space resistance
Layer 5 G01a 19mm gypsum board
Inner Layer M14a 100mm heavyweight concrete

High thermal mass
U-factor = 0.411 W/m2K

Inner effective thermal mass, Tm = 426.219 kJ/m2K
Construction

Outer Layer M01 100mm brick
Layer 2 M15 200mm heavyweight concrete
Layer 3 I02 50mm insulation board
Layer 4 F04 Wall air space resistance
Layer 5 G01a 19mm gypsum board
Inner Layer M15 200mm heavyweight concrete

Table 3: Construction details of interior walls.
Interior Walls

Low thermal mass
Inner effective thermal mass, Tm = 109.240 kJ/m2K

Construction
Outer Layer F16 Acoustic tile
Layer 2 F05 Ceiling air space resistance
Inner Layer M11 100mm lightweight concrete

Medium thermal mass
Inner effective thermal mass, Tm = 314.066 kJ/m2K

Construction
Outer Layer F16 Acoustic tile
Layer 2 F05 Ceiling air space resistance
Layer 3 M11 100mm lightweight concrete
Inner Layer M14a 100mm heavyweight concrete

High thermal mass
Inner effective thermal mass, Tm = 518.891 kJ/m2K

Construction
Outer Layer F16 Acoustic tile
Layer 2 F05 Ceiling air space resistance
Layer 3 M11 100mm lightweight concrete
Inner Layer M15 200mm heavyweight concrete

Table 4: Construction details of exterior windows.
Exterior Windows

Glass U-factor = 2.72 W/m2K
SHGC = 0.764

Construction
Outer Layer Clear 3mm
Layer 2 Air 13mm
Inner Layer Clear 3mm

The closed-loop water operates between 20 and 33
◦C, serving as the heat source or sink of the water-
air heat pump units with a water-side design tem-
perature approach of 5.6 ◦C. The water-to-air heat
pumps exhibit a nominal cooling coil COP of 3.5 and
nominal heating coil COP of 4.2. The zone cooling
design supply air temperature was 14 ◦C, while a
heating design supply air temperature difference of
30 ◦C was selected for all the simulated scenarios.

The HVAC systems and equipment were automati-
cally sized by EnergyPlus using its intrinsic capability
for that purpose (autosize), generating different sizes
of HVAC systems depending on different office char-
acteristics (internal gains, thermal mass, etc.) and
weather conditions. For example, for the weather
conditions of Madrid and regarding the sizing of the
cooling tower, a two-speed fan with a sequential load
control scheme was used with an airflow rate at high
and low fan speed of 8.35 and 4.18 m3/s, respectively,
for the offices with an internal heat gain of 50 W/m2.
These values, however, corresponded to 5.82 and 2.91
m3/s for the offices with an internal heat gain of 10
W/m2. In this regard, to facilitate the interpretation
of the simulation results, Tables 5 and 6 summarize
the main sizing parameters of the HVAC systems used
in the study.

The chiller model used by Energyplus was the empir-
ical model from the DOE-2 building energy simula-
tion program (Birdsall et al., 1990). According to this
model, the chiller performance at off-reference condi-
tions is modeled using three polynomial equations:
(1) Cooling Capacity, as a function of the Temper-
ature; (2) Electric Input to Cooling Output Ratio
(EIR), which is defined as the inverse of the COP,
as a function of the Temperature; and (3) EIR as a
function of the part load ratio. Default coefficients
(EnergyPlus 9.0) for the three polynomial equations
were used in this work, which are based on the fol-
lowing references: (1) Cooling capacity function of
temperature for water cooled screw chillers, as a bi-
quadratic curve with two independent variables based
on COMNET 2010 (CONMET, 2010) Table 88; (2)
EIR function of temperature for water cooled screw
chillers, as a biquadratic curve with two independent
variables based on COMNET 2010 Table 91; and (3)
EIR function of part load ratio, as a quadratic curve
based on COMNET 2010 Table 93.
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Table 5: Sizing details of the main equipment in
the fan-coil systems at both locations (Madrid and
Berlin).

FAN-COIL SYSTEM

MADRID

BOILER NOMINAL CAPACITY (kW )

INTERNAL GAINS (W/m2)

From 10 to 50 (W/m2)

High-Med.-Low Inertia 76.83

CHILLER DESIGN CAPACITY (kW )

INTERNAL GAINS (W/m2)

10 20 30 40 50

High Inertia 130.1 155 185.43 222.15 269.33

Medium Inertia 131.72 158.99 158.99 226.11 276.87

Low Inertia 142.69 181.82 217.21 276.96 328.89

COOLING TOWER FAN POWER HIGH/LOW VELOCITY (kW )

INTERNAL GAINS (W/m2)

10 20 30 40 50

High Inertia 1.83/0.29 2.17/0.35 2.6/0.42 3.11/0.5 3.77/0.6

Medium Inertia 1.84/0.30 2.22/0.36 2.22/0.36 3.17/0.51 3.88/0.62

Low Inertia 2/0.32 2.54/0.41 3.04/0.49 3.88/0.62 4.6/0.74

COOLING TOWER AIRFLOW RATE AT HIGH/LOW VELOCITY (m3/s)

INTERNAL GAINS (W/m2)

10 20 30 40 50

High Inertia 5.17/2.59 6.12/3.06 7.32/3.66 8.77/4.39 10.64/5.32

Medium Inertia 5.2/2.6 6.28/3.14 6.28/3.14 8.93/4.46 10.93/5.47

Low Inertia 5.64/2.82 7.18/3.59 8.58/4.29 10.94/5.47 12.99/6.49

BERLIN

BOILER NOMINAL CAPACITY (kW )

INTERNAL GAINS (W/m2)

From 10 to 50

High-Med.-Low Inertia 91.8

CHILLER DESIGN CAPACITY (kW )

INTERNAL GAINS (W/m2)

10 20 30 40 50

High Inertia 115.64 157.4 188.59 234.52 279.98

Medium Inertia 117.19 158.42 158.42 213 286.11

Low Inertia 136.16 185.64 237.23 280.05 344.02

COOLING TOWER FAN POWER HIGH/LOW VELOCITY (kW )

INTERNAL GAINS (W/m2)

10 20 30 40 50

High Inertia 1.62/0.26 2.2/0.35 2.64/0.42 3.28/0.53 3.92/0.63

Medium Inertia 1.64/0.26 2.22/0.35 2.22/0.35 2.98/0.48 4.01/0.64

Low Inertia 1.91/0.31 2.6/0.42 3.32/0.53 3.92/0.63 4.82/0.77

COOLING TOWER AIRFLOW RATE AT HIGH/LOW VELOCITY (m3/s)

INTERNAL GAINS (W/m2)

10 20 30 40 50

High Inertia 4.29/2.14 5.83/2.92 6.99/3.49 8.69/4.35 10.38/5.19

Medium Inertia 4.34/2.17 5.87/2.94 5.87/2.94 7.89/3.95 10.6/5.3

Low Inertia 5.05/2.52 6.88/3.44 8.79/4.4 10.38/5.2 12.75/6.37

Weather conditions considered in simulations

The performance of office buildings is not as sensi-
tive to weather conditions as that of residential build-
ings because of their inherent high internal heat gains
due to people, lighting and electric equipment. How-
ever, the differential performance of HVAC systems
can vary significantly from one location to another,
especially due to the high window-wall ratio consid-
ered in the building model, which makes the buildings
thermal response highly sensitive to outdoor tem-
peratures and solar radiation levels. To assess the
differential performance of HVAC systems for differ-
ent weather conditions, annual simulations were con-
ducted considering the different typical meteorologi-

Table 6: Sizing details of the main equipment in
the water-to-air heat pump systems at both locations
(Madrid and Berlin).

WATER-TO-AIR HEAT PUMP SYSTEM

MADRID

BOILER NOMINAL CAPACITY (kW )

INTERNAL GAINS (W/m2)

10 20 30 40 50

High Inertia 141.55 170.62 212.05 246.65 277.65

Medium Inertia 142.78 175.68 209.98 252.02 310.83

Low Inertia 157.5 201.42 242.03 310.04 369.41

COOLING TOWER FAN POWER HIGH/LOW VELOCITY (kW )

INTERNAL GAINS (W/m2)

10 20 30 40 50

High Inertia 1.51/0.24 1.82/0.29 2.26/0.36 2.63/0.42 2.96/0.47

Medium Inertia 1.52/0.24 1.87/0.3 2.24/0.36 2.69/0.43 3.31/0.53

Low Inertia 1.68/0.27 2.15/0.34 2.58/0.41 3.31/0.53 3.94/0.63

COOLING TOWER AIRFLOW RATE AT HIGH/LOW VELOCITY (m3/s)

INTERNAL GAINS (W/m2)

10 20 30 40 50

High Inertia 4.26/2.13 5.13/2.57 6.38/3.19 7.42/3.71 8.35/4.18

Medium Inertia 4.3/2.15 5.29/2.64 6.32/3.16 7.58/3.79 9.35/4.68

Low Inertia 4.74/2.37 6.06/3.03 7.28/3.64 9.34/4.67 11.11/5.56

BERLIN

BOILER NOMINAL CAPACITY (kW )

INTERNAL GAINS (W/m2)

10 20 30 40 50

High Inertia 124.32 169.82 204.07 253.88 303.25

Medium Inertia 126.49 171.36 209.3 231.87 311.47

Low Inertia 146.94 201.14 257.49 304.93 374.87

COOLING TOWER FAN POWER HIGH/LOW VELOCITY (kW )

INTERNAL GAINS (W/m2)

10 20 30 40 50

High Inertia 1.33/0.21 1.81/0.29 2.18/0.35 2.71/0.43 3.23/0.52

Medium Inertia 1.35/0.22 1.83/0.29 2.23/0.36 2.47/0.4 3.32/0.53

Low Inertia 1.57/0.25 2.14/0.34 2.75/0.44 3.25/0.52 4.0/0.64

COOLING TOWER AIRFLOW RATE AT HIGH/LOW VELOCITY (m3/s)

INTERNAL GAINS (W/m2)

10 20 30 40 50

High Inertia 3.51/1.75 4.79/2.4 5.76/2.88 7.17/3.58 8.56/4.28

Medium Inertia 3.57/1.79 4.84/0.48 5.91/2.95 6.55/3.27 8.79/4.4

Low Inertia 4.15/2.07 5.68/2.84 7.27/3.63 8.61/4.3 10.58/5.29

cal weather conditions of Madrid and Berlin.

Figure 4 plots year-round comparisons of the out-
door dry bulb temperatures of the typical meteo-
rological weather files used for Madrid and Berlin.
Figure 4 (a) shows year-round hourly values, while
Figure 4 (b) depicts the histograms and cumulative
frequency of occurrence of both locations. As ex-
pected, the blue lines, which correspond to weather
conditions in Berlin, indicate much colder temper-
atures, for example, while for Madrid around 65%
of the hours per year, the outdoor temperatures are
below 18◦C. For Berlin, this value increases to ap-
proximately 85%, denoting much colder year-round
temperatures, as clearly shown by the significant dis-
placement to the left of the cumulative frequency of
occurrence curve.

A similar pattern is observed with regard to the hori-
zontal solar radiation from the typical meteorological
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Figure 4: Comparison of outdoor dry bulb tempera-
tures in Madrid and Berlin.

weather data of both locations, as shown in Figure 5,
which represents a back-to-back comparison of the
solar radiation heat maps distinguishing the hours of
the day and the months along the year. Figure 5 (a)
corresponds to Madrid and Figure 5 (b) to Berlin. As
expected, longer sunny periods throughout the year
associated with higher radiations levels are clearly ob-
served for Madrid, reporting peak solar radiation lev-
els around 1000 W/m2 during central hours (from
12:00 to 16:00) in summer. Much shorter sunny pe-
riods with lower intensities are shown for the case of
Berlin, with peak solar radiation levels no higher than
900 W/m2 during summer midday hours.

Results

A total of 108 Energyplus simulations (2 x 3 x 9 x 2)
were conducted in order to consider all the potential
scenarios from the combination of the weather condi-
tions of Madrid and Berlin (2); the low, medium and
high thermal mass walls (3); the different internal of-
fice heat gains due to lighting and equipment (with
values ranging from 10 up to 50 W/m2, with incre-
ments of 5 W/m2) (9); and the two HVAC systems
mentioned above (2).

From all the possible EnergyPlus output variables,
three year-round key performance indicators (KPI)
per unit of conditioned area were selected to evaluate
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Figure 5: Distribution maps of the yearly global hor-
izontal radiation in Madrid and Berlin.

the differential performance of the closed-loop water-
source heat pump system compared to the fan-coil
system. These were the HVAC system electricity sav-
ings (kWh/m2 year), the HVAC system natural gas
savings (kWh/m2 year) and the cooling tower water
savings (liters/m2 year). To better understand the
simulation results, it is important to note that the
base case fan-coil systems are served by a natural gas
boiler and an electric chiller, as heating and cooling
generation plants. Pumps and fans, which consume
electrical energy, are used to transport water and air.
On the other hand, the closed-loop heat pump system
contains a natural gas boiler and a cooling tower (not
a chiller) which consume electrical energy in their fans
and pumps, with both plants being fed by the same
water loop, containing a pump to circulate a water
flow rate through the loop that consumes electrical
energy. Reversible heat pumps are situated at zone
level (one per conditioned zone), which consume elec-
trical energy (through their corresponding compres-
sors and fans).

The KPI results obtained from the Energyplus sim-
ulations are shown in Figure 6, where the red lines
correspond to results obtained using the weather con-
ditions of Madrid, and the blue lines to Berlin (in ac-
cordance with previous figures). In addition, green
or red shaded areas have been included in the figures
to clearly highlight the scenarios where savings oc-
cur (green) or do not occur (red), that is, scenarios
where the proposed water closed-loop heat pump sys-
tem does not consume less electricity or water over a
year than the base case fan-coil system, consuming,
conversely, more energy or water resources.
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Figure 6: Plot of the KPI results obtained from the
EnergyPlus simulations for the studied scenarios.

Discussion

The following points may be highlighted from the
analysis of the simulation results plotted in Figure 6:

1. A general trend is observed for both weather con-
ditions, indicating that higher HVAC electricity
and cooling water savings are reached for higher
office lighting and equipment heat gains, as cool-
ing needs increase in proportion to these internal
heat gains. Conversely, a diminishing trend in
natural gas savings is observed for higher inter-
nal gains, as a consequence of the lower heating
needs. This suggests that the closed-loop heat
pump system is able to manage greater amounts
of internal heat gains (heat recovery) to meet of-
fice heating demands, requiring less conventional
energy to maintain comfortable indoor conditions,
increasing, in turn, its energy efficiency. For the
weather conditions of Madrid, the simulation re-
sults indicate approximate potential year-round
KPIs of between 5 and 25 kWh/m2year with re-
gard to electricity savings, between 0.5 and 11
kWh/m2year for natural gas savings, and be-
tween 30 and 90 liters/m2year with respect to
cooling water savings (cooling tower make-up wa-
ter). For the weather conditions of Berlin, these
same KPI savings correspond to ranges between
-5 and 25 kWh/m2year for electricity, between
5 and 25 kWh/m2year for natural gas, and be-
tween 10 and 80 liters/m2year for cooling water.

2. The effect of the walls thermal mass can be con-
sidered negligible with regard to natural gas con-
sumption (associated with the heating demand),
but can be significant for electricity and water
savings (related to cooling loads). Especially sig-
nificant may be the influence of thermal inertia
for scenarios with higher internal gains. The sim-
ulation results suggest that relatively light build-
ing envelopes (associated with rapid thermal re-
sponses) show a sufficiently good performance.
However, the use of walls with a high thermal
mass is not recommended, as effects associated
with energy buffer and time delays introduced by
the inertia may produce detrimental effects on en-
ergy and water consumption for a typical office
with a daily working schedule from 08:00-20:00h.

3. Because the closed-loop water-source heat pump
system meets part of the heating load by means
of the boiler and the remaining part through the
water-air heat pump, notable savings in natural
gas are found, especially for Berlin. Low internal
gains levels, albeit with slight increases in elec-
tricity consumption, are reported for these scenar-
ios. For values of internal heat gains greater than
15-20 W/m2 (depending on the walls thermal in-
ertia), noticeable savings are observed for Berlin
for both electricity and natural gas. No trade-off
values were observed for the case of Madrid, as

________________________________________________________________________________________________ 

________________________________________________________________________________________________ 
Proceedings of the 16th IBPSA Conference 
Rome, Italy, Sept. 2-4, 2019

 
1815

 

 
  



the closed-loop water-source heat pump system
behaves more efficiently for all scenarios with re-
gard to electricity, natural gas and cooling water
consumption.

Conclusions

The results from the EnergyPlus simulations con-
ducted under the scope of this work have revealed
that the use of air-conditioning systems capable of
supplying perimeter heating by recovering internal
heat gains due to occupants, electric equipment and
lighting from internal zones, may provide potential
for significant energy savings in office buildings. The
highest savings ratios were found to be values of be-
tween 5 and 25 kWh/m2year with regard to elec-
tricity for the weather conditions of Madrid, be-
tween 5 and 25 kWh/m2year for natural gas for the
weather conditions of Berlin, and between 30 and 90
liters/m2year with respect to the water consumed
by the cooling tower in Madrid. For the majority
of the simulated scenarios, higher energy and water
savings were obtained in office buildings with higher
associated internal heat gain levels, suggesting that
the closed-loop heat pump system is able to man-
age greater amounts of internal heat gains (heat re-
covery) to meet office heating demands, consequently
consuming less conventional energy.

Office building walls with high thermal inertia may
produce detrimental effects on the performance of
closed-loop water-source heat pump systems because
of the unpredicted load displacement effect from heat-
ing to cooling office needs, which may produce overall
negative results in certain scenarios.

Although this work reports significant energy and
water savings, the initial costs of closed-loop water-
source heat pump system systems compared to con-
ventional systems (taking HVAC solutions based
on four-pipe fan-coil systems served by boilers and
water-cooler chillers as our reference) were estimated
to be around 1.5-1.7 times higher. Thus, it is nec-
essary to perform complete life-cycle cost analyses to
ascertain the economic feasibility of heat recovery sys-
tems in particular office buildings.
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Nomenclature

• ASHRAE: American Society of Heating, Refrig-
erating, and Air Conditioning Engineers

• COP: Coefficient Of Performance

• EIR: Electric Input to cooling output Ratio

• HVAC: Heating Ventilating and Air Condition-
ing

• HTF: Heat Transfer Fluid

• KPI: Key Performance Indicator

• LED: Light-Emitting Diode

• SHGC : Solar Heat Gain Coefficient
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Abstract 

A spray PDEC system has been relatively less considered 

than other passive cooling strategies as one of the viable 

low-energy solutions in the cooling of buildings while 

having a great potential in energy savings. This study is 

intended to evaluate the capability of a spray PDEC 

system for space cooling. It comprises four simulation 

scenarios to see the system response and influence of 

indoor thermal environment when a spray PDEC system 

is adopted as a primary cooling system in two different 

climates. The simulation results show that a spray PDEC 

system causes a substantial variation in the indoor thermal 

environment and sensible cooling rates while 

substantiating significant energy savings. 

Introduction 

A spray PDEC system is a low-energy cooling system that 

consumes significantly less energy than conventional air 

conditioning systems. It is designed to capture the wind at 

the top of a tower and cool the outdoor air using water 

evaporation (Kang and Strand, 2013). It typically consists 

of a wind catcher, a tower, a water spray system, and a 

water pump. Significant energy saving for space cooling 

is the key benefit of the system since a water pump is the 

only energy-consuming component of the system 

(Bahadori et al., 2008; Fort et al., 2010; Givoni, 1994; 

Robinson et al., 2004). It is known to improve indoor air 

quality as it supplies a large amount of fresh outdoor air 

(Fort et al., 2010; Givoni, 1994). It could also remove 

pollutants in the air during the down-draft evaporative 

cooling process. On the other hand, a spray PDEC system 

is limited to a hot dry climate due to the strong climatic 

dependency of the evaporative cooling process (Bahadori 

et al., 2008; Fort et al., 2010; Givoni, 1994).  

A number of studies introduced building energy 

simulations in order to predict the impact of a spray PDEC 

system (Robinson et al., 2004; Soutullo et al., 2012) since 

building simulation programs allow a comprehensive 

analysis of numerous design solutions in buildings. These 

studies used analytical models that heavily rely on the wet 

bulb depression (WBD), which is the difference between 

the dry and wet bulb temperature of the air. They enabled 

a system-level simulation for a spray PDEC system as the 

analytical models predicted the cooling performance of 

the system. They employed one-way coupling, which 

cannot fully embed the analytical models into the existing 

numerical solutions of the simulation programs. To that 

end, the predictions of the simulations in these studies are 

inaccurate.  

Models have been developed and used to size a spray 

PDEC system (Bahadori, 2008; Ford et al., 2010; Givoni, 

1994). Among those models, Givoni’s model has been 

widely used because of its capability of humidity 

prediction as it includes the influence of water flow rate. 

However, it is unlikely accurate when climatic conditions 

and tower configurations differ from the ones used for the 

experiment. This is because the model cannot account for 

the variation of the mass flow rates of the inflows while 

including the wind speed. In addition, the impact of water 

droplet sizes has not been taken into account while many 

studies emphasized the importance of this particular 

parameter (Bahadori, 2008; Ford et al., 2010; Givoni, 

1994). To remedy this gap, Kang and Strand (2009, 2013, 

2016) completed a series of works and developed 

analytical models that predict the temperature and 

velocity of the supply air from a spray PDEC system. The 

analytical models embrace the influences of water droplet 

size. They also appropriately account for the variation of 

inflow mass flow rates over the wind catcher areas and the 

cross-sectional area of a spray PDEC tower. No study, 

which deals with a spray PDEC system and its 

applications in the literature, adequately handles these 

particular parameters to date. To that end, the new 

analytical models remarkably improve the accuracy of the 

predictions.  

A comprehensive analysis of the impact of a spray PDEC 

system is critical, especially on the indoor thermal 

environment. The focus of the previous studies was 

limited to the energy saving capability of a spray PDEC 

system (Bahadori et al., 2008; Fort et al., 2010; Givoni, 

1994, Robinson et al., 2004). The building applications 

for evaporative cooling have been introduced to reduce 

energy consumption for space cooling. The typical 

operational conditions of such evaporative cooling 

applications for buildings are to achieve the maximum 

WBD under the given local climatic conditions (Bahadori 

et al., 2008; Fort et al., 2010; Givoni, 1994; Robinson et 

al., 2004; Soutullo et al., 2011). A spray PDEC system is 

also not as responsive to the variable cooling load as a 

conventional air-conditioning system, due to a strong 

climatic dependency. A few studies investigated the 

indoor thermal environment through field measurements 

in a building conditioned by a PDEC application and post-

occupancy evaluation studies (Yaghoubi et al., 1991; 

Shiano-Phan and Ford, 2008). Shiano-Phan and Ford 
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(2008) surveyed the satisfaction of the thermal 

environment in spaces where a direct evaporative cooling 

application conditions. In general, much of the responses 

from the occupants in two buildings were satisfactory 

while those in the other two buildings, a school building 

and a federal court building, ranged from 2 to 4 among 

seven scales. These results indicated that a direct 

evaporative cooling application may substantially affect 

the indoor thermal environment and thus the productivity 

of the occupants, depending on the purpose of spaces. The 

impact of the cool humid supply air, which a spray PDEC 

system discharges, on the indoor thermal environment 

should be comprehensively understood so that some 

adverse effects of a spray PDEC system can be mitigated. 

This study focuses on whether a spray PDEC system can 

maintain a comfortable thermal environment in a small-

scale building space as the energy saving capability has 

been proven by many studies. It searches the capability of 

a spray PDEC system for verifying to what extent it 

functions as a primary cooling system not only in a hot 

dry climate, which an evaporative cooling system is best 

suited for a comfort cooling but also in a different climate. 

It employs the U.S. Department of Energy (DOE) 

reference primary school building in that a school 

building is suitable to introduce a spray PDEC system. It 

uses a modified EnergyPlus program in which new 

analytical models were implemented. It sets four 

simulation scenarios: two base scenarios that simulate the 

original reference building model in two climates and two 

PDEC scenarios that replace the original cooling systems 

in the original with spray PDEEC systems in the two 

climates. It predicts the indoor thermal environment and 

energy performance. It analyzes the results of the 

simulations to see to what extent a spray PDEC system 

serves as a primary cooling system. 

Methods 

Climates 

A series of simulations were designed to see whether a 

spray PDEC system properly condition building spaces. 

The city of Yuma, AZ, USA was chosen to reflect the 

characteristics of a hot-dry climate as a greater 

temperature reduction during the down-draft evaporative 

cooling process is attainable, which is the reason why a 

spray PDEC system is commonly considered. The 

capability of a spray PDEC system in the other climates 

should also be investigated so as to see whether it can be 

adopted in a wide range of climates the cooling of 

buildings. The city of Sacramento, CA, USA was chosen 

to represent a warm moderate climate. ANSI/ASHRAE 

Standard 90.1 classifies the city of Yuma as hot-dry (2B) 

and the city of Sacramento as warm-dry (3B).  

A representative summer day from each climate was 

selected that would be ideal for the operation of a spray 

PDEC system. The time series of the TMY3 weather data 

for the two climates were reviewed and one summer day 

that represents the characteristics of each climate was 

chosen. Figure 1 shows the variations in the dry- and wet-

bulb temperatures, as well as the wind speed on the 

representative summer day in the two climates. The 

variation in the WBDs in the city of Yuma (HD) is 

relatively stable throughout the occupied hours. The 

outdoor temperatures stay above 35°C during most of the 

occupied hours. The maximum and minimum WBDs are 

approximately 19.6°C and 10.5°C, respectively. The peak 

outdoor air temperature in the city of Sacramento (MO) is 

approximately 36.5°C and the daily temperature 

variations are more significant. The maximum and 

minimum WBDs in Sacramento are approximately 

11.3°C and 2.8°C, respectively. The daily variations in the 

wind speed in the two climates are similar during the 

occupied hours. The peak wind speeds on the selected 

summer day in the two climates are approximately 7.0m/s 

in Sacramento and 6.0m/s in Yuma. The wind speed in 

both climates steadily increases throughout the day, 

which results in an increase of air flow rate during 

afternoon hours. 

 

DBT: dry bulb temperature; WBT: wet bulb temperature; WS: 

wind speed; HD: hot dry climate; MO: moderate climate 

Figure 1: Weather conditions on a representative 

summer day in two climates.  

Building  

A school building is suitable to apply a spray PDEC 

system for space cooling. It typically includes a number 

of different space types. The frequency of occupants 

within the building is also high. These features of a school 

building involve a significant variation in space cooling 

loads. A spray PDEC system would be responsive to such 

variation as the evaporative cooling process is immediate. 

In addition, a spray PDEC system conditions the air with 

no substantial energy use since it only requires the 

operation of a pump to supply water.  

This study uses one of the U.S. DOE commercial 

reference building models (Torcellini et al., 2011). It uses 

the reference primary school building that is one story E-

shaped building. The floor area of the building is 6,871m2 

and the window-to-wall ratio of the outside walls that are 

exposed to the outdoor environment is 0.35. It comprises 

25 thermal zones and a number of different space types. 

The majority of the thermal zones is classrooms. The 

other space types include an office, an auditorium, a 

kitchen, and a gymnasium. A multi-zone single duct VAV 

with reheat system serves most of the spaces. Packaged 

single zone air conditioning (PSZ-AC) units serve large-

scale spaces such as the auditorium, gymnasium, and 

kitchen. The reference primary school building model 
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applies an economizer with differential dry bulb 

temperature control per ASHRAE Standard 90.1-2004. 

The indoor setpoint temperature during the occupied 

hours from 6 AM to 6 PM is 24°C. The reference building 

model also sets a 3°C increment during the setback hours 

from 6 PM to 6 AM. The U.S. DOE reference primary 

school building model characterizes the design conditions 

by ASHRAE Standard 90.1-2004 and 62-1999. 

System operation  

Figure 2 shows the physical phenomena taking place 

during the down-draft evaporative cooling process within 

a spray PDEC system. The outdoor air flows through a 

wind catcher at the very top of the system. Finer water 

particles created by a water spray system below the wind 

catcher evaporates into the inflows. The evaporative 

cooling process requires heats from the inflows to change 

the phase of the water particles from the liquid to vapor, 

causing a temperature drop and a humidity increase of the 

inflows. The conditioned air is then discharged through 

bottom openings to remove heats from the air in the 

conditioned space.  

The simulations predict the properties of the supply air 

such as a temperature (T), a mass flow rate ( �̇� ), a 

humidity ratio (𝜔) and an evaporation rate (�̇�) as shown 

in Figure 2 and assume the supply air is immediately 

mixed with the air and natural air flows such as infiltration 

and ventilation in the conditioned space.  The thermal 

environment in the conditioned space is determined at 

each zone time step if no conventional air-conditioning 

system is available. The computational schemes of the 

simulation program such as energy and moisture balances 

can be found in the EnergyPlus Engineering Reference. 

Kang and Strand (2018) also presented the detailed 

simulation inputs and approaches for the U.S. DOE 

reference building used in this study.  

 

Figure 2: Schematic of a spray PDEC system and 

environmental variables. 

Adapted from Kang and Strand, 2018 

Simulation description    

This study comprises four simulation scenarios. Two base 

simulations run the original reference building model in 

each climate. The other two PDEC simulations run a 

modified reference building model in the two climates. 

The PDEC scenarios replace the conventional air-

conditioning systems in the original reference building 

model with spray PDEC systems. All the other features of 

the modified reference building model remained the same 

as the original reference building model. Due to the 

similarity of the simulation results in the 25 thermal zones 

and the constraint of the length of the paper, the study 

presents the results of the simulations for only one 

representative classroom on the west side wing in the 

primary school building.    

This study completed a sensible design process to specify 

the simulation inputs. It ran preliminary simulations in 

order to properly size a spray PDEC system for individual 

space types. The preliminary simulations also evaluated 

whether a spray PDEC system properly reflects the 

operational characteristics, which are typically found in 

the literature (Bahadoria et al., 2008; Ford et al., 2010; 

Givoni, 1994; Robinson et al., 2004). Typical operating 

conditions for a spray PDEC system include a finer water 

droplet, a constant water supply, a large volume of supply 

water, and a high tower. These characteristics allow a 

spray PDEC system to attain the greatest WBD as it 

supplies a large amount of water and the water evaporates 

for a longer time.  

The first round of the preliminary simulations solely 

applied these typical operating conditions. The results of 

the simulations showed some adverse impacts on the 

indoor thermal environment. Some adjustments were 

made to reduce such adverse effects, rather than applying 

only typical operating conditions for the simulations. It is 

important to note that this design process was needed to 

avoid an over- or under-estimation of energy savings and 

potential adverse impacts on the indoor thermal 

environment. 

The simulation sets a number of inputs to define the 

operating conditions of the spray PDEC systems. It 

applies a constant water flow rate of 200l/h and a fixed 

water droplet size of 30 µm, which would be the most 

energy efficient one (Kang and Strand, 2016). It also 

includes system on-off controls, depending on the 

climatic conditions and zone air conditions. It assumes a 

system-off if outdoor air temperatures are lower than the 

minimum of 28C and the relative humidity of the air is 

greater than the maximum of 40%. In Yuma, a minimum 

supply air temperature of 20C was used to avoid a 

consistent overcooling trend in the morning, which was 

observed in the preliminary simulations. The supply air 

temperature was set to be the minimum if the calculated 

supply air temperature is below the minimum. In 

Sacramento, the simulation applies no minimum in the 

supply air temperature since the wet-bulb temperature is 

lower than the minimum supply air temperature of 20C 

for most of the occupied hours.  

Climatic differences between the two climates were taken 

into account. The simulations include two inputs that can 

characterize the climatic differences. The operational 

conditions may vary as the performance of a spray PDEC 

system heavily depends on the climatic conditions. The 

simulations use a different input value for the last two 

input parameters: Minimum outdoor air temperature and 
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Maximum relative humidity. The input values in the 

parentheses characterize the outdoor air conditions in the 

city of Sacramento (MO). In Sacramento, the spray PDEC 

systems started when outdoor air temperatures exceed 

26C and the relative humidity of the air is below 50%.  

The simulation estimates a thermal comfort index for 

occupants. The EnergyPlus program includes a number of 

models for the prediction of thermal comfort. The models 

use an energy balance to a person. They comprise a set of 

environmental variables and physiological variables in 

order to predict thermal comfort indexes. They divide 

thermal sensations of occupants into seven or nine scales. 

Each model handles heat transfer from the human body 

and the criteria for thermal sensation in a different way. 

Among those models, the simulations select the Fanger’s 

thermal comfort model, which is widely used in the 

scientific community. The Predicted Mean Vote (PMV) 

index will be evaluated. The prediction of the PMV index 

in a thermal zone is important to see how the cool humid 

supply air from a spray PDEC system affects the indoor 

thermal environment.  

Table 1: Simulation inputs for the PDEC scenarios. 

Input Parameters Values 

Water flow rate [l/h] 

Effective tower height [m] 

Water loss [%] 

Air flow loss [%] 

Rated pump power consumption [W] 

Area of wind catcher [m2] 

Tower cross-sectional area [m2] 

Diameter of water droplet [µm] 

Minimum supply air temperature [C] 

Minimum outdoor air temperature [C] 

Maximum relative humidity [%] 

200 

5 

5 

5 

150 

6.25 

16 

30 

20 

28 (26) 

40 (50) 

Results 

Supply air condition 

Figure 3 illustrates the time series of the supply air 

conditions from a spray PDEC system in the two PDEC 

scenarios. In the hot-dry climate Yuma, the supply air 

temperatures in the early morning were set to be the 

minimum supply air temperature of 20°C as the supply air 

was saturated and the wet bulb temperature dropped 

below the minimum. In a warm dry climate Sacramento, 

the time series of the supply air was duplicated with that 

of the wet bulb temperature, which means the supply air 

was saturated throughout the operating hours during the 

down-draft evaporative cooling process.  

A noticeable trend found in the results of the simulation 

in the PDEC scenario in Yuma was that the supply air 

temperatures remained above the indoor setpoint 

temperature of 24°C after 3 PM. The differences between 

the supply air temperature and the setpoint temperature 

during these afternoon hours ranged from approximately 

0.6°C to 1.5°C and the WBDs ranged from 16.8°C to 

19.6°C. The outdoor air temperatures remained above 

40°C during this period. The spray PDEC systems may 

increase the cooling load as the warmer supply air 

potentially add heats to the classroom, depending on the 

zone air temperature, internal heat sources, and the 

magnitude of heat storage effect by the solar radiation. 

The variations in the relative humidity of the supply air 

remained at a very high level in both climates as shown in 

Figure 3. The relative humidity of the supply air 

significantly increased as soon as the spray PDEC 

systems operated and remained above 80% during the 

operating hours in Yuma. In Sacramento, it stayed at the 

highest level as the supply air was saturated during the 

entire operating hours. In Yuma, the constant water flow 

rate of 200l/h led the saturation of the supply air when the 

outdoor air temperature was approximately below 40°C 

and the WBD was less than approximately 18°C. When 

the outdoor air temperature was greater than 40°C, the 

maximum WBD that could result in the saturation of the 

supply air was likely approximately 16°C. The saturation 

of the supply air appeared throughout the occupied hours 

in Sacramento where the maximum WBD was 

approximately 10.5 °C. The humid supply air likely 

affects the indoor humidity level while the significance of 

the impact varies with the volume of the supply air and 

the humidity level of the air in the classroom.   

 

a) Yuma 

 

b) Sacramento 

Twb: wet bulb temperature; Ts: supply air temperature; RHo: 

outdoor relative humidity; RHs: supply air relative humidity 

Figure 3: Variations in the supply air temperature in the 

representative classroom in the PDEC scenarios.  

Sensible cooling rate 

Spray PDEC systems generally overcooled the spaces 

when they operated as shown in Table 2. In Yuma, the 

sensible cooling rates provided by the spray PDEC 
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systems were short in meeting the cooling loads for the 

first two hours. As the cooling loads started to increase, 

the spray PDEC systems provided cooling 12% to 98% 

more than the cooling loads required to meet the setpoint 

temperature in the classroom. The spray PDEC systems 

were turned off for the very first and last hours of the 

scheduled operation, due to the climatic conditions. In 

Sacramento, the spray PDEC systems operated 3 hours 

less than Yuma. The spray PDEC systems also provided 

17% to 77% more cooling than the space cooling loads. 

This trend in sensible cooling rates demonstrated that the 

system responses of the spray PDEC system to the space 

cooling loads in both climates were not stable as much as 

conventional cooling systems.     

Table 2: Sensible cooling rates in the representative 

classroom in the four simulation scenarios. 

Time 

(h) 

Yuma Sacramento 

Base 

(W) 

PDEC 

(W) 

Diff. 

(%) 

Base 

(W) 

PDEC 

(W) 

Diff. 

(%) 

6 2719 0 -100 2392 0 -100 

7 2477 2078 -16 2135 0 -100 

8 2589 2286 -12 2327 0 -100 

9 2672 2666 0 2422 0 -100 

10 2773 3512 27 2532 2406 -5 

11 2916 4266 46 2656 3099 17 

12 3424 4217 23 2800 3668 31 

13 3826 5575 46 2954 4243 44 

14 4200 5136 22 3436 5588 63 

15 4893 6139 25 4529 6509 44 

16 5855 7149 22 5514 7024 27 

17 5728 6430 12 5584 6702 20 

18 3405 6290 85 3464 6115 77 

19 3546 7032 98 3409 5049 48 

20 3368 0 -100 3120 0 -100 

Mean air temperature 

An overcooling of the space on the west side of a building 

in the morning is typical. An increment of heat gains by 

solar radiation on the east side of the building derives a 

rise of cooling loads while the west side gains no direct 

solar radiation. In addition, the operation of the air-

conditioning systems returns to the normal from the 

setback. As a result, the cooling loads in a building rises 

significantly in the early morning while heat gains by 

internal heat sources and solar radiation are the lowest of 

the day. Figure 4 illustrates that the base scenarios showed 

notable variations in the indoor air temperature in the 

morning, due to the typical trend in the building.  

A definite trend found in the PDEC scenarios is that the 

spray PDEC systems overcooled the classroom for more 

than half of the occupied hours. As the WBDs are lower 

during this particular period of the day, the supply air 

temperatures dropped to the minimum of 20°C in Yuma 

and the operation of the spray PDEC systems delayed for 

the first four operating hours in Sacramento. The indoor 

mean air temperatures varied significantly throughout the 

occupied hours in both climates. In comparison with the 

base cases, the magnitude of the overcooling trend was 

much stronger and lasted for a longer time in the PDEC 

scenarios. The spray PDEC systems in both climates 

hardly met the indoor setpoint temperature of 24°C 

throughout the occupied hours. The indoor setpoint 

temperature was met for only 2 hours in Sacramento and 

for 6 hours in Yuma. In general, the variations in the wet 

bulb temperature were essential when the rate of water 

supply is high, especially in the warm humid climate 

Sacramento.  

 

Figure 4: Variations in indoor mean air temperature in 

the representative classroom.  

Relative humidity 

Figure 5 shows the variations in relative humidity in the 

representative classroom in the four simulation scenarios. 

The variations in the two base scenarios were fairly stable 

within a very narrow band during most of the occupied 

hours. A high degree of variations in relative humidity 

was found in the PDEC scenarios. The difference in the 

relative humidity between the supply air and the outdoor 

air ranged from 31% to 79.6% in Yuma and from 26% to 

61% in Sacramento, respectively. As the spray PDEC 

systems discharged the saturated supply air in the 

morning, the peak in the relative humidity of the zone air 

appeared as 64.7% at 9 AM in Yuma. The indoor relative 

humidity remained below 60% for most of the occupied 

hours, except for some morning hours. In Sacrament, the 

peak in the indoor relative humidity was found to be 78% 

at 4 PM as the supply air was saturated throughout the day 

and the supply air flow rate increased during afternoon 

hours due to the increase of wind speed.  

 

Figure 5: Variations in indoor relative humidity of the 

air in the representative classroom. 

ANSI/ASHRAE 62.1-2016 recommends that the relative 

humidity in occupied spaces are limited at or below 65%. 
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The indoor relative humidity in Sacramento stayed above 

the recommended value for all the occupied hours. In 

contrast, the indoor relative humidity in Yuma remained 

below the recommended value for the entire occupied 

hours. The thermal comfort of the occupants is closely 

related to the variations in the indoor relative humidity 

along with other factors such as air movement, operative 

temperature, clothing, and activity level. The results 

indicated that the PMV values in Sacramento would vary 

more than those in Yuma and base scenarios. 

Thermal comfort 

The cool humid supply air prompted a significant 

variation in the Predicted Mean Vote (PMV) values as 

shown in Figure 6. ASHRAE Standard 55 – 2013 

recommends an acceptable PMV range for thermal 

neutrality in a thermal zone as ± 0.5.  Figure 5 displays 

that the definite overcooling trend in all scenarios 

influenced the thermal comfort of the occupants in the 

classroom in the morning. The PMV values in the base 

scenarios fell below the lower recommended value of -0.5 

for a number of morning hours and then returned to the 

recommended range for the rest of the day, except for one 

or two afternoon hours. In the PDEC scenarios, the PMV 

values consistently varied with time. The PMV values in 

the PDEC scenarios fell into the recommended range only 

for a few hours of the day. The PMV values in Yuma 

remained near or above the upper recommended value 

during the afternoon hours since the spray PDEC systems 

discharged warmer air. In addition to the overcooling 

trend, significant variations in the indoor thermal 

environment stimulated such significant variations in the 

PMV values throughout the day. 

 

Figure 6: Variations in the Fanger PMV value in the 

representative classroom. 

Energy consumption 

Table 3 summarizes energy consumption in the four 

simulation scenarios. As described in the Introduction 

section, many studies have proven the energy saving 

capability of a spray PDEC system. The results of the 

simulations also estimated that the spray PDEC systems 

required a small fraction of the electricity for space 

cooling that the mechanical air-conditioning systems in 

the base scenarios consumed. The operation of the spray 

PDEC systems in Yuma required approximately 3.6% of 

the electricity in the baas scenario. As expected, the 

degree of the total energy saving in Yuma is greater than 

Sacramento since a greater WBD is attainable. The 

reduction rate of the space cooling energy in Sacramento 

was estimated approximately 93.4%.  

It is noted that the energy saving capability of a spray 

PDEC system in a real building differ from the predictions 

of the simulations in this study. The operation of a spray 

PDEC system in a real building is not as simple as the 

simulations predicted. As for the accurate predictions, the 

simulations should include all potential factors that may 

affect the energy performance in buildings. The 

magnitude of the cooling energy reduction would be 

different when the operation of a spray PDEC system 

requires the aids of other equipment in order to form well-

mixed air flows in a space. Although the predictions of 

the energy reduction rates should be referred to an 

indicator, it is true that a spray PDEC system reduces a 

profuse amount of energy consumption.  

Table 3: Itemized building electricity consumptions in 

the four simulation scenarios. 

Meters 
Yuma (HD) Sacramento (MO) 

PDEC Base PDEC Base 

Cooling [MJ] 258.7 7100.8 264.0 3994.6 

Facility [MJ] 5774.9 13529.4 5774.9 10324.2 

Fans [MJ] 0 683.8 0 614.0 

Discussion 

This study employs a simulation-based method to analyze 

the impact of the cool humid air that a spray PDEC system 

discharges to the thermal zones in a primary school 

building, particularly on the indoor thermal environment. 

It fully coupled the most accurate analytical models that 

were validated against experimental data (Kang and 

Strand 2016) with the existing heat balance algorithm in 

EnergyPlus program that has been extensively validated 

(Henninger and Witte, 2015). The predictions of the 

performance of the spray PDEC system, the indoor 

thermal environment in the thermal zones, and the energy 

performance in the primary school building may differ 

from the measured data in a real building, depending on 

many other parameters that have not been 

comprehensively considered in the simulations. While the 

predictions of the simulations can demonstrate the 

implications of energy performance in buildings that a 

spray PDEC system serves, an experiment in an occupied 

space is essential to accurately evaluate various impacts 

of a spray PDEC system.   

Conclusion 

This study evaluates the influences of a spray PDEC 

system in the cooling of a primary school building by 

using a modified EnergyPlus program. The simulations 

predicted the system response of a spray PDEC system 

and the indoor thermal environment in the building spaces 

on a summer day under two different climatic conditions. 

The results of the simulations substantiated that the spray 

PDEC systems reduced a great portion of the cooling 

energy required for the operation of the conventional air-

conditioning systems in the base scenarios. The spray 

PDEC systems in Sacramento also accomplished a 
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comparable energy saving with that attained in Yuma. 

These results indicate that a spray PDEC system may be 

suitable for a low-energy alternative to a conventional air-

conditioning system in wider climatic conditions than the 

hot-dry climate, which a direct evaporative cooling 

system has been limited for years.  

A spray PDEC system in the current form may not be a 

stand-alone cooling system in the cooling of buildings. 

The results of the sensible cooling rates of the spray 

PDEC systems showed that they are not as responsive to 

the cooling loads as the conventional air-conditioning 

systems. The spray PDEC system operated by the typical 

operating conditions also involved substantial variations 

in the indoor thermal environment. As the indoor thermal 

environment strongly affects the productivity of the 

occupants in a building, the energy saving capability may 

not outweigh such adverse impact. In general, the cooling 

performance of a spray PDEC system in the current form 

requires a significant advancement in order to be a stand-

alone cooling application that can maintain a consistent 

thermal environment in a space where it serves.  

Studies to address problems with a spray PDEC system is 

needed.  The spray PDEC systems in Yuma applied an on-

off control to maintain the minimum temperature of the 

supply air. Such simple control moderated the 

overcooling trend in the morning. The spray PDEC 

systems provided more cooling than the required cooling 

loads in the classroom. The system response to the 

cooling loads can be improved when the performance of 

the spray PDEC systems is controllable. To that end, the 

control of the supply air conditions is beneficial to 

mitigate some of the inborn problems of a spray PDEC 

system.  
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Abstract 

This paper introduces an innovative concept of an 

autonomous curtain walling façade module. The façade 

module integrates functions of heating, cooling, 

ventilation, lighting, shading as well as renewable energy 

storage and generation to the façade structure. The main 

contribution of the presented research is the development 

and validation of a new numerical model representing the 

in-façade air-conditioner using thermoelectric cells. The 

model captures its hygro-thermal and electrical behaviour 

and provides a satisfactory agreement with measurements 

of an experimental setup. 

Introduction 

Building facades, as the boundary between the indoor and 

outdoor environment, are always exposed to a large range 

of variable conditions. Although the outdoor conditions 

vary, the indoor environment requires relatively stable 

conditions to guarantee the thermal and visual comfort of 

the building occupants. Thus, building facades must cope 

with a variation in the boundary conditions on a daily and 

seasonal basis due to the climate. However, standard 

building facades are usually designed with fixed physical 

properties, which are represented by a thermal resistance 

between the outdoor and the indoor environment. Then, 

the isolated indoor conditions are maintained by central 

Heating, Ventilation and Air-Conditioning (HVAC) 

systems.  

In order to improve the building’s performance, an 

alternative approach of façades with adaptive physical 

properties has been researched over the last decade. The 

aim is to develop such an adaptive façade system, which 

actively responds upon the outdoor and indoor conditions 

reaching the desired energy and comfort outcomes. To 

enable the adaptive facade behaviour, various 

mechanical, electrical, thermal or chemical concepts have 

been investigated for several years, however none of these 

concepts have been considered as a mature technology 

yet. Despite the theoretical benefits of an adaptive 

approach, implementation in practice represents a 

challenging task (Loonen et al. 2017). 

The research concept of our consortium is to develop a 

direct current (DC) microsystem consisting of façade-

mounted photovoltaic (PV) panels, flat-plate batteries, an 

in-façade thermoelectric air-conditioning (AC) unit and 

shading system integrated within the prefabricated 

curtain-walling structure provided by the industry partner. 

All functions of the façade module are going to be 

controlled with a high degree of façade module autonomy 

that ensures the optimal energy performance of the DC 

microsystem as well as thermal comfort of the assigned 

living or working space. 

Such applied research can greatly benefit from the 

modern simulation techniques using building energy 

simulation (BES) tools, which enable the design 

optimisation of the new multi-functional prototype. 

However, the numerical model describing the innovative 

in-façade air-conditioning unit using high-performance 

thermoelectrical cells is not currently available in the 

standard BES tools. Therefore, this paper introduces the 

approach for the energy modelling of the innovative in-

façade air-conditioning. The proposed model was 

validated against the measurements from a mock-up 

experimental setup developed for that reason.      

In-facade thermoelectric AC unit  

State-of-the-art of thermoelectric cells application in 

the building structure 

In order to develop a compact façade module, the AC unit 

must be integrated within the curtain walling structure. In 

fact, the space requirements for the unit are very strict. 

The traditional refrigerant based solutions can barely fit 

into the extremely limited space. Other issues of the 

standard mechanical cooling devices are the vibro-

acoustic excitation onto the building structure and a 

higher probability of the failure of the rotary components 

requiring regular maintenance. 

Alternatively, thermoelectric cells can be used for this 

application. Thermoelectric cells are compiled from 

several thermocouples working on the basis of the Peltier 

effect. Cells under electrical current are able to absorb 

heat on one side of the thermocouple, while the heat is 

rejected on the other side (Lineykin and Ben-Yaakov 

2018). Utilisation of the thermoelectric cells has several 

advantages such as (i) a minimalistic size, (ii) no parts in 

motion, (iii) reliability without risk of leakage and related 

low maintenance requirements (iv) a direct current device 

suitable for energy supply from PV panels and (v) a 

universal application, where the same device can be used 

for heating and cooling purposes by switching of the flow 

of the electric current. The main disadvantages are a lower 

efficiency and a limited temperature drop in comparison 

to refrigerant based solutions (Martín-Gómez et al. 2016), 

(Liu et al. 2015). 
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Application of this technology in buildings has been 

continuously researched over the last couple of years and 

several prototypes have been developed. The first in-

façade heating and cooling solution using thermoelectric 

cells was developed in 2016 (Martín-Gómez et al. 2016). 

Later, the combination of a façade-mounted 

thermoelectric AC with PV system was reported in 2017 

(Irshad et al. 2017). The latest in-façade concept of 

thermoelectric heating was published in 2018 (Zuazua-

Ros et al. 2018).  

All these studies demonstrate the increasing trend in the 

application of thermoelectric cells within the building 

structure. However, since the current technologies are still 

in the prototype phase, only a very limited amount of 

resources describing the numerical representation of such 

devices exists. Indeed, the valid numerical model 

presented later in this paper is crucial for further 

optimisation of the entire façade module. 

Experimental setup of the in-façade thermoelectric 

AC unit  

For the purpose of the energy performance assessment of 

the novel AC unit, as well as support to the new model 

development, an experimental setup was built and tested. 

The presented experimental setup is the first of three 

technological steps of the development process, which 

are: (i) the mock-up unit development for the energy 

performance validation, (ii) the in-façade unit integrated 

into a small-scale façade module as a functionality 

sample, (iii) the final in-facade unit for the full-scale 

facade module with all the integrated functions as a 

prototype.  

The scheme in Figure 1 depicts the mock-up assembly and 

the measurements setup. The assembly is formed into the 

so-called cold and hot channels. The air taken from the 

interior is cooled down on the cold side of the Peltier cell. 

The exterior air is used to remove the waste heat from the 

hot side of the Peltier cell.  

 

 

Figure 1: Scheme of the measurements at the mock-up 

assembly 

The construction of the mock-up unit is limited within the 

available width of 0.2 m (maximal thickness of the wall 

cavity) available for the façade module. The assembly 

was compiled from a high-performance thermoelectric 

cell with a maximal cooling load of up to 132 W and two 

plate fin heat sinks. The assembly was encapsulated in a 

polystyrene housing and inserted into a duct representing 

the façade cavity. The duct with the embedded assembly 

is arranged so as to the create two separated channels. The 

forced air flow through the system is served by two inline 

duct fans. In addition, the inlet air to both channels may 

be pre-conditioned by electrical heaters to ensure the 

desired boundary conditions for measuring purposes. An 

illustrative photo of the entire experimental setup is 

shown in Figure 2. 

 

 
Figure 2: (a) Photo of the experimental setup (b) 

front view to the AC unit, (c) inner surface of the heat 

sink including the measuring nodes 

The entire experimental setup is equipped by several 

sensors and measurement instruments. The temperatures, 

airflow and electrical power are measured. In more detail, 

three temperature points are inserted into each inlet and 

outlet for the air to the thermoelectric air-conditioner. 

Two temperature points are located on the internal 

surfaces of the two heat sinks representing the 

temperature around the Peltier cell. All temperature 

sensors Pt100 are connected to the datalogging unit 

Ahlborn type ALMEMO 5690, where the measured data 

is stored. The orifice plate track was used for the airflow 

measurement, where the pressure drop is monitored via an 

inclined manometer. A constant airflow is set for the 

individual experiments. The electrical power of the Peltier 

cell was measured via the laboratory electrical source.  

Energy modelling of the in-facade AC unit 

Model development 

The energy modelling of the presented AC unit must cope 

with both the electrical and hygro-thermal behaviour of 

the device. The purpose of the model is to support a yearly 

evaluation with a typical simulation step of one hour. 

Since the time constant observed during the 

measurements is relatively short, around 5 minutes, a 

(a) 

(b) (c) 
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quasi steady-state approach is selected to describe the 

transient behaviour.  

In general, the energy modelling combines the Peltier 

effect theory (Chavez et al. 2000), psychrometry 

(ASHRAE 2009), 1-dimensional heat transfer theory and 

the theory of the heat transfer in the thin fins combined 

with an analytical correlation for the laminar and 

turbulent forced convection (Incropera et al. 2007). By 

compiling all the mentioned theories together, the white-

box model representing the thermoelectric AC unit can be 

introduced. In our case, the model was developed and 

executed in the Matlab environment. Later, the model is 

embedded to the TRNSYS environment via type 155 (the 

Solar Energy Laboratory 2012), in order to enable the 

optimisation of the entire façade module attached to the 

case-study office. 

The modelled unit is schematically depicted in Figure 3, 

where the two-channel system is visualised. The input 

thermal variables are the inlet air properties (temperature, 

humidity ratio, barometric pressure), airflow and 

surrounding temperature for both the cold and hot 

channel. As the electrical input, an electrical current was 

selected (the voltage could also be an option as the input). 

The desired outputs represented by the numerical model 

are the outlet air properties, the surface temperatures of 

the thermoelectric cell for both channels. In addition, the 

equivalent humidity ratio on the heat sink surface must be 

represented in order to enable the condensation risk 

assessment. Also, the mean temperature in each channel 

is expressed to estimate the heat losses to the ambient 

environment.  

To summarise, there are 10 unknown variables (outlet air 

properties, surface temperatures and equivalent humidity 

ratio and mean channel temperatures for each channel), 

which need to be solved by the nonlinear system of 

equations presented below. There are several parameters 

necessary for the solution, some of which are discussed 

below. The full list is available in the nomenclature 

section.  

 

Figure 3: Scheme of the numerical model 

Equations (1) and (2) describe the energy balance of 

thermoelectric cell, where the Seeback and Joule effects 

are depicted. The other terms are the heat “shortcut” 

between the hot and cold side diminishing the overall 

efficiency and the absorbed/rejected heat via the heat 

sinks. The thermoelectric cell is defined by the 

parameters, such as the Seeback constant αSE, the 

electrical and thermal resistance Rel and Rth, respectively. 

αSE ITECTTEC, c-
1

2
RelITEC

2 - (R𝑡ℎ+Ciso) 

 (TTEC,h-TTEC,c)- Csink,c(Tmid,c- TTEC,c) = 0  (1) 

αSE ITECTTEC,h+
1

2
RelITEC

2 - (R𝑡ℎ+Ciso)  

 (TTEC,h-TTEC,c)- Csink,h(Tmid,h- TTEC,h) = 0   (2) 

Equations (3) and (4) describe the absorbed/rejected heat 

via the heat sink from/to the stream of moist air. The last 

term in these equations is the heat loss to the ambient air 

through the AC unit envelope.  

Csink,c (Tmid,c - TTEC,c)- (1-εbp,c)�̇�𝑖𝑛,𝑐 [ca(Tin,c-

Tout,c)+ (xin,c-xout,c) (l+cv(Tin,c-Tout,c))] 

-Camb,c(Tamb,c-Tmid,c)= 0   (3) 

Csink,h(TTEC,h- Tmid,h)- (1-εbp,h)�̇�𝑖𝑛,ℎ [ca(Tout,h-

Tin,h)+ (xout,h-xin,h) (l+cv(Tout,h-Tin,h))] 

-Camb,h(Tmid,h-Tamb,h)= 0   (4) 

The assembly of the unit can be characterised by the 

constant parameters, such as the thermal conductance of 

the isolation between the heat sinks Ciso, the heat transfer 

coefficient via the assembly envelope Camb, and via the 

heat sinks Csink. These coefficients are a function of the 

assembly’s geometry, its material properties and the 

airflow also. The coefficient of isolation and the envelope 

are calculated on the basis of the 1-dimensional heat 

transfer. However, the heat transfer coefficient for the 

heat sinks is estimated using the Hausen or Gnielinski 

correlation for the laminar or turbulent forced convection, 

together with the fin efficiency theory (Hausen 1943), 

(Gnielinski 1976), (Incropera et al. 2007). 

The other parameter to note is the bypass ratio εbp, which 

indicates the ratio of air which bypasses above the heat 

sinks due to the inaccuracies in the construction. The 

bypass ratio is further described later in this section.  

Furthermore, Equations (5) and (6) are the representation 

of the mean temperature as an arithmetic average of the 

inlet and outlet air temperatures in both the hot and cold 

channel. 

1

2
(Tin,c+Tout,c)- Tmid,c= 0 (5) 

1

2
(Tin,h+Tout,h)- Tmid,h= 0 

 

(6) 

From the limited cooling load of the thermoelectric cells, 

condensation can rarely occur, nevertheless it cannot be 

neglected. The condensation risk must be assessed 

especially in our case, where the air-conditioner is being 
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integrated within the envelope structure. Thus, two modes 

of cooling (the so-called dry and wet cooling) are 

considered in the computational routine.  

In the first instance, the states are calculated according to 

the dry cooling mode. It means that there no change in the 

moisture content during the cooling process is considered 

as depicted in the next four equations.  

xTEC,c- xin,c = 0;  xTEC,h- xin,h = 0 (7a); (8a) 

xout,c- xin,c = 0;  xout,h- xin,h = 0  (9a); (10a) 

After the first instance, the dew-point of the outlet air is 

checked. If the dew-point of the outlet air is higher than 

the calculated surface temperature of the thermoelectric 

cell, the second instance of the calculation starts.  

In the second instance, the solution is re-calculated as the 

wet cooling mode. The equivalent humidity ratio at the 

heat sink surface is calculated based on psychometric 

properties as a function of the barometric pressure p and 

surface temperature Tc,TEC (see Eq. (7b)). The wet cooling 

mode assumes the condensation on the heat sink surface, 

therefore, the fully saturated air is assumed in the 

surrounding region of this computational node. The 

empirical function for the saturated water vapour pressure 

as fn(TTEC,c) is defined in the ASHRAE Handbook 2009 

xTEC,c- 0.622
efn(TTEC,c)

p-efn(TTEC,c)
  = 0 

(7b) 

The estimation of the outlet humidity ratio is calculated 

based on the identical gradient angle of the humidity ratio 

change between the states at the inlet and on the heat sink 

surface. The trigonometric ratio gives the correlation 

between differences of the temperatures and the humidity 

ratios as shown in Eq. (9b).  

(xin,c-xout,c)(Tin,c-TTEC,c)-(xin,c-xTEC,c)(Tin,c-

Tout,c)=0                                                                              (9b) 

The final step of the computational routine is the 

correction of the outlet air properties due to the bypassed 

air. As mentioned above, the construction does not allow 

for a perfectly airtight housing of the heat sinks, therefore, 

it is assumed that a certain amount of the air may bypass 

the heat sinks. For that reason, the bypass ratio εbp was 

introduced into the model to capture this type of the 

performance loss. To reiterate, the bypass ratio indicates 

the percentage of the airflow, which passes the unit 

without conditioning. Then, the bypass process is 

described as the mixing of the conditioned and non-

conditioned air (Eq. (11) and Eq. (12)).  

Tout
* =

(1-εbp)ṁ
in

Tout + εbp ṁ
in

Tin

 ṁin

 
(11) 

xout
* =

(1-εbp)ṁ
in

xout + εbp ṁ
in

xin

 ṁin

 
(12) 

The presented equations governed the numerical model. 

Including the final correction, the numerical model is able 

to represent all the aspects of the steady-state electrical 

and hygro-thermal behaviour of the presented mock-up 

unit.  

Based on the model outputs, several performance 

indicators can be post-processed. The surface 

temperatures on the thermoelectric cell are used to assess 

the electrical voltage and power load (see Eq. (13) and Eq. 

(14)) 

VTEC=αSE(TTEC,h-TTEC,c) + ITECRel (13) 

ṖTEC=VTEC ITEC (14) 

The heating and cooling load is depicted in Eq. (15) and 

Eq. (16) in a general form, where the total load is the 

sum of the sensitive and latent part of the load. The 

latent heat is usually zero unless wet cooling occurs.  

Q̇
h
=ṁin,h ca(Tout,h

* -Tin,h) (15) 

Q̇
c
= ṁin,c [ca(Tin,c-Tout,c

* )+ (xin,c-

xout,c
* ) (l+cv(Tin,c-Tout,c

* ))] (16) 

In order to evaluate the mentioned condensation risk, Eq. 

(17) depicts the formula for the condensation rate in the 

AC unit. 

ṁw= ṁin,c  (xin,c-xout,c
* ) (17) 

Model calibration and validation 

The reference data was measured at the presented 

experimental setup of the mock-up unit. Several 

experiments for various boundary conditions were 

executed to assess the performance of the single-cell 

assembly. The boundary conditions were represented by 

the airflow, temperatures and humidity ratio of the inlet 

air for both the hot and cold channels as well as by 

ambient temperature around the assembly.  

In each experiment, the energy performance of the 

thermoelectric cell was tested for a constant value of the 

inlet temperatures and airflow (as the boundary 

condition), while the input electrical current was varied 

within the range of 0 to 8 A. The electrical current was 

increased every 20 minutes by about 2 A to examine the 

entire operational range of the thermoelectric cell. The 

period for the current increase was selected empirically 

based on the time constant (around 5 minute) observed 

during the initial inspection of the experimental setup.  

The three experiments briefly summarised in Table 1 

were selected to support the calibration and validation 

process. Exp. 1 supports the model calibration, while Exp. 

2 and Exp. 3 are used as an independent dataset for the 

model’s validation. 

Table 1: Conditions of the experiments  

Exp. 

Cold Channel 

(CC) 

Hot Channel 

(HC) 
TE cell 

tin_c  

(°C) 

Vc  

(m3h-1) 

tin_h 

(°C) 

Vh  

(m3h-1) 
I (A) 

1 27 40 27 80 {0;2;4;6;8} 

2 27 40 32 80 {0;2;4;6;8} 

3 27 30 27 60 {0;2;4;6;8} 
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a) Model calibration 

In the first experiment, the inlet temperatures for the hot 

and cold side were set at the same level of 27 °C. The 

airflow was assumed to be in proportion to the nominal 

cooling and heating load of the thermoelectric cell at 40 

m3h-1 for the cold channel and 80 m3h-1 for the hot 

channel. 

Figure 4 shows the time course of the inlet and outlet 

temperatures for both channels after calibration. The plot 

only contains the steady-state data. The steady-state 

operation was evaluated based on the temperature 

difference of the inlet and outlet air in order to eliminate 

the disturbances of the outside air fluctuation, which can 

be observed in Figure 4. 

During the calibration, the experimental data is compared 

with the simulation representing the experiment (also 

depicted in  Figure 4), and the normalised root mean 

squared error (NMRSE) is evaluated for the outlet and 

surface temperatures as well as for the power, cooling and 

heating load. 

The calibration process can be divided into three steps: (i) 

the parameter analysis, (ii) the initial parameters’ 

estimation, (iii) the coarse and fine calibration. 

 
Figure 4: Time course of the inlet and outlet temperatures 

In the first step, all the parameters are divided into two 

groups: the known parameters (e.g., the geometrical and 

material properties of the assembly) and the uncertain 

parameters such as the Seeback constant αSE, the 

electrical resistance Rel, the thermal resistance Rth and the 

bypass ratio εbp. Within the parameter analysis, the 

possible range for the uncertain parameters were 

investigated in order to set limits ensuring the physical 

meaning of the parameter settings. 

(a) Validation 1 (b) Validation 2 

  

  

Figure 5: Correlation between the measured and simulated data of the temperature and energy fluxes for the 

validation experiments  
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In the second step, all the parameters are defined or 

estimated based on the technical specification, literature 

or personal inspection. The overall average NRMSE of 

the uncalibrated model was 35 %. The summary of the 

NMRSE for the individual variables are shown in Table 

2. The highest error of the model was observed on the 

inner surface temperatures of the thermoelectric cell 

which were 111% and 60% for the cold (Ttec,c) and hot 

side (Ttec,h), respectively.  

Table 2: The resulting NMRSE for the individual 

variables 

 

Error for the 

individual 

variables 

E
x

p
. 
1

: 
In

it
ia

l 

es
ti

m
a

ti
o
n

 

E
x

p
. 
1

: 

C
a

li
b

ra
te

d
 

E
x

p
. 
2

: 

V
a

li
d

a
ti

o
n

 1
 

E
x

p
. 
3

: 

V
a

li
d

a
ti

o
n

 2
 

N
M

R
S

E
()

 

E(V) 26 % 2 % 2 % 2 % 

E(Tout,c) 22 % 9 % 9 % 13 % 

E(Tout,h) 8 % 8 % 7 % 10 % 

E(Ttec,c) 111 % 12 % 12 % 13 % 

E(Ttec,h) 60 % 9 % 9 % 11 % 

E(P) 22 % 2 % 2 % 2 % 

E(Qc) 23 % 9 % 8 % 9 % 

E(Qh) 9 % 7 % 6 % 6 % 

Avg 35 % 7 % 7 % 8 % 

In the third step, the experiment was simulated for various 

sampling ranges of the uncertain parameters. The values 

of these parameters were initially varied in the range of 

±20 % from the original estimate (if the limits permit). 

Then, the sampling ranges of the uncertain parameters 

were narrowed down to ranges of ±10 % and ±5 %. After 

each set of simulations, the error was quantified, and the 

parameters were refined in order to minimise the overall 

error. This calibration procedure led to a reduction in the 

overall NMRSE of the model to 7 %, which was 

considered as a satisfactory result. 

b) Model validation 

The last two experiments summarised in Table 1 are used 

for validation of the model. Exp. 2 is defined for uneven 

inlet temperatures. In this case, the temperature difference 

between the inlet temperatures of the channels is about 5 

°C. The inlet temperature in the cold channel was kept at 

the level of 27 °C, while the inlet temperature of the hot 

channel was raised to 32 °C. The rest of the settings 

remained without any change. 

Exp. 3 is defined for the reduced airflow in comparison to 

the dataset used for the calibration. The inlet temperatures 

to the hot and cold side are set at the same level of 27 °C. 

However, the airflow was assumed to be at 30 m3h-1 for 

the cold channel and 60 m3h-1 for the hot channel, again 

proportionally to the nominal cooling and heating load of 

the thermoelectric cell. 

The previously calibrated model was tested under various 

boundary conditions in order to validate its performance 

for different temperatures and airflow settings. The 

validation is demonstrated in Figure 5 showing the 

correlation of the measured and simulated data for two 

validation datasets. While the top figures show the 

correlation of the outlet and surface temperatures for both 

channels, the bottom figures depict the correlation of the 

power, cooling and heating load. The overall errors 

reached during the validation process for Exp. 2 and Exp. 

3 were 7 % and 8 %, respectively. 

Model integration into the BES tool 

After model validation, the Matlab code was integrated 

into the building model in the TRNSYS environment. The 

simplified scheme of the TRNSYS model configuration is 

shown in Figure 6. The description for the particular sub-

models so-called “types” can be found in the TRNSYS 

manual (the Solar Energy Laboratory 2012) . The Matlab 

script is called every timestep via type 155. For a 

demonstration of the façade’s module performance, the 

case-study office was modelled in TRNSYS using type 

56. The case-study office has dimensions of 5.4 x 3.5 x 4 

m with two window areas with a size of 1.9 x 2.8 m. The 

opaque area occupies approximately 10 m2, which can be 

used for the unit integration.  

 

Figure 6: Simplified scheme of the TRNSYS model 

 In order to accommodate the model of the in-facade 

thermoelectric AC unit, two auxiliary zones are defined to 

represent the cold and hot channels within the building 

structure. These two auxiliary zones are attached to the 

main office zone as depicted in Figure 7. 

Two communication paths can be identified in 7. The first 

communication path represents the ventilation of the 

office air-node by the thermoelectric AC unit. It assumes 

the regime of the air circulation. Thus, the office air-node 

is used as the input to the model of the AC unit, which 

provides the air supply for the ventilation.  

The second communication path represents the 

integration of the thermoelectric AC unit within the 

building structure using the mentioned two auxiliary 

zones that are added into the building model. The 

geometry and the thermal properties of the walls are set 

identically with the definition of the thermoelectric AC 

unit.  

The coupling of the two models is executed via the 

interior and exterior surface temperatures and the 

controlled temperatures in the auxiliary zones. The 

surface temperatures are provided as the ambient 

temperatures into the AC unit model. As such, the solar 
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irradiation on the facade or internal heat gains are taken 

into consideration in the AC unit simulation.  

 

Figure 7: Auxiliary zones for thermoelectric AC unit 

integration 

In order to force the same temperature in the building 

structure cavity as is simulated for the channels of the AC 

unit, an ideal heater and cooler were defined for the 

auxiliary zones. The mean temperature in the channels is 

used as the setpoint for the ideal heating/cooling of the 

auxiliary zones.  

As long as the unit is in operation, the two auxiliary zones 

act as “active” thermal layers in the building model. In 

case that the thermoelectric AC unit is not in operation, 

the ideal heating/cooling is turned off. The nodes of the 

auxiliary zones get into a so-called free-floating mode and 

act as a “passive” thermal bridge in the building structure. 

Discussion  

The new numerical model with the initial parameter 

estimation performed with a significant error of 35 %. 

The high error is noticeable for the inner surface 

temperatures of the heat sinks representing the 

temperature of the thermoelectric cell. The error 

correlates to the limited technical specification of the 

thermoelectric cell. The specification does not contain the 

required parameters for modelling, which led to the higher 

error.  

The semi-automated calibration process improved the 

settings of the uncertain parameters to reach the desired 

level of acceptance, which was set lower than the 10% 

error. All output variables met the level of acceptance 

except the surface temperature on the cold side, that error 

exceeds this level by 12 %. As Figure 4 indicated, this 

discrepancy occurred mainly for the higher level of the 

utilisation of the thermoelectric cell, where the higher 

temperature differences between the channels and the 

surrounding environment are expected. Therefore, the 

thermal resistance between the channels and the ambient 

environment and their uncertainties is going to be 

investigated more in depth. Nevertheless, the operation of 

the cell at such a high utilisation is less probable due to 

the energy inefficiency. Still, the model was able to 

represent the experiment with an average error of 7 %. 

The first validation experiment, where the inlet 

temperatures were uneven, proved the validity of the 

model for a wider range of temperature inputs. In this 

experiment, any major change was not observed in 

comparison to the previous experiment used for the 

calibration. 

Even though the second validation case, where the lower 

level of airflow was applied, also reached the level of 

acceptance, the results showed a noticeable increase in the 

error. The increase can be explained by the non-linear 

behaviour of the forced convection in the heat sinks 

related to the reduced airflow. As such, the airflow 

reduction likely influenced the value of the bypass ratio. 

These non-linearities are not captured by the current 

version of the model.  

Finally, the new numerical model coded in Matlab was 

integrated into the BES tool, namely into the TRNSYS 

environment. The coupling was executed using two 

auxiliary building zones that enabled to represent the 

active layers in the building structure. In order to truly 

represent the boundary conditions of the in-facade 

arrangement, the ambient temperatures of the AC unit 

model must be adapted unlike that in the laboratory 

arrangement. The simulated in-façade arrangement must 

cope with the external effects such as solar irradiation on 

the facade surfaces. Therefore, the inner and outer surface 

temperature of the building model were selected as 

suitable inputs for the thermoelectric AC unit model.  

The discussed coupling approach allows further analysis 

of the innovative multi-functional concept of the 

autonomous façade module. The simulation-aided 

performance assessment of the façade module is going to 

support next development steps of this research. 

Conclusion 

The paper introduced an innovative concept of the 

adaptive-façade structure embedding the in-façade 

thermoelectric AC unit, local renewable energy sources 

and storage. This paper was focused on the modelling of 

the in-façade AC unit using high-performance 

thermoelectric cells. The single-cell mock-up unit, built 

within the current research, was experimentally and 

numerically investigated.  

One of the main contributions is the development of the 

new numerical model of the thermoelectric AC unit, 

which can be applied in the BES tools. This paper 

provided a full description of the model and its 

performance was validated using the measured data from 

the experimental setup. Finally, the coupling approach of 

the new model and the BES tool (TRNSYS) was 

introduced and the new model was successfully integrated 

into the building structure.   
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Nomenclature 

ca specific heat of air (J kg-1 K-1)  

cv specific heat of water vapour (J kg-1 K-1)  

Camb heat transfer coefficient (W K-1) – ambient environment 

Csink  heat transfer coefficient (W K-1) – plate fin heat sink 

Ciso heat transfer coefficient (W K-1) – isolation between heat 

sinks 

ITEC el. current to thermoelectric cell (A) 

l latent heat of water (J kg-1) 

ṁin mass flow rate of air (kg s-1) 

ṁw mass flow rate of water condensate (kg s-1) 

p barometric pressure 

ṖTEC power load of thermoelectric cell (W) 

Q̇
h
 heating load of thermoelectric cell (W) 

Q̇
c
 cooling load of thermoelectric cell (W) 

Rel el. resistance of thermoelectric cell (Ω) 

Rth thermal resistance of thermoelectric cell (W K-1) 

Tamb ambient temperature (K) 

Taux auxiliary zone temperature (K) 

Text exterior temperature (K) 

Tin inlet temperature (K) 

Tint interior temperature (K) 

Tmid mean temperature (K) 

Tout outlet temperature (K) 

Tout
*  corrected outlet temperature (K) 

TTEC thermoelectric cell surface temperature (K) 

VTEC el. voltage of thermoelectric cell (V) 

xin inlet humidity ratio (kgw kgda
-1) 

xint interior humidity ratio (kgw kgda
-1) 

xout outlet humidity ratio (kgw kgda
-1) 

xout
*  corrected outlet humidity ratio (kgw kgda

-1) 

xTEC equivalent humidity ratio at surface (kgw kgda
-1) 

αSE Seeback coefficient of thermoelectric cell (V K-1) 

εbp bypass ratio (-) 

, a index for air node 

, c index for cold channel 

, h index for hot channel 

, s index for surface temperature 
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Abstract 

Along with the development of data analysis, the data-

driven fault detection and diagnoses (FDD) method 

becomes very popular. However, the data-driven FDD 

methods requires a large amount of data from Building 

Automation System (BAS), and these data are usually 

unreliable. In this study, a co-simulated model which 

integrated the building energy model with HVAC detail 

model is developed in the co-simulated platform – 

Building Controls Virtual Test Bed (BCVTB). The white 

box co-simulation model can provide reliable trending 

data to develop and validate the data-driven FDD 

algorithm.  Since the deterministic model is not sufficient 

to reflect the actual operation conditions, the building 

physical and operational uncertainty is considered in this 

study by using Monte Carlo method. Typical AHU faults 

are configured in the model, and an FDD algorithm is 

developed and validated based on the specific building 

operation condition.   

Introduction 

Automated fault detection and diagnosis (FDD) in HVAC 

and other building system started from the late 1980s and 

early 1990s (Li, 2012). Katipamula and Brambley 

classified FDD methods by three types: process history-

based method, qualitative model-based method and 

quantitative model-based method, which is shown in 

Figure 1 (Katipamula & Brambley, 2005).  

FDD studies associated with heating, ventilation air 

conditioning, and refrigeration (HVAC&R) have 

increased in number since 2004. In 2017, Kim and 

Katipamula reviewed 197 studies conducted in the last 

two decades and found out that 62% of the FDD methods 

were process history-based, 26% were qualitative model-

based, and 12% were quantitative model-based (Kim & 

Katipamula, 2017).  

For the qualitative model-based methods, the biggest 

strength is that they are simple to develop and apply. 

However, qualitative model is typically specific to a 

specific system or a process, which makes it difficult to 

ensure that all rules are always applicable especially for 

complex systems. The rule-based methods, as the most 

popular qualitative model-based method, depends on the 

expertise and knowledge of developers (Katipamula & 

Brambley, 2005) and generally have low diagnostic 

accuracies, especially at slight severity levels (Wang, et 

al., 2017). 

Based on the statistical result, process history-data based 

methods has become the most popular research area and 

Principle Component Analysis (PCA) is the dominant 

algorithm among the process history-based methods. PCA 

has already been applied to AHU sensor fault diagnosis 

(Wang & Xiao, 2004) (Xiao, Wang, & Zhang, 2006), 

VAV system sensor fault diagnosis (Du, Jin, & Wu, 

2007), and chiller sensor fault diagnosis (Wang & Cui, 

2005). PCA-based FDD methods are based on the premise 

that anomalous sensor readings are very different from the 

normal data. Therefore, faults can be detected by finding 

sensor data that are “far away” from the median of the 

principal components of the sensor data. For fault 

diagnosis, however, PCA becomes less useful because of 

the non-causal relationship of the data. In the non-causal 

relationship, it is hard to identify whether changes in one 

variable will result in changes in another variable. Xiao et 

Figure 1: Classification scheme for AFDD method. 
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al. proposed a PCA-based FDD method, however, the 

method was too weak to identify complex sensor faults 

because the sensor faults in the AHU are propagated to 

other parts of the system (Xiao, Wang, & Zhang, 2006). 

Han et al. applied a support vector machine (SVM) to 

detect and diagnose chiller faults (Han, Cao, Gu, & Ren, 

2010), in which the FDD problem was viewed as a multi-

class classification problem. Zhao et al. introduced a 

support vector data description (SVDD) for chiller FDD 

in which the FDD problem was transformed to a single-

class classification problem (Yang Zhao, 2013) (Zhao, 

Xiao, Wen, Lu, & Wang, 2014). Yan et al. developed a 

semi-supervised learning, multi-class SVM as base 

classifier to classify faults (Yan, Zhong, Ji, & Huang, 

2018) 

Process history-data based methods have no requirement 

of deep understanding of the system. However, the 

process history-data based methods require a long term to 

record the history data to train the non-fault and fault 

models. It is not only time consuming but also with two 

disadvantages. Firstly, it is difficult to obtain the history 

data with clear labelled operation status. For the 

measurements of fault-free conditions, it is claimed that 

the measurement data is easy to obtain and inexpensive, 

however, it is hard to guarantee that the measurement is 

coming from the pure fault-free condition, especially in 

the practical BAS operation conditions. For the 

measurement of fault conditions, however, the measured 

data is very expensive to be obtained and it is hard to link 

the data to its corresponding fault condition. If the 

polluted data is used to train the models, the accuracy of 

fault detection and diagnosis will be challenged. 

Secondly, all the history data is only recording the 

measurement for the actual occurred fault conditions 

which is hard to determine the length of data collecting 

period to guarantee the data including all major fault 

conditions of the equipment. Moreover, the possibility of 

fault occurrence is influenced by many factors, such as the 

age of system, the maintenance conditions and the health 

states of related systems. To bypass these disadvantages, 

many studies use the same data resource which comes 

from ASHRAE test (ASHRAE RP 1312 project) to 

validate their FDD algorithm. 

The quantitative model-based method, on the other hand, 

is based on sound physical or engineering principles. The 

development of high-fidelity models based on detailed 

information of fault mechanism are complex and time 

consuming, the quantitative model provides the most 

accurate estimators of output when they are well 

formulated. The developers have the flexibility to develop 

and simulate the faults condition models based on the 

requirement.  

To mimic the response of each components in a HVAC 

system to specific building operation scenarios, a 

Modelica-based HVAC quantitative model is developed. 

Traditionally, the quantitative model-based simulation 

has been deterministic and static. However, the 

uncertainties of building operation caused by the lack of 

full knowledge have impact on the performance of HVAC 

system in the practical situation. Therefore, to evaluate 

the impact of building operation uncertainties on fault 

detection and diagnosis, the Modelica-based HVAC 

quantitative model is integrated with a building energy 

model to develop a co-simulation model system.   

Method 

Building simulation is a computational procedure to 

subject a model form to a defined virtual experiment, and 

the virtual experiment is based on the input parameters. 

the lack of knowledge for building situation leads to 

inevitable uncertainties. The uncertainties can be 

classified into model formed uncertainty and parameter 

uncertainty. In this study, we focus on the parameter 

uncertainties. the most important contributors of the 

parameter uncertainties are associated with internal and 

external conditions over the course of virtual experiment, 

most notably occupant, operation and weather dynamics 

(Wang Q. , 2016).  

The operational uncertainty mainly relates to the 

operational states of HVAC system, various factors 

potentially contribute to the discrepancy between ideal 

predicted and observed system, such as sensor drift, and 

damper/valve faults. Occupancy variable uncertainty is 

about the relationship and interaction between occupants 

and buildings. The thermal comfort requirement of 

occupants and their behaviour, such as the operation of 

lighting and appliance have impact to the performance of 

HVAC system. Weather uncertainty relates the micro-

climate effort caused by the effect of urban heat island. 

the weather uncertainty reflects the variation of the 

external condition of building and HVAC system.  

In the co-simulation model, the occupancy variability and 

weather uncertainty are considered in the building energy 

model and the system operational uncertainty is presented 

as discrete fault conditions in the AHU model  

Building Energy Model 

In the study, EnergyPlus is the major simulation tool to 

develop the building energy model. Occupant, lighting 

and appliance power densities, infiltration rate and 

weather conditions are pre-defined and quantified as the 

uncertainty input parameters of the building energy 

model. We use the Georgia Tech Uncertainty and Risk 

Analysis Workbench (GURA-W) to propagate the 

uncertainties. The process of uncertainty propagation is 

shown in Figure 2.   

 

Figure 2: Process of uncertainty propagation.  

We define the distributions of the uncertainty variables 

and store parameters of the probabilistic distribution in an 

XML file. The sampling module uses Latin Hypercube 

sampling to generate samples by using the pre-defined 

distribution parameters of each uncertain variable. In this 
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study, typical meteorological year (TMY) file is used in 

weather module. The building module parses uncertainty 

variables in the EnergyPlus input files by searching 

occurrences of particular identifier tags and exposing 

these variables for further uncertainty analysis. The 

connection between sampling module and building 

module denotes an automated process that feeds Latin 

hypercube samples of uncertain variables to generate the 

input idf file for building energy model.  The connection 

between sampling, weather and simulation engine module 

can generate weather files with the uncertainties with 

microclimate variables. (Wang Q. , 2016) 

In this study, we developed a one-story office building 

model with 1000 square meter floor area and 3-meter 

height. The windows are located on the east and west 

walls with a height of 1 meter. The building is divided into 

two zones and served by an AHU system with two VAV 

boxes. The geometric scheme of the building is shown in 

Figure 3. 

 

Figure 3: the Geometric scheme of the office building. 

The building is located in Atlanta, in Climate Zone A3, 

the operation schedule and building construction 

information is based on the standard of ASHRAE 

reference building. To reflect the uncertainties of the 

building operation, the occupant density, lighting density, 

appliance power density and the infiltration rate are 

assumed to follow Gaussian distribution under two 

standard deviation levels and the parameters are defined 

as shown in Table 1. (The 20% scenario is normal 

distributed people, lighting, appliance power densities 

with a 20% standard deviation and normal distributed 

infiltration rate with a 10% standard deviation) 

Table 1: parameter setting of selected variables. 

 
Mean 

Value 

Standard 

Deviation of 

10% 

scenarios 

Standard 

Deviation of 

20% 

scenarios 

Occupant 

Density 

15 

m2/person 

1.5 

m2/person 
3 m2/person 

Lighting 

Density 
15 W/m2 1.5 W/m2 3 W/m2 

Appliance 

Power 

Density 

15 W/m2 1.5 W/m2 3 W/m2 

Infiltration 

Rate 
0.5 ACH 0.05 ACH 0.05 ACH 

100 energy model input idf files are generated, half of 

them are sampled with 10% deviation, and the other half 

are sampled with 20% deviation. The corresponding 

weather files based on the pre-determined probability 

distributions. The simulation period is 5 days from July 

20th to July 24th. To eliminate the simulation initialization 

stage, the first two days are treated as the initial period 

and the data during that period will not be used in the 

future analysis. 

HVAC System Model 

A Modelica-based single duct VAV system model is 

developed in Dymola. The air handling unit equips a 

supply fan; a mixing box with linked outside air damper, 

return air dampers and exhaust air damper; a cooling coil 

with dehumidify capacity; and a heating coil.  The VAV 

box equips an air damper and a reheat coil. The water flow 

rate of the coil is maintained by a continuous adjustable 

water valve. And the air flow rate is maintained by the 

corresponding continuous adjustable air damper. The 

outside air temperature, mixed air temperature, supply air 

temperature and return air temperature are measured by 

temperature sensors. The static pressure and supply air 

flow are measured by pressure sensor and flow rate sensor 

respectively.  The scheme of the system is shown in 

Figure 4 and the detailed system model in Dymola is 

shown in Figure 23. 

 

Figure 4: Scheme of HVAC model. 

the HVAC system operates in the cooling mode since the 

simulation period is in July, and the system control 

strategy is shown below:  

1. The two VAV boxes will maintain the space air 

temperature at cooling setpoint as 22˚C from 6am to 

10pm and 26˚C from 10pm to 6am by adjusting the 

air damper position. The  

2. The supply fan adjusts the fan speed to maintain the 

static pressure setpoint.  

3. The chilled water valve on cooling coil adjusts its 

position to maintain the supply air temperature 

setpoint as 15˚C. 

4. The mixing box maintains the mixed air temperature 

setpoint at 17˚C by adjusting the linked outside air 

damper, return air damper and exhaust air damper.  

In this study, four fault conditions as well as the normal 

operation models are developed. The four fault conditions 

as shown below: 

Fault scenario 1: outside damper cannot fully close, the 

minimum position is 50% open 

Fault scenario 2: chilled water valve cannot fully open, 

the maximum position is 80% open 

Fault scenario 3: chilled water valve cannot fully open, 

the maximum position is 60% open 
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Fault scenario 4: supply air temperature reading has a 

+2˚C bias. 

Co-simulation Model 

With the combination of building energy model and 

HVAC system model, we can generate the building 

operation scenarios under different load related input 

parameters as well as the HVAC system operation states. 

  

In which, bldg. (Oi , Li , Pi , Wi) indicates the building load 

condition with the information of sampled uncertainty 

variables: Occupancy density (O), Lighting density (L), 

Appliance Power density (P), Weather data (W). System 

(Fj) indicates the HVAC operation states under the 

predefined fault (F) condition. 

The building energy model and HVAC model are 

integrated in Building Controls Virtual Test Bed 

(BCVTB), which is a simulation platform developed by 

Lawrence Berkeley National Lab. The building energy 

model and AHU system model communicate to each 

other at each simulation time step and the time step of the 

simulation is 1 minute. The energy model delivers the 

space condition measurements, such as space temperature 

and relative humidity to the HVAC model and the HVAC 

model sends back the delivered cooling/heating energy to 

the building energy model. The structure of the integrated 

model is shown in Figure 5. 

 

Figure 5: the structure of integrated model. 

From the co-simulation, a multivariate vector X is 

composed by selected output variables as measurement 

observation at every time step. The variables include 

sensor readings, actuator states and controller setpoints. 

All the selected variables are measurable in the practical 

BAS system. A measurement sample is composed by all 

the observations for a specific building operation scenario 

during the simulation period. The co-simulated model in 

BCVTB is shown in Figure 6.  

Based on the co-simulation model, a database contains the 

measurement samples for all building operation scenarios 

under specific uncertainty level.   

 

Figure 6: Integrated Model in BCVTB. 

In the simulation, the observation contains 23 monitored 

variables and the descriptions of the selected variables are 

shown in Table 2. 

Table 2: selected variables and the description. 

Designation Description 

OAF Outside air flow 

OADSP Outside air flow setpoint 

OAD Outside air damper position 

CHWVSP Chilled water valve position setpoint 

CHWV Chilled water valve position 

HWVSP hot water valve position setpoint 

HWV hot water valve position  

FanSSP Fan speed setpoint 

FanS Fan speed 

SAT Supply air temperature 

SAFT Supply air total flow  

SAF1 Supply air flow for zone 1 

VAVD1 VAV damper position for zone 1 

SAF2 Supply air flow for zone 2 

VAVD2 VAV damper position for zone 2 

RMT1 Room temperature of zone 1 

RMT2 Room temperature of zone 2 

RMRH1 Room relative humidity of zone 1 

RMRH2 Room relative humidity of zone 2 

RAT Return air temperature 

OAT Outside air temperature 

MAT Mixed air temperature 

For each uncertainty deviation level (10% and 20%), by 

integrating the building energy model with 50 occupancy 

variability and weather uncertainty scenarios and the 

HVAC system model with 4 fault condition scenarios and 

a fault free scenario. Therefore, 110 samples are 

generated, and each sample contains 4320 observations. 

Among the 110 samples, 50 samples are simulated under 

normal operation and 15 samples are obtained under each 

fault condition. 50 samples of normal operation are 

randomly split into 40 and 10 samples for training and 

test. For each fault, 15 samples are randomly split into 10 

and 5 samples for training and test. There are totally 80 

samples in training set and 30 samples in test set for each 

uncertainty deviation level. 

FDD algorithm 

An FDD problem can be transformed into a classification 

problem. In order to distinguish the data of one fault class 

from other fault classes, we attempt to analyse the 

classification problem from data clustering point of view 

by measuring the distance between the samples.  

If the samples of two different fault conditions are far 

away to each other, the two fault conditions are easily 

distinguished. However, if the distance between the 

samples from two fault conditions are small, it will 
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increase the possibility to obtain false alarm or missing 

alarm. 

When a new data comes, the distance between the new 

data multivariate observation vector x and the trained data 

multivariate vector X of each scenario combination will 

be calculated by Eq. (1)   

𝑑𝑖 =  ‖𝒙 − 𝑿𝒊‖
2, (𝑖 = 1,2, … , 𝑘) (1) 

the 10 smallest distances will be selected, and its 

corresponding operation scenarios will be selected as the 

candidate for the potential operation conditions of the new 

data sample. If most candidates are coming from the same 

fault condition Fi, the operation condition of the tested 

new data will be diagnosed as Fi. If the candidates are 

evenly located in different clusters which indicates that 

the algorithm cannot diagnose the operation condition of 

tested new data.   

Result 

Simulation Result 

For each uncertainty deviation level, 40 samples under 

fault free condition are trained to develop the model for 

normal operation. Figure 7 to Figure 16 show the 

variation of selected variables of the 40 samples under 

10% and 20% uncertainty levels. The red line is the mean 

value of each variable, the yellow line and the blue line 

are the 90 percentile and 10 percentile respectively. 

Based on the results shown in figures, the co-simulated 

model can capture the responses of each components in 

HVAC system and provides the air conditions. The trend 

data reflect the impact of the uncertainties of building 

usage. Along with the increase of uncertainty, the chilled 

water valve and terminal air damper has a larger operating 

range to maintain the supply air temperature and space 

temperature respectively.  

The comparison of return air temperature: 

 

Figure 7: Return air temperature trend for normal 

operation under 10% uncertainty. 

 

Figure 8: Return air temperature trend for normal 

operation under 20% uncertainty. 

The comparison of chilled water valve position 

 

Figure 9: Chilled water valve position trend for normal 

operation under 10% uncertainty. 

 

Figure 10: Chilled water valve position trend for normal 

operation under 20% uncertainty. 

The comparison of fan speed 

________________________________________________________________________________________________ 

________________________________________________________________________________________________ 
Proceedings of the 16th IBPSA Conference 
Rome, Italy, Sept. 2-4, 2019

 
1836

 

 
  



 

 

 

Figure 11: Fan speed trend for normal operation under 

10% uncertainty. 

 

Figure 12: Fan speed trend for normal operation under 

20% uncertainty. 

The comparison of supply air temperature 

 

Figure 13: Supply air temperature trend for normal 

operation under 10% uncertainty. 

 

Figure 14 Supply air temperature trend for normal 

operation under 20% uncertainty 

The comparison of VAV box damper position 

 

Figure 15: VAV damper of zone 1 trend for normal 

operation under 10% uncertainty. 

 

Figure 16: VAV damper of zone 1 trend for normal 

operation under 20% uncertainty. 

Fault Detection and Diagnosis Result 

By using the database generated by the co-simulation, the 

above-mentioned FDD algorithm is developed and tested. 

The FDD method are tested by using the randomly 

selected samples in the test set of normal operation and 

each fault conditions. The result of FDD under 10% and 

20% uncertainty levels are shown in Table 3 and  

True 

Fault 

Predicted candidate fault 

Fault 

free 

Fault 

1 

Fault 

2 

Fault 

3 

Fault 

4 

No-

fault 
96% 0 4% 0 0 

Fault 1 0 100% 0 0 0 

Fault 2 60% 0 40% 0 0 

Fault 3 0 0 22% 78% 0 

Fault 4 6% 0 0 0 94% 

 

Table 4, respectively. 

Table 3: FDD result of 10% variation scenarios.   

True 

Fault 

Predicted candidate fault 

Fault 

free 

Fault 

1 

Fault 

2 

Fault 

3 

Fault 

4 

No-

fault 
96% 0 4% 0 0 

Fault 1 0 100% 0 0 0 

Fault 2 60% 0 40% 0 0 

Fault 3 0 0 22% 78% 0 

Fault 4 6% 0 0 0 94% 

 

Table 4: FDD result of 20% variation scenarios.  
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True 

Fault 

Predicted candidate fault 

Fault 

free 

Fault 

1 

Fault 

2 

Fault 

3 

Fault 

4 

No-

fault 
92% 0 1 0 0 

Fault 1 0 100% 0 0 0 

Fault 2 76% 0 22% 2% 0 

Fault 3 6% 0 44% 44% 6% 

Fault 4 12% 0 14% 0 74% 

From the result above, we can find that the FDD method 

can effectively diagnose fault 1, fault 3 and fault 4 from 

the normal operation condition under 10% uncertainty 

level. But the method is not sensitive to distinguish the 

sample of fault 2 from the samples of normal operation, 

which will lead to the missing alarm. For the FDD result 

under 20% uncertainty level, we can find that the FDD 

method can still effectively diagnose Fault 1 from normal 

operation, however, the diagnostic accuracies for fault 3 

and fault 4 is reduced, especially for fault 3. Comparing 

the results under 10% and 20% uncertainty levels, we can 

see that the method become less sensitive to the severity 

level, which make the system have a higher probability to 

mistakenly predict fault 2 as normal operation, as well as 

underestimate the severity level of the fault 3, even though 

the method can still locate the fault 3 to the chilled water 

valve.  

To analyse the results, the average internal distance 

between samples in same cluster and the average external 

distance from the samples in one cluster to the samples in 

other clusters are calculated by Eq (2) and Eq (3).  

d𝑎𝑣𝑒_𝑖𝑛𝑡 =  
1

𝐶𝑛
2 ∑‖𝑿𝒊 − 𝑿𝒋‖

2
, (𝑖, 𝑗 = 1,2, … , 𝑛;  𝑖 ≠ 𝑗)  (2) 

dave_ext =  
1

𝑛𝑚
∑‖𝑿𝒊 − 𝑿𝒋‖

2
, (𝑖 = 1,2, … , 𝑛 𝑎𝑛𝑑 𝑗 =

1,2, … , 𝑚)                             (3) 

The calculation results for 10% uncertainty level are 

shown from Figure 17 to Figure 21. 

 

Figure 17: Average distance from Non-Fault condition 

under 10% uncertainty level. 

 

Figure 18: Average distance from Fault-1 condition 

under 10% uncertainty level. 

 

Figure 19: Average distance from Fault-2 condition 

under 10% uncertainty level. 

 

Figure 20: Average distance from Fault-3 condition 

under 10% uncertainty level. 

 

Figure 21: Average distance from Fault-4 condition 

under 10% uncertainty level. 

Based on the result, the average internal distance of 

normal operation, fault 1, fault 3 and fault 4 has relatively 

significant difference to the external distances to other 

clusters. It indicates that the fault condition is the main 

factor to shape the corresponding data sample. However, 

the average internal distance of fault 2 is similar to the 

external distance between fault 2 and the normal 

operation. It explains the reason why the algorithm cannot 

diagnose fault 2 from the normal operation. The real 

measured data also reflects the situation. We can see that 

the chilled water valve rarely moves to a position over 

80% open in the normal condition from Figure 9,. 
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Therefore, even the chilled water valve cannot reach over 

80% in fault 2 condition, the difference between the 

normal operation and faulty operation is very slight. 

For the result shown in Figure 22 which is the average 

distance from fault 3 under 20% uncertainty level, we can 

find that the average internal distance of fault 3 becomes 

closer to the external distance between fault 3 and fault 2 

along with the increasing uncertainty level. That is the 

reason why the method cannot distinguish the samples of 

fault 3 from the samples of fault 2.  

This comparison shows that the performance of an FDD 

algorithm may have different performance under different 

building usage condition. Therefore, the validation of an 

FDD algorithm based on a single standard usage database 

is not generic enough to evaluate the FDD algorithm.     

 

Figure 22: Average distance from Fault-3 condition 

under 20% uncertainty level. 

Conclusion  

In this study, a co-simulation model is developed which 

integrating building energy model and Modelica-based 

AHU system model. The model considers the variation 

and uncertainties of building usage and is able to capture 

the response of the components in the HVAC system to 

its corresponding building usage. The co-simulation 

model can provide a reliable database to evaluate the FDD 

algorithm under specific building operation. Four faults 

scenarios and normal operation scenario are developed 

and tested in the quantitative system model under 10% 

and 20% building operation uncertainty levels. The 

results show that an FDD algorithm may have different 

performance under different building usage condition. 

Therefore, it is not sufficient to evaluate the FDD 

algorithm based on a single standard database. Standing 

on this point of view, to use a quantitative co-simulation 

model to generate the database to evaluate FDD algorithm 

can not only provide the clear labelled data, but also 

capture the variation of building usage. 
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Figure 23: HVAC model in Dymola. 
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Abstract

In this study, a new methodology to evaluate the im-
pact of heat pump’s operating faults on its perfor-
mance and the building energy consumption is pro-
posed. In a first approach, a single operating fault -
the evaporator fouling, is studied. In order to ana-
lyze all possible evolutions of the evaporator fouling
at each time step, we use the Petri net approach. It
describes any changes of the evaporator filter from
the state without fault to a state with a specific fault
level. Since it changes, the heat pump performance is
re-assessed by an adapted vapor compression model.
A building simulation model developed by CSTB is
then used to simulate the annual energy consumption,
which includes the evolution of evaporator fouling. It
is illustrated by a case study - a residential house.
At 20% of fault level, the compressor power increases
by 5.5% and 7.3% respectively in heating and cool-
ing mode. This leads, at the end of the first year of
the building simulation, the increase of heating and
cooling power by 1.1% and 0.66% respectively. The
results highlight the possibility of this methodology
for analyzing the impact of the operating fault on
the heat pump performance and the building energy
consumption.

Introduction to the heat pump operat-
ing faults

The heat pump plays an essential role in space heat-
ing and hot water in buildings in France, which
account for 71.5% and 8.7% respectively of energy
consumption in residential sector in 2010 (ADEME,
2012). It is a renewable energy solution providing the
ecological, efficient and economical option.
However, there is always a difference between the heat
pump coefficients of performance (COP): the nominal
value announced by the constructors and the operat-
ing value measured on site. Monitoring 20 heat pump
sites in the residential sector (6 to 15 kW heat pump),
ADEME (2007) established an energy performance
analysis to compare these two values. The average
difference between them is at 19.8%. This difference
is caused by three fault types: design faults, installa-
tion & maintenance faults and operating faults.
First, regarding the design faults and installation &

maintenance faults, Mondot and Benabdelmoumene
(2008) did extensive research about faults containing
system dimension faults, poor material choices, im-
proper installation and misguided maintenance. This
research evaluated statistically their impacts on heat
pump performance. Also, Domanski et al. (2014)
studied seven installation faults of a split residen-
tial heat pump. The results generally showed an
increase in energy use by 30% due to improper in-
stallation practices. In order to prevent these faults,
Afnor (2018) presented the heat pump European
standard regarding the design, calculation, installa-
tion & maintenance guides. It would be helpful to
avoid those faults in practices.
Therefore, a given heat pump is considered to be well-
designed and well installed. In normal working con-
ditions, if any particular piece of a heat pump is un-
able to operate because of the material failures (wear,
breaking, and fatigue), an operating fault could hap-
pen. Concerning the operating faults, Hyvärinen and
Kärki (1996) listed all possible faults, which can oc-
cur during the life cycle of a vapor compression heat
pump. Their statistical analysis showed a big picture
of the causes, the symptoms and the consequences of
each operating fault.
Du et al. (2016) experimented with a split residential
heat pump in the cooling mode under the controlled
laboratory conditions. They used different types of
expansion devices, compressors and refrigerants in or-
der to evaluate some common faults, in which heat
exchanger coil blockage, liquid line restriction and
compressor/reversing valve leakage are the operating
faults. An analysis of the results showed that the fault
intensities, which are more than 15%, lead to a huge
decrease in the COP value. The author also cited
other publications as Kim et al. (2009) and Cho et al.
(2014), which reported similar results. Besides, Yoon
et al. (2011) analyzed these above operating faults on
an 8.8 (kW), split residential heat pump in heating
mode in the environmental chambers. Among them,
evaporator fouling and condenser fouling caused the
greatest performance degradation.
As the operating faults randomly appear during nor-
mal working conditions, fault modeling is not consid-
ered in the design process. There are very few pieces
of research, analyzing the impacts of the operating
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faults on the building energy consumption during the
heat pump’s life cycle. The current building simula-
tion software (BES) does not take into account those
operating faults. There is still a need for coupling a
heat pump model integrating operating faults and a
building simulation model. This coupling will accu-
rately describe the heat pump operation and predict
the system performance and also the building energy
consumption for years.
In this article, we focus on the impact of evaporator
fouling on the performance of a residential heat pump
air/air in cooling mode. We proposed an adapted
fault model in order to study this fault in-depth, to
assess its impact. The life cycle of the heat pump,
integrating the evaporator fouling in BES will be sim-
ulated under the Petri net. Finally, building energy
consumption during one year will be analyzed.

Heat pump and Petri net Model

Evaporator fouling model

The operating faults of heat pump have been taken
into consideration since a long time ago. There are
four different heat pump models presented by Under-
wood (2016) in order to characterize the heat pump
operation with faults. Among them, the steady-
state vapor compression model and a fitted regression
model are found mostly in the literature. The first
approach uses the inputs that can be collected from
the manufacturer’s data while the second approach
uses the experimental data. This, a fitted regression
model appling the experimental results and for a spe-
cific machine, could give a good result for the simu-
lation which uses the same experimental conditions.
It is limited for other applications, that is the reason
we chose a simplified steady-state vapor compression
model, which can describe mathematical heat pump
operation explicitly. It is less precise than a fitted
regression model, but there is no need to specify an
experimental device.
The following variables are assumed, or can be col-
lected from the manufacturers’ data, which can be
found in the Fig.1.

• Qint: The energy demand in the building

• Tint, Text: The air interior and air exterior tem-
perature

• ∆TEVa, ∆TCDa: The air drop temperature (a)
across the evaporator (EV) and the air rise tem-
perature (a) across the condenser (CD)

• ∆TEVar, ∆TCDar: The pinch temperature - The
temperature difference between the outlet air
temperature (a) of the evaporator (EV) or con-
denser (CD), and the refrigerant temperature (r)
respectively

ΔTEVar 

ΔTEVa

TEV

Ts,int

Tint

S [m2]

T [0
C]

Air

Refrigerant

SEV

ΔTCDar

ΔTCDa

Text

Ts,ext

TCD

S [m2]

T [0C]

Air

Refrigerant

SCD

CP

Evaporator (EV)

SH

SC

CompressorExpansion 

valve

Condenser (CD)

EX

Qint

Figure 1: Theoretical temperature evolution of heat
pump in the cooling mode (Bouteloup et al., 1997).

The evaporating and condensing temperatures in the
cooling mode are calculated:

TEV = Tint − (∆TEVa + ∆TEVar) (1)

TCD = Text + (∆TCD + ∆TCDar) (2)

With these two evaporating TEV and condensing tem-
peratures TCD, the refrigerant characteristics (tem-
perature T , pressure p, enthalpy h, entropy s, va-
por quality x) through four principal components are
defined by following the refrigerant evolution in the
enthalpy diagram.

TSH = TEV + ∆TSH (3)

ηCPs =
hCPs − hSH
hCP − hSH

(4)

TSC = TCD −∆TSC (5)

Compressor isentropic efficiency ηCPs varies with the
compressor’s type and size. A suggested value is pro-
posed for the split residential heat pump ηCPs = 0.8
(Campbell, 1992). It applies to reciprocating, scroll
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and rotary compressors which are the main types of
compressor currently used in vapor compression heat
pumps of small to medium capacity.
The refrigerant mass flow rate qmr and the compres-
sor power W are calculated as follows.

• The mass flow rate of refrigerant:

qmr =
Qint

hSH − hEX
(6)

• The compressor power:

W = qmr(hCP − hSH) (7)

• The coefficient of performance:

COP =
Qint

W +Waux
(8)

Several factors will affect the efficiency of a heat
pump, in which auxiliary equipment is one of the
most critical factors. In this study, its power is
estimated at approximately 10% of energy de-
mand (Underwood, 2016).

During the evaporation, if the coil is frosted or dirty
due to environmental dust, malfunctioning or burned
out defrost component (heater, timer, motor), the
evaporator is partially blocked, and only some air
flow across the evaporator (Fig.2). The air flow will
be decreased in the relation of the ratio of the fault-
imposed air mass flow rate to the no-fault air mass
flow rate, which is showed in the Eq.9. This ratio is
presented as 1−F , with F is a fault level.

qv
qv0

= 1− F (9)

Figure 2: The impact of the evaporator fouling on the
airflow.

The evaporator power is also calculated from the air-
side.

Qint = QEV = ρcpqv∆TEVa (10)

This equation does not take into account the con-
densation in the cooling mode. In case of evaporator
fouling (the airflow qv decreases), in the interest of
maintaining the energy demand, Qint, the temper-
ature drop across the evaporator ∆TEVa would be
higher than the one without fault. According to the
fault level and regarding the Eq.1, the evaporating
temperature goes down. Following the calculation
process from Eq.1 to Eq.8, the compressor power W
and the COP value are re-assessed.

Comparison result between simulation and ex-
periment

This proposed model is compared to the regression
model developed by Cho et al. (2014). They stud-
ied nine different operating faults on a single-speed,
split heat pump with a cooling capacity of 8.8 kW.
The heat pump performance is characterized in the
cooling mode under various single fault conditions,
different fault levels and indoor and outdoor temper-
ature conditions. Among six key performance param-
eters as the coefficient of performance (COP), total
capacity, refrigerant-side capacity, sensible heat ratio,
outdoor unit power, and total power, we chose a rep-
resentative value of the COP to compare with. For
the purpose of this study, we simulate the evaporator
fouling under the same experimental conditions (the
cooling capacity, and the interior and exterior tem-
perature).
From the compared results, the maximum difference
between the COP value from the simulation model
and the experimental model is 2.4% under the con-
dition of the interior and exterior air temperature of
21.10C and 27.80C respectively. It is showed in the
Fig.3. As can be seen, an overall good agreement be-
tween those differences is observed, so that we could
use this steady-state vapor compression model in or-
der to simulate the performance of different kinds
of the heat pump under different conditions with or
without operating faults.

0,84

0,86

0,88

0,9

0,92

0,94

0,96

0,98

1

-50 -40 -30 -20 -10 0

C
O

P
/C

O
P

0

Fault level (%)

Experiment Simulation

Figure 3: The COP evolution of a heat pump in cool-
ing mode Tint = 21.10C and Text = 27.80C.
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Integration of single fault model in the life cy-
cle with Petri net model

Concerning the fault occurrence model, Noyes and
Pérès (2007) did extensive research on fault modeling
methods as the statistical methods and the dynamic
stochastic methods. They analyzed the advantages
and drawbacks of each method. Among them, the
Petri net shows several advantages over others due
to its flexibility and effectiveness. There are many
applications of Petri net in many engineering fields
as railway tracks (Andrews, 2013), bridges (Le and
Andrews, 2016), wind turbines (Leigh and Dunnett,
2016), and building facades (Ferreira et al., 2018).
Why do we not apply this Petri net approach to an-
alyze the impact of the evaporator fouling on heat
pump performance?
According to the proposed Petri net model from the
previous research (Vo et al., 2018), which showed
graphically all possible operating faults of a heat
pump, we chose the evaporator fouling of a split res-
idential heat pump air/air in this study. According
to the field note from one technician from CETIAT
regarding the evaporator fouling of a residential heat
pump air/air, we could suppose that after 1000, 2000,
3000 hours operating of the heat pump, the evap-
orator is fouled at 5%, 10% and 20% respectively
(Choup, personal communication, 2018). The evapo-
rator fouling simulated by the Petri net model is il-
lustrated in Fig.4. It shows a directed bipartite graph
presented by the places and the transitions, which are
linked by directed arcs.
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Figure 4: The evolution of an evaporator fouling of a
heat pump without maintenance.

• Place (P ): This Petri net model composed four
places P0 to P20, which represent one of the four
states that characterize the degradation condi-
tion of the filter of an evaporator. The index of
a place corresponds to the fault level. For exam-
ple, the place P0 represents the fault level F = 0,
and so on.

– Normal state means there is no fault on the
evaporator filter

– Fault level F = 20% state indicates that the
ratio of the fault-imposed airflow rate to the
no-fault airflow rate is 20%

• Transition (T ): The transitions T5 to T20 rep-
resent the required condition for the evaporator
filter to progress to the next fault level state.
The index of a transition corresponds to the fault
level of next state. For example, the transition
T5 represents the conditions, which cause the

fault level F = 5, and so on. There is at least
one condition for each transition:

– Predicates (?) describe a fired condition un-
der the form of a mathematical formula,
which can be true or false

– Assertions (!) update variables as transi-
tions are drawn

• Directed arc (−→) represents an input or output
direction of a transition. By default, its capacity
is one.

• Token (•) located in the places represents the
current component state

Concerning the fired process, a transition could be en-
abled if the number of tokens in input places is equal
to the arc capacity. When fired, the tokens from the
input places are taken and then distributed to output
places. The component state is changed, or in other
words, the dynamic behavior of the system is mod-
eled.
Along the heat pump operation, Petri net describes a
sequence of all possible evolutions of evaporator foul-
ing. In the beginning, the heat pump works without
fault, the filter of the evaporator is in excellent con-
dition, and the token is in the place P0E. If the token
meets the fired condition (after 1000 hours of opera-
tion), the transition T5E is fired, token moves to the
place P5E, and the filter is dirty at 5%. If there is
no intervention from the user or technician, the heat
pump will work with 5% of evaporator fouling fault.
In order to keep the heat pump work at peak effi-
ciency, it should be serviced regularly. The mainte-
nance process is added into the Petri net, which is
showed in the Fig.5.
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... P20

F=20% !m =1

Figure 5: The evolution of an evaporator fouling of a
heat pump with maintenance.

Fig.5 describes the effect of the maintenance on the
evolution of an evaporator fouling. Concerning the
point of maintenance time, according to the mainte-
nance contract (EES, 2017), the filter should be in-
spected and cleaned annually by the technician. If
the user prefers doing the maintenance before the an-
nual maintenance (transition TSE), they will stop the
system PSE. For best results, the cleaning process is
only executed after the unit has been off for at least
five hours (transition TMM) (Heat and Cool, 2015).
When the transition TMM is fired, the token moves
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from the place P0M to the place PMM, which indi-
cates the maintenance intervention. As mentioned
before, there is no fault during the maintenance pro-
cess. The maintenance is done correctly (transition
T0M), the token returns to the stopped state with
the filter in good condition (place P0M). A well main-
tained filter will ensure that the air moves freely and
easily, or the heat exchanger performs well. The tran-
sition T0E is therefore fired, the token returns to the
normal state (place P0E) before restarting its cycle.

Analysis of a heat pump operating fault

In this section, we analyze the impact of the evapo-
rator fouling on heat pump performance. Following
the result comparison from the prior section, we ap-
plied the steady-state vapor compression model under
two priority nominal conditions of heating mode (in-
terior temperature Tint=200C and exterior tempera-
ture Text=70C) and cooling mode (interior tempera-
ture Tint=270C and exterior temperature Text=350C)
(CSTB, 2012).

Figure 6: The enthalpy diagram of a heat
pump air/air in cooling mode (interior temperature
Tint=270C and exterior temperature Text=350C) un-
der the evaporator fouling.

The enthalpy diagram of the refrigerant R410A in
Fig.6 is used in order to show the heat transfer pro-
cess occurring in a heat pump. In the normal working
condition (F = 0%), the heat transfer process follows
the blue line. The saturated vapor enters the com-
pressor suction (point SH in Fig.6). The vapor is com-
pressed, following the isotropic line to the pressure
corresponding to the condensing temperature (point
CP in Fig.6). As mentioned in the previous part,
compressor isentropic efficiency ηCPs is 0.8, the com-
pressor line is therefore modified to be toward the
right-hand side of the isotropic line. Before any con-
densation occurs, the high-pressure vapor must be
brought to a saturated condition (point CP* in Fig.6).
During the condensation, as heat is transferred from
the refrigerant to the air, the refrigerant has been
completely condensed (point SC in Fig.6). Then, the
expansion valve reduces the refrigerant temperature
and pressure to the evaporating temperature (point
EX in Fig.6). The refrigerant quality has increased
at the evaporator inlet. A mixture of saturated liq-
uid and vapor goes through the evaporator. At the

moment this mixture is totally saturated, the cycle
continues from the point SH in Fig.6.
If there is an evaporator fouling with F = 30% in the
heat pump in cooling mode, the heat transfer pro-
cess follows the green line. As we can see from the
diagram, the compressor operates with more energy,
which leads to a decrease in the EER of a heat pump.
The simulation results of a heat pump performance
under the impact of the evaporator fouling are showed
in the Fig.7, with the fault level from 0 to 50%.
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Figure 7: The impact of the evaporator fouling on
the performance of a heat pump air/air in heating
mode (interior temperature Tint=200C and exterior
temperature Text=70C) and in cooling mode (inte-
rior temperature Tint=270C and exterior temperature
Text=350C).

As can be seen from the Fig.7, the heat pump model
quantified the impact of the filter on the heat pump
performance through two values of the COP/EER
and the compressor power W . In cooling mode, if
the filter is fouled at 20%, the EER decreases 4% and
the compressor power increases 7.3%. The dirtier the
filter is, the greater the decrease in COP value and
the greater the increase in compressor power.

Figure 8: The tested residential building, MOZART.

For the research needs, a typical French residential
building MOZART (CSTB, 1995) was selected and
modeled in a building simulation over the course of
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one year, which is showed in the Fig.8. The house has
eight windows. The thickness of the wall and ceiling
is set to 20 (cm).
By using the coupling of 3 models from the steady-
state vapor compression model, the Petri net and
the building simulation COMETh, the impact of the
evaporator fouling on the annual energy consump-
tion in a building is simulated, which corresponds to
the increase of fault level. The simulation results are
showed in Fig.9.
Fig.9 shows the energy consumption during the first

year simulation of the building under the impact of
the evaporator fouling. The lower and middle dia-
gram shows the heating and cooling energy in a build-
ing without operating fault, in every hour and every
day respectively. The energy consumption is illus-
trated under the color variation from dark (more en-
ergy use) to light (less energy use) color. The upper
one shows the power difference due to the evapora-
tor fouling fault with the Petri net application. The
evaporator fouling is considered as an operating fault
if the fault level F is more than 10% (Bouteloup et al.,
1997), which means we do not take into account the
fault level F = 5%, so the heat pump operates with-
out fault until the point of time t = 5490 (hours) or
until 17th August. Then, during the next 1000 oper-
ation hours, the heat pump will work with the fault
level F = 10%. At a point of time t = 8192 (hours) or
on 08th December, the fault level of the evaporator fil-
ter increases to F = 20%. At the end of the first year
simulation, the energy consumption for heating and
cooling increases by 1.14% and 0.66% respectively.

Conclusions

This research presents a methodology to study the in-
fluence of the operating faults, especially the evapora-
tor fouling, on the performance of the split residential
heat pump air/air and the energy consumption of the
building under the Petri net approach. The simula-
tions are based on a steady-state vapor compressor
model by integrating the operating faults, the Petri
net treating the evolution of the fault level, and the
building annual simulation COMETh. The following
conclusions can be drawn:

• The validation study of the heat pump model
shows that we can apply the steady-state vapor
compressor model to simulate a real operation of
a heat pump in different conditions by integrat-
ing the operating faults.

• The impact of evaporator fouling on the perfor-
mance of the heat pump was presented. In cool-
ing mode, if the filter is fouled at 20%, the EER
decreases 4% and the compressor power increases
7.3%. The dirtier the filter is, the greater the de-
crease in COP value and the greater the increase
in compressor power.

• A Petri net model shows a general picture of
the evaporator fouling’s evolution throughout its

life cycle. It contains all possible evolutions of
the evaporator fouling with or without the main-
tenance process. The graphic representation of
Petri net describes the problem intuitively. The
Petri net model provided consistent inputs to the
building simulation and the overall building per-
formance assessment.

• The coupling of 3 computed models (the steady-
state vapor compression model, the Petri net and
the building model) could evaluate and quantify
the impact of the operating fault not only on the
heat pump performance but also on the building
energy consumption. At the end of the first year
simulation, the energy consumption for heating
and cooling increases by 1.14% and 0.66% re-
spectively.

The primary goal of this article is to detail a new
methodology to evaluate the impact of heat pump’s
operating faults on its performance and the build-
ing energy consumption. It is essential to mention
the limitations of the current study, which should be
addressed in future research. This study performed
a simple operating fault as evaporator fouling. Fur-
ther research should expand to study the other com-
mon operating faults of the heat pump. Moreover,
it should focus on the ability of the new methodol-
ogy in analyzing the impact of all operating faults
together on the heat pump’s performance and the en-
ergy building consumption.

Nomenclature

A Area m2

F Fault level %
Q Heat transfer rate W
T Temperature K
W Compressor power W

cp Specific heat at constant pressure kJ/kgK
h Enthalpy kJ/kg
qm Mass flow rate kg/s
qv Air flow m3/h
ρ Density kg/m3

ηCPs Compressor isentropic efficiency

Subscripts

a air i inlet
aux auxiliary components ini initial
CP compressor o outlet
CD condenser r refrigerant
EV evaporator SC super cooling
EX expansion valve SH super heating
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Figure 9: The impact of the evaporator fouling on the energy consumption of building.
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Abstract 

A deviation between the calculated and the measured data 

of energy use in buildings (known as performance gap) 

has been extensively reported. The aim of this study is to 

identify the underlying causes of the deviation between 

the measurements and simulation data of the temperature 

profiles in a test cell facility located in Trondheim, 

Norway. Simulated and measured temperatures were 

compared and the occupants’ feedback was analysed in 

detail. The results show that the deviation between the 

simulations and the measurements was smaller for the air 

and operative temperature than that for the surface and 

mean radiative temperature. The underlying reasons for 

the deviations can mainly be attributed to the missing 

ability to consider temperature stratification and the use 

of constant air velocity in the simulation program, and 

errors in splitting global horizontal radiation in its direct 

and diffuse components. 

Introduction 

The advancements of computational power and large 

availability of software in the field of building energy 

performance simulations (BEPS) has made simulation 

tools an important part of the building planning and 

design process over the last few decades (Clarke and 

Hensen, 2015). The building construction sector is 

responsible for ca. 36% of global final energy use and ca. 

39% of energy-related carbon dioxide emissions (Kibert, 

2016). Therefore, the interest in green and sustainable 

buildings is steadily increasing. Moreover, many national 

building codes in the EU have been set consecutively to 

higher energy standards (Berardi, 2017). To meet these 

requirements, BEPS tools are often used in the design 

process. Validation processes containing test cases are 

used to ensure accuracy and conformity between different 

BEPS tools, as for example in ASHRAE Standard 140-

2014 (American Society of Heating, Refrigerating and 

Air-Conditioning Engineers, 2014). However, a vast 

number of publications reported significant deviations 

between simulations and measurements, known as 

performance gap (van den Brom et al., 2018; Dyrstad 

Pettersen, 1994; Majcen et al., 2013; Thomsen et al., 

2017).  

There are several explanations for this gap, and one of the 

most critical underlying causes appears to be occupant 

behaviour (van Dronkelaar et al., 2016). Energy-related 

occupant behaviour encompasses adjusting thermostat 

settings, opening and closing windows, switching or 

dimming the luminaires, and operating shading and 

HVAC systems. Additionally, behavioural adaptations 

such as clothing adjustments, consumption of drinks, and 

changes of the activity level impact the individual 

comfort, thus influencing the occupants’ energy-related 

behaviour and the building energy use (Hong et al., 2016). 

The modelling of occupant behaviour is therefore 

regarded to be of particular interest in both residential and 

office buildings (Ahn et al., 2017).  

According to Imam et al. (2017), scientific literature does 

not indicate a tendency by building professionals such as 

architects, engineers and sustainability experts to be 

critical on their own work. This lack of self-reflection, 

therefore, introduces an entirely new dimension to the 

problem of the performance gap. In Imam et al.’s case, a 

factor of 2.4 between the lowest and the highest annual 

heating energy use was reported, which was simulated by 

108 experts with different education and experience. The 

variation of the simulated energy use ranged between +18 

% and -50% of the validated model of the test case. It 

would seem that too much trust is given to the results of 

energy simulations with respect to their reliability and the 

accuracy of depicting real scenarios (Imam et al., 2017). 

The validation of building thermal simulations can be 

classified according to different criteria such as the 

approach used in each case, the quality of experimental 

data, and the building use (Mateus et al., 2014). Judkoff 

et al. (1982) define three different validation approaches: 

analytical, empirical, and code-to-code comparison. 

In empirical validation processes, simulation results are 

compared to test cells or experimental field data. A test 

cell typically consists of one room, well insulated from its 

surroundings except for one wall exposed to real weather 

conditions (Loutzenhiser et al., 2009). Such a validation 

process is based on the comparison between single 

measured and simulated data points in a large multi-

dimensional parameter space. Despite high-quality data 

acquisition and exact knowledge of the input values, 

uncertainties remain. 

Ryan and Sanquist (2012) proposed an additional 

criterion to minimize some of the uncertainties of the 

simulation model, such as those connected to the building 

envelope parameters. They differentiated between 

idealized and realistic validations. Idealised validation 

studies aim to validate the coupled physics and the 

modeller’s assumptions that go into the model. 
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Unoccupied test cells are commonly used to simplify the 

boundary conditions of the simulation model to isolate the 

effects of specific building features. On the other hand, in 

realistic validation studies, simulation results are 

compared to metering data from actual residential or 

commercial buildings. Differently, a classification may be 

made based on whether the investigated object is a free-

running building or has active temperature controls. In the 

final two examples, real users are exposed to real-life 

conditions. 

Research goals 

This analysis presents an empirical validation of BEPS 

simulations. High-quality experimental data were 

compared with the results from the BEPS tool IDA Indoor 

Climate and Energy (IDA ICE) (Bring et al., 1999). The 

code is used for calculating air and operative temperature 

in the zone, surface temperatures of the envelope, air 

flows to and from the zone via mechanical and natural 

ventilation and thermal comfort indices. It is validated 

against several test cases (Loutzenhiser et al., 2007; Equa 

Simulation AB and Equa Simulation Finland Oy, 2010; 

Equa Simulation AB, 2010; Kropf and Zweifel, 2001). 

Different indicators are used to evaluate the performance 

gap between the simulation model and the measured data. 

These are the percentage error, the coefficient of variance 

of the root mean square deviation CV(RMSD), the 

difference between the predicted daily maximums, and 

the coefficient of determination of the linear regression 

R2.  

The simulation model of the ZEB Test Cell Laboratory 

was created and calibrated by Brozovsky et al. (2018a; 

2018b) and has been further improved during this study. 

The objectives of this study are:  

• Compare the simulated temperature profiles with 

the measurements and identify the underlying 

reasons for the resulting deviations. 

• Analyse the deviation between the predicted 

simulated thermal comfort (in IDA ICE) and the 

predicted measured thermal comfort. 

• Compare the results from both the predicted 

simulated and the measured thermal comfort 

with the actual Thermal Sensation Votes and 

thermal acceptability votes given by the 

occupants.  

Adaptive thermal comfort models, such as those used in 

ASHRAE Standard 55 (American Society of Heating, 

Refrigerating and Air-Conditioning Engineers, 2013) and 

in EN 15251 (European Committee for Standardization, 

2007), are based on the assumption that building 

occupants achieve thermal comfort through behavioural 

adjustment and environmental control (e.g. clothing 

changes, operating windows, fans, radiators, etc). 

According to these models, contextual factors and the past 

thermal history of the occupants influence the occupant's 

thermal satisfaction and preference (Halawa and van 

Hoof, 2012; de Dear and Schiller Brager, 2001). 

Method 

Experimental setup 

A group of 10 participants with varying age (20 to 60 

years old), gender (3 males, 7 females) and ethnicity 

(North, Central and South Europe, Middle East and Asia) 

used the ZEB (Research Centre on Zero Emission 

Buildings) Test Cell. Each participant sat in the Test Cell 

for at least 5 hours per day and primarily doing paperwork 

on a personal computer. Information regarding the scope 

of the experiment was given to the participants before the 

experiment. Specifically, they were instructed to use the 

test cell as their working space and to do as much as they 

could to maximize their comfort. To reproduce a typical 

office setting, an office desk, a reclining office chair, a 

sofa, and a plant were placed the cell. The participants 

were asked to answer a questionnaire for reporting their 

perceived thermal comfort, environmental conditions 

associated with thermal comfort and comfort in general, 

such as lighting, clothing, and number and reasons for 

breaks. Interviews were repeated after the informant had 

completed their period in the test cell. The interview 

summarised the informant’s experience of thermal 

comfort within the facility and highlighted actions and 

events that had implications for measurements. 

Concurrently, measurements of the indoor air, radiative, 

and surface temperature, and heating energy use in the 

working space were taken. In addition, the use of 

windows, sun shading, and doors were recorded. The 

experiment lasted from April 30th, 2018 until May 25th, 

2018 in the Cell A (Figure 1).  

 

Figure 1: ZEB Test Cell Laboratory on the NTNU 

campus in Trondheim, Norway, viewed from the South 

(Photo: Nicola Lolli). 

Experimental facility 

The ZEB Test Cell Laboratory is located at the Norwegian 

University of Science and Technology (NTNU) in 

Trondheim, Norway (Goia et al., 2017). The facility is 

constituted by two identical cells the size of a typical 

single person office room (W x L x H): 2.4 m x 4.2 m x 

3.3 m. The layout of the windows installed in the ZEB 

Test Cell Laboratory for the experiment described in this 

paper is shown in Figure 2.  

Each window has dimensions (W x H) 2.018 m x 2.088 m 

and is constituted of four glazed units. The specifications 

are summarized in Table 1. Units 1 and 4 are fixed, unit 3 
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is manually controlled and can be opened or tilted. Unit 2 

is motorized, and the tilting was automatically controlled 

by the main acquisition and control system according to 

the internal temperature of the room.  

 

Figure 2: Layout of the test cell window. 

Table 1: Specification of the test cell windows. 

Window Part Areas 

Total window area 4.57 m² 

Total glass area 3.35 m² 

Total frame area 1.22 m² 

Frame fraction 27% 

Composition of glazing unit (inside to outside) 

Glass with low-e coating 4 mm 

Argon filling 16 mm 

Clear glass 4 mm 

Argon filling 16 mm 

Glass with low-e coating 4 mm 

g-value 0.38 

Visible light transmittance 0.59 

U-value (glass) 0.62 W/(m2K) 

U-value (frame) 1.45 W/(m2K) 

U-value (window) 0.84 W/(m2K) 

Shading factor 0.11 

The same system controlled the ceiling-mounted lights, 

the mechanical ventilation air-flow and temperature, and 

the solar shading were controlled by the main acquisition 

and control system. Cameras were used to record the 

participants' presence and clothing factor every minute. 

The room’s mechanical ventilation airflow and 

temperature were not user-controlled not user-controlled 

to replicate a setting typical of HVAC operation in office 

buildings. Cell heating was provided with a water-based 

radiator connected to the ZEB Test cell's warm water 

loop, and the inlet water temperature was kept stable at 

35°C.  

The water flow entering the radiator was controlled by a 

thermostatic. The thermostatic valve was kept at a fixed 

position of ~21°C. The surface temperature of the internal 

wall was measured by several K-type thermocouples. The 

air temperature was measured with three Pt100 

thermometers mounted on racks at different heights 

following the recommendation of ISO 7726:1998 

(International Organization for Standardization, 1998). 

The radiant temperature of the room was measured by a 

black globe thermometer mounted on the rack by the side 

of the office desk. Three omnidirectional hot-wire 

anemometric probes were installed next to the three Pt100 

thermometers. The illuminance sensor was placed on the 

window-side of the office desk, to trigger the deployment 

of the automatic shading as soon as direct sunlight was 

hitting the desk. The ceiling-mounted lights were 

operated by the system in response to the illuminance 

measured on the desk according to the following logic: 

a) If the 1-minute-averaged illuminance at the 

sensor was higher than 1500 lux, the ceiling 

fluorescent lights were switched off. 

b) If the 1-minute-average illuminance at the 

sensor was between 600 lux and 1500 lux, no 

action was taken. 

c) If the 1-minute-average illuminance at the 

sensor was below 600 lux, the ceiling 

fluorescent lights were switched on. 

The motorized top window was operated according to the 

average value of the air temperature registered by the 

PT100 thermometers, according to the following logic: 

a) If the 1-minute average air temperature at the 

three PT-100 is higher than 25 ˚C, the window 

is opened. 

b) If the 1-minute average air temperature at the 

three PT-100 is between 21 ˚C and 25 ˚C, no 

action is taken by the computer. 

c) If the 1-minute average air temperature at the 

three PT-100 is lower than 21 ˚C, the window is 

closed. 

The motorized sun shading, mounted outside the window, 

was operated according to the same parameter used to 

control the ceiling lights, according to the following logic: 

a) If the 1-minute average illuminance at the 

sensor is higher than 3000 lux, the screen is 

lowered. 

b) If the 1-minute average illuminance at the 

sensor is between 600 lux and 3000 lux, no 

action is taken by the computer. 

c) If the 1-minute average illuminance at the 

sensor is below 600 lux, the screen is fully 

opened. 

The participants' thermal satisfaction and thermal 

sensation votes (TSV) were obtained from computer-

based questionnaires that were filled in every 30 minutes. 

In the questionnaires, the participants reported their TSV 

and thermal acceptability by using a 7-point scale (from 

Hot to Cold) and a 4-point scale (from Clearly acceptable 

to Clearly unacceptable), respectively.  
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Numerical setup 

The model consists of the test cell, surrounded by three 

zones. One adjacent to the test cell ceiling, one to the 

interior walls, and one to the test cell floor (see Figure 3). 

Those zones contain ideal heating and cooling elements. 

This way, the measured temperatures from the experiment 

can be used as an input file (like a schedule) for the 

simulation model. The cell is actually surrounded by only 

one room but splitting it up into three rooms enables 

setting different temperatures in these zones. This is 

especially important as the measured temperature 

stratification in the guard volume can be more easily 

included in the simulations and be more accurate. The 

outermost box represents the so-called “building 

volume”. Only walls of the inner boxes that are adjacent 

or very close to the outer box are treated as external. This 

is only true for the south-facing façade. 

 

Figure 3: Screenshot  showing the simulation model of 

the ZEB Test Cell Laboratory. 

Input files have also been used to integrate the boundary 

conditions and user behaviour in the simulation model. 

These files include the times and number of people 

present in the cell as well as their metabolic rate and 

clothing, operation of the window, blinds and doors, 

recorded by the sensors, supply air flow and temperature 

from the ventilation system, water mass flow and 

temperature in the radiator, operation of artificial lighting, 

air temperatures in the guard volume, and data from the 

weather station used as boundary conditions for the cell 

envelope. Furthermore, the users’ computers, the 

technical equipment and the lights inside the cell have 

been added as internal loads. Air velocity inside the test 

cell was set to the average of the measured, which was 0.1 

m/s.  

The operative temperature top (see eq. 1) and mean radiant 

temperature tmrt (see eq. 2) are calculated according to ISO 

7726:1998, where va is the air velocity in m/s, ta the air 

temperature in °C, and tg the globe temperature in °C. The 

globe thermometer is represented with its emissivity εg 

and diameter D. 

𝑡𝑜𝑝[°𝐶] =  
𝑡𝑚𝑟𝑡 + 𝑡𝑎 ∙ √10 ∙ 𝑣𝑎

1 + √10 ∙ 𝑣𝑎

 (1) 

𝑡𝑚𝑟𝑡[°𝐶] = [(𝑡𝑔 + 273)
4

+
1.1 ∙ 108 ∙ 𝑣𝑎

0.6

𝜀𝑔 ∙ 𝐷0.4
. (𝑡𝑔

− 𝑡𝑎)]

1
4

− 273 

(2) 

The following parameters were used in the qualitative 

evaluation of the results: 

The error percentage is calculated by normalizing the 

difference between simulated (Simi) and measured 

(Measi) temperatures of each time step i with the total 

variation in temperature during the measurement period, 

expressed by the difference between maximum (Measmax) 

and minimum (Measmin) measured temperature (see eq. 

3). This normalization was done because larger variations 

in the simulated dataset are expected to lead to higher 

deviations in simulated temperature, but not in 

normalized difference.  

𝐸𝑟𝑟𝑜𝑟[%] = 100% ∙  ∑ |
𝑆𝑖𝑚𝑖 − 𝑀𝑒𝑎𝑠𝑖

𝑀𝑒𝑎𝑠𝑚𝑎𝑥 − 𝑀𝑒𝑎𝑠𝑚𝑖𝑛
|

𝑛

𝑖=1

 (3) 

The coefficient of variation of the root mean square 

deviation CV(RMSD) is calculated using eq. 4, where n 

is the number of time steps and 𝑀𝑒𝑎𝑠̅̅ ̅̅ ̅̅ ̅ the mean value of 

measurements. 

𝐶𝑉(𝑅𝑀𝑆𝐷)[%] = 100%

∙

√(∑ (𝑆𝑖𝑚𝑖 − 𝑀𝑒𝑎𝑠𝑖)2𝑛
𝑖=1 )/𝑛

𝑀𝑒𝑎𝑠̅̅ ̅̅ ̅̅ ̅
 

(4) 

Eq. 5 displays the average error of daily maximum 

temperatures Emax, where nd is the number of days, and 

Simd,max and Measd,max the respective daily maximum 

temperature. 

𝐸𝑚𝑎𝑥[%]

= 100% ∙
(∑ |𝑆𝑖𝑚𝑑,𝑚𝑎𝑥 − 𝑀𝑒𝑎𝑠𝑑,𝑚𝑎𝑥|)/𝑛𝑑

𝑖=𝑖
𝑛𝑑

𝑀𝑒𝑎𝑠𝑚𝑎𝑥 − 𝑀𝑒𝑎𝑠𝑚𝑖𝑛
 

(5) 

The coefficient of variation of the root mean square 

deviation enables the determination of how well a model 

fits measurement data. While using an average value of 

the above presented error percentage would lead to the 

cancellation effect, where positive bias compensates for 

negative over the investigated period, the CV(RMSE) 

overcomes this problem by squaring. It is normalized by 

the mean value of measurements.  

The predicted thermal acceptability limits (in ºC) of the 

occupied environment were calculated by using the 

ASHRAE Standard 55 model: 

𝑈𝑝𝑝𝑒𝑟 80% 𝑎𝑐𝑐𝑒𝑝𝑡. 𝑙𝑖𝑚. = 0.31 ∙ 𝑡�̅�𝑚𝑎 + 21.3 

𝐿𝑜𝑤𝑒𝑟 80% 𝑎𝑐𝑐𝑒𝑝𝑡. 𝑙𝑖𝑚. = 0.31 ∙ 𝑡�̅�𝑚𝑎 + 14.3 

𝑡�̅�𝑚𝑎 = (1 − 𝛼) ∗ [𝑡𝑎(𝑑−1) + 𝛼𝑡𝑎(𝑑−2) + 𝛼2𝑡𝑎(𝑑−2)

+ ⋯ ] 

(6) 

 

(7) 

Where the tpma is the prevailing mean outdoor 

temperature, ta is the daily mean outdoor temperature, d is 

the reference day, and α is a correction factor. 
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Results and discussion 

Temperatures 

Figure 4 and Figure 5 show the measurement and 

simulation results of air and operative temperature in Cell 

A during the first week of the experiment. The lower 

curve in the figures shows the percentage error in each of 

the 1-min time steps. The highest deviations between 

simulated and measured values coincide with the daily 

temperature maximum, and in one case (May 3rd) also the 

temperature minimum (see Figure 5). The highest error 

for both air and operative temperature is recorded on April 

30th, reaching 34.6% and 34.7% respectively. The lowest 

daily maximum error occurs on May 1st and reaches 

15.4% and 17.2% respectively. Figure 6 shows the 

measured and simulated mean radiative temperature and 

the measured globe temperature. The highest deviation 

between simulation and measurement occurs on May 2nd 

with 110.1%. Like before, May 1st represents the day with 

the lowest daily maximum error (39.8%). In both, the 

operative temperature and the MRT rapid fluctuations can 

be seen.

 

 

Figure 4: Results for measured and simulated air temperature (top) and error (below) for the first week of the 

experiment. 

 

 

Figure 5: Results for measured and simulated operative temperature (top) and error (below) for the first week of the 

experiment. 
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Figure 6: Results for measured mean radiant temperature (MRT), measured globe temperature,  simulated MRT (top) 

and error between measured and simulated MRT (below). 

 

Figure 7: Measured and simulated operative temperatures, with superimposed 80% acceptability temperature limits 

according to AHRAE Standard 55 and cell occupancy. 

 

Figure 8: Reported thermal acceptability and thermal sensation votes (TSVs). 
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Figure 9: Reported occupants' clothing level and measured windows/door opening and radiator operation. 

 

Figure 10. Measured and simulated operative temperatures against the highest and lowest 80% acceptability limits 

according to ASHRAE Standard 55. 

The differences between the measured and the simulated 

surface temperatures are even higher, with 7.5% for the 

floor, 5.7% for the ceiling and 5.5% for the wall (see 

Table 2). Generally, these deviations were observed to be 

lower at times of no solar irradiation compared to times 

when the sun is shining. In the periods when there is no 

sun and thus no solar gains in the cell, the CV(RMSD) of 

air, operative and mean radiative temperature are 2.0%, 

2.1% and 7.7% respectively. The CV(RMSD) of the floor, 

ceiling and wall surface temperatures are 3.1%, 1.4% and 

1.8% respectively at times of no solar irradiance.  

Table 2: Overview of quality parameters of simulation 

and measurement results. 

Temperature 
CV(RMSD) 

[%] 

R2 

[-] 

Emax 

[%] 

Tmean,s 

[°C] 

Tmean,m 

[°C] 

Air 4.3 0.88 30.0 23.7 23.1 

Operative 3.9 0.81 15.6 24.0 23.8 

Floor surface 7.8 0.68 57.8 24.4 23.1 

Ceiling surface 6.0 0.65 52.1 24.1 23.4 

Wall surface 5.9 0.92 62.0 24.3 23.4 

MRT 15.6 0.00 26.7 24.3 22.0 

With respect to the variation of the error during the 

experiment, the following considerations can be drawn. 

On April 30th and May 2nd, the error percentages reach 

their maximum values of ca. 35 % of both, air and 

operative temperature. In those cases, clear sky conditions 

and relatively low sun angles were recorded and caused a 

large amount of solar gains. Since the pyranometer on the 

roof records only global horizontal radiation and IDA ICE 

requires own data for direct and diffuse radiation, the 

recorded data had to be split to derive the direct and the 

diffuse radiation. The model by Skartveit and Olseth 

(1987) was used for this process since it was developed at 

the University of Bergen specifically for high-latitude 

conditions in Norway. It must be noted that this model is 

based on empirical observations and, therefore, 

uncertainties remain. For this reason, the deviations can 

be partially explained by attributing incorrect fractions of 

direct and diffuse radiation in the IDA ICE model.  

The error given by the floor and the other surface 

temperatures is mainly caused by IDA ICE not being able 

to calculate air stratification. On the other hand, the solar 

radiation coming through the window and mainly hitting 

the floor of the test cell is modelled quite well. During 

sunny days, the simulated floor surface temperature 

surpasses the simulated air and ceiling surface 

temperature like in the measurements. However, when 

there is no solar radiation coming through the window, the 

measured ceiling surface temperature was up to 2 °C 

higher than the floor surface temperature. Since IDA ICE 

treats the zone as one air node with perfectly mixed air, 

the differences between the simulated floor and ceiling 
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surface temperatures were relatively small during the 

times when there was no sun. Some participants also 

complained about the sun hitting the floor and getting too 

warm at their feet and legs since the lux-controlled 

shading system never covered the whole window.  

As the test cell is 3.4 m high, thermal stratification is quite 

pronounced. This is visible especially in the evening of 

May 3rd when the opened window leads to a sharp 

decrease in the indoor air temperature. Since the 

calculated surface temperatures depend largely on the 

calculated air temperature of the zone, the temperature 

drop is visible in simulation results of the cell’s surface 

temperatures. In the measurements, however, the decrease 

in temperature was not visible at the ceiling. This may be 

caused by the higher density of the cooler air coming 

through the window and thus a pronounced stratification 

in the cell with warmer air in the top and cooler air at the 

bottom.  

Although in IDA ICE it is possible to define an own 

stratification index, constantly changing supply air 

volume flows and temperatures (due to technical reasons) 

will always change the way the air is arranging itself in 

the zone. For this study, the stratification index from the 

mentioned previous validation studies was used.  

The rapid fluctuations that can be seen in the measured 

values in Figure 5 and Figure 6 result from the 

dependency of operative and mean radiative temperature 

on the air velocity within the zone (see eq. 1 and 2). While 

during the experiment air velocity was fluctuating over 

time, IDA ICE uses a constant air velocity in the 

simulations. It was set to 0.1 m/s, which is the average air 

velocity measured during the experiment.  

Thermal comfort 

The participants spent a total of 104 hours in Test Cell A, 

from April 30th until May 25th, with an average of 5.5 

hours per day. Figure 7 shows the measured and simulated 

operative temperatures during the first week of the 

experiment (approximately 30 hours of occupied time in 

the cell). The upper and lower 80% temperature 

acceptability limits (derived from ASHRAE Standard 55) 

and the occupancy are superimposed. The adaptive model 

of the ASHARE Standard 55 is valid for the prevailing 

mean outdoor air temperature between 10 ºC and 33.5 ºC, 

and clothing level below 0.7 clo. Since the prevailing 

mean daily outdoor temperature during the first week of 

the experiment was between 4.1 and 7.1 ºC, the authors 

decided to evaluate the operative temperature profiles 

against the lowest valid temperature limit of the ASHRAE 

model (Low 10C and Up 10C, in Figure 7), for 

comparison. On days 30.4, 2.5, and 4.5, both the 

measured and simulated operative temperature exceeds 

the limits during the whole time the cell was occupied 

(grey band in Figure 7). On days 1.5 and 3.5 the measured 

operative temperature remains below the upper limit 

calculated for a 10 ºC prevailing mean outdoor air 

temperature, whereas the simulated operative temperature 

lays above such a limit. Figure 8 shows the occupants 

reported thermal acceptability (-2 = clearly unacceptable, 

1- = just unacceptable, 1 = just acceptable, 2 = clearly 

acceptable) and the TSVs (between the range -2 = cool, 0 

= neutral, 2 = warm). The participants reported between 

just acceptable and clearly acceptable votes during the 

first week for 5.5 hours and 24.3 hours, respectively. The 

average reported TSV was 0.4. Figure 9 shows the main 

adaptation strategies the participants used to achieve 

thermal comfort, and these were opening and closing of 

windows and door, and change of clothing level, given the 

radiator's thermostat setting was fixed (whose operating 

schedule is shown in grey bands). The schedule of 

windows opening (horizontal black line pattern) is 

consistent with the measured operative temperature, as 

the windows were left open for most of the occupied time 

during the hottest days (30.4, 2.5, and 4.5). Figure 9 shows 

that the participants preferred to operate the window as 

first choice rather than change their clothing level, which 

remained constant during their working day (except for 

the initial removal of coats or jackets, visible in Figure 9). 

This finding is consistent with the results presented by 

Meinke et al. (2017), who assessed the preferred cooling 

strategies of 76 participants in an office space and found 

that the most popular choice was to open the windows. 

Day 3.5 represents an exception to this pattern, as it was 

the coldest day, and though, the window was left open for 

most of the occupied time. It is worth noting that the 

radiator was then operating for almost all the occupied 

time.  

 

Figure 11. Distribution of the thermal sensation votes 

(TSV) during the whole experiment. Average TSV was 

0.4 with a standard deviation of 0.8. 

By comparing the measured and the simulated operative 

temperature against the upper ASHRAE limits during the 

whole occupied time (as shown in Figure 10), the authors 

found that the temperature simulated by IDA ICE was 

higher than the ASHRAE limit for 80 hours (77% of the 

occupied time), whereas the measured temperature was 

higher for 69 hours (66% of the occupied time). However, 

these temperature excursions outside the recommended 

limits did not correspond to expected large participants' 

dissatisfaction. The participants reported TSVs were 

greater than 0 (slightly warm and above) for 36 hours, and 

they reported unacceptable thermal comfort (just 

unacceptable or clearly unacceptable votes) for 8 hours. 

The average reported TSV during the whole occupied 

time was 0.4, which is closer to a neutral than to a slightly-

warm thermal sensation. 
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It is worth noting that the number of participants in the 

experiment was small (10 persons) and, therefore, the 

participants own personal thermal preference may have 

influenced the overall results by a large extent. However, 

the experiment was designed to compensate for this 

limitation by asking the participants to sit in the cell for at 

least 5 hours per day on several days to record their 

variation of perceived thermal sensation, and smooth 

potential personal preferences. As shown in Figure 11, the 

participants largely agreed on the perceived thermal 

sensation, given the large difference between the first two 

most voted TSVs, and, therefore, their thermal preference 

has shown to have limited influence on the result 

distribution.  

The difference between the simulated and measured 

operative temperature is due to IDA ICE not considering 

local cooling draughts, and, thus, giving a higher 

operative temperature profile. Moreover, the prevailing 

mean outdoor temperatures recorded during the initial 

week of the experiment were below 10 ºC and never 

exceeded 15 ºC in the following weeks. Given that 10 ºC 

is the lowest limit of use of the ASHRAE-55 adaptive 

model, its reliability of application during this experiment 

is questionable. The calculation of the prevailing mean 

outdoor temperature (eq. 7) is based on multiplying the 

daily mean temperature by an α-factor that represents the 

daily temperature swings (used 0.75 in this study). By 

using α=0.6 to consider higher temperature swings in the 

model, the lowest and the highest acceptability limits 

were to be increased by 0.3 ºC, thus not significantly 

change the results. The high daily temperature swings and 

the low daily average temperatures occurred during the 

experiment may be a possible cause for the ASHRAE 

model to not correctly match the TSVs. 

Conclusions 

The present work describes the underlying causes of the 

deviation between measured and simulated data in a 

realistic, empirical validation process. The following 

conclusions can be considered. 

First, the simulated air and operative temperature showed 

better conformance with the measurements than surface 

temperatures and the mean radiative temperature. The 

main cause for this difference was identified to be the 

representation of air stratification in IDA ICE.  

Second, the major weakness of the simulation model was 

found to be the incorrect determination of solar gains. 

This became apparent, as the mean CV(RMSD) values 

were significantly lower during times of no solar 

irradiation and thus no solar gains in the zone.  

The comparison between the reported Thermal Sensation 

Votes and the predicted thermal comfort using the 

ASHRAE-55 adaptive model showed that by using both 

the measured and the simulated operative temperatures, 

the model overestimated the expected discomfort. This 

may have been caused by the low prevailing mean 

outdoor temperature which was below the operability 

range of the ASHRAE model in the first week, and by the 

high daily temperature swings. 
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Abstract

This paper proposes a novel method to implement
a first-order equivalent thermal parameter (ETP)
model, a commonly used model to provide build-
ing thermal response prediction for advanced build-
ing controls. This method reformulates the existing
implementation method to allow the ETP model to
capture varying heat disturbance and non-linearity
in the zone temperature evolution. It also guarantees
that the prediction from the ETP model is always
reasonable by considering more physical constraints.
To evaluate performance, we implemented an ETP
model with the proposed method for a medium-office
building and predicted the zone temperatures for one
day. Prediction results are compared against those
from an ETP model implemented through a common
approach and a lookup-table model. Results suggest
that the ETP model implemented by the proposed
method can yield more accurate results compared to
the other two models; additionally, the ETP model
implemented by the proposed method demonstrates
similar capabilities in capturing non-linear behaviors
as the lookup-table model.

Introduction

In the United States, buildings consume 74% of the
total electricity production (Energy Information Ad-
ministration, 2017). High building energy consump-
tion not only leads to high operational costs but also
has substantial environmental impacts (Omer, 2009).
While building energy consumption remains an im-
portant concern, over the past decade, buildings have
also been recognized as potentially valuable resources
for realizing a reliable and robust power grid (Dodrill,
2011). To these ends, advanced controls have demon-
strated success in enhancing the energy efficiency of
building operations and its capability to provide grid
services (Fernandez et al., 2017; Huang et al., 2016;
Hao et al., 2017a).

When utilizing advance controls, however, it is im-
portant to avoid any unacceptable sacrifices on the
services buildings provide, including maintaining a
comfortable indoor thermal environment. As a re-

sult, it is often necessary to predict the thermal be-
havior of buildings, indicated by indoor temperature,
in response to control actions and other disturbances,
such as weather conditions or occupant behaviors. In
fact, zone temperature prediction has been gaining
attentions ever since the nineties, and many predic-
tion models have been proposed (Inard et al., 1996;
Crawley et al., 2001; Ruano et al., 2006; Taylor et al.,
2008; Alasha’ary et al., 2009; Lu and Viljanen, 2009;
Mustafaraj et al., 2011; Lin et al., 2012; Huang et al.,
2013; Chinde et al., 2015). Those models can be
categorized into three categories: white-box models,
black-box models, and gray-box models.

White-box models evaluate the temperature evolu-
tion based on the first-principle laws, such as heat
transfer and air flow dynamics, and knowledge of
studied buildings, such as the thermal properties of
the envelope. Provided enough detailed knowledge,
they can yield relatively good prediction accurate but
tend to be computationally intensive (Crawley et al.,
2001).

Black-box models learn the mapping between zone
temperature and the operating condition purely from
historical data, with little requirement on knowledge
of studied buildings. Their accuracy may be subject
to how well the historical data covers all the possi-
ble operating conditions, and thus their extrapolation
capability is questionable. However, their computa-
tional demand is usually low since usually no sophis-
ticated mathematical operations are needed.

Gray-box models first establish the prediction mecha-
nisms with unknown coefficients, based on high-level
information of studied buildings, such as whether the
studied zone is a perimeter zone or an internal zone.
They then estimate the values of the unknown co-
efficients by performing regression on the historical
data. Compared to the white-box methods, the gray-
box methods require less information regarding the
building information, which may be expensive to ob-
tain; while compared to the black-box methods, the
gray-box methods can have better performance in the
extrapolation (Chinde et al., 2015), and thus they de-
pend less on the quality of the historical data.

________________________________________________________________________________________________ 

________________________________________________________________________________________________ 
Proceedings of the 16th IBPSA Conference 
Rome, Italy, Sept. 2-4, 2019

 
1859

 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

https://doi.org/10.26868/25222708.2019.210582 
 



Due to their advantages over other models, the gray-
box models are commonly used when developing ad-
vanced building controls (Lin et al., 2015; Hao et al.,
2017b, 2018; Vivian et al., 2017). Frequently, re-
searchers tend to use linear equations when imple-
menting the gray-box models to further simplify the
deployment and minimize computational demand.
Despite their promising nature, existing methods to
implement gray-box models contain three primary
limitations that need to be overcome in order to en-
able large-scale applications:

1. They often have difficulties capturing non-linear
behaviors.

2. They may not be able to consider varying distur-
bances.

3. They may generate unreasonable values for un-
known coefficient during regression.

With the first limitation, there is an obvious diffi-
culty capturing non-linear behaviors with linear equa-
tions, and non-linearity is notably common in build-
ings. For example, the change of the set point may
not immediately affect the zone temperature because
of the thermal or mechanical inertia. With the sec-
ond limitation, disturbances that are present for zone
temperature predictions may not be a function of the
zone temperature. Often defined as the heat gain,
disturbances are usually considered as one constant
term when implementing the gray-box model. How-
ever, disturbances may vary by time. For example,
the solar irradiation is one major heat gain and can
vary dramatically within one day. Having one con-
stant term to represent disturbances may lead to sig-
nificant prediction error. Lastly with the third lim-
itation, as mentioned above, gray-box methods need
to estimate the values of the unknown coefficients by
performing regression analysis. Least square estima-
tion (LSE) (Whittle, 1963) is a popular regression
approach; however, the obtained values do not neces-
sarily have correct physical meanings. For example,
it is possible that the regression results may indicate
the temperature will rise when increasing the amount
of cooling energy.

To address these limitations, we propose a novel
method to implement the first-order equivalent ther-
mal parameter (ETP) model, which is a commonly
used gray-box model. Compared to existing meth-
ods, the proposed method can capture non-linear be-
haviors, better represent the varying disturbances,
and guarantee that the prediction are meaningful.
To evaluate the performance, we applied the pro-
posed method in predicting the zone temperature for
a medium-office building, over the course of one day.
Predictions are compared against two existing meth-
ods: the gray-box model implemented with the LSE
approach and a look-up table, a common black-box
model.

The remaining sections of this paper are organized

as follows. First, we introduce the ETP model and
current implementations. Then, we describe our
proposed method to implement the first-order ETP
model. With the methodology detailed, its perfor-
mance is evaluated through a case study and the re-
sults are discussed. Finally, we present conclusions
and future work.

First-order ETP Model

ETP models represent the thermodynamics of a
building through an electrical circuit analogy with a
lumped thermal resistance R and capacitance C. A
first-order ETP model is based on the First Law of
Thermodynamics described as:

C
dT

dt
=
To − T

R
+ Q̇hvac + w (1)

where T denotes the zone temperature; t denotes the
time; To denotes the outdoor air temperature; Q̇hvac
denotes the cooling/heating energy from the heating,
ventilation, and air conditioning (HVAC) system; and
w denotes the disturbance, such as the solar irradia-
tion. Equation (1) contains three inputs (To, Q̇hvac,
and w) and two parameters (C and R).

Existing Implementation

Equation (1) is a derivative equation and may cause
difficulties in real-world deployment. To simplify the
deployment process, a commonly used implementa-
tion method is described as follows. First, w is as-
sumed to be constant, and a discrete form for equa-
tion (1) is developed:

C
T k+1 − T k

δt
=
T ko − T k

R
+ Q̇khvac + c0 (2)

where k denotes the time step of the prediction hori-
zon; δt denotes the discrete time interval; and c0 de-
notes the constant disturbance.

Then, for the HVAC system that is managed by on-off
control, the cooling/heating energy from the HVAC
system is assumed to be constant when the system is
on. In this case, equation (2) becomes:

C
T k+1 − T k

δt
=
T ko − T k

R
+ skQ̇hvac,r + c0 (3)

where sk denotes the on-off status of the HVAC sys-
tem (0 for off and 1 for on) at the kth time step.
Q̇hvac,r denotes the rated cooling/heating energy pro-
vided by the HVAC system.

Finally, equation (3) is reformulated as:
T k+1 = c1T

k + c2T
k
o + c3s

kQ̇hvac,r + c0

c1 = 1 − δt
RC

c2 = δt
RC

c3 = δt
C

(4)

In equation (4), there are three inputs (T k, To, and
sk) and four parameters (c0, c1, c2, c3). The values of
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the parameters are obtained via regression. As previ-
ously discussed, a commonly used regression method
is a least square regression analysis (or LSE), which
solves the following unconstrained optimization prob-
lem:

min
c0,c1,c2,c3

N∑
i=1

(T k − T̂ k)
2

(5)

where T̂ k is the actual zone temperature sampled at
the kth time step, and N is the number of the data
points considered in the regression.

Proposed Implementation

As mentioned above, the existing method to imple-
ment the ETP model has three major limitations: (1)
They often have difficulties capturing non-linear be-
haviors; (2) they may not be able to consider varying
disturbances; and (3) they may generate unreason-
able values for unknown coefficients during regression.

To address the first limitation, we changed equation
(3) into:

C
T k+1 − T k

δt
=
T ko − T k

R
+ sk−nQ̇hvac,r + c0 (6)

where n is a parameter to reflect the delay between
the time when a control action is made and the time
when the studied zone begins to respond to the con-
trol action.

To address the second limitation, we further modified
equation (6) by assuming that disturbances remain
constant during a short period from the ki−1th time
step to the kith time step:

C1 Tk+1−Tk

δt =
Tk
o −Tk

R1 + sk−nQ̇hvac,r + c10
(0 < k ≤ k1)

...

Ci T
k+1−Tk

δt =
Tk
o −Tk

Ri + sk−nQ̇hvac,r + ci0
(ki−1 < k ≤ ki)

...

CmTk+1−Tk

δt =
Tk
o −Tk

Rm + sk−nQ̇hvac,r + cm0
(ki−1 < k < km)

(7)

where i is the index for the sub-period with constant
disturbances (i=1,2,3...m), and m is the total num-
ber of the sub-periods in the prediction horizon. For
example, a single-day prediction horizon can be di-
vided into a total of m=24 sub-periods, and the index
i=1,2,3...24 represents each hour in the day. Lastly,
Ci, Ri, and ci0 are, respectively, the thermal capac-
itance, the thermal resistance, and the disturbances
at the ith sub-period.

There are many ways to determine the values for ki−1

and ki. The simplest method is to assume the sub-
periods are evenly divided, such as,

ki = i
N

m
(8)

where N is the total number of intervals in the pre-
diction horizon.

To address the third limitation, we conducted the fol-
lowing regression. First, for each sub-period, we re-
formulated equation (7) as:

T k+1 = ci1T
k + ci2T

k
o + ci3s

k−nQ̇hvac,r + ci0
ci1 = 1 − δt

RiCi

ci2 = δt
RiCi

ci3 = δt
Ci

(9)

We then assumed n=0 and solved the following opti-
mization problem:

min
ci0,c

i
1,c

i
2,c

i
3

Ni∑
s=1

(T k − T̂ k)
2

s.t. ci0 > 0

ci1 > 0

ci2 > 0

ci3 > 0

ci1 + ci2 = 1

(10)

where N i is the number of data points that lie in the
sub-period [ki−1,ki].

Second, after obtaining the values for ci0,ci1,ci2,and ci3,
we solve the following optimization problem:

min
n

N∑
i=1

(T k − T̂ k)
2

s.t. n = 1, 2, 3, ...

(11)

By considering more constraints when conducting the
regression, we can guarantee the generated coeffi-
cients are consistent with the laws of physics. The
above optimization problems are implemented and
solved with a Python package called scipy.optimize
(Jones et al., 2001).

In summation, the proposed methodology addresses
all three limitations of existing ETP implementation
methods by reformulating the discrete function and
revising the method to perform the regression. We
expect the proposed method can increase the predic-
tion accuracy and eliminate the possibility of gener-
ating unreasonable results. In the following section,
we evaluate the performance of the proposed method
against existing methods via a case study.

Case Study

In this case study, we considered a real building lo-
cated in eastern Washington, U.S.. The test build-
ing is served by 10 single-zone, constant air volume
rooftop units (RTU). However, we only considered
one RTU and the associated thermal zone in this
study. This section first introduces the thermal zone.
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The training and testing data are then discussed, fol-
lowed by the prediction settings. Finally, we present
the evaluation results and associated analysis.

Thermal Zone

The studied thermal zone, as shown in Figure 1, is
located in the north-west side of the building. It con-
tains four private office rooms (total area: 55.2 m2)
and has one north external wall and four west exter-
nal walls. We selected this thermal zone because it
is isolated from other areas of the building and thus
has relatively less impact from other zones.

Figure 1: Building thermal zone schematic.

The RTU that serves this thermal zone has a rated
cooling capacity of 7 kW and is controlled to main-
tain the average temperature of the four office rooms
in a desired range. When only considering the cool-
ing mode, the RTU has two modes of operation: (1)
occupied and (2) unoccupied (Figure 2). During the
occupied period, the supply fan is operating at a con-
stant speed while the compressor is cycling based on
the average temperature. The compressor is turned
on only when the average temperature is larger than
the cooling set point plus the dead band. Further, the
compressor is not in the lock-off status (the compres-
sor has a minimum off time). The compressor will be
turned off when the average temperature is lower than
the cooling set point minus the dead band. During
the unoccupied period, the fan and the compressor
are both cycling based on the average temperature,
as can be seen in Figure 2.

Training and Testing Data

Training and testing data are sampled every minute
by the building management system. This data in-
cludes the compressor status (on/off), the outdoor air
temperature, the average air temperature, and the
sampled time. The data covers the period of one
month (June, 2017), and only weekdays were con-
sidered in this study. As illustrated in Figure 3, we
selected the data for June 7th as the testing data set
and the rest of the data as the training data set.

Prediction Settings

As mentioned in the previous section, the testing data
set covers one whole day. For the proposed method-
ology, we selected a prediction interval of 1 minute
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Figure 3: The training data and testing data.

and the total number of sub-periods m=24. With
this, the total number of sub-intervals in the predic-
tion horizon N=1,440, and each hour is treated as
one sub-period.

To evaluate the performance of the proposed method-
ology, we compared prediction results with two ex-
isting approaches. First, the existing LSE method
was used to implement the same ETP model as our
proposed methodology. The procedure for LSE is de-
tailed in section First-order ETP Model. For a sec-
ond comparison, we also considered a look-up table
method, a commonly used black-box approach.

The basic idea for the look-up table method is as
follows. First, it divide the continuous space of the
inputs into discrete segments. Then, the discrete seg-
ments are converted into a multiple-dimensional ta-
ble that maps the inputs and the outputs based on
the training data set. Since the look-up table doesn’t
need to assume that there are linear correlations be-
tween inputs and outputs, it is expected to better
represent the non-linear features. Readers can find
more information regarding the look-up table method
in Huang et al. (2018). In this case, there are four in-
puts in the look-up table: outdoor temperature, zone
temperature at the previous time step, the hour in-
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dex, and the compressor status. Since the hour index
and the compressor status are already discrete, only
the outdoor temperature and the zone temperature
at the previous time step need to be discretized. The
discretized interval we considered is 1.11oC (2oF ).

For predicting the zone temperature with all three
methods, we need three inputs: the outdoor tem-
perature, the compressor status, and the zone tem-
perature at the previous time step. To simplify the
evaluation, we assume the outdoor temperature and
the compressor status are obtained through ideal fore-
casts; thus, we used the measured values as the inputs
for the zone temperature prediction rather than pre-
dicted outdoor temperatures and control actions. For
the zone temperature at the previous time step, the
real measurement for the first time step was used,
while for the subsequent time steps, the prediction
result at the previous time step was used as the input
for the current time step.

Results & Discussion

The prediction results indicate that no method pro-
vides a perfect prediction, as can be seen in Figure 4.
The look-up table method generates the worst pre-
diction; from 6:00 to 16:00, its prediction is constant.
This is because the look-up table can’t find the rele-
vant information in the training data set; thus it just
maintains the prediction from the last time step by
default. This validates the statement that the black-
box models rely more on the richness of the train-
ing data set and work poorly when extrapolating the
training data set. The LSE method generates rea-
sonable predictions during unoccupied periods but
worse predictions during the occupied period. We
believe this is due to its inability to capture the vary-
ing disturbances, since disturbances are expected to
change more dramatically during the occupied period.
The proposed method generates the best prediction
among the three methods, especially during the oc-
cupied period. The proposed method produces simi-
lar predictions during unoccupied period to the LSE
method, but much accurate ones during the occupied
period. This indicates that the proposed method pro-
vides a better way to handle the varying disturbances.

Figure 5 shows the detailed results regarding predic-
tion errors. We can see that the proposed method
generates slightly lower prediction error than the LSE
method for the full day prediction; over the full day,
the root mean square errors (RMSE) for the look-
up table, the LSE method, and the proposed method
are 0.631oC, 0.489oC, and 0.263oC, respectively. The
prediction errors for the proposed method are within
the range from -0.75oC to 0.75oC, while those for the
LSE method are within the range from -1oC to 1oC.
The prediction errors for the look-up table method
are within the range from -2oC to 0.8oC. If we
only consider the occupied period, the prediction of
the proposed method is much better than the other
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Figure 4: The full day prediction result.

two methods. The prediction errors for the proposed
method are within the range from -0.4oC to 0.5oC.
Those from the LSE method and the look-up table
method are within the range from -1oC to 0.8oC,
and from -2oC to -1oC, respectively. Since the pre-
diction on the occupied period is more important for
implementing advanced building control, we believe
the proposed method generates much better predic-
tions.
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Figure 5: The full day prediction errors.

As mentioned above, the look-up table method stalls
around 6:00 when the operation condition is not cov-
ered by the training data set. To understand how its
performance changes when the prediction conditions
are fully covered by the training data set, we reduced
the prediction horizon from one day to a short 6-hour
period from 8:00 to 14:00. Figure 6 demonstrates the
prediction results for this shorter prediction horizon.
We can see the look-up table method produces a much
better prediction compared to the full day prediction.
This improvement emphasizes the importance of the
training data set for the look-up table method. The
proposed method produces similar prediction results
to the look-up table method, and the prediction from
the LSE method becomes the least accurate.

In addition, it is worth mentioning there exists no-
table delays between the LSE predictions and the
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real temperature values. For example, at around
11:15, the real zone temperature begins to drop while
the LSE predicted temperature continues to increase.
This indicates that the LSE method fails to capture
the non-linearity that exists in the real data. On
the contrary however, we don’t observe similar de-
lays in both the look-up table method and the pro-
posed method. This result suggests that the proposed
method has similar capability in capturing non-linear
behaviors as the look-up table method.
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Figure 6: The prediction result with a short
prediction horizon (8:00 to 14:00).

Conclusion

In this paper, we discussed the importance of zone
temperature prediction for the development of ad-
vanced building controls and analyzed the advantages
and disadvantages of the exiting methods. Based on
the analysis, we proposed a new method to overcome
the limitations that existing methods face when im-
plementing a first-order ETP model, which is a com-
monly used gray-box model. To validate whether the
proposed method can address the limitations, we per-
formed a case study with real data from a medium
office building in eastern Washington, U.S.

The results indicated that the proposed method can
yield significantly better results compared to the LSE
method and the look-up table method. We believe
that the proposed method’s enhanced prediction per-
formance is largely due to its ability to better ad-
dress the varying disturbances. For the look-up table
method, its prediction accuracy highly depends on
the richness of the training data set. In the case we
considered, since the prediction of the previous time
step will be used as the inputs for the prediction at the
current time step, it is natural that the look-up table
gets stuck at some points. This tendency causes diffi-
culties when deploying look-up table control schemes.
Therefore, we believe the proposed method can gen-
erally reduce the efforts to deploy the zone tempera-
ture prediction while still providing reasonably good
predictions.

Furthermore, the proposed method demonstrated a
similar capability in capturing non-linearity as the
look-up table method. One of the major concerns re-
garding the linear regression model is that they tend
to ignore the nonlinear nature of the studied system.
However, by considering a constant time delay, the
proposed method generates a similar prediction in
terms of non-linearity compared to the look-up ta-
ble method, which typically represents non-linear sys-
tems better than the first-order models.

While this study introduced new constraints to the
optimization problem, we did not investigate how
the proposed method generates better values for the
regression coefficients by considering additional con-
straints. This is because we believe that this feature
can be better assessed when the zone temperature
prediction is integrated with advanced controls. In
that case, we have more chances to use the prediction
in the extrapolation for the what-if scenario analysis
to generate an appropriate control action. As a re-
sult, these considerations will be included in a future
study.

In addition, this study assumed the forecasts of the
outdoor temperature and the control action are ideal.
Thus, we used the measured values as the inputs for
the zone temperature prediction. However, in the
real-world applications, this assumption is unlikely
valid. To provide a more realistic assessment, future
studies will also include the prediction of the outdoor
temperature and the control action in the evaluation.
Furthermore, future investigations will expand upon
this initial case study by testing the model on addi-
tional buildings, HVAC system designs, and in dedi-
cated control applications.
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Abstract 

Flexibility in the energy demand of buildings equipped 

with Heat Pumps (HPs) may be a solution for the 

congestion and instability problems of the electrical 

energy system. However, this flexibility potential is 

difficult to quantify due to the lack of Variable Speed Heat 

Pump (VSHP) models in building simulation programs. 

The purpose of the present work is to present the 

development of an air-to-water reversible VSHP model in 

TRNSYS and its application in an energy flexibility 

scenario of Economic Model Predictive Control (EMPC) 

in a residential building. A simple but effective 

combination of TRNSYS Types is used to reproduce the 

behaviour of a VSHP, while its part load performance is 

modelled from manufacturer data. When compared with 

a fixed capacity HP, results showed that in the 

thermostatic control of the developed model both energy 

and monetary savings are achievable. These positive 

effects are even higher when the operation of the HP is 

managed by the EMPC, reaching a reduction of cost of 

50% while maintaining the comfort of the occupants. 

Introduction 

Buildings are responsible for 40% of the total European 

energy consumption, and 75% of the European building 

stock is considered as energy inefficient (European 

Commission, 2016). The European Union (EU) has 

established an objective of a 30% improvement in energy 

efficiency by 2030 in order to ameliorate the situation. 

This policy has supported the electrification of heating 

and cooling systems, with the number of installed Heat 

Pumps (HPs) increasing by a factor of four from 2006 to 

2015 (European Commission, 2016; European Heat Pump 

Association (EHPA), 2018). This increase in electricity 

consumption could cause problems of congestion and 

instability in the electric grid (Jensen et al., 2017). These 

issues could be, in turn, amplified by the integration of 

more fluctuating renewable energy sources, like solar and 

wind, into the EU energy mix (Jensen et al., 2017). 

A transition from generation on demand to consumption 

on demand might be part of the solution to solve these 

issues. Different loads can provide flexibility but 

concentrating on buildings will be fundamental because 

of their high share in the total consumption. The most 

common building typology is residential (European 

Commission, 2018), and, for this reason, it is one of the 

most interesting category for an energy flexibility 

analysis. 

Building energy demand, especially the thermal load, is 

partially controllable (Le Dréau & Heiselberg, 2016). 

Depending on the particular construction, the demand for 

Domestic Hot Water (DHW), Space Heating (SH), Space 

Cooling (SC), and ventilation, and/or the consumption of 

electrical appliances used by the occupants can be 

adjusted or shifted to a certain extent without impacting 

thermal comfort (Jensen et al., 2017). The introduction of 

flexibility is made possible, especially for the heating and 

cooling demand, by storage technologies that are 

available in the building, such as the embedded thermal 

mass of the construction, DHW tanks, phase change 

materials storage systems, or batteries (Jensen et al., 

2017). 

Flexibility in building energy consumption can be 

achieved by introducing control strategies on the building 

system. They can mainly be divided into Rule-Based 

Control (RBC) and Model Predictive Control (MPC). 

RBC consists of simple strategies based on the 

introduction of specific rules, for example change in room 

temperature set-point, when a trigger signal, e.g. the 

electricity price, reaches a pre-determined limit (Péan, 

Salom, & Costa-Castelló, 2018b). MPC strategies are 

based on the prediction of the future performance of the 

building using simplified models and on the optimization 

of the operating strategy over a receding horizon. The 

chosen objective is usually the minimization of system 

cost. MPC strategies are often more complex to develop 

and implement, but generally yields more effective results 

(Péan et al., 2018b). 

Consequently, energy flexibility in buildings will become 

of utmost importance in the coming years, and for all the 

above-mentioned reasons, it is fundamental to examine 

and estimate the energy flexibility potential of residential 

buildings, especially those equipped with heat pumps.  

The easiest and cheapest way to investigate this topic is 

with computer simulations. However, building simulation 

software, such as TRNSYS (which is used in this paper), 

mostly model Fixed Capacity Heat Pumps (FCHPs), even 

if Variable Speed Heat Pumps (VSHPs) are already 

widely available in the market. This limits the energy 

performance and flexibility analysis because a FCHP is 

characterized by an on-off behaviour, necessary to match 

the building thermal demand at lower/part load. Such 

operation creates inefficiencies due to the parasitic losses 
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related to cycling and undermines the overall performance 

by increasing the total electricity consumption (Fuentes, 

et al., 2017). On the other hand, VSHPs are capable of 

modulating the frequency of the compressor and, thus, 

changing the delivered capacity according to the needs of 

the building. This type of device avoids the consecutive 

on-off cycle and, thus, has a better performance thanks to 

its ability to work at part load where the efficiency of an 

air-to-water heat pump is higher (Fahlén, 2012). For this 

reason, the lack of VSHP models in TRNSYS is an 

important limitation to the analysis and estimation of the 

energy performance of building, because such HPs are 

already present in the market reality. 

In this context, the present work aims at presenting the 

development of a reversible air-to-water VSHP model 

based on manufacturer data. This model is applied in an 

MPC strategy for the activation of the flexibility of the 

building thermal demand. Firstly, the available FCHP 

model in TRNSYS is described. Secondly, the VSHP 

performance modelling is presented, followed by the 

VSHP model implementation in TRNSYS. Then, the 

MPC strategy is described and the key performance 

indicators are presented. Finally, the energy flexibility 

MPC strategy is applied with the VSHP, in a TRNSYS-

MATLAB co-simulation platform, where the HP 

operation is optimized using as input the variable 

electricity price. This framework enables to reveal the 

potential savings of such controls when compared to the 

conventional thermostat operation of the building in 

summer and in winter. A total of three scenarios per 

season are presented: a base case with a FCHP in the 

building, and two scenarios where the dwelling is 

equipped with a VSHP, one with fixed supply temperature 

and another with supply temperature managed by the 

Economic MPC (EMPC). 

Heat Pump 

The reversible air-to-water heat pump chosen for this 

study is a model from the Yutaki series of HITACHI. Data 

regarding the performance of the heat pump are available 

in the manufacturer catalogue (Hitachi Air Conditioning 

Products Europe, 2016). The rated parameters are 4.30 

kW of heating capacity with a COP of 3.00 (outdoor 

temperature of 7 °C, water inlet and outlet temperature of 

40 °C and 45 °C, respectively) and 1.64 kW of cooling 

capacity with a COP of 3.80 (outdoor air temperature of 

35 °C, water inlet and outlet temperature of 12 °C and 7 

°C, respectively).  

FCHP Implementation in TRNSYS 

An air-to-water FCHP is usually modelled in TRNSYS 

with Type 941, which calculates the full load performance 

based on user-supplied data at different water inlet and 

ambient conditions.  

It is controlled with a two-level control system. The DHW 

aquastat or zone temperature thermostat represent the first 

level control that activates the HP when there is need of 

DHW, SH, or SC. In order to control the HP supply water 

a second control is necessary, with fixed set-points of 

60°C for DHW and of 40°C for SH, and of 15°C for SC. 

Hence, when the first level control is on, the HP is 

switching on and off to maintain the supply temperature 

on average at the desired temperature. 

The degradation of the efficiency due to the on-off 

behaviour, necessary to respect the desired set-points (on 

the zone temperature and on the water supply 

temperature) is taken into account with a Part Load Factor 

(PLF) coefficient. The PLF is defined as the ratio between 

the Coefficient Of Performance (COP) at part load 𝐶𝑂𝑃𝑃𝐿 

and the steady state COP at equivalent full load operating 

conditions 𝐶𝑂𝑃𝐹𝐿 . It adapts the COP due to the frequent 

start-up and/or long stand-by periods at part load (Fuentes 

et al., 2017). The Part Load Ratio (PLR) identifies at 

which part load the HP is working and it is the ratio 

between building thermal demand and HP capacity at full 

load. 

The actual value of the COP is obtained using the equation 

given in Fuentes et al. (2017) and reproduced in  

(1) which is similar to the correlation presented in the 

standard EN14825 for air-to-water heat pumps (European 

Committee for Standardization (CEN), 2013), but it is 

more detailed since it considers not only stand-by losses 

but also start-up losses: 

 𝑃𝐿𝐹 = (1 +
𝐶𝑑(1−𝑃𝐿𝑅)

1−𝐶𝑑(1−𝑃𝐿𝑅)
+ (1 − 𝐶𝑐)

1−𝑃𝐿𝑅

𝑃𝐿𝑅
)

−1

 (1) 

where 𝐶𝑑 is the degradation coefficient due to start-up 

losses, and 𝐶𝑐 is the degradation coefficient of the heat 

pump due to stand-by losses. 𝐶𝑑 is equal to 0.2 while 𝐶𝑐 

is equal to 0.9 according to EN14825 and manufacturer 

catalogue. This relation is only valid for the FCHP, and, 

thus, the PLF is always lower or equal to 1 in this case. 

VSHP Performance Modelling 

From the manufacturer data alone, it was not possible to 

create a complete part load performance map since the 

part load performance data given were not sufficient. 

Only 10 part load data points were available compared to 

84 data points at full load. A linear interpolation is 

therefore assumed between the available data to estimate 

the performance at different operating conditions. 

The PLF-PLR curve is obtained by interpolating both the 

available and the estimated part load data using a 

quadratic fit (R2 = 0.92) (see (2)). For PLR values falling 

below the minimum percentage of continuous 

modulation, the VSHP reverts to an on-off behaviour, and 

(1) is adapted (see (3)). The PLF-PLR curve is presented 

in Figure 1 (top) along with a scatter of the part load data 

points. The observed data confirm the typical increase of 

COP at part load for VSHP (Fahlén, 2012). The decay of 

the COP below PLR = 0.25 shows that the HP shifts to 

on-off operation, consistent with the information obtained 

from the manufacturer. 

The PLF-PLR relation for 𝑃𝐿𝑅 ≥ 0.25 is: 

 𝑃𝐿𝐹 = 1.646 × 𝑃𝐿𝑅2 − 3.588 × 𝑃𝐿𝑅 + 2.932 (2) 

while for 𝑃𝐿𝑅 < 0.25 is:  

 𝑃𝐿𝐹 = 2.3 (1 +
𝐶𝑑(1−

𝑃𝐿𝑅

0.25
)

1−𝐶𝑑(1−
𝑃𝐿𝑅

0.25
)

+ (1 − 𝐶𝑐)
1−

𝑃𝐿𝑅

0.25
𝑃𝐿𝑅

0.25

)

−1

 (3) 

It is assumed that the PLF-PLR curve is valid also for 

cooling mode due to the lack of part load data for cooling  
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Figure 1: Part load performance of the VSHP (top) and 

comparison with literature (bottom)  

operation. Schibuola et al. (2015) developed the part load 

curve of a VSHP for both heating and cooling operation. 

The average absolute difference of the PLF between the 

two curves at a same PLR was less than 0.09, therefore 

the previous hypothesis is considered reasonable. 

The assumed part load curve significantly influences the 

final results; therefore, some precautions must be taken. 

The hypothetical relation derived from manufacturer data 

may be different from the real part load curve of the heat 

pump. Nevertheless, a similar approach of part load 

performance estimation was found in (Filliard, 

Guiavarch, & Peuportier, 2009). Furthermore, the 

performance curves of 8 air-to-water VSHP retrieved 

from the database of the Swedish Energy Agency were 

compared with the estimated performance curve of the 

chosen VSHP (Swedish Energy Agency, 2018). The 

analysed heat pumps have a similar quadratic trend for the 

PLF at part load, as can be seen in Figure 1 (bottom), and 

therefore, the estimated curve was considered to be 

reliable. In addition, Burba (2013) and Horikawa et al. 

(2018) presented a part load curve of an air-conditioning 

system that reached values of PLF around 2.0 at low PLR, 

similar to the current study. 

VSHP Implementation in TRNSYS 

The VSHP model is a combination of the Type 941 for an 

air-to-water FCHP with other TRNSYS Types and 

additional equations. It was modelled by combining Type 

941 and Type 43 which uses the part load curve to 

calculate the coefficient of performance at part load 

𝐶𝑂𝑃𝑃𝐿. Type 23, a Proportional Integral Differential 

(PID) controller connected to the supply water 

temperature of the heat pump, is also added. This 

controller works when there is demand for SH or SC with 

a water set-point of 40°C and 15°C, respectively, and of 

62.5°C for DHW. The output control signal, representing 

the part load ratio of the heat pump, is limited between 

0.25 and 1.00, with the lower limit being the minimum 

part load operation of the heat pump from the 

manufacturer specifications. Additional equations are 

also included in order to recalculate the outputs of the heat 

pump at part load. 

Figure 2 shows the flowchart with the part load 

calculation methodology. The steps followed at each 

iteration until reaching the convergence of the TRNSYS 

calculations are as follows: 

1. the outdoor air temperature 𝑇𝐴𝐼𝑅  in °C and the inlet 

temperature of the water 𝑇𝑊𝐴𝑇𝐸𝑅−𝐼𝑁 in °C are sent as 

inputs to Type 941, which then calculates the full 

load capacity 𝑄𝐹𝐿  in kJ/h and the full load coefficient 

of performance 𝐶𝑂𝑃𝐹𝐿  at these current operating 

conditions based on full load manufacturer data, 

similarly than the FCHP; 

2. Type 23 calculates the PID control signal, equivalent 

to the PLR, that satisfies the building thermal 

demand; 

3. the full load capacity 𝑄𝐹𝐿  from Type 941 and the PID 

control signal 𝑃𝐼𝐷𝑆𝐼𝐺𝑁𝐴𝐿  from Type 23 are used to 

calculate the part load capacity in kJ/h: 

 𝑄𝑃𝐿 = 𝑄𝐹𝐿 ×  𝑃𝐼𝐷𝑆𝐼𝐺𝑁𝐴𝐿  (4) 

4. 𝑄𝑃𝐿, 𝑄𝐹𝐿 , and 𝐶𝑂𝑃𝐹𝐿  are sent to Type 43 that 

calculates the power input at part load 𝑃𝑃𝐿 in kJ/h and 

the coefficient of performance 𝐶𝑂𝑃𝑃𝐿, using the part 

load performance curve; 

5. the outlet water temperature of the HP 𝑇𝑊𝐴𝑇𝐸𝑅−𝑂𝑈𝑇  is 

then calculated with: 

 𝑇𝑊𝐴𝑇𝐸𝑅−𝑂𝑈𝑇 = 𝑇𝑊𝐴𝑇𝐸𝑅−𝐼𝑁 +
𝑄𝑃𝐿×(1−2𝑆𝐶)

4.19 × �̇�𝑊𝐴𝑇𝐸𝑅
 (5) 

where  �̇�𝑊𝐴𝑇𝐸𝑅 is the mass flow rate of water in kg/h 

(fixed to a constant value when the HP is on) and 𝑆𝐶 

is the SC operation flag.  

In the previous equations (4) and (5), the thermal power, 

𝑄𝑃𝐿 or 𝑄𝐹𝐿, is always positive (thermal cooling power for 

SC and thermal heating power for SH and DHW). 

However, the model does not perfectly imitate the real 

operation of a VSHP which changes the frequency of the 

compressor to modulate the thermal output and meet the 

thermal demand of the building. This behaviour was not 

possible to be reproduced because the frequency control 

system of the heat pump is internal, and it is seen only as 

a black box. Nonetheless, the used approach reproduces 

the final effect of the frequency regulation, which is the 

capability of the heat pump to work at part load. 
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Figure 2: Flow chart of part load performance 

calculation methodology 

Case Study 

The residential building chosen as case study is a dwelling 

located in Terrassa (41.570° N, 2.013° E), close to 

Barcelona, Spain, and, therefore in the Mediterranean 

region. The building is representative of a multi-storey 

building typology of the period from 1991 to 2007 which 

is built under the Catalan building regulation NRE-AT-

87. The building is modelled in TRNSYS, and was 

previously presented and validated in (Ortiz, 2016). Its 

main characteristics are summarized in Table 1. 

Table 1: Main characteristics of the building 

MPC Strategy 

MPC uses a reduced model of the building to forecast its 

future behaviour. For this purpose, the building envelope 

is modelled as a second-order RC (resistance-capacity) 

grey-box model as represented in Figure 3. Reynders et 

al. (2014) already proved that two-state models are 

sufficient for the scope of an energy flexibility analysis. 

 

Figure 3: Schematic of the second order RC grey-box 

model 

Datasets created using the more detailed TRNSYS model 

are used to estimate the parameters of this simplified 

model. The datasets were generated with a Pseudo-

Random Binary Signal (PRBS), a binary sequence that is 

used to excite the building at different frequencies, by 

controlling the space heating and cooling operation of the 

HP (Bacher & Madsen, 2011). More details on the 

reduced model used in this study, its formulation as a 

state-space model, and the estimation of the parameters 

are available in (Péan, Salom, & Costa-Castelló, 2018a). 

The simplified model used in this paper has a fit of 

91.12%. 

Optimal Control Problem Formulation 

MPC is based on the resolution of an Optimal Control 

Problem (OCP) in order to optimize the performance of 

the system according to the chosen objective. The OCP 

used in this study is described as follows: 

 min
𝑢𝐶,𝛿

𝐽 = 𝛼𝑂𝐵𝐽 × 𝐽∆𝑢 + (1 − 𝛼𝑂𝐵𝐽) × 𝐽𝐶𝑂𝑆𝑇  (6) 

where 𝐽∆𝑢 and 𝐽𝐶𝑂𝑆𝑇 are the objective terms, and 𝛼𝑂𝐵𝐽 is 

their weighting coefficient. For every time-step 𝑘 within 

the prediction horizon 𝑁 ∀𝑘 ∈ ⟦1, 𝑁⟧, the model is: 

 {
𝒙(𝑘 + 1) = 𝑨𝒙(𝑘) + 𝑩𝑪𝒖𝑪(𝑘) + 𝑩𝒙𝒖𝒙(𝑘)

𝒚(𝑘 + 1) = 𝑪𝒙(𝑘)
 (7) 

where 𝒙 is the temperature states vector, 𝒚 is the system 

outputs vector, 𝒖𝑪 is the vector of the controlled inputs 

(thermal powers), 𝒖𝑿 is the vector of the uncontrolled 

inputs (weather and occupancy), whereas 𝑨, 𝑩𝑪, 𝑩𝑿, and 

𝑪 are the state space matrices containing the model 

parameters. 

The constraints (see Table 2) for the inputs are: 

 𝛿𝑆(𝑘) × 𝑄𝐻𝑃 ≤ 𝑄𝑆(𝑘) ≤ 𝛿𝑆(𝑘) × 𝑄𝐻𝑃 (8) 

 𝛿𝑇𝐸𝑆(𝑘) × 𝑄𝐻𝑃 ≤ 𝑄𝑇𝐸𝑆(𝑘) ≤ 𝛿𝑇𝐸𝑆(𝑘) × 𝑄𝐻𝑃 (9) 

Type 941:

on/off HP

𝑇𝐴𝐼𝑅

𝐶𝑂𝑃𝐹𝐿

𝑄𝑃𝐿 = 𝑄𝐹𝐿 × 𝑃𝐼𝐷𝑆𝐼𝐺𝑁𝐴𝐿  

Type 43:

part load performance

𝑄𝑃𝐿

Type 23:

PID controller

 𝑇𝑆𝐸𝑇−𝑃𝑂𝐼𝑁𝑇

 𝑇𝑊𝐴𝑇𝐸𝑅−𝑂𝑈𝑇

𝑃𝐼𝐷𝑆𝐼𝐺𝑁𝐴𝐿

𝑄𝐹𝐿

𝑄𝐹𝐿

𝐶𝑂𝑃𝐹𝐿

𝑄𝑃𝐿

𝑃𝑃𝐿
𝐶𝑂𝑃𝑃𝐿

Steps repeated 

until TRNSYS
convergence

𝑇𝑊𝐴𝑇𝐸𝑅−𝐼𝑁

Parameter Value 

Floor area 108.5 m2 

Window area 19.6 m2 

U-value of the 

walls 
0.6 W/m2K 

U-value of the 

windows 
2.5 to 5.7 W/m2K 

g-value of the 

windows 
0.5 to 0.76 W/m2K 

Infiltration n50 3 h-1 

Hot and cold 

water production 
Reversible air-to-water HP 

SH and SC 

emitter 

Single-speed fan coil units with 

setpoints: 

Day (07:00 – 21:00) 

SH = 20.0 C, SC = 25.5 C 

Night and Non-Occupancy 

SH = 18.0 C, SC = 27.0 C 

DHW storage 250 litres tank (fully-mixed) 
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 𝛿𝑆(𝑘)  +  𝛿𝑇𝐸𝑆(𝑘) ≤ 1 (10) 

where 𝛿𝑆 and 𝛿𝑇𝐸𝑆 are SC/SH and Thermal Energy 

Storage (TES) on/off variables, 𝑄𝑆 and 𝑄𝑇𝐸𝑆 are HP 

thermal delivered power for SH/SC and for DHW 

respectively, and 𝑄𝐻𝑃 and 𝑄𝐻𝑃 are the lower and upper 

boundary of HP thermal delivered power. 

The constraints (see Table 2) for the outputs are: 

 𝑇𝐼𝑁𝑇 ≤ 𝑇𝐼𝑁𝑇(𝑘) ≤ 𝑇𝐼𝑁𝑇  (11) 

 𝑇𝑇𝐸𝑆 ≤ 𝑇𝑇𝐸𝑆(𝑘) ≤ 𝑇𝑇𝐸𝑆 (12) 

where 𝑇𝐼𝑁𝑇  is the average indoor temperature, 𝑇𝐼𝑁𝑇  and 

𝑇𝐼𝑁𝑇  are its lower and upper boundaries, whereas 𝑇𝑇𝐸𝑆 is 

the TES water temperature, and 𝑇𝑇𝐸𝑆 and 𝑇𝑇𝐸𝑆 are its 

lower and upper boundaries. 

Table 2: Constraints of the model parameters 

The term 𝐽𝐶𝑂𝑆𝑇  is the minimization objective of the MPC 

strategy, the electricity cost, and is defined as: 

 𝐽𝐶𝑂𝑆𝑇 = ∑ 𝑝𝐸𝐿(𝑘)
‖𝑢𝐶(𝑘)‖

𝐶𝑂𝑃(𝑘)
 𝑁

𝑘=1   

 𝐽𝐶𝑂𝑆𝑇 = ∑ 𝑝𝐸𝐿(𝑘)
𝑄𝑆+𝑄𝑇𝐸𝑆

𝐶𝑂𝑃(𝑘)
 𝑁

𝑘=1  (13) 

 𝐽𝐶𝑂𝑆𝑇 = ∑ 𝑝𝐸𝐿(𝑘)𝑃𝐻𝑃(𝑘)𝑁
𝑘=1   

where 𝑝𝐸𝐿 is the electricity price and 𝑃𝐻𝑃 is the electrical 

consumption of the HP. It is a linear term because the 

COP of the HP is simplified with a linear relation 

depending on the outdoor air and the HP supply 

temperature, considered as a fixed value that changes with 

the operation mode (Siegenthaler, 2016; Verhelst, 2012).  

The term 𝐽∆𝑢 is the smoothing term of the HP operation, 

and is defined as:  

 𝐽∆𝑢 = ∑ ‖𝑢𝐶(𝑘) − 𝑢𝐶(𝑘 − 1)‖𝑁
𝑘=2  (14) 

It is introduced in the objective function in order to 

penalize power peaks and switches of operating mode 

(Verhelst, 2012). 

In order to find the accurate value for the coefficient 𝛼𝑂𝐵𝐽, 

Pareto fronts were developed for heating and cooling 

simulations. The values of 𝛼𝑂𝐵𝐽 were selected considering 

a trade-off between the required computational time to 

solve the MPC algorithm and the weight between the 

major objective and the smoothing term. The weighing 

coefficient 𝛼𝑂𝐵𝐽 changes seasonally (0.2 for summer and 

0.1 for winter). 

Co-simulation Platform 

A TRNSYS-MATLAB co-simulation platform is used in 

order to implement the MPC strategy explained in the 

previous sections. The detailed building model in 

TRNSYS gives the possibility to assess the control 

strategy without having to implement it in a real building. 

MATLAB and Yalmip (Lofberg, 2004) are the tools used 

to formulate the mixed integer linear programming OCP. 

The OCP is solved using the Gurobi solver (Gurobi 

Optimization LLC., 2018) with a discretization time step 

𝑡𝑠 of 12 min and a time prediction horizon 𝑁 of 120 time 

steps. The prediction horizon corresponds to 24 hours, 

allowing to reproduce the daily patterns observed in 

occupancy, weather, and electricity price. 

For the co-simulation, Type 155 of TRNSYS calls 

MATLAB every simulation hour and then MATLAB runs 

the MPC controller, determining the optimal operation for 

the prediction horizon, the next 24 hours. Only the first 

control actions (HP thermal powers and on-off signals) 

are then sent back to TRNSYS, enabling a more detailed 

simulation of the dynamic behaviour with the more 

accurate model using a higher time resolution (3 minutes 

time steps). 

Key Performance Indicators 

In this section the selected performance indicators for 

energy and flexibility and for thermal comfort are 

presented.   

Energy and Flexibility 

The thermal demand of the building in kWh is defined as: 

 𝑄𝐻𝑃 = ∫ (𝑄𝑆 + 𝑄𝑇𝐸𝑆)𝑑𝑡
𝑡𝑇𝑂𝑇

0
 (15) 

where 𝑡𝑇𝑂𝑇 represents the total simulation time. The 

electricity consumption of the heat pump in kWh is 

defined as: 

 𝐸𝐻𝑃 = ∫ 𝑃𝐻𝑃(𝑡)𝑑𝑡
𝑡𝑇𝑂𝑇

0
 (16) 

The electricity cost is calculated using the Voluntary Price 

for the Small Consumer (PVPC, in its Spanish acronym) 

available on the website of the Red Eléctrica de España 

(Red Eléctrica de España, 2017). The two-period hourly 

price with a high daily variation was used due to its better 

applicability for flexibility purposes. The HP operation 

cost in EUR is calculated with the following equation: 

 𝐶𝐸𝐿 = ∫ 𝑝𝐸𝐿(𝑡)𝑃𝐻𝑃(𝑡)𝑑𝑡
𝑡𝑇𝑂𝑇

0
 (17) 

The Flexibility Factor (FF) is defined as (Le Dréau & 

Heiselberg, 2016): 

  𝐹𝐹 =
∫ 𝑃𝐻𝑃(𝑡)𝑑𝑡−∫ 𝑃𝐻𝑃(𝑡)𝑑𝑡 𝐻𝑃𝑇  

𝐿𝑃𝑇

∫ 𝑃𝐻𝑃(𝑡)𝑑𝑡+∫ 𝑃𝐻𝑃(𝑡)𝑑𝑡 𝐻𝑃𝑇  
𝐿𝑃𝑇

  (18) 

where the two integrals represent the electricity 

consumption in kWh during Low Price Time (LPT) and 

High Price Time (HPT), respectively, defined using the 

30th and 70th percentiles as thresholds. The FF represents 

the amount of electricity consumed during high-price 

hours or low-price hours, and it can be interpreted as a 

load shifting indicator. The value range is between -1 and 

1, with FF = -1 indicating that there is no consumption 

during low-price hours, while FF = 1 means that no 

electricity is consumed when the price is high. 

Constraints 

𝑄𝐻𝑃 

[1.075 kW; 4.300 kW] for SH 

[-1.640 kW; -0.410 kW] for SC 

[1.075 kW; 4.300 kW] for DHW 

𝑇𝐼𝑁𝑇 

[20.0 °C; 23.8 °C] in winter days 

[18.0 °C; 22.7 °C] in winter nights or unoccupancy 

[23.0 °C; 26.4 °C] in summer days 

[24.8 °C; 27.6 °C] in summer nights or unoccupancy 

𝑇𝑇𝐸𝑆 [50 °C; 65 °C] 
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Thermal Comfort 

To evaluate the comfort conditions, the Long-term 

Percentage of Dissatisfied (LPD) was chosen because it is 

a general long-term indicator. It is normalised over the 

calculation period, the analysed zones of the building and 

the number of occupants. Thermal comfort is achieved 

when the LPD is lower than 20% (Ortiz, 2016). It is a 

function of a short-term index; in this case the PPD 

(predicted percentage of dissatisfied) defined by Fanger is 

used. The LPD is defined as: 

 𝐿𝑃𝐷 =

∑ ∑ (𝑝𝑧,𝑗𝑃𝑃𝐷𝑧,𝑗𝑡𝑗

𝑍

𝑧=1
)

𝑇

𝑗=1

∑ ∑ (𝑝𝑧,𝑗𝑡𝑗

𝑍

𝑧=1
)

𝑇

𝑗=1

 (19) 

where 𝑗 is the counter of TRNSYS simulation time step, 

𝑧 is the counter of the building zone, 𝑍 is the total number 

of zones analysed in the building, 𝑝𝑧,𝑗 is the number of 

occupants of zone 𝑧 at time 𝑘, 𝑡𝑗 is the duration of the time 

step of the TRNSYS simulation. 

Results and Discussion 

Three different scenarios per season were analysed in this 

study: a first scenario named FCHP, where the building 

model is equipped with the FCHP, a second scenario 

called VSHP, where the building model has a VSHP 

controlled by a PID controller, and a third scenario where 

the building is equipped with the VSHP whose operation 

is managed by the EMPC strategy (Scenario EMPC). 

The interpretation of the results did not contemplate the 

impact of the model uncertainties, notably of the building 

model (fit of 91.12%) and the VSHP performance curve 

(R2 of 92%). These uncertainties can have a certain impact 

on the results, and it would be worth but complex to 

evaluate how they propagate from the models to the final 

results through the overall co-simulation framework with 

the MPC controller. The savings reported here just 

represent the best-case upper bounds. However, it was 

shown in (Maasoumy et al., 2014) that with a model 

uncertainty below 30% (like the current case study), a 

MPC controller provides greater savings compared to 

rule-based control, and thus these upper bounds do not 

represent such an unrealistic goal. Furthermore, it is 

important to emphasize that closed-loop feedback, which 

is provided by the MPC repeated optimization process, 

helps the MPC to offset model uncertainties and external 

disturbances (Halvgaard, 2014). 

The simulations are conducted for a winter and a summer 

season using weather data of 2015. The chosen simulation 

periods are the week of January from 18-01 to 25-01 and 

the week of July from 08-07 to 15-07. Table 3 and Table 

4 present the results of the simulations conducted in 

winter and summer, respectively. The percentage in 

brackets represents the variation of the variable in 

comparison with Scenario FCHP, which is the base case. 

As can be seen from Table 3 and Table 4, in winter the 

electricity consumption decreases from 103.57 kWh in 

Scenario FCHP to 86.80 kWh (-16.19%) in Scenario 

VSHP and to 75.14 kWh (-27.45%) in Scenario EMPC, 

whereas in summer it decreases from 39.31 kWh in 

Scenario FCHP to 36.86 kWh (-6.23%) in Scenario VSHP 

and to 22.07 kWh (-43.85%) in Scenario EMPC. This 

result is a consequence of the ability of a VSHP to work 

at part load, where the COP of an air-to-water VSHP 

increases. The reduction is higher for Scenario EMPC 

because the control system also considers the efficiency 

of the heat pump. Hence, it is aware of the periods when 

the HP efficiency is higher, for example when the outdoor 

temperature is higher in heating operation, and it tends to 

operate the VSHP during these hours. Thus, the EMPC 

more successfully optimizes the HP consumption.  

This reduction of electricity consumption in the cases 

with VSHP cause, in turn, a decrease in the electricity 

cost. The cost is reduced by 18.01% in winter and by 

3.11% in summer for Scenario VSHP. Moreover, in 

Scenario EMPC the percentage of cost reduction is higher 

than the percentage of the electricity reduction, so the 

savings are not only due to the decrease in consumption, 

but also to the load shifting. Consequently, the electricity 

consumption is reduced by 50.18% in winter and 51.39% 

in summer for Scenario EMPC. It is important to bear in 

mind that if the VSHP had a different part load curve, the 

PLF-PLR relation might not have been as favourable at 

low PLR, and in such case the savings could be less 

significant. In fact, in the analysed literature savings were 

comprised between 15% and 40% (Péan et al., 2018b). 

Table 3: Results of winter simulations 

Table 4: Results of summer simulations 

As expected, the EMPC strategy achieves the highest 

monetary savings due to its ability to shift the 

consumption of the HP towards low-price hours. In fact, 

the FF passes from -0.48 and -0.76 in the base case in 

winter and summer, respectively, to 0.64 and -0.13 in 

Scenario EMPC. 

Scenario FCHP VSHP EMPC 

SH Demand 

[kWh] 
216.95 

214.08 

(-1.32%) 

260.08 

(+19.88%) 

DHW Demand 

[kWh] 
57.12 

57.15 

(+0.05%) 

58.10 

(+1.70%) 

Electricity 

Consumption 

[kWh] 

103.57 
86.80 

(-16.19%) 

75.14 

(-27.45%) 

Electricity Cost 

[EUR] 
11.75 

9.64 

(-18.01%) 

5.86 

(-50.18%) 

FF 

[-] 
-0.48 

-0.52 

(-0.04) 

0.64 

(+1.12) 

Scenario FCHP VSHP EMPC 

SC Demand 

[kWh] 
118.94 

118.65 

(-0.24%) 

102.82 

(-13.56%) 

DHW Demand 

[kWh] 
49.78 

49.71 

(-0.13%) 

49.87 

(+0.19%) 

Electricity 

Consumption 

[kWh] 

39.31 
36.86 

(-6.23%) 

22.07 

(-43.85%) 

Electricity Cost 

[EUR] 
5.07 

4.91 

(-3.11%) 

2.46 

(-51.39%) 

FF 

[-] 
-0.76 

-0.84 

(-0.11) 

-0.13 

(+0.63) 
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The shift of the electricity consumption can also be 

appreciated in Figure 4 that show the electricity 

consumption of the heat pump over the two days of the 

simulation period in winter (top) and summer (bottom). 

Moreover, the FF of Scenario VSHP is worse than 

Scenario FCHP in both seasons. A possible explanation 

for this is that the VSHP works for a longer time, albeit at 

lower power consumption, than the FCHP, and so the 

prolonged operation occurs mostly at higher price 

periods. 

Regarding the thermal demand of the building, Scenario 

FCHP and Scenario VSHP have similar demands in terms 

of magnitude since their control system is 

thermally-driven. However, as Figure 4 shows, the trend 

is different since the HP is usually activated at the same 

time, but it avoids the on-off cycle (the blue parts in 

Figure 4) in Scenario VSHP. On the other hand, Scenario 

EMPC changes completely the demand pattern, operating 

the heat pump during the night when the price for 

electricity is low. Due to this load shift, the optimization 

that controls the HP operation changes the delivered 

thermal energy. It is higher for SH (+19.88%) and for 

DHW (+1.70%) in winter, but lower for SC (-13.56%) 

and almost equal for DHW (+0.19%) in summer. The 

difference in winter may be since the HP works more 

during the night in EMPC when the outdoor temperature 

is lower (that also means lower HP efficiency), therefore 

it needs to deliver more thermal energy due to higher 

losses to the outside. On the other hand, the lower SC 

demand in summer may be explained by the fact that the 

EMPC system is able to use the HP at an even lower PLR 

than Scenario VSHP; thus, it can satisfy the demand 

delivering less energy. Moreover, this can also be due to 

the load shifting towards night time. The price signal is  

 

 

Figure 4: HP power consumption in winter (top) and 

summer (bottom) 

similar in both seasons, so the building is more cooled in 

the night, when it is colder outside, but in the summer case 

it is beneficial thanks to lower cooling losses. 

Furthermore, the level of thermal comfort of the 

occupants is highest with the thermal-driven control of the 

building, while it is slightly reduced when flexibility is 

activated as can be seen for the LPD in Figure 5. 

However, the indicator for all the scenarios is within the 

range of 5.5% and 8.0%, well below the discomfort limit 

of 20.0%. Therefore, thermal comfort is not jeopardized 

by the introduction of the EMPC strategy. 

An interesting finding is that, even if it is not explicitly 

the objective of the EMPC strategy, peak shaving is 

achieved. This result is due to the use of the heat pump at 

low PLR, even lower than Scenario VSHP that already 

uses the HP at part load. In fact, the percentage of time 

when the HP has an electrical consumption higher than 

60% of the HP rated input power decreases by 76.77% in 

winter and by 98.63% in summer in the energy flexibility 

strategies compared to Scenario VSHP. As a 

consequence, the HP is activated during longer periods.  

 

 

Figure 5: LPD of winter (top) and summer (bottom) 

simulations 

Conclusion 

The aim of the present research was to present the design 

and implementation of a VSHP in TRNSYS and to 

examine its behaviour in an energy flexibility scenario of 

MPC. Using the developed models, the VSHP proved to 

be more efficient than the FCHP, achieving an electricity 

consumption reduction of 16.10% in winter and of 6.23% 

in summer, due to its ability to work at part load where 

the HP efficiency is higher. Moreover, the EMPC strategy 

achieved its objective by reducing the electricity cost by 

approximately 50% in both seasons, successfully 

achieving load shifting towards low-price hours. 

However, the level of thermal comfort of the occupants 

was slightly reduced when flexibility was activated yet 

remains far from discomfort levels. In conclusion, the 

developed model of a VSHP achieved interesting results 

both when applied in conventional control strategy and 

EMPC, while MPC showed to be a promising technique 

that is able to provide energy flexibility in buildings 

equipped with heat pumps. Future work should focus on 

the experimental validation of the part load curve of the 

developed VSHP model, on the analysis of different MPC 

strategies to further examine the flexibility potential of a 

VSHP, and on the assessment and estimation of the 

uncertainties. 
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Abstract
High return temperatures are a frequent issue lead-
ing to inefficiencies in district heating networks. The
causes for high return temperatures usually lie on the
secondary side, within the building heating system.
However, the district heating operator will in most
cases only have access to primary side data through
the heat meter. This makes it difficult for the opera-
tor to identify and remedy these causes. This contri-
bution uses coupled building and system simulations
to investigate issues leading to high return tempera-
tures. The resulting synthetic data replace inaccessi-
ble secondary side data for the training of supervised
classification algorithms allowing these issues to be
diagnosed based on temperature and flow measure-
ments in district heating substations.
These classification algorithms are tested with three
cases differing in the assumed availability of sec-
ondary side data. Fault detection and diagnosis can
be performed with primary data only, with a mod-
est degree of accuracy. Temperature measurements
on the secondary side of the substation are shown to
considerably improve the quality of predictions, from
78% to 96% classification accuracy.

Introduction
High return temperatures are a frequent issue leading
to inefficiencies in district heating networks (Gadd,
2014; Zinko et al., 2005). The causes for high re-
turn temperatures usually lie on the secondary (cus-
tomer) side. Traditionally, district heating operators
only have access to hardware and data on the primary
side and not on the secondary side. This makes the
causes for high return temperatures difficult for oper-
ators to identify and remedy. This paper presents the
simulations developed to investigate four possible is-
sues potentially leading to high return temperatures.
The aim is to use the results of a large number of
simulations to discover the “signature” of respective
faults in time series of measurable physical values.
Despite high return temperatures being a specific dis-
trict heating issue, related work can be found in fault
detection and diagnosis (FDD) for building systems.

This paper investigates the hypothesis that building
performance simulation has the potential to assess a
variety of issues in terms of their impact on return
temperatures and, further, to generate data for the
training of FDD algorithms. After a review of related
work in these domains, a simulation-based method for
the investigation of high district heating return tem-
peratures is presented. The method is then applied to
a case study, followed by a discussion of the results.

Related work
District heating return temperatures
District heating (DH) systems supply heat generated
in centralized locations to consumers located in multi-
ple buildings, connecting these sources and consumers
through a pipe network (Frederiksen and Werner,
2013). Benefits of this centralized heat supply in-
clude its flexibility, the lower costs and higher effi-
ciency of heat generation in larger units, as well as
the possibility to utilize excess heat and other forms
of renewable heat sources (Zinko et al., 2005). Re-
newable heat sources are often at a lower tempera-
ture than used in traditional DH systems, which is
why a transition towards lower temperature levels
makes an increasing share of renewable energy in DH
possible (Lund et al., 2014; Brand, 2014). In prac-
tice, return temperatures higher than planned have
been recognized to be a frequent issue hampering ef-
ficient and cost-effective operation of district heating
(Zinko et al., 2005). While primary supply temper-
atures are under the control of district heating op-
erators, return temperatures depend on the cooling
taking place on the secondary side, which may be in-
sufficient for a variety of reasons. Causes for high
return temperatures may differ in their origin, tem-
poral behaviour, location in the system, and impact.
The issue may lie in the substation heat exchanger,
or in the customer heating system and its controls,
or even in occupant behavior (Geyer and Schmidt,
2017). The issue of return temperatures in district
heating systems has already been tackled in an IEA
project, where the concepts of excess flow and tar-
get return temperatures were used to detect malfunc-
tioning substations (Zinko et al., 2005). Diagnosis
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was limited to reasoning on the time of year in which
malfunctions arised, and concluding whether the issue
was related to space heating or domestic hot water.
Whereas in the past meter readings in DH substation
were usually performed manually for billing purposes,
they are starting to be available at a hourly resolu-
tion, which offers the possibility to detect inefficient
behavior in a proactive and affordable way (Gadd,
2014). Gadd and Werner (2015) used measurements
in 135 Swedish district heating substations to identify
three main types of faults. They found faults in more
than two thirds of the substations. The analysis was
done manually, but the possibility of automating it
was highlighted.
Fault detection and diagnosis in building sys-
tems
Automated fault detection and diagnosis for heating,
ventilation and air-conditioning (HVAC) systems is
an active area of research, with a wide array of meth-
ods. In an extensive review of such methods, Kim
and Katipamula (2018) categorized them according to
whether they are based on process history, qualitative
models or quantitative models. The main obstacle to
the use of model-based methods is the expense of cre-
ating the models and validating them with empirical
data. Generally, FDD research has often been focused
on particular components, with a considerable body
of research on FDD for chillers and air-handling units,
but approaches looking at the whole building have
also been proposed (Kim and Katipamula, 2018). For
such cases, it can be argued that building perfor-
mance simulation is the soundest way to quantify the
impact of faults taking into account interrelations at
various levels (Zhang and Hong, 2017).
Building and HVAC simulation
To model the impact of faults resulting in higher dis-
trict heating return temperatures, one ought to con-
sider temperatures supplied by district heating net-
works, substations, customer heating systems and the
buildings they serve. Existing simulation tools al-
low models accounting for the interplay between these
systems to be executed and provide quantitative in-
formation on the resulting behavior.
Whole building thermal simulation may vary in the
nature of the link between inputs and outputs (black-
box versus white-box models), in the treatment of the
temporal dimension (stationary versus transient mod-
els) and in the level of detail in which different aspects
are modelled (de Wilde, 2018). In terms of model
structure, approaches for the simulation of HVAC sys-
tems range from conceptual models in which system
behavior is completely idealized to component-based
and equation-based models (Trčka and Hensen, 2010).
In the present research, component-based modeling
of heating systems is assumed to be a suitable level
of detail. Faults affecting specific components are
best modelled if the corresponding components are

Scenario

Base model Variable parameters + fault parameters

Sample parametersSimulation models

Simulation results

Climate
Building use
Construction age
System type

Training and validation data

Measurements

feature 
extraction

Trained FDD algorithm

FDD predictions

Figure 1: Proposed method.
explicitly modelled. On the other hand, more de-
tailed equation-based modeling may provide more ac-
curate results and make it possible to simulate addi-
tional issues, such as hydraulic imbalance. However,
the additional computing effort may be problematic
considering the high number of simulation runs, and
parameter setting would be more challenging.

Method
Overview
The objective of the proposed method is to model
issues affecting district heating substations and cus-
tomer heating systems, so as to discover “signatures”
allowing to detect and diagnose these issues in mea-
surable time series. For the corresponding fault de-
tection and diagnosis to be robust, the simulation
models used to generate data need to account for the
variability of conditions and parameters which may
affect substation behavior.
An overview of the proposed method is illustrated in
Figure 1. The method is applied to specific scenar-
ios, each of which corresponds to a certain type of
building and system, with similar climate and con-
struction quality. For each scenario, a model struc-
ture is defined, as well as variable parameters with
specific ranges, and faults, which may also be defined
parametrically.
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Simulation experiments are then carried out by sam-
pling sets of values for the variable parameters. These
sets of values correspond to cases with faults, but
also (mostly) without faults. A simulation model is
then created and run for each set of value. The cor-
responding results represent the data used to train
fault detection and diagnosis algorithms.
Modeling approach
For each scenario, a base simulation model is pre-
pared, as well as a list of variable parameters and
their ranges. The simulation model should be de-
tailed and flexible enough to evaluate normal op-
eration and faults. For the implementation of the
method presented here, coupled simulation is carried
out with EnergyPlus and TRNSYS (Crawley et al.,
2001; Klein, 1988). TRNSYS is used to model the
heating systems, and EnergyPlus for the building be-
havior. These two tools are used so as to take advan-
tage of the superior flexibility and level of detail of
each tool for the respective domain. Run-time cou-
pling is implemented with the functional Mock-up in-
terface (FMI) (Nouidui et al., 2014). The component-
based TRNSYS system model, illustrated in Figure
3, includes delivery components for each zone, dis-
tribution components (pumps, pipes and valves) and
substation heat exchangers, as well as a heat source
representing the district heating network itself, with a
supply temperature varying as a function of outdoor
temperature. It takes zone temperatures as inputs
and returns delivered heat rates as outputs. The En-
ergyPlus building model, for which inputs and out-
puts are reversed, has a given base geometry for each
scenario, but is subject to variations in window-to-
wall ratio construction properties, internal loads, in-
filtration and weather.
Simulation model preparation
As the method relies upon a large number of simula-
tions, a high degree of automation in preparing and
running the models is essential to its applicability. A
key task is the sizing of system components, which
should be realistic and at the same time account
for a certain sizing variability, including also possible
faults. This sizing is carried out programmatically
with the successive application of procedures dealing
with subsystems from the demand to the supply side,
as in Bres (2018). This starts with the calculation of
design heat loads from building model and construc-
tion properties. Using design temperatures as vari-
able inputs, delivery components are then determined
and sized for each zone, followed by an approximation
of the secondary distribution subsystems and by the
substation and its heat exchanger. Sizing variability
is introduced with sizing factors applied at different
steps (parameters 14 and 20 in Table 1).
Different types of faults are introduced in the model
in various ways. Design faults are modelled with the
use of faulty sizing values (e.g. fault 4 in Table 2) in

the procedures mentioned above. Models of normally-
functioning systems obtained from the previous pro-
cedures are partially modified to account for opera-
tion faults (e.g. fault 3 in Table 2). Control faults
(e.g. faults 1 and 2 in Table 2) can be introduced by
modifying control parameters.
Sampling approach
In order to use simulation data to train robust fault
detection and diagnosis algorithms, it should reflect
the variability of properties and conditions affecting
system behavior. This should be ensured by an ap-
propriate design of experiments, allowing the param-
eter space to be explored in an efficient way. To this
aim, a Latin hypercube design is used for sampling
input variables (Levy and Steinberg, 2010). Also, in
order to account for the variability of occupant behav-
ior, a stochastic approach is used to generate different
occupancy and tap water draw profiles for each sim-
ulation run, following Page et al. (2008) and Fischer
et al. (2016).
After sampling n points with values from the regu-
lar ranges, faults are introduced by modifying certain
values in some of these points.
Analysis and algorithm training
The results of simulations prepared and run for each
of the previously defined n points are finally anal-
ysed and used for fault detection and diagnosis. This
includes the calculation of indicators for each simula-
tion, the analysis of input-output relationships based
on these indicators, and eventually the training and
validation of automated FDD algorithms.
Simulation results and substation performance are as-
sessed with a variety of indicators, a selection of which
is summarized in Table 3. Volume-weighted average
primary return temperature can be considered to best
represent the impact of substation return tempera-
tures for the network (Crane, 2016).
Excluding cases of substations with more than one
fault, fault detection and diagnosis can be formulated
as a classification problem with classes correspond-
ing to different faults and to the fault-free case. The
aim is to predict the right class based on measurable
quantities. In this stage, it was decided to trans-
form the time series by calculating statistics over the
full simulation period and to use these as features
for the classification algorithms. More specifically,
let (x

(j)
i )16i6t,16i6m be the values of m measurable

quantities for t time steps. These measurable quan-
tities correspond to temperatures and flow rates. For
each pair (j1, j2) of these measurable quantities, we
calculate the following statistics: correlation coeffi-
cient ρx(j1),x(j2) and quotient of average values x(j1)

x(j2)
.

The corresponding values are then used for the train-
ing of classification algorithms, starting with binary
decision trees.
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Figure 2: Layout of the substation for the case study.
1: heat exchanger for space heating. 2: space heating
consumers (radiator heating). 3: heat exchanger for
domestic hot water. 4: domestic hot water consumer.
5: domestic hot water recirculation.

Figure 3: TRNSYS model components of the substa-
tion and heating system. For clarity, only physical
components are shown, while control and data flow
units are hidden.

Case study
Scenario
The method proposed in this paper is illustrated with
a case study corresponding to a single scenario. The
scenario corresponds to single-family houses built in
the 1980’s and 1990’s in Northern Germany. The
houses are supplied with district heating for space
heating and domestic hot water, using an indirect
parallel connection as illustrated in Figure 2. Variable
simulation input parameters with the value ranges
corresponding to this scenario are summarized in Ta-
ble 1. Four types of faults are selected for simulation,
as summarized in Table 2.
Simulation results
The previously described method is applied to this
scenario generating n = 1000 simulations, for a six-
month simulation period. A time step of 10 minutes is
chosen, for reasons of simulation stability and because
it corresponds to the short end of monitoring inter-
vals used in practice. Each of the four fault types is
introduced in 10% of the simulations, yielding a total

Figure 4: Scatter plot of averaged secondary and pri-
mary return temperatures for 200 simulations.

of 40% simulation runs with faults and 60% fault-free
simulation runs.
The simulation data is reduced to a smaller set of
significant numbers by calculating summary indica-
tors for each simulation run. Figure 4 shows average
primary and secondary space heating return temper-
atures for each simulation run. A trend for higher
return temperatures in the case of faults can be dis-
tinguished, but it is not sufficient for accurate fault
detection. Primary return temperatures are also de-
pendent on primary supply temperature, which repre-
sents a confounding variable not related to substation
and secondary systems.
The impact of the simulation parameter settings on
the indicators summarized in Table 3 are reviewed by
multiple linear regression. Figure 5 shows resulting
coefficients for a selection of independent (simulation
input parameters) and dependent (simulation output
indicators) variables. This allows the various impacts
of variable parameters - whether related to faults or
not - to be visualized and compared. A key indicator
for the present work is mean primary return tempera-
ture (mprt). Particularly noticeable for this indicator
are the strong impacts of the heat curve parameter
(19) and the leakage rate parameter (13), which are
related to two faults, but also that of the design sec-
ondary supply temperature (15), which we consider to
vary in a certain range (55 to 65 ◦C) independently of
faults. Conversely, a parameter like the temperature
set point chosen by occupants (4) has a high impact
on energy consumption but not on return tempera-
tures.
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Table 1: Variable simulation input parameters with their value ranges in the normal case and, where applicable,
in fault cases.

Parameter Min Max Unit Fault values
1 - window U-value 1.0 2.0 W/(m2 K)
2 - wall U-value 0.4 0.8 W/(m2 K)
3 - window g-value 0.5 0.7
4 - occupant-defined heating set point 19 23 ◦C
5 - heat gain from electric equipment 5 11 W/m2

6 - area per person 15 45 m2/person
7 - ventilation per area 1.0 2.0 m3/(h m2)
8 - infiltration rate 0.1 0.2 h−1

9 - infiltration coefficient a 0.5 0.8
10 - infiltration coefficient b 0.02 0.04 K−1

11 - weather constant temperature shift -2 2 ◦C
12 - window-to-wall ratio 0.15 0.35
13 - space heating heat exchanger valve leakage rate 0.001 0.003 0.2 to 0.3
14 - design ∆θ primary - secondary return 1.0 1.5 K 4.0 to 6.0
15 - design temperature from generation subsystem 55 65 ◦C
16 - secondary heating curve: x1 -15 -5 ◦C
17 - secondary heating curve: x2 10 16 ◦C
18 - secondary heating curve: averaging time 0 4 h
19 - secondary heating curve: y2 40 50 ◦C = parameter 15
20 - delivery sizing factor 1.0 1.2
21 - delivery PID control: constant term 0.05 0.15
22 - delivery PID control: integral term 0.5 1.5
23 - primary supply temperature curve: x1 -25 -15 ◦C
24 - primary supply temperature curve: x2 8 12 ◦C
25 - primary supply temperature curve: y1 90 110 ◦C
26 - primary supply temperature curve: y2 65 85 ◦C
27 - space heating heat exchanger PID controller: Kp 0.002 0.004
28 - space heating heat exchanger PID controller: Ti 0.05 0.15 h
29 - pipe insulation factor 0.3 0.5
30 - recirculation control temperature difference 4.5 5.5 2 to 3

Figure 5: Regression coefficients for selected input
variables (as in Table 1, 7 of 30 independent vari-
ables) and indicators (dependent variables) as in Ta-
ble 3: red for positive coefficients, blue for negative
coefficients. Only values of relevant coefficients (p-
value under 0.05) are written.

Table 2: Modelled faults and corresponding parameter
IDs (as in Table 1).
Fault Parameter
1 - excessive hot water recirculation
flow

30

2 - lacking space heating secondary
temperature reset

19

3 - leaking space heating heat ex-
changer valve

13

4 - undersized space heating heat ex-
changer

14

Fault detection and diagnosis
The next step is to transform simulation results into
features for classification. We distinguish three cases
for the selection of m measurable quantities among
simulation results, corresponding to measurements
which are assumed to be available:

• A: only primary supply and return temperatures,
primary flow rate and ambient temperature are
available (m = 4).

• B: in addition to A, temperature measurements
on the secondary side are available (m = 8).

• C: in addition to B, flow rates on the secondary
side are available (m = 10).
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Table 3: Simulation output indicators.
ID Indicator Unit
mprt mean primary return tem-

perature

◦C

mpvf mean primary volume flow m3/h
vwprt volume-weighted primary

return temperature

◦C

ec energy consumption MWh
msrt mean secondary return tem-

perature

◦C

mdrt mean DHW return temper-
ature

◦C

Using pairwise correlation coefficients and quotients
of means as indicated above, the resulting number of
features is equal to m(m − 1): 12 for case A, 56 for
case B and 90 for case C. The results shown in the
following are obtained by calculating features directly
from the raw simulation results (time steps of 10 min-
utes). Averaging simulation results to hourly values
before feature calculation was found to yield similar
results, not shown in this paper.
As a classification method, we use binary decision
trees (Kotsiantis et al., 2007; Reddy, 2011) obtained
with the classification and regression tree (CART) al-
gorithm (Breiman et al., 1984; Steinberg and Colla,
2009) as implemented in MATLAB. The choice of de-
cision trees was mainly motivated by their ease of
interpretation and low number of hyperparameters.
The resulting classification performance is evaluated
with five-fold cross-validation.
Results of classification for the three cases are sum-
marized in Figure 6. Calculating the overall accuracy
as the number of correct predictions divided by the
total number of predictions, the values obtained for
cases A, B and C are 78%, 96% and 96%, respectively.
Thus, very good results are obtained in cases B and
C. Weaker performance is noticeable for fault 4 (un-
dersized heat exchanger), with 30% of false negatives
and 20% of false positives, while the other three faults
are diagnosed with 95 to 100% accuracy.
The results obtained with primary measurements
only, displayed in Figure 6a, are significantly inferior.
While predictions for fault 3 are still accurate, the
number of false negatives and false positives for the
other faults is high.

Discussion
The presented case study shows that the modelled
faults indeed exhibit signatures: given the right mea-
surements, it is possible to detect and diagnose them
with good accuracy when measurements on both pri-
mary and secondary sides are available. As could
be expected, 100% accuracy is not achieved, but this
should not prevent the method from being helpful in
directing attention to possible reasons for high return
temperatures.

(a) Case A.

(b) Case B.

(c) Case C.

Figure 6: Confusion matrices showing the number of
true predictions in green and false predictions in red
for classification in the three cases of measurement
availability.
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The analysis of simulation results shows that the
boundary between faults and normal variations is
often blurry. For instance, it was assumed for the
present case study that the design supply tempera-
ture varies in a certain range, without considering it
a fault. It can be seen in the results that these vari-
ations have a significant impact, such that one may
also consider it a fault (“excessively high design tem-
perature”).
Validation of the proposed method and the simula-
tions underlying it deserves further discussion. A pos-
sible starting point is to distinguish between different
sources of uncertainty (Macdonald, 2002):

• model inadequacy should be kept low. Compo-
nent models are validated to a large extent, but
the adequacy of their combination in a whole
model can be questioned.

• parameter uncertainty should have limited im-
pact, as we use parameter ranges and look at cor-
relations and differences between outputs rather
than at absolute values. However, parameter
ranges for each scenario should also be validated,
and may need to be refined.

• residual variability (including stochastic pro-
cesses) is partially represented in the model and
covered by parameter variations.

• code uncertainty is assumed to be reasonably
low, as the simulation tools we use have been
subject to validation.

Several efforts have been used for quality control of
the simulations:

• Results of single simulation runs have been
checked for plausibility, using a variety of plots
making a qualitative comparison with measured
cases possible.

• Condensing the results of simulations in indica-
tors allows abnormal behavior to be detected
quickly for simulation batches. For instance,
it is checked whether excessive oscillations are
present in simulation results.

• Trained classification trees are checked for plau-
sibility by looking at the features used for diag-
nosing each fault.

The next step will be empirical validation of the sim-
ulation data with real-life operational data. Ulti-
mately, validating the proposed method would re-
quire the use of the trained classification algorithms
on real data. The resulting predictions should be
compared with the outcome of detailed system au-
dits which would allow the corresponding faults to be
identified.
The results of the case study show the accuracy of
predictions to be dependent on the availability of
measurements on the secondary side. Compared with
case A in which only primary measurements are avail-
able, temperature measurements on the secondary

side (case B) make considerable accuracy improve-
ments possible. By comparison, the added value of
additional flow rate measurements on the secondary
side (case C) appears to be very low. Given the cost
of such flow rate measurements, case C does not ap-
pear to be practically motivated.

Conclusion
The present work addressed the issue of higher-than-
planned return temperatures in district heating net-
works, with focus on the customer side. These may
be caused by a number of reasons, which we can refer
to as "faults". Coupled building and system simula-
tion can be used to model the dynamic behavior of
buildings and heating systems served by district heat-
ing, and the way it is affected by faults. By running
a sufficient number of such simulations, training data
can be produced for fault detection and diagnosis al-
gorithms.
The application of classification algorithms to simu-
lation data gives promising results. A distinctive con-
tribution of this paper is that it quantifies the value
of using temperature measurements on the secondary
side. It shows that these measurements make it pos-
sible to go beyond fault identification and perform
fault diagnosis with good accuracy. Conversely, addi-
tional flow rate measurements on the secondary side
are shown to be superfluous. The results also show
that certain faults are easier to diagnose than others.
The application of the method may contribute to
the optimization of district heating systems and
their transformation towards fourth generation dis-
trict heating systems with a higher share of renewable
energies. Future work in this direction should include
the modeling of additional types of faults and valida-
tion work with real systems. Fault diagnosis accuracy
can be expected to decrease with a higher number of
fault types. On the other hand, classification results
may be improved by using other features and other
algorithms than classification trees. Results are also
expected to depend on the length and resolution of
time series, which should also be investigated. Cal-
culating statistics in a sliding window fashion rather
than for the whole simulation period may allow the
method to be applied for continuous delivery.
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Abstract 

In refurbishment of multi-family houses heat pumps for 

heating purpose are rarely used. If in a deep renovation a 

ventilation unit is mounted, the ducts could be used also 

for heating. 

For this reason, a ventilation unit combined with a multi-

source heat pump (exhaust and ambient air) was 

developed, built, tested and simulated. It is suitable for 

heating and cooling apartments and small buildings with 

a heating capacity of up to 2.5 kW. With the presented 

solution often-obtained problems with air heating 

systems, such as dry air due to high volume flows or 

overheating of the supply air rooms can be avoided. A 

simulation study with a calibrated heat pump model was 

done to proof the concept. 

Motivation and Concept 

Energy-efficient buildings are often equipped with 

controlled ventilation system with supply and exhaust air. 

The existing air ducts can also be used for heating and 

cooling the building (Ochs et al, 2017). This solution is an 

attractive alternative to split and multi-split units. It is 

cost-effective and can be installed visually attractive. For 

example, it can be combined with façade-integrated 

modules and innovative air duct systems. 

That this kind of concepts with small heating capacities of 

around 1 kW are working was already shown by 

(Dermentzis et al, 2017). From a more theoretical point of 

view such concepts were presented e.g. also by (Mortada 

et al, 2010). 

But the limited heating capacity requires a high efficient 

refurbishment. This cannot always be realized, in most 

cases due to economic and social reasons. For this reason, 

a ventilation unit combined with a multi-source heat 

pump (exhaust and ambient air) was developed and built 

(Ochs et al, 2018). It is suitable for heating and cooling 

apartments and small buildings with a heating capacity of 

up to 2.5 kW. 

Due to lack of space in the façade for the whole device it 

was split into two parts: an outdoor and an indoor unit 

(compare Figure 1). 

 

Figure 1: Components and air flows of the device with 

the outdoor and the indoor unit. 

Figure 2 shows the scheme of the indoor unit, which can 

be e.g. mounted on the ceiling of the kitchen or bathroom. 

The device uses an energy recovery exchanger to reduce 

the ventilation losses. The volume flow of the supply and 

extract air can be in the range of 80 to 120 m³/h. This 

amount of air is too less to provide the whole heating 

capacity of the heat pump via fresh air. The maximum 

possible heat capacity is around 10 W/m². For this reason 

additional secondary air is used (volume flow of 0 to 

135 m³/h) and heated up with a second condenser. The de-

icing of the heat pump is realized with a hot-gas bypass. 

 

Figure 2: Scheme of the indoor unit. 

Figure 3 (a) shows the outdoor unit, which is façade-

integrated. The outdoor unit contains the evaporator, the 

compressor and the inverter for the heat pump. The 

evaporator uses the exhaust air of the indoor unit and 

additional ambient air (up to 200 m³/h). 
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Figure 3: (a) Façade-integrated outdoor unit with 

evaporator and compressor, (b) Whole heat pump in the 

test facility of the University of Innsbruck. 

Method 

Measurements 

The described multi-source heat pump was built and 

tested in the laboratories of the University of Innsbruck. 

In the compact unit test facility, air to air heat pumps and 

ventilation units can be tested. Up to eight different air 

flows can be measured at the same time regarding 

temperature, humidity and volume flow. Two climate 

chambers can be conditioned and can be used for 

emulating the boundary conditions.  

Steady-state measurement for different system states and 

different boundary conditions were done. Moreover, the 

transient behaviour regarding time constants of the heat 

pump and icing-behaviour were obtained. 

Figure 3 (b) shows the heat pump in the laboratory 

connected to the measurement equipment. 

All the presented results belonging thermal power and 

energy have an accuracy of around 5 %. The electrical 

power and energy have an accuracy of 0.5 %. 

Simulations 

MATLAB Simulink with the uibkCARNOT Toolbox 

(Siegele, Leonardi 2019) is used as a simulation platform. 

For all simulations a 2-star-node model is used. The 

structure is simulated with a hygrothermal model. Air 

exchange between two adjacent zones through open doors 

is modelled based on an empirical model used in the 

uibkCARNOT Toolbox. 

The building under consideration is a typical multi-storey 

residential building (Figure 4 and Figure 5). It consists of 

five storeys and two symmetrical flats for each storey. The 

staircase and the basement are not heated and a monthly 

average ground temperature based on calculations 

according to the ISO 13370:2017 is considered. The 

reference flat (with an area of 70.9 m2) considered here is 

the flat of the first floor oriented to north-east. The flat 

consists of six thermal zones (one for each room), while 

the other flats (above and adjacent, below) and the 

staircase are each as one zone calculated. 

It is assumed that the doors of the kitchen and living room 

are always opened, while the other doors (i.e. bathroom, 

child room and sleeping room) are always closed. 

 

Figure 4: Plan of the multi-storey building (10 flats, two 

symmetrical flats for each store), in colours: the flat 

considered for the detailed considerations. 

 

Figure 5: Section of the building. 

A mechanical ventilation unit with energy recovery 

(ERV) supplies fresh air to the parents room, child room 

and living room (40/20/40 m3/h in standard conditions) 

and extracts air from the kitchen and bathroom 

(60/40 m3/h in standard conditions).  

An ERV model was implemented, using an expanded eta-

NTU analytical approach considering the relative 

humidity of the extract air (compare (Siegele, 2018) and 

(Ochs, 2017)). The sensible and latent effectiveness were 

determined from the measurements. 

The heat pump simulation base on look-up tables 

determined from the measurements. Transfer functions 

were taken into account to consider the transient 

behaviour of the heat pump (switching on or off the heat 

pump and de-icing). The de-icing behaviour was 

simulated with a timer. A running time of 1.5 hours and a 

de-icing time of 10 minutes are considered. 

The control is based on a cascade of two PI controllers. 

The room temperature is in this study always measured in 

the hallway. The first PI controller produces the set point 

for the supply air temperature. The second one controls 

the speed of the compressor to reach the necessary supply 

air temperature. 

To avoid thermal discomfort additional room-wise 

electrical heaters are considered in different operation 

modes. For comfort reason an electrical radiator in the 

bathroom is always necessary. For the sake of simplicity 
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this it uses always the same set point of 21.0 °C. In reality 

the energy consumption can be significantly reduced by 

an “on-demand” controller. 

An air change rate of 0.07 h-1 (constant throughout the 

year) due to infiltration is assumed. 

An active cooling was in the presented simulations not 

considered. The heat pump can provide also cooling. 

These results will be presented in further publications. 

External movable shading blinds limit the solar gains 

during the summer and passive cooling of the flat is 

ensured by activation of night cooling ventilation and 

opening of the windows (see (Ochs et al, 2018) for 

detailed information about the control strategies 

implemented). 

The reference flat is occupied by three persons (approx. 

24 m2/person). It is assumed that the daily schedule of the 

occupation profile is valid also during the weekend. 

Additional information about the building model (e.g. 

internal gains, control strategies, wall constructions, etc.) 

can be found in (Ochs et al, 2018). 

Tree different climates were considered: Innsbruck (AT), 

Warth (AT) and Lyon (FR). 

Key Performance Indicators 

To describe the efficiency of the heat pump the following 

KPIs were defined. 

To describe the coefficient of performance (COP) the 

equation (1) is used. 

 𝐶𝑂𝑃𝐻𝑃 =  
�̇�𝑠𝑢𝑝+�̇�𝑠𝑒𝑐

𝑃𝑒𝑙,𝑐𝑜𝑚𝑝+𝑃𝑣𝑒𝑛,𝑠𝑒𝑐+𝑃𝑣𝑒𝑛,𝑎𝑚𝑏+𝑃𝑒𝑙,𝑣𝑎𝑙𝑣𝑒
 (1) 

Q̇sup is the heating capacity of the supply air. �̇�𝑠𝑒𝑐 is the 

heating capacity of the secondary air. 𝑃𝑒𝑙,𝑐𝑜𝑚𝑝 is the 

electrical consumption of the compressor (including 

inverter losses). 𝑃𝑣𝑒𝑛,𝑠𝑒𝑐  the electrical consumption of the 

ventilator for the secondary air. 𝑃𝑣𝑒𝑛,𝑎𝑚𝑏  the electrical 

consumption of the ventilator for the additional ambient 

air. 𝑃𝑣𝑒𝑛𝑡,𝑣𝑎𝑙𝑣𝑒  is the electrical consumption for the 

magnetic valves in the refrigerant cycle. The controller is 

currently neglected. All the values are obtained from the 

measurements. 

For the seasonal performance the seasonal performance 

factor (SPF) is used according to equation (2). 

 𝑆𝑃𝐹𝐻𝑃 =  
𝑄𝑠𝑢𝑝+𝑄𝑠𝑒𝑐

𝐸𝑒𝑙,𝐻𝑃
 (2) 

 𝐸𝑒𝑙,𝐻𝑃 = 𝑃𝑒𝑙,𝑐𝑜𝑚𝑝 + 𝐸𝑣𝑒𝑛,𝑠𝑒𝑐 + 𝐸𝑣𝑒𝑛,𝑎𝑚𝑏 + 𝐸𝑒𝑙,𝑣𝑎𝑙𝑣𝑒 + 𝐸𝑒𝑙,𝑑𝑒𝑖𝑐𝑛𝑔  (3) 

In constrast to equation (1) energies in spite of powers are 

used. Additionally the energy for the de-icing 𝐸𝑒𝑙,𝑑𝑒𝑖𝑐𝑖𝑛𝑔 

is considered, which is realized by a hot-gas bypass in the 

refrigerant cycle. 

For the system performance of the heat pump additional 

room-wise electrical heaters have to be considered 

according to equation (4). 

 𝑆𝑃𝐹𝑠𝑦𝑠 =  
𝑄𝑠𝑢𝑝+𝑄𝑠𝑒𝑐

𝐸𝑒𝑙,𝐻𝑃+𝐸𝑒𝑙,ℎ𝑒𝑎𝑡𝑒𝑟𝑠
 (4) 

𝐸𝑒𝑙,ℎ𝑒𝑎𝑡𝑒𝑟𝑠 is the energy consumption of the room-wise 

electrical heaters. 

In this publication the ventilation system is not further 

discussed or rated and not considered in the system 

performance. In (Calabrese et al, 2018) the ventilation 

system in combination with the heat pump was already 

evaluated. 

Measurement Results and Discussion 

The presented concept was built in in two different 

configurations for a heating capacity of 2500 W and also 

for 1400 W. Only the results of the former are going to be 

presented here. 

The ventilation system in combination with the heat pump 

can be used in different operating modes: 

• only ventilation (compare (Siegele 2018)); 

• heating via the supply air (80 and 100 m³/h), 

secondary air off; 

• heating via the supply air (80 and 100 m³/h) and 

additional secondary air (65 to 135 m³/h); 

• heating via secondary air (this mode is not 

investigated here). 

Moreover the heat pump has additional operating modes 

by using the different air flows (multisource heat pump): 

• exhaust air, 

• exhaust air and ambient air, 

• ambient air. 

This variety of operation modes allows to optimize the 

controller which is later described. 

The following figures show the steady-state measurement 

results of the device for different operating modes. The 

scaling of the y-axis is always the same, which allows a 

direct comparison of different operation modes. The 

given air flow rates are always calculated for norm 

conditions (20 °C, 50 % r.H.). In fact the device uses mass 

flow rates to keep the balances and e.g. heating up the 

supply air effects a higher air volume flow. Following 

results are presented: 

• Supply air with exhaust air heat pump 

• Supply and secondary air with exhaust air heat 

pump 

• Supply and secondary air with exhaust and 

ambient air heat pump 

Figure 6 show the heating capacity for the “pure” supply 

air heating system with an air flow rate of 100 m³/h. The 

different isolines represent the speed of the compressor in 

rounds per minute (rpm). This operating mode uses the 

exhaust air as source. To prevent overheating of the 

compressor and inverter an additional minimal air flow 

rate (ambient air) of approx. 30 m³/h used. 

With the lowest speed a heating capacity between 500 W 

and 650 W can be obtained. The maximum heating 

capacity is limited because the air temperature should not 

exceed 55 °C. This is necessary to avoid carbonization of 

the dust and due to this bad smell. With the limitation to 

100 m³/h (norm air flow rate) for the supply air a 

maximum heating capacity of 1250 W can be reached. 
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Figure 6: Heating capacity depending on speed of the 

compressor for supply air 100 m³/h and exhaust air 

100 m³/h. 

Figure 7 shows the coefficient of performance (COP) for 

this case. Values between 1.4 and 3.0 can be obtained. 

 

Figure 7: COP depending on speed of the compressor 

for supply air 100 m³/h and exhaust air 100 m³/h. 

Figure 8 shows the heating capacity in case of an 

additional secondary air flow rate with 100 m³/h. The heat 

pump still uses only the exhaust air as source. Due to the 

higher volume air flow rates the maximum heating 

capacity (supply air and secondary air) can be increased 

to 1500 to 2100 W. In this case the exhaust air flow rate 

is the limiting factor. 

 

Figure 8: Heating capacity depending on speed of the 

compressor for supply air 100 m³/h, secondary air 

100 m³/h and exhaust air 100 m³/h. 

Figure 9 shows the COP for the corresponding case. An 

increase over the whole compressor speed range can be 

obtained. 

Figure 10 shows the case with an additional secondary air 

flow rate of 100 m³/h and an additional ambient air flow 

rate of 200 m³/h for the heat pump. A further increase of 

the heating capacity can be obtained and a heating 

capacity of 2000 to more than 3000 W can be expected. 

 

Figure 9: COP depending on speed of the compressor 

for supply air 100 m³/h, secondary air 100 m³/h and 

exhaust air 100 m³/h. 

Figure 11 shows the COP for this operating mode. For 

higher compressors speeds it is comparable with Figure 9. 

For lower compressor speeds the COP decreases because 

the electrical power consumption of the ambient 

ventilator has a high influence on the overall performance. 

 

Figure 10: Heating capacity depending on speed of the 

compressor for supply air 100 m³/h, secondary air 

100 m³/h, exhaust air 100 m³/h and additional ambient 

air 200 m³/h. 

 

Figure 11: COP depending on speed of the compressor 

for supply air 100 m³/h, secondary air 100 m³/h, exhaust 

air 100 m³/h and additional ambient air 200 m³/h. 

The presented results are used as input data for the 

simulation. The different steady-state measurement 

results for possible system states are combined in the 

simulation work. The transient behaviour of the heat 
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pump is considered via transfer functions obtained by the 

measurements. 

Simulation Results and Discussion 

There are two main goals of the simulation study: 

• optimize the temperature distribution in the flat 

compared to a traditional air heating system, 

• obtain the overall seasonal system performance. 

In this study the goal is to reach in all room 20.5 °C and 

to avoid significant overheating or underheating. 

Underheating leads to dissatisfaction among the residents 

and overheating to unwished user behaviour, e.g. opening 

of the windows in the winter. This decreases the overall 

system performance dramatically. It is very difficult to 

define fixes values which temperatures represent 

‘overheating’ and ‘underheating’. With an operative room 

temperature of 20.5 °C and a relative humidity of 50 % a 

PMV (according to EN 15251) of -0.20 can be 

determined. This is on the border between category I and 

II. Assuming the change of one category provides still 

comfort conditions, for underheating a PMV of -0.50 

which represents an operative temperature of around 

19.2 °C is allowed. For overheating a PMV of 0.20 is 

acceptable which represents an operative temperature of 

22.3 °C. Due to comfort reasons the bathroom is in all 

cases heated to 20.5 °C with an electrical heater. 

Figure 12 shows the temperature distribution for each 

room in case of a room-wise electrical heater with a PI 

controller is used. For the visualization a box plot is used. 

This allows to visualize the frequency and amplitude of 

the temperature distribution. In all following diagrams 

only the heating period is used for the analysis. 

 

Figure 12: Temperature distribution for electrical 

heating with PI-controller (climate Innsbruck). 

As expected the temperature control works fine. There is 

no significant over- or undershooting of the temperature. 

The influence of the solar radiation is due to a relatively 

high shading factor small (the extreme values with the red 

markers). In the kitchen the influence of the occupancy 

profile (cooking) can be obtained clearly. In the bathroom 

evaporation of water (during the shower) leads also to 

minor undershoot of the temperature. 

Figure 13 shows the temperature distribution with a 

classical supply air heating system (Figure 6 and Figure 

7). High over- and underheating can be obtained in all the 

rooms. The supply air rooms (especially parents room, but 

also child room and living room) have a significant 

amount of overheating hours. Extract air rooms are 

tending to be underheated but still acceptable according 

to the definition. 

 

Figure 13: Temperature distribution for supply air 

100 m³/h (climate Innsbruck). 

Figure 14 shows the operating mode with additional 

secondary air flow (Figure 8 and Figure 9). It is always 

activated if the heat pump is running.  

A significant improvement of the overheating in the 

parents room can be obtained. Despite this there is still a 

high variance in the room temperatures during the winter. 

Around 25 % of the time the temperature is between 19.0 

and 20.0 °C. Another 25 % of the time the temperatures 

are higher than 20.8 °C and only in around 50 % of the 

time they are closer to the set point of 20.5 °C. 

 

Figure 14: Temperature distribution for supply air 

100 m³/h and additional secondary air 100 m³/h climate 

(Innsbruck). 

Figure 15 shows a further improve of the system. Now the 

set point of the hallway is set to 21.0 °C. There is an 

additional electrical heater with a PI controller in all 

rooms foreseen. The set point is 20.5 °C. 

There is no significant underheating observable. In the 

parents and child room 75 % of the time the temperature 

is between 20.5 and 21.0 °C. The remaining time the 

temperatures are less than 21.8 °C. 

The different operating modes have also an influence on 

the efficiency of the heat pump. 
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Figure 15: Temperature distribution for supply air 

100 m³/h and additional secondary air 100 m³/h with 

additional backup-heaters in all rooms (climate 

Innsbruck). 

Figure 16 shows the 𝑆𝐶𝑂𝑃𝐻𝑃 for the heat pump and the 

𝑆𝐶𝑂𝑃𝑠𝑦𝑠  for the system (according to equation (2) and (4)) 

for the four presented operating modes.  

 

Figure 16: SCOP for the heat pump and the system for 

the different operating modes (climate Innsbruck). 

Figure 17 shows the specific heating demand 𝑄𝐻𝐷 for the 

different operating modes. Due to the over- and 

underheating in the different operating modes they are not 

directly comparable. Anyway it is clear to see, that the 

optimal operation mode in case of an air heating system 

does not lead to a significant increase in the heating 

demand. 

 

Figure 17: Specific heating demand for the different 

operating modes (climate Innsbruck). 

Figure 18 shows that the electrical energy demand is for 

the variant with the additional electrical heaters not higher 

than for a supply air heating system. Moreover the supply 

air and the “pure” supply and secondary heating have a 

lower demand due to significant underheating in all rooms 

in different periods. However, 46 % of the energy demand 

can be saved compared to room-wise electrical heaters 

with the same comfort level. 

 

Figure 18: Specific electrical energy demand for the 

different operating modes (climate Innsbruck). 

Figure 19 shows the 𝑆𝐶𝑂𝑃𝐻𝑃 and Figure 20 the 𝑆𝐶𝑂𝑃𝑠𝑦𝑠 

for the tree different climates. As expected the SCOPs are 

higher for Lyon than in the Alpine regions. Warth is a 

village 1500 m above sea level. There can still be a 

𝑆𝐶𝑂𝑃𝐻𝑃 above 2.0 for the heat pump expected. The 

𝑆𝐶𝑂𝑃𝑠𝑦𝑠 including the room-wise electrical heater is in 

Warth significantly lower than in Innsbruck or Lyon.  

 

Figure 19: SCOP for the heat pump for the different 

operating modes and climates. 
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Figure 20: SCOP for the heat pump for the different 

operating modes and climates. 

Conclusion and Outlook 

The ventilation unit combined with a multi-source heat 

pump is a cost-effective and thus attractive solution for 

high-energy efficient refurbishment of buildings. Heat 

power of up to 2.5 kW with a 𝑆𝐶𝑂𝑃𝐻𝑃 of more than 2.7 

(for Innsbruck and Lyon) can be delivered with the 

presented solution. Anyhow the system performance 

𝑆𝐶𝑂𝑃𝑠𝑦𝑠 is around 2.0. With a classical air heating system, 

the heating power is limited to 1.0 kW in case of only 

using the hygienical air flow rates. With higher air flow 

rates higher heating power can be provide but there exists 

in many climates a high risk of dry air during the winter 

period. Also a high electrical consumption for the 

ventilators can be obtained. Moreover this solutions are, 

compared with the presented one, not suitable for façade-

integration at all. 

The largest advantage of the presented solution, compared 

to a traditional supply air heating system, is the possibility 

to avoid overheating in the supply air rooms. 

Until now the evaluation of the comfort has been done 

only regarding the operative temperature considering a 

more or less constant relative humidity during the winter 

period. An evaluation by using PMW and PPD should still 

be done. 

In further investigations the hardware development of the 

controller and the test in a Hardware-in-the-loop setup is 

planned. 

Further publications belonging the validation of a heat 

pump model with measurement data is planned. Also a 

publication about cooling and de-humidification 

capability of the presented heat pump is going to be done. 
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Abstract 

Thermochemical-district-heating-cooling-networks 

provide an effective way to transport the excess heat and 

hygroscopic properties for long distances without 

suffering heat loss. Therefore, multinode thermochemical 

network components have been developed on two scales: 

1) Demand-side application models for heating-cooling; 

2) Thermochemical-district-network model, which 

transfers heat to the first-scale models. 

In this paper, we propose a design and simulation 

approach for a thermochemical-district-heating-cooling-

network and its components. Simulation results show the 

feasibility of the simulation approach, which uses 

multiscale modelling. Moreover, the thermochemical-

fluid mass on the second-scale was defined based on 

buildings  heating-cooling requirements. The electrical 

energies used to produce the required heating-cooling 

were 16% and 30% respectively.   

Introduction 

One aim of using water-based district heating and cooling 

(DH) networks is the reduction of pollutant and thermal 

emissions in the city area by removing combustion 

heating systems at the demand side; this has been 

presented by Ancona (2014). In addition, reduction of 

primary energy consumption comes at a lower 

cost, (Connolly, 2014).  

Some aqueous salt solutions have hygroscopic properties 

that can store energy potential which is released it as soon 

as it absorbs humidity from air. The EU H2020 project H-

DisNet examines how such thermochemical fluids (TCFs) 

can act as an energy carrier in district networks. The 

properties of these TCFs can be exploited for loss-free 

transport and storage of potential energy (Geyer, 2017). 

Moreover, thermochemical (TC) district networks can 

integrate different heat sources and it has the potential to 

exploit low excess heat. 

The main objective of this paper modelling and 

simulating an approach to a TC district heating and 

cooling network, including heating and space cooling 

applications, and a TC district network that uses a TCF as 

the carrier. Most previous studies have focused on 

simulating district heating (DH), where the hot and cold 

sources are a combined heat and power (CHP) plant or 

excess heat from industries. None of the previous studies 

simulating DH have used a TCF as the carrier. 

Component models, such as (Kim, 2015), have simulated 

the TC absorber for cooling as an individual application, 

but not as a complete TC district heating and cooling 

network. Moreover, none of previous studies have been 

simulated using a TCF as the absorber for heating.   

In this paper, the modelling focuses on implementing 

multinode TC network components at different scales. 

Consequently, the model is broken down into two scales, 

as follows. 

The first scale includes supply and demand models, which 

are developed as independent simulation models based on 

applications like heating and cooling of buildings. 

In order to develop application models at the first 

simulation scale, we focus on modelling building heating 

and building cooling applications. A finite volume model, 

of the absorber by Fürst and Kriegel (2016), is used.  

The second scale consists of a multinode district network 

model that transfers the TCF properties to the first scale 

models in both direction. TCF supply and return pipes 

were used to connect the nodes of the first level simulation 

to form a TC district network. Total TCF mass flow and 

pumping power were defined based on heating or cooling 

demand of the applications. 

TC Process Fundamentals 

The main TC process relies on two processes: Absorption 

and desorption, as shown in Figure 1a (Geyer, 2018). 

The main advantage of the TC process is the production 

of heat and absorbing humidity in the air during the 

absorption process. Therefore, we employ it for heating 

applications to produce heat and control the humidity, 

while it is used to lower the humidity for the evaporative 

cooling application. Conversely, the TC process is used to 

absorb the heat and store it as latent heat during the 

desorption process.  

For both processes, the following variables are 

considered: 1) Air relative humidity, 2) air temperature, 

3) TCF concentration, 4) TCF temperature, 5) air flow and 

6) TCF flow. Their relationships, including the velocities, 

are as presented by Chung, Ghosh, and Hines (1996). 

  𝑄 = 𝛼𝐴𝛥𝑇𝑚   (1) 

  𝑀 = 𝛽𝐴𝛥𝑋𝑚,   (2) 

Where Q is heat flow W, α is heat transfer coefficient in 

W/m2K. M mass flow in kg/s, β is mass transfer 
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coefficient in kg/(m2s), A is the surface area in m2, ΔT °C 

and ΔX in g/kg are the average temperature, and humidity 

differences between air and TCF is the absolute humidity. 

The absorption process takes place once the humid air 

comes into contact with the concentrated hygroscopic 

TCF, if the air humidity is higher than the equilibrium 

level. As a result, the TCF absorbs the humidity until the 

equilibrium level is reached. The phase change from 

water vapor to water releases latent heat. The outcomes of 

this process are hot dried air and diluted TCF. The transfer 

of this heat between the air and TCF depends on the flows, 

conductivities, thermal capacities, and the initial 

conditions of both the air and TCF.  

On the other hand, in Figure 1b, the desorption process 

takes place as soon as the dry air comes in contact with 

the diluted TCF and if the relative air humidity is lower 

than the equilibrium level. As a result, TCF desorbs the 

humidity to reach the equilibrium state and takes in heat 

during the phase change from water to water vapor—

water evaporation. The outcomes of this process are 

humid warm air and concentrated TCF. 

 

Figure 1: a) absorption and b): desorption processes. 

The performance varies from one absorber design to 

another, based on the packing surface form and material. 

The absorber geometry and the air flow direction are as 

presented by Chung, Ghosh, and Hines (1996), and 

Sadasivam and Balakrishnan (1991). Moreover, it rely on 

the ratio between both TCF and air flow. 

Thermochemical fluids 

By means of experiment and analysis of several salt 

solutions or thermochemical fluids (TCFs), the physical 

and thermochemical properties were written as a function 

of temperature and concentration.  

MgCl2–H2O and LiCl–H2O were evaluated in order to 

have a comparison of fluids already used in absorption 

processes, and representing candidates for TC district 

heating and cooling networks. However, in Modelica, the 

LiCl–H2O model was used at lower concentration to meet 

the heat capacity of MgCl2–H2O.  

System Description  

Technical Equipment and Material of TC Technology  

The main equipment used in the TC process are defined 

based on two major processes: 1) The absorption process, 

where it is used at the demand side for heating and cooling 

applications; and 2) the desorption process, where it is 

used at the supply side for TCF regeneration 

(concentration). The equipment required is: 

Absorber/Desorber: A device that provides a direct 

exchange surface between the TCF and air to achieve the 

absorption or desorption processes. The TCF flow is 

always driven by gravity from the top to the bottom, while 

in this study the air flow ran in the opposite direction to 

the TCF.  

Concentrated/diluted TCF: TCFs exploit the 

hygroscopic properties of a salt solution as a function of 

temperature and concentration for the absorption of 

moisture from the air. This occurs until its vapour 

pressure reaches equilibrium with the incoming air. 

Fan/pump: In this study, both a fan and a pump were 

required to move the TCF and air, respectively, using on-

off controls. 

TCF–TCF/air–air heat exchangers: This is a device 

used to transfer the heat between two fluids. The heat 

exchanger effectiveness in this work was taken to be 80%. 

Humid air source: There are many humid air sources, 

such as greenhouses, swimming pools or humidifiers.  

Indirect adiabatic evaporator: The main principle of the 

indirect evaporator is that the outside surface is kept wet. 

Once the exterior air passes over this surface, the water 

evaporates and the outside surface cools. As a result, the 

interior hot air next to the inside surface cools down, but 

without increasing its humidity.  

First scale—system description of the applications 

Building heating application: The design of this model 

is based on the initial design presented by (Geyer, 2018). 

Here, the model is developed by adding more components 

to increase the efficiency. We also consider a dynamic 

simulation, where the outdoor conditions are applied to 

the building model. Moreover, a TCF storage tank model 

was added in order to use the concentrated TCF until it 

becomes diluted. Consequently, the same TCF will be 

used in the absorption process until the concentration 

drops to a level that cannot generate a significate amount 

of heat, for example, from 30% to 27%. As shown in 

Figure 2, the space heating model consists of two parts. 

The TCF part contains the components that use the TCF 

as a medium. The air part contains the components that 

use the air as a medium. The first part contains the 

components Supply and Return TCF from the network, 

Heater for TCF preheating, and TCF Storage tank. The 

second part contains the components Humid air source, 

Heat exchanger, and Building. Both partial streams meet 

in the absorber to achieve the absorption process. 

Moreover, a snapshot at time t during the heating period 

of the components variable values of the building heating 

case is presented in the same figure. 

Building space cooling application: There are serval 

space cooling designs that use the principle of evaporative 

cooling with TCF system. They have been presented by 

Geyer (2018), and Kim (2015). In this work we present an 

alternative design for space cooling using evaporation and 

TC technology.  
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Figure 2: System model of building space heating application. 

 

Figure 3: System model of Building space cooling application 

 

 

Figure 4: TC district network components

Similar to the space heating application, the system 

consists of two parts, a TCF part and an air part, as shown 

in Figure 3. In this work we present an alternative design 

for space cooling using evaporation and TC technology. 

Similar to the space heating application, the system 

consists of two parts, a TCF part and an air part, as shown 

in Figure 3. The first part only contains Supply and Return 

TCF from the network. The second part contains the Heat 

exchanger component used to precool the incoming air 

(the relative humidity increases to a suitable level for the 

absorption process, as the air is already humid during 

summer), Indirect evaporator, and Building. Both partial 

streams meet in the absorber to realize the absorption 

process. A snapshot at time t during the cooling period of 

the components variable values of the building cooling 

case are presented in Figure 3.  

The second scale—system description of TC district 

network  

TC district network TCF storage: The TC district 

network system, as shown in Figure 4, consists of three 

parts and connects the first scale with the second scale. 

The components are as follows. 1) Supply side: the main 

pieces of equipment are the desorber, heat exchanger and 

heat source, the latter of which comes from an industrial 

source in this case. 2) Demand side: including the 

building heating and cooling applications. 3) The pipe 

network and TCF storage transports the TCF from a heat 

source, to TCF storage, then to the buildings. The main 

advantage of using a TC district pipe network is the 

possibility of transporting excess heat and hygroscopic 

properties for long distances from the supply to the 

T_TCF=30-50°C

X_TCF=28-35%

m =1.5-15kg/s

TCF ___
TC district network component variable values during heating 

period 
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TC district network component variable values during cooling 
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demand sides without heat loss, because the heat is stored 

as latent potential. The values presented in Figure 4 

represent the TC district network component variable 

values range during the heating and cooling period.  

Methodology and Modelling and Simulation 

Approach 

To determine the potential of TCF and absorption 

technology, a large simulation model of a TC district 

network was developed, covering the whole network. 

This simulation approach requires multiservice modelling 

based on applications such as heating and cooling. To 

create the district network model, the pipe network 

models connect the first level nodes. The models and 

submodels were developed based on applications from the 

object-oriented language “Modelica” Modelica 

Association (2017) and the IDEAS library (Baetens, 

2015). These libraries are suitable for dynamic simulation 

of a district network as they are flexible and able to use 

multidomain modelling. 

Modelica component model description and 

boundary conditions 

Modelica absorber/desorber model: This component 

was modelled by a finite volume model, with a counter-

flow configuration, it was developed by Fürst and Kriegel 

(2016). The model was based on correlations developed 

for heat and mass transfer coefficients derived from 

experimental data. It is represented by a nonlinear 

regression, as presented by Chen, Zhang and Yin (2016). 

Modelica TCF models: The dynamic medium Modelica 

model of MgCl2–H2O developed in this work to use it 

with the absorber model for the absorption process is 

based on the work of ZHAW laboratory. The 

experimental equations for the thermodynamic properties 

of temperature, concentration, and enthalpy were not 

validated in this work. Therefore, LiCl–H2O Modelica 

model was used at lower concentrations to meet the heat 

capacity of MgCl2–H2O. The LiCl–H2O model has 

already been developed by Fürst and Kriegel (2016), 

based on the thermodynamic properties and its equations, 

as presented by Pátek and Klomfar (2008). 

Modelica humid air source model: We considered a 

constant humid warm air model based on the average 

temperature and humidity of a green house, which are 

around 16.5 °C and 80% respectively. In future work, a 

derived greenhouse dynamic model will be considered.  

Modelica fan/pump model: The fan and pump models 

are for a centrifugal pump or fan with ideally controlled 

mass flow rate or pressure. They are already available in 

the Modelica library Modelica Association (2017) .  

Modelica heat exchanger models: The heat exchanger 

model is based on a constant effectiveness, where it 

transfers an amount of heat 𝑄 =  𝑄𝑚𝑎𝑥  ·  𝜀, where ε is a 

constant effectiveness and Qmax is the maximum heat that 

can be transferred.  

Modelica building model: To develop a set of models 

that are representative for a typical building stock, we 

modelled several building configurations with different 

insulation types and different floor area sizes, to cover 

several heating and cooling demands. The outdoor 

temperature during the heating period (October to April) 

was taken from the weather data of Brussels, Belgium, 

while the outdoor temperature during the cooling period 

(June to August) was taken from the weather data of a 

random city that has a real summer like Madrid, Spain. 

Table 1 shows the building model conditions.  

The weather data was chosen from two city because the 

heating and cooling are considered as two different cases 

with real conditions regardless the city. Thus, Brussels 

was chosen for heating case as the study run in Belgium, 

and because there is no need for cooling there, Madrid 

was chosen for cooling application as it is warm.    

Table 1: Building characteristics and conditions.  
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, MWh 

 

Cooling 

Demand, 

MWh 

Specific 

Heating, 

Cooling 

Demand, 

kWh/m2a 

1 2 540 11.8 8.3 122/86 

2 2 540 14.4 8.6 149/89 

3 1 350 18.6 8.4 248/134 

4 1 540 10.2 7.9 106/82 

5 1 400 10.7 8 150/112 

6 3 700 10.1 8.1 81/65 

 

Modelica indirect evaporator model: This model 

performs as a heat exchanger with 75% efficiency. The 

first air stream uses the outgoing air from the building to 

evaporate the water from the outside surface and cool it 

down. The second air stream comes from the absorber to 

make contact with the cold surface and cool it down 

without gaining humidity; it then goes into the building.  

Modelica application models and simulation 

approach 

Space heating Modelica model and Operation mode: 
Figure 5 illustrates the Modelica model of the air and TCF 

flow modes for the space heating model, which consist of 

the following. 

Air cycle operation mode: As shown Figure 5 ,The 

humid warm air is provided from a constant humid air 

source. The incoming air temperature is around 16 oC and 

the relative humidity around 80%, The humid warm air is 

move by Fan1 to the air–air heat exchanger with a defined 

air flow, which depends on the maximum heat demand, 

the size of the building, and the design of the absorber. In 

this case, the air flow is around 2 to 3 kg/s. As a result, the 

temperature of the humid warm air increases typically 2–

3 °C because of exchange of heat with the warm outgoing 

air from the building. Next, the preheated humid air enters  

the Absorber to exchange heat and humidity with the 

TCF. Therefore, the preheated humid warm air releases 

humidity and gains heat because of the absorption.  
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Figure 5: Illustration of the air and TCF flow modes in the Modelica space heating model. 

 

Figure 6: Illustration of the air and TCF cycle operation modes in the Modelica space cooling model. 

Finally, the heated warm air goes to the Building for 

heating, with a final temperature of between 21 and 24 °C. 

However, there is another fan, Fan2, to provide fresh air 

to building at a very low rate of flow. Both fans are 

controlled by the indoor thermostat to maintain the indoor 

temperature at between 20 and 22 °C. 

TCF cycle operation mode: As shown Figure 5, TCF 

enters the demand side from the pipe network with the 

outdoor TCF temperature around 4–6 °C and 30% 

concentration. The network supply pump pump1 moves 

the TCF to a Heater to preheat it to around 18 °C. Next, 

the preheated TCF enters the TCF Storage tank to 

guarantee supply TCF to the tank with a set initial 

temperature, to have an efficient absorption process. The 

TCF temperature should be between 18–20 °C. Once the 

tank is full, the network supply pump pump1 stops and the 

local pump works to move the TCF to the Absorber, to 

absorb the humidity from the humid air and release heat. 

As a result of this absorption process, the TCF 

concentration—circulated via the storage tank—

decreases. This operation lasts until the concentration of 

the TCF in the tank reaches the lower limit of 27%. At this 

point, the local pump stops and the network return pump2 

transports the diluted TCF to the network to reconcentrate 

it at the supply side. The network supply Pump1 delivers 

newly concentrated TCF from the pipe network. Both 

Pump1 and Pump2, are controlled by a TCF concentration 

sensor; they open when the TCF concentration is below 

27% and close when the TCF concentration is above 30%, 

and vice versa for the local pump. 

Space cooling Modelica model and operation mode: 
The air and TCF cycles in the cooling case are, in 

principle, similar to the heating absorption process, 

although the main purpose is to absorb humidity from the 

air while rejecting heat. Thus, the TCF concentration 

should be lower than the heating case, to avoid releasing 

greater amount of heat at high concentration, which is not 

required in the cooling case. Thus,  the TCF concentration 

is considered to be 27% in this study Figure 6, illustrates 

the Modelica model of the air and TCF flow modes for 

the space cooling model, which consist of the following. 

Air cycle operation mode: As shown Figure 6, the initial 

incoming air temperature is around 33 °C and the relative 

humidity is 50%, which is equivalent to the outdoor 

temperature and humidity during the cooling period. The 

hot humid air is moved by the Fan to the air–air Heat 

exchanger with a defined air flow that depends on the 

maximum cooling demand and the size of the building. In 

this case, the air flow is around 1.5 to 3 kg/s. As a result, 

the temperature of hot humid air decreases to around 25.3 

°C, because of exchange of heat with the cold outgoing 

air from the building. Next, precooled humid air enters the 

Absorber to exchange heat and humidity with the TCF. 

Therefore, the precooled humid air releases humidity and 

gains heat during absorption process; the temperature, 

relative humidity, and absolute humidity become 

respectively around 26.5 °C, 57%, and 12.3 g/kg. 

Afterwards, the precooled dry air goes to the indirect 

evaporator to cool down the precooled dried air without 

exchanging humidity. Finally, the cold air with 

temperature around 20–21 °C and relative humidity 

around 70% goes to the Building for cooling. The Fan is 
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controlled by the indoor thermostat to maintain the indoor 

temperature at between 20 and 23 °C. 

TCF cycle operation mode: As shown Figure 6, TCF 

enters the demand side from the pipe networks with ~26 

°C outdoor temperature and 27% concentration, where the 

network supply pump pump1 moves the TCF to the 

Absorber, to absorb humidity from the humid precooled 

air and release heat. As a result of this absorption process, 

the TCF concentration decreases and it goes back to the 

pipe by network return pump pump2 to reuse it with 

another building or reconcentrate it on the supply side. 

Both Pump1, Pump2, are controlled by indoor thermostat 

to maintain the indoor temperature at between 20 - 23 °C. 

Modelica TC district network simulation approach: 

The TC district network Modelica model contains the 

pipe network and the demand side consisting of 10 

different buildings with different heating and cooling 

demands, and sizes, as presented in Table 1. This number 

of buildings was chosen to cover different heat demands 

and building characteristics. In addition, there are two 

large external TCF storage tanks connected to the pipe 

network, as shown in Figure 7, to supply and return the 

TCF to and from the supply and demand sides.  

 

Figure 7: Illustration of TC district network in Modelica.  

To transfer the heating energy from the supply side to the 

demand side, we used the TCF as carrier, to store the 

thermal energy as latent heat. Therefore, it does not matter 

how far the distance between the supply and demand sides 

is, as there is no heat loss because the pipe model deals 

only with pressure loss and flow. To define the total TCF 

mass flow profile and total TCF, mass and therefore 

pumping energy, a full simulation model of the TC district 

network was run. However, running the simulation with 

the full physical component models of the TC district 

network and with such a large number of buildings can 

take few days, as there are many complex models, which 

makes the simulation time longer. Therefore, another 

approach was applied, as shown in the Figure 8. By 

running individual simulations for the heating and cooling 

applications, we could obtain the heating and cooling 

demand, as well as the supplied heat to the buildings. As 

a result, the TCF mass flow profiles were defined and the 

data model with these mass flow profiles were used in the 

TC district network model to obtain the total pumping 

energy and total TCF mass. 

 

Figure 8: Model and simulation approach of a simplified 

TC district network. 

Simulation Results and discussion  

Simulation results for the space heating application  

The simulation results during the heating period from 

October to April demonstrated the hygroscopic and 

heating potential of using TC technology during the 

absorption process. Figure 9 and Figure 10 show the 

temperature and relative humidity before and after the 

absorber, and the indoor temperature and its relative 

humidity during three days in January, taking building 5 

as an example (see Table 1). 

 

Figure 9: Indoor/outdoor temperature, Air temperature 

before/after the absorber during three days in January. 

 

Figure 10: Relative humidity of indoor air, and 

before/after the absorber for three days in January. 
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The outdoor temperature oscillates between 7 and –8 oC. The 

temperature difference before and after the absorber becomes 

around 2 oC, while the relative humidity drops from 70% to 

55%. However, the indoor temperature and its relative humidity 

are maintained to between ~19.8 oC to ~22 oC and 55% to 65%, 

respectively. Also it is clear that the indoor temperature drops 

quickly in some periods, the reason behind that is because the 

main heat source is coming from the ventilation air after the 

absorber, thus once the temperature after the absorber drops, the 

indoor temperature drops as well, to solve this problem a better 

control strategy is needed, which well be developed in the future 

work.    

 

Figure 11: TCF tank concentration during three days in 

January. 

 

Figure 12: supply pump mass flow of three days in 

January.  

Figure 11 shows the concentration in the TCF tank. Because of 

the absorption process, the concentration drops from 30% to 

27.5% over the course of about 10 hours, with the dropping 

period varying based on the tank size and heating load. 

However, it takes only 0.5 hour to evacuate the diluted TCF and 

fill it with a newly concentrated TCF. Figure 12, shows the 

network supply pump mass flow during three days, with a 

maximum mass flow of 1.5 kg/s. The maximum air mass flow 

in building 5 was 2 kg/s, while the maximum TCF mass flow 

was 0.3 kg/s. The fan is controlled by the indoor thermostat 

setpoint between 19.5oC and 22 oC, and the local pump is 

controlled by the tank concentration sensor with setpoint 

between 0.3 and 0.275 concentration. 

Space cooling application results  

The simulation results represent the cooling period from June to 

August. Figure 13 and Figure 14 show the temperature and the 

absolute humidity of the cooling system components of building 

5 during three days in August (see Table 1). The initial outdoor 

temperature and absolute humidity were 31oC and 12 g/kg, 

respectively. It is obvious that the temperatures and the absolute 

humidities changed based on the heat or mass exchange process. 

Whereas the air temperature decreases because of the heat 

exchanger from the initial outdoor temperature to the 

temperature before the absorber, it increases a little after the 

absorber while the absolute humidity decreases. It is obvious 

that the temperatures and the absolute humidities changed based 

on the heat or mass exchange process. Whereas the air 

temperature decreases because of the heat exchanger from the 

initial outdoor temperature to the temperature before the 

absorber, it increases a little after the absorber while the absolute 

humidity decreases. 

 

Figure 13: Air temperature of indoor air, before/after 

the absorber and after the evaporator for three days in 

August 

 

Figure 14: Absolute humidity of indoor air, before/after 

the absorber and after the evaporator during three days 

in August  

Then, the air temperature drops again without exchanging 

humidity after the evaporator because of the indirect 

evaporation. Finally, both air temperature and absolute humidity 

increase, with the indoor air to be maintained at between 21 oC 

and 25 oC, and 9.6 g/kg to 9.8 g/kg respectively, with relative 

humidity 63% to 50% 

TC district network simulation results 

Figure 15 shows the total heating energy supplied to the 

buildings, total energy used by the fans, and the local pumps’ 

energy consumption for the buildings of the TC district heating 

network.  

 

Figure 15: Total supplied heat energy and total fan and 

local pump energy during heating period. 

It is obvious that the total supplied heat energy is 

sufficient to cover the 10 buildings heat demand (Table 

1). The total electrical energy consumption of fans and 

local pumps energy to produce the supplied heat energy, 

are 16%, 0.007% respectively. 

The entire TC district heating network is controlled by the 

concentration sensors in the TCF tanks.  
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The energy density of the TCF depends on the 

concentration, concentration difference during the 

absorption process, the TCF and Air flow and the ratio 

between them. For example, the energy density of the 

TCF for the building 5 is around 65 kW per ton, the 

concentration difference is from 30% to 27.5%, the TCF 

and air flow and the ratio between them are  0.3 kg/s, 2 

kg/s and 0.15, respectively. However, by increasing the 

TCF concentration difference the energy density will 

increase as well, by optimize the system, which could be 

the case in the future work.    

Figure 16 shows the total supplied cooling energy or the 

used dehumidification energy in the absorber and total 

fans and local pumps energy consumption of the TC 

district cooling network. The total supplied cooling 

energy was sufficient to cover the 10 buildings’ demands 

(Table 1). The total electrical energy consumption for the 

fans and local pumps to produce the supplied cool or 

dehumidification energy of the absorber were 30% and 

0.04%, respectively. 

 

Figure 16: Total supplied cooling energy and total fan 

and local pump energy during the cooling period. 

The energy consumption of the local pumps in cooling 

case was higher than the heating case because of the need 

to pump more TCF mass to meet the cooling 

requirements. The entire TC district cooling network was 

controlled by the building thermostat sensors. 

The curves in both Figure 15 and Figure 16 seem to be 

linear. However, it is not linear and there are sudden 

increments of the energy curve; they do not appear in 

these plots because the time step is quite large.  

Conclusions  

This paper investigates a multiscale modelling and 

simulation approach at the level of applications on the 

demand side, and the level of the district network that 

transfers TCF to the first level. Moreover, the total energy 

consumptions of the demand side pumps and fans are 

evaluated with supplied heat or cooling energy.  

The simulation results of the first level, which contains 

the heating application, demonstrated the benefit of using 

the hygroscopic and heating/cooling potential of TC 

technology. The produced heat in the absorption process 

was sufficient for the demand side of the TC district 

network sector with specific initial conditions. Similarly, 

the space cooling application demonstrated the benefit of 

using TC technology with an evaporative cooling design, 

mainly by reducing of the humidity during the absorption 

process. However, the results show that in some moments 

the indoor temperature increases or decreases above or 

below the temperature set-point. The main reason behind 

that is the need to use a better control.  

The simulation results of the second level, which contains 

the TC district heating and cooling networks, showed the 

feasibility of using two levels. The simulation data results 

of the first level were used to form the TC district heating 

and cooling network model. The simulation time for this 

simplified TC district network model is quite fast 

comparing with running a full physical TC district 

network model simulation over an entire year, which was 

estimated to take more than 6 days for 10 buildings. Based 

on the results, the total network pumping energy and the 

total TCF mass were defined.   
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Abstract  
This research proposes an appropriate method of 
estimating the energy efficiency of a Variable Refrigerant 
Flow air-conditioning system. In particular, this research 
tries to develop a method of accurately estimating energy 
efficiency when the heat load of each unit is unequal and 
unbalanced. This report presents the results of 36 
performance measurements from a special laboratory that 
connects multiple constant temperature and humidity 
chambers. The experimental results indicated that the 
energy efficiency of the system when the load of each 
indoor unit was equal was higher than the efficiency when 
the load of each indoor unit was unbalanced, and the 
difference in efficiency was about 20%. Based on the 
results, a mathematical model to estimate system energy 
efficiency taking into account the unbalanced load 
condition was developed. 
Introduction 
The number of buildings that have the VRF air-
conditioning system is increasing, but there are still many 
unclear points about actual performance, in particular, 
with regard to performance under a partial load condition 
(Goetzel, 2007; Watanabe, 2007). It is important to 
understand partial load performance and set reliable 
performance characteristics when performing a building 
energy simulation because it will have a significant 
influence on annual energy consumption of the system 
(Horie, 2012).  
The previous study analysed the measurement data of 
actual buildings to clarify the efficiency under a partial 
load condition and showed that there was a variation of 
efficiency even at the same load ratio as shown in Figure 
1 (Enteria, 2016a; Enteria, 2016b). Figure 1 also shows 
the performance curve assumed by the Japanese Building 
Energy Standard. This curve is expressed by the following 
formula (Building Energy Standard of Japan, 2013). 

ηratio=
1

0.7823 L 2+ 0.0398 L + 0.1779
 

(1) 
Where: 
 ηratio  : COP ratio   [-] 
 L  : heat load ratio   [-] 
The cause of this variation was assumed to be mainly due 
to bias (unbalance) in the heat amount handled by 
multiple indoor units. The efficiency tended to be higher 

when the heat amount of all indoor units of a system were 
equal, which was the test condition specified by ISO 
15042:2017, JIS B 8615-1:1999, and JIS B 8616:2015, 
but efficiency tended to be lower when the heat amount 
handled by the indoor units was highly unbalanced.  
This point was generally not considered but was ignored 
in existing building energy simulations. Performance 
curves assumed in many building system simulations, 
including EnergyPlus, were based on test results based on 
ISO 15042: 2017 (Tianzhen, 2016). The test results were 
based on the assumption that the cooling and heating load 
of each indoor unit was equal. However, in actual building 
operation, the load of each indoor unit was not even. For 
example, when air conditioning the interior zone and the 
perimeter zone with the same outdoor unit, a large 
difference might occur in the heat load of each indoor unit. 
In the case where the load of each indoor unit was 
unbalanced, even if the total amount of generated heat was 
the same, the refrigeration cycle changed depending on 
the degree of load unevenness and the power consumption 
of the compressor was different. Estimating energy 
consumption with ideal efficiency without considering 
unbalanced load operation might possibly mislead 
equipment designers and national energy policies. 
This report clarified the influence of the unbalanced heat 
load to the system energy efficiency. Fundamental data on 
the energy efficiency of the VRF air-conditioning system 
was measured in an experimental facility that connected 
multiple constant temperature and humidity chambers. 

Figure 1: Performance characteristic of  
a VRF air-conditioning system. 
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 Test Facilities 
Figure 2 shows the technical diagram of the testing 
facilities used to make the performance evaluation of the 
VRF air-conditioning system. Figure 2 also shows the 
actual view of the testing facilities. The testing facilities 
consisted of one outdoor chamber and three indoor 
chambers. The outdoor chamber could support the system 
with an outdoor capacity of from 0.33 kW to 56 kW. The 
outdoor chamber dry bulb (DB) temperature could vary 
from -20°C to 45°C. The relative humidity range could 
vary from 30% to 80%, controlled by using a wet bulb 
temperature sensor for the outdoor temperature when it 
was above the freezing point of water. The three indoor 
chambers could simulate both cooling and heating loads. 
The two smaller indoor chambers (Indoor Chamber 1 & 
2) could support a heating load of up to 12 kW with 
humidification capability while the bigger indoor 
chamber (Indoor Chamber 3) could support a heating load 
of up to 24 kW with humidification capability. Both 
indoor chambers 1 and 2 could support a cooling load of 
up to 12.5 kW, and indoor chamber 3 could support a 
cooling load of up to 25 kW; the two indoor units could 
be installed in tandem for the case of indoor chamber 3. 
Control and monitoring devices were installed to gather 
the needed parameters. 
Test Specimen 
The air conditioner to be tested in this research was an air 
conditioner made by Toshiba Carrier Corporation 
(SMMS-i series) whose rated heating capacity was 22.4 
kW (8 HP), rated heating COP was 4.24 and cooling COP 
was 3.70. Four 5.6 kW indoor units were connected (two 
for indoor chambers No. 1 and No. 2 and the other two for 
indoor chamber No. 3).  
Since the purpose of this research was to reveal the actual 
performance assumed to be installed in actual buildings, 

the rotation speed of the compressors and the expansion 
valve opening degrees were not fixed intentionally though 
it was usual in the case of the testing specified by ISO 
15042:2017. 
Measurement 
The heat load amount of each indoor unit was estimated 
by measuring the air enthalpy difference of the indoor unit. 
The total heat load amount of the air-conditioning system 
was obtained as the sum of the heat load amount of all 
indoor units. The inlet and outlet air temperature and 
humidity of the indoor unit were measured with 
temperature and humidity sensors, and the air volume of 
the indoor unit was estimated by measured fan rotation 
speeds. In addition, in order to measure the refrigerant 
pressure, pressure sensors were installed in the outdoor 
unit, and watt meters were installed in order to measure 
the energy consumption of the indoor units and the 
outdoor unit. The sampling time of the energy 
consumption was set to 1 second, and the sampling time 
of the others was set to 5 seconds.  
Experimental Cases and Methods  
Table 1 shows the experimental cases carried out. The 
experiment for the heating mode was conducted from 
September 2017 to February 2018. The experiment for the 
cooling mode was conducted from August 2018 to 
December 2018. As shown in Table 1, the test cases were 
classified into the following three groups: 

- High load range cases (Case-H series, the total heat 
load ratio was 75% or more), 

- Medium load range cases (Case-M series, the total 
heat load ratio was about 50%), 

- Low load range cases (Case-L series, the total heat 
load ratio was 25% or less). 
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The following are cases where the heat load ratios of all 
the indoor units were the same and there was no 
unbalanced load condition.   

- For heating mode, Case-H-H1, Case-H-H3, Case-H-
M1, Case- H-M2, Case-H-L1 and Case-H-L4. 

- For cooling mode, Case-C-H1a, Case-C-H1b, Case-
C-H3, Case-C-M1, Case-C-M2, Case-C-L1 and 
Case-C-L4. 

In all other cases, the heat load ratio of each indoor unit 
was not the same; it was unbalanced. Case-H-M1 and 
Case-H-M2 or Case-C-M1 and Case-C-M2 were exactly 
the same conditions. The purpose of the same two 
experiments was to confirm the reproducibility of this 
experiment. 
In heating mode testing, the outdoor chamber was 
maintained at a dry-bulb temperature of 7°C and a wet-
bulb temperature of 6°C. The set point of the indoor room 
air temperature was 20°C. The air volume setting was 
maximum. In cooling mode testing, the outdoor chamber 
was maintained at a dry-bulb temperature of 35°C and a 
wet-bulb temperature of 29°C. The set point of the indoor 
room air temperature was 27°C. The air volume setting 
was maximum. 
For each case, the output of the load generators (fan coil 
units for heating mode, electric heaters for cooling mode) 
installed in the indoor chambers was adjusted so that the 
heat load ratio of each indoor unit was maintained at the 
target load ratio shown in Table 1. Because this 
experimental facility did not have a function to stably and 
strictly control the heat load ratio of the indoor unit, the 
load ratio shown in Table 1 was just a target value, and 
the actual achieved load ratio was somewhat different 
from the target value. 

Data Analysis  
With respect to the experimental data of each case, the 
data where the heat load ratio and the outlet air 
temperature of each indoor unit were close to the target 
values and stable was selected, and the data for one hour 
during this stable period was averaged. Among the data 
for this one hour, the state in which the air conditioner 
intermittently repeatedly turned on and off (intermittent 
operation) was also included. Although there was still 
room for discussion on how to extract this one-hour data, 
the graph was checked visually, and the data of the time 
span judged to be stable was extracted arbitrarily. As an 
example, the experimental data for Case-H-H1 is shown 
in Figure 3. For Case-H-H1, operational data from 11:58 
to 12:58 was extracted as stable data. 
Analysis of Performance 
For each case, the average heat load amount of the 
outdoor unit (the sum of the heat load amount of the 
indoor units) and the average energy consumption were 
calculated using the measured data. Using these two 
values, the average operation efficiency of the system 
could be calculated as follows: 

η = 
Qave
Eave

 

(2) 
Where: 
 𝜂  : Operation efficiency [-] 
 𝑄#$%  : Average heat load amount [kW] 
 𝐸#$% : Average energy consumption [kW] 
 

Table 1a: Experimental cases carried out 
 (heating mode). 

Table 1b: Experimental cases carried out 
 (cooling mode). 

Unit 1 Unit 2 Unit 3 Unit 4

Case-C-H1a 100 100 100 100 100
Case-C-H1b 100 100 100 100 100
Case-C-H2 25 100 100 100 81.25
Case-C-H3 75 75 75 75 75
Case-C-H4 100 100 50 50 75
Case-C-H5 100 0 100 100 75
Case-C-M1 50 50 50 50 50
Case-C-M2 50 50 50 50 50
Case-C-M3 15 62 62 62 50.25
Case-C-M4 25 25 75 75 50
Case-C-M5 15 15 85 85 50
Case-C-M6 75 0 62 62 49.75
Case-C-M7 100 100 0 0 50
Case-C-L1 25 25 25 25 25
Case-C-L2 33 0 33 33 24.75
Case-C-L3 0 0 50 50 25
Case-C-L4 15 15 15 15 15
Case-C-L5 20 0 20 20 15
Case-C-L6 0 0 30 30 15
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Case-H-H1 100 100 100 100 100

Case-H-H2 25 100 100 100 81.25

Case-H-H3 75 75 75 75 75

Case-H-H4 100 100 50 50 75

Case-H-H5 100 0 100 100 75

Case-H-M1 50 50 50 50 50

Case-H-M2 50 50 50 50 50

Case-H-M3 100 50 50 50 62.5

Case-H-M4 25 25 100 100 62.5

Case-H-M5 67 0 67 67 50.25

Case-H-M6 0 0 100 100 50

Case-H-L1 25 25 25 25 25

Case-H-L2 33 0 33 33 24.75

Case-H-L3 0 0 50 50 25

Case-H-L4 15 15 15 15 15

Case-H-L5 20 0 20 20 15

Case-H-L6 0 0 30 30 15
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Table 2 shows the results of the experiment for the heating 
mode and Figure 4 shows the relationship between the 
average heat load amount of the outdoor unit and the 
average operation efficiency. The heat load of outdoor 
unit is calculated by adding the heat load of the indoor 
units shown in Table 2. For Case-H-H4, Case-H-M3, and 
Case-H-M4, the room air temperature was significantly 
lower than the set value of 20°C. Further studies are 
needed in order to know why these cases could not 
maintain the room air temperature at the set value. 
The findings obtained from the experimental results of 
heating mode are shown below. 
1) For Case-H-M1 and Case-H-M2, experiments with 

exactly the same conditions were conducted on 
different days with the purpose of confirming the 
reproducibility of the experiment. As shown in 
Table 2, the results of both cases were almost the 
same. In this experiment, intentional fixation of the 
compressor rotation speed and of the expansion 
valve opening degree was not conducted, but it was 
confirmed that there was to some extent the 
reproducibility.  

2) Regarding the experimental results in high load 
range cases, when comparing Case-H-H3 (without 
load unbalanced) and Case-H-H5 (load ratio was 
100% for three units and the other was stopped), it 
was clear that the efficiency of Case-H-H5 was 
about 15% lower even though the outdoor unit load 
was almost the same (about 16 kW). When 
comparing Case-H-H3 and Case-H-H2 (load ratio 
was 100% for three units and 25% for one unit), 

Case-H-H2 was also about 15% less efficient. 
Compared to Case-H-H3 in Case-H-H5 and Case-H-
H2, the refrigerant pressure of Case-H-H3 and Case-
H-H5 was higher as shown in Table 2, which seemed 
to cause performance deterioration. 

3) Regarding the experimental results in the medium 
load range cases, Case-H-M1 (without load 
unbalanced) and Case-H-M3 (load ratio was 50% for 
3three units and 50% for 1one unit) have nearly the 
same operation efficiency, but Case-H-M5 (load 
ratio was 67% for 3 units and the other was stopped) 
was about 8% less efficient than Case-H-M1. 
Furthermore, Case-H-M6 (load ratio was 100% for 
2 units and the others were stopped) was about 20% 
less efficient.  

4) Regarding the experimental results in the low load 
range cases, Case-H-L2 (load ratio was 33% for 
3three units and the other was stopped) and Case-H-
L3 (load ratio was 50% for 2 units and the others 
were stopped) were more efficient than Case-H-
L1(without load unbalanced). This was because 
Case-H-L1 intermittently repeatedly turned on and 
off for a total load factor of 25%, which caused an 
energy loss, but Case-H-L2 and Case-H-L3 were 
continuously operating.  

Table 3 and Figure 5 show the results of the experiment 
for cooling mode. For Case-C-H2 and Case-C-H4, the 
room air temperature was significantly higher than the set 
value of 27°C. Further studies are needed in order to know 
why these cases could maintain the room air temperature 
at the set value.   

Figure 3: An example of measured data (Case-H-H1). 
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The findings obtained from the experimental results of 
cooling mode are shown below. Experimental data in 
cooling mode showed almost the same trend as 
experimental data in heating mode. 
1) For Case-C-M1 and Case-C-M2, experiments with 

exactly the same conditions were conducted on 
different days. As shown in Table 3, the results of 
both cases were almost the same. It was also 
confirmed that there was to some extent 
reproducibility for cooling mode as well as heating 
mode. 

2) Regarding the experimental results in the high load 
range cases, the efficiency of Case-C-H5 (load ratio 
was 100% for three units and the other was stopped) 
seemed to be lower than the expected value 

estimated using the results of the balanced condition 
test results (Case-C-H1a, Case-C-H1b and Case-C-
H3), which was drawn as a blue dotted line in Figure 
5. 

3) Regarding the experimental results in the medium 
load range cases, Case-C-M3 (load ratio was 62% 
for three units and 15% for one unit), Case-C-M4 
(load ratio was 75% for two units and 25% for two 
units) and Case-C-M6 (load ratio was 75% for one 
unit and 62% for two units and the other was 
stopped) was about 7% less efficient than Case-C-
M1(without load unbalanced). Furthermore, Case-
C-M7 (load ratio was 100% for two units and the 
others were stopped) was about 20% less efficient. 

Heat load
[kW]

Energy
consumption

[kW]

Operation
efficiency

 [-]
Unit 1 Unit 2 Unit 3 Unit 4 Unit 1 Unit 2 Unit 3 Unit 4 High Low

Case-H-H1 22.81 4.62 4.94 5.83 5.26 5.72 6.00 19.27 19.71 20.33 19.68 2.33 1.80
Case-H-H2 18.53 3.86 4.81 0.98 5.28 6.01 6.27 21.77 19.72 19.10 18.67 2.33 1.79
Case-H-H3 16.47 2.92 5.64 4.17 3.82 4.03 4.45 19.73 19.82 19.95 20.38 2.11 1.64
Case-H-H4 16.13 2.77 5.82 5.42 5.02 2.71 2.98 14.73 15.10 20.86 20.74 2.01 1.53
Case-H-H5 16.13 3.36 4.80 5.38 - 5.81 4.94 20.19 - 19.80 20.13 2.32 1.82
Case-H-M1 11.00 1.98 5.56 2.78 2.52 2.99 2.71 20.49 19.97 20.44 19.86 2.01 1.55
Case-H-M2 11.42 2.03 5.63 2.75 2.69 2.79 3.18 20.95 20.34 21.40 21.26 2.07 1.55
Case-H-M3 12.32 2.13 5.78 5.07 1.87 2.77 2.61 14.24 20.56 20.52 20.32 1.96 1.50
Case-H-M4 11.11 2.13 5.22 1.03 0.76 4.58 4.74 21.21 21.18 16.10 15.74 2.13 1.63
Case-H-M5 11.73 2.30 5.10 3.93 - 4.10 3.70 19.17 - 20.26 19.94 2.17 1.67
Case-H-M6 11.65 2.59 4.50 - - 5.60 6.05 - - 19.95 19.38 2.36 1.82
Case-H-L1 5.47 1.57 3.48 1.42 1.04 1.22 1.79 20.36 20.43 21.34 21.27 2.02 1.75
Case-H-L2 5.77 1.52 3.80 2.03 - 1.48 2.26 20.01 - 21.34 21.14 2.06 1.82
Case-H-L3 5.75 1.45 3.97 - - 2.42 3.33 - - 20.82 20.53 2.13 1.82
Case-H-L4 3.45 1.23 2.80 0.96 0.83 0.85 0.76 20.65 21.23 21.15 21.07 1.89 1.82
Case-H-L5 3.64 1.36 2.68 0.94 - 1.58 1.12 20.70 - 21.15 21.21 2.00 1.91
Case-H-L6 3.09 1.51 2.05 - - 1.45 1.64 - - 21.50 21.35 2.05 1.89
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Heating Load [kW]

H-H1
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(25,100,100,100)

H-H3
(75,75,75,75)

H-H4
(100,100,50,50)

H-H5
(100,0,100,100)

H-M1(50,50,50,50)
H-M2(50,50,50,50)

H-M3
(100,50,50,50)

H-M4
(25,25,100,100)

H-M5
(67,0,67,67)

H-M6
(0,0,100,100)

H-L1
(25,25,25,25)

H-L4
(15,15,15,15)

H-L3
(0,0,50,50)

H-L2(33,0,33,33)

H-L6
(0,0,30,30)

Case-L5
(20,0,20,20)

Experimental results
(Heating mode)

: heat load ratios of all the indoor units were the same (balanced operation)

The values in parentheses indicate the target load ratio of each indoor unit.

: heat load ratios of each indoor unit was not the same (unbalanced operation)

Table 2: Experimental results for all cases (heating mode). 
 

Figure 4: Experimental results plotted on the performance curve (heating mode). 
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4) Regarding the experimental results in the low load 
range cases, as with the result of heating mode, 
Case-C-L3 (load ratio was 50% for two units and the 
others were stopped) were more efficient than Case-
H-L1(without load unbalanced). 

Estimation of Energy Performance 
Using the experimental results, a mathematical model to 
estimate the system energy efficiency taking into account 
the unbalanced load condition was developed. Here, 
because the experimental results showed that the 
efficiency change due to unbalanced load was small in the 
low load range and it was found that it was greatly 
affected by the ON-OFF operation, only the high load 

range and the medium load range were targeted in this 
paper. 
The model equation proposed in this paper is shown 
below. 

COPheating	=	kha Pref,high+	khb   (3) 
COPcooling	=	kca Pref,low+	kcb   (4) 
Pref,high	=	khc Lmax +	khd   (5) 
Pref,low	=	kcc Lmax +	kcd    (6) 
Lmax =	max	(Lunit1,Lunit2,…,LunitN)  (7) 

Where: 
𝐶𝑂𝑃ℎ𝑒𝑎𝑡𝑖𝑛𝑔 : Operation efficiency for heating mode [-] 
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C-L3
(0,0,50,50)

C-L2(33,0,33,33)

C-L6(0,0,30,30)

C-L5(20,0,20,20)

Experimental results
(Cooling mode)

C-H1b
(100,100,100,100)

C-M7
(100,100,0,0)

: heat load ratios of all the indoor units were the same (balanced operation)

The values in parentheses indicate the target load ratio of each indoor unit.

: heat load ratios of each indoor unit was not the same (unbalanced operation)

Table 3: Experimental results for all cases (cooling mode). 

Figure 5: Experimental results plotted on the performance curve (cooling mode). 

Heat load
[kW]

Energy
consumption

[kW]

Efficiency
 [-] Unit 1 Unit 2 Unit 3 Unit 4 Unit 1 Unit 2 Unit 3 Unit 4 High Low

Case-C-H1a 20.83 4.43 4.70 5.49 5.89 4.72 4.73 28.44 28.70 27.44 28.92 2.35 1.11
Case-C-H1b 24.19 6.24 3.87 6.02 6.34 5.76 6.08 27.03 27.49 27.17 28.58 2.37 1.02
Case-C-H2 14.76 2.59 5.70 1.51 5.19 4.05 4.01 26.81 29.22 28.01 29.47 2.32 1.22
Case-C-H3 18.02 3.37 5.35 4.70 4.88 4.41 4.03 27.69 27.42 28.03 28.35 2.25 1.15
Case-C-H4 15.89 2.53 6.29 4.83 4.94 2.97 3.15 30.21 29.81 27.44 28.42 2.23 1.27
Case-C-H5 14.29 2.72 5.26 5.13 - 4.60 4.57 28.56 - 27.75 29.21 2.24 1.13
Case-C-M1 12.15 1.90 6.41 3.08 3.19 2.93 2.95 26.82 26.63 27.04 28.12 2.30 1.28
Case-C-M2 12.19 1.94 6.27 3.01 3.22 3.03 2.93 26.82 26.84 27.17 28.04 2.31 1.27
Case-C-M3 11.84 2.01 5.89 1.06 4.07 3.44 3.27 26.67 27.51 27.48 28.43 2.31 1.25
Case-C-M4 10.70 1.84 5.81 1.68 1.83 3.60 3.59 27.06 27.77 27.63 28.92 2.33 1.26
Case-C-M5 10.72 2.01 5.33 0.78 0.96 4.45 4.53 26.67 27.20 27.97 29.35 2.27 1.18
Case-C-M6 11.27 1.95 5.78 4.12 - 3.53 3.61 28.30 - 27.13 28.29 2.28 1.23
Case-C-M7 11.44 2.23 5.14 5.63 5.81 - - 28.49 27.52 - - 2.33 1.12
Case-C-L1 5.55 1.78 3.11 1.42 1.71 1.05 1.36 26.83 27.23 27.65 27.66 2.27 0.94
Case-C-L2 4.72 1.56 3.03 1.79 - 1.31 1.62 26.72 - 27.56 27.49 2.27 0.98
Case-C-L3 5.58 1.49 3.75 - - 1.79 3.79 - - 26.37 27.09 2.29 0.92
Case-C-L4 5.35 1.72 3.11 1.23 1.53 0.85 1.73 26.57 27.02 27.19 27.12 2.25 0.98
Case-C-L5 4.35 1.59 2.74 1.68 - 1.29 1.38 26.38 - 27.34 27.49 2.34 0.96
Case-C-L6 3.47 0.91 3.83 - - 1.66 1.81 - - 26.93 27.20 2.20 1.08

Refrigerent pressure
[MPa]

H
ig

h 
lo

ad
 ra

ng
e

M
id

iu
m

 lo
ad

 ra
ng

e
Lo

w
 lo

ad
 ra

ng
e

Cases
(Cooling)

Outdoor unit Actual achived heat load
of indoor units [kW] Indoor temperature [oC]

________________________________________________________________________________________________ 

________________________________________________________________________________________________ 
Proceedings of the 16th IBPSA Conference 
Rome, Italy, Sept. 2-4, 2019

 
1903

 

 
  



𝐶𝑂𝑃𝑐𝑜𝑜𝑙𝑖𝑛𝑔 : Operation efficiency for cooling mode [-] 
𝑃𝑟𝑒𝑓,ℎ𝑖𝑔ℎ : Refrigerant pressure of high-pressure side 

[MPa] 
𝑃𝑟𝑒𝑓,𝑙𝑜𝑤 : Refrigerant pressure of low-pressure side 

[MPa] 
𝐿𝑚𝑎𝑥	: The maximum load ratio of all indoor units 

[-] 
𝐿𝑢𝑛𝑖𝑡𝑁 :  Load ratio of indoor unit N [-] 
𝑘 : Model Parameters 

Figures 6, 7, 8, and 9 show the results of estimating the 
model parameters 𝑘  based on the results of the 
experiment. Figures 10 and 11 show the relationship 
between the COP estimated using the developed model 
and the actually measured COP. It is clear that the 
developed model can estimate the energy performance 
of unbalanced load condition with high accuracy. 
Discussion and Conclusion 
This paper showed the experimental results on the energy 
performance of the VRF air-conditioning system to 
clarify the influence of the unbalanced heat load of indoor 
units and developed a mathematical model to estimate 

system energy efficiency taking into account an 
unbalanced load condition. The testing method specified 
in ISO 15042:2017 was assumed to be conducted under 
the condition that the heat load amount of all the indoor 
units was equal, but in actual buildings, the heat load 
amount of all the indoor units was not equal for the 
following reasons: 
a) Difference in heat load between the perimeter zone 

and the interior zone. Especially for buildings with 
poor thermal insulation performance and airtight 
performance, the difference may be larger. 

b) Difference in heat load from appliances in the room 
(for example, there was a place where heat 
generation was locally higher because many copy 
machines were located in the place). 

c) Difference in how the rooms were used (for example, 
the office room and the meeting room were air- 
conditioned with the same outdoor unit). 

The experimental results showed that the unbalanced load 
operation caused about a 20% energy loss at maximum. 
Because this paper clarified the trend via limited 
experiments only for limited air conditioners, more 
detailed experiments should be carried out in the future 
and clarify the mechanism by which the unbalanced heat 
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Figure 9: Relationship between 𝑃𝑟𝑒𝑓,𝑙𝑜𝑤  and COP𝑐𝑜𝑜𝑙𝑖𝑛𝑔  
(cooling mode). 

Figure 6: Relationship between 𝐿𝑚𝑎𝑥	 and 𝑃𝑟𝑒𝑓,ℎ𝑖𝑔ℎ  
(heating mode). 

Figure 7: Relationship between 𝑃𝑟𝑒𝑓,ℎ𝑖𝑔ℎ  and COPℎ𝑒𝑎𝑡𝑖𝑛𝑔 
(heating mode). 

Figure 8: Relationship between 𝐿𝑚𝑎𝑥	 and 𝑃𝑟𝑒𝑓,𝑙𝑜𝑤  
(cooling mode). 
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load influences energy consumption efficiency. But this 
research revealed that it is necessary to incorporate this 
mechanism into building energy simulations in order to 
accurately calculate the annual energy consumption of 
buildings. 
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Abstract 

Radiant heating system has been widely used in 

residential and office buildings due to its energy-saving 

and enhanced thermal comfort features. For large space 

building heating, there was no consistent answer. In this 

paper, the thermal and energy consumption performances 

of infrared radiant heating and floor, heating system in an 

aircraft hangar was compared using numerical simulation 

methods. The mean air temperature in the occupied zone, 

vertical temperature difference and energy efficiency of 
these two heating systems were analysed by 

Computational Fluid Dynamics (CFD) model, which was 

validated by the reported experimental results. The results 

indicated that both of the systems could meet the 

requirements of the design temperature. The temperature 

distribution of the floor radiant heating system was much 

uniform than that of the infrared radiant heating system in 

the aircraft hangar. With energy-utilization coefficient of 

0.93, the floor radiant heating system performed higher 

energy efficiency than that of infrared radiant heating. 

The energy consumption per floor per unit temperature 
difference for infrared radiant was nearly 1.5 times that of 

floor radiant heating system. 

Keywords: Large space building; CFD; Vertical 

temperature difference; Energy -utilization coefficient 

Introduction 

With the development of the economy, an increasing 

number of large-space buildings have been built such as 

airport terminals, aircraft hangars and atriums. With large 

area of doors and windows and high height, large space 

buildings suffered huge amount of cold air infiltration or 

leakage and intrusion, resulting in large amount of heat 

load (Huang et al., 2007; Liu et al., 2018). Due to the high 

height, the air stratification and vertical temperature 
gradient were more serious than the others were, since the 

warm air gathered in the upper space of the building 

driven by the buoyancy force. This may cause large 

energy waste. Thus, special attention should be paid on 

the heating system design of large space building.  

Radiant heating was considered as an alternative solution 
of the conventional heating system in large space building 

(ASHRAE, 2011). Radiant heating systems including 

infrared radiant (Han et al., 2014), ceiling panel heating 

(Ahmed et al., 2018), floor radiant heating and wall 

radiant heating (Koca and Cetin, 2017), transfer heat to 

the indoor environment mainly through thermal radiation. 

To analysis the system performances, tools like 

Computational Fluid Dynamics (CFD) and energy 

simulation program usually were used in studies. Wang et 
al. (2018) improved the occupied zone thermal comfort 

by a secondary airflow device in a large enclosed space 

building using the CFD method. As compact and self-

contained heating devices, infrared heaters were applied 

in large buildings, such as hangars, factories, and 

warehouses (ASHRAE, 2011). The performance of Gas-

fired Infrared heating and convective heating system was 

compared by Han et al.  (2014) using the CFD method. 

The result shown that natural gas infrared radiant heating 

could reduce the indoor air stratification and save over 10% 

energy than convection heating system. And floor heating 

system has been proved to be that it could provide more 
uniform temperature distribution than the convective 

heating system in residential building (Risberg et al., 2015; 

Lin et al., 2016). The performance of different radiant 

panel heaters was compared by Seyam et al. (2014) using 

CFD method in parallel with experiment. Compared with 

wall and ceiling radiant heating, floor radiant heating 

system consumed the minimum energy with the same 

inside air temperature. Myhren and Holmberg (2008) 

investigated the characteristics of floor and wall heating 

system with different temperature level in two office 

rooms using an experimental validated CFD model. The 
results shown that lower radiant source temperature could 

provide a lower vertical air temperature difference.  

In summary, comparison between infrared radiant heating 

and low-temperature floor heating system has not been 

seen in the previous studies. In this study, the performance 

of infrared radiant heating and low-temperature floor 
radiant heating system in an air hanger were compared 

under design condition. Several performance indexes 

were introduced to evaluate the temperature distribution 

and energy performance of different heating systems. 

Methods 

1. Mathematical theory 

In this paper, the commercial program, Fluent, was 

adopted to calculate the indoor airflow and air 

temperature distribution in an aircraft hangar with 

different heating systems including infrared radiant 

heating and low-temperature floor heating system. The 

airflow and convective heat transfer are controlled by the 
governing equation of continue, momentum and energy 

equation, which can be described in a unified governing 

equation as Equation (1) (Chen and Srebric, 2002).  
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∂𝜌∅

𝜕𝑡
+ div(𝑈∅) = div(Γ∅ 𝑔𝑟𝑎𝑑∅) + 𝑆∅               (1) 

where, ∅  represents any of the predicted variables; U 

means the air velocity vector; Γ∅ is the diffusion 

coefficient; 𝑆∅ represents source.  

In the indoor environment simulation field, the k-ε , 

RNG turbulence model was generally used, which can 

obtain better results (Posner et al., 2014; Horikiri et al., 

2011). For a room with radiant heating system, the 

radiation should be considered and calculated in the 

simulation, since the radiant heat transfer plays a key role 

in the radiant heating system. Discrete-Ordinates (DO) 

model can calculate not only the radiant transfer between 
surfaces (Seyam et al., 2014) but also radiant in medium 

(Raithby and Chui, 1990) Therefore, Do model was 

employed in the simulation. The governing equation of 

radiant heat transfer is shown as Equation (2) (Chui and 

Raithby, 1993).  

𝑑𝐼(𝑟, 𝑠)

𝑑𝑠
+ (𝛼 + 𝜎𝑠)𝐼(𝑟, 𝑠) = 𝛼𝑛2

𝜎𝑇4

𝜋
+ 

 
𝜎𝑠

4𝜋
∫ 𝐼(𝑟, 𝑠) ∙ Φ(𝑟, 𝑠)

4𝜋

0
𝑑Ω′  (2) 

where 𝑟 is the position vector, 𝑠 is the direction vector; 𝛼 

is the absorption coefficient; 𝜎𝑠is scattering coefficient; n 

is refractive index; 𝜎 is Stefan-Boltzmann constant; I is 

the radiation intensity; T is the local temperature; Φ is 

phase function; Ω′ is the solid angle. 

In addition, the buoyancy-driven natural ventilation in 

large–space building is a significant part of the heat 

transfer. To predict the indoor environment accurately, 

natural ventilation cannot be ignored. Boussinesq model 

treats density as a constant value in all solved equations 

except for the buoyancy term in the momentum equation. 

In buoyancy term, the density of the material varies 

approximately linearly with temperature. 

2. Performance evaluation  

To compare the system performance more intuitive, 
several dimensionless indexes are introduced including 

dimensionless temperature, energy-utilization coefficient 

and energy saving rate. They dimensionless temperature 

Θ(x, y, z)is defined as equation (3). 

Θ(x, y, z) =
𝑇(𝑥,𝑦,𝑧)−𝑇𝑖𝑛𝑙𝑒𝑡

𝑇𝑜𝑢𝑡𝑙𝑒𝑡−𝑇𝑖𝑛𝑙𝑒𝑡
                          (3) 

Where, 𝑇(𝑥, 𝑦, 𝑧) is the air temperature of the point 

located at (𝑥, 𝑦, 𝑧) 𝑇𝑖𝑛𝑙𝑒𝑡  and 𝑇𝑜𝑢𝑡𝑙𝑒𝑡  is the inlet and outlet 

air temperature of the building. In this paper, it represents 
the inlet and outlet of the Infiltration air temperature. The 

Θ(x, y, z)  also reveals the uniformity of temperature 

distribution. 

Reference to airflow performance index, Energy-

utilization coefficient of heating system was proposed. It 

is defined as Equation (4). It indicates the energy 

efficiency of the different heating system. A larger η 

indicates higher energy efficiency of the system. If 𝑇𝑁 is 

higher than 𝑇𝑎𝑣𝑒 and η > 1 , it shows that the heating 

system can transfer the heat to the occupant activity zone 

efficiently. On the contrary, 1   illustrates more heat is 

sent to the unoccupied zone and the efficiency of the 

heating system is low.  

η =
𝑇𝑁−𝑇𝑜𝑢𝑡

𝑇𝑎𝑣𝑒−𝑇𝑜𝑢𝑡
    (4) 

where 𝑇𝑁  is the average temperature of the occupant 

activity zone; 𝑇𝑜𝑢𝑡is the outdoor calculation temperature 

in heating season; 𝑇𝑎𝑣𝑒is the indoor average temperature.  

The third index is φ , which is defined as Equation (5). 

The φ indicates the heat flow per floor area that should be 

supplied by the heating system to increase 1℃ of the 

occupied zone mean air temperature. Then the energy 

saving rate of the different heating systems Υ is defined 
as Equation (6). 

 φ =
𝑄

𝐴𝑓𝑙𝑜𝑜𝑟(𝑇𝑁−𝑇𝑜𝑢𝑡)
 (5)  

 Υ =
𝜑𝐼𝑟−𝜑𝑓𝑙

𝜑𝐼𝑟
 (6) 

where, 𝑇𝑁  is the average temperature of the occupied zone, 

in this study, the average temperature of z=1.5 m is used 

on behalf of 𝑇𝑁 . 𝐴𝑓𝑙𝑜𝑜𝑟  is the glass floor area of the 

building. 𝜑𝐼𝑟  and 𝜑𝑓𝑙 is the energy index of infrared 

radiant and floor heating system, respectively.  

3. Physical model and boundary conditions 

The aircraft hangar located in Beijing with 400m in length, 

100m in width and 41m in height. There are five aircrafts 

parked in the aircraft hangar. The physical model of the 

building is shown in Figure 1.  To help the designer make 
a better choice, this study compared the natural gas tube 

infrared radiant heating and floor heating method in a 

large-space aircraft hangar. Figure 1 (a) shows the natural 

gas infrared radiant heating system. There were 82 radiant 

tubes suspended at a height of 31m. The surface 

temperature of the tube was calculated based on a 

separated tube model with  280 ℃ smoke sent in and the 

emission coefficient of the tube surface is 0.82. The 

average surface temperature of tubes was 115℃. Figure 1 

(b) shows the floor heating system of the aircraft hangar. 

Due to sufficient insulation of the floor, it is assume that 

the heat loss of the floor can be ignored. The number of 

pipes, pipes’ diameter and pipe type has little impact on 

system performance (Sattari and Farhanieh, 2006). As a 

reference control case, the floor surface temperature was 

calculated based on the heat conservation equation and 

the surface temperature of the floor was designed to be 

25℃. In large space buildings, the cold air infiltration is 

an important part of the heat load (Huang et al., 2007). 

Ten openings were evenly distributed on the bottom and 

top of the door to simulate the infiltration inlet and outlet. 

To compare the performance of these two heating 
methods, two cases were taken and the boundary 

conditions were summarised in Table 1. 
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Figure 1: Physical models 

Table 1: Boundary conditions of different cases 

Boundary 

Condition 

Heat 

Source 

Infiltr

ation 
Exterior Wall 

Inter

nal 

Wall 

Infrared 

Radiant 

Ttube= 

115℃ 
0.17 

ACH 

hwall=0.5W/(m2k) 

hdoor=2.0W/(m2k) 

hwindow=3.0W/(m2k) 

hroof=0.45W/(m2k) 

hfloor=0.4W/(m2k) 

tout=-7.6℃   

q=0 

Floor-

Heating 

Tfloor= 

25℃ 

 

Results 

1. Model validation  

Validation is very important to ensure reasonable results 

of CFD simulation. In this paper, the results of established 

CFD model have been compared with the experimental 

data (Olesen et al., 1980) and simulation results (Myhren 

and Holmberg, 2008). The detail physical model can be 

found in references. The commercial software, Fluent, 

was used to calculate the flow and temperature 

distribution of the environment chamber with the k-ε
turbulence model to calculate the flow due to cold air 

infiltration and the Boussinesq to simulate the natural 

convection due to the temperature difference. The 

Discrete Ordinates (Do) model was introduced to 

calculate the radiation heat transfer of the room. The 
indoor air temperature was calculated by the energy 

equation coupling the conventional and radiant heat 

transfer. The infiltration air change rate was 0.4ACH, and 

outdoor air temperature is -5 ℃ . The heat transfer 

coefficient of external wall is 0.35W/(m2．k). The heat 

loss from the window was 224W, and there was no heat 

transported through the remaining walls. The average 

floor surface temperature is 26.5℃. The simulation result 

was shown in Figure 1(a). From this chart, we can see that 

the CFD calculated result shows strong consistency with 

measured results in Olesen’s work and simulation results 

in Myhren’s works. 

The Do model was also validated by the experimental data 

taken by Rousse et al. (2000). It was a two-dimensional 

square cavity radiation heat transfer issue. The floor 

temperature was Tw and the temperature of the unheated 

walls was 0.5Tw. The simulated and tested indoor air 

temperature was normalised by the Tw, and it was shown 

in Figure 1(b). Obviously, the calculated result was in 

good agreement with the experiment data. Therefore, this 

method can be used for extended research. 

 

(a) CFD validation 

 

(b) Do model validation 

Figure 1: Model validation results 

2. Temperature distribution 

The air temperature impacts the occupants’ thermal 

comfort directly, especially air temperature in the 

occupied zone. In large buildings, such as aircraft hangars, 
the air temperature of the occupied zone is an important 

parameter to evaluate the performance of its air 

conditioning system. In this study, the temperature 

distribution of plane 1.5m above the floor was selected to 

represent the occupied zone temperature distribution of 

the plane 1.5m above the floor and the temperature 

distributions under different heating system have been 

compared. The results have been shown in Figure 2. 

When the building is heated by natural gas infrared 

radiant tubes, the average temperature of plane z=1.5m is 

18.7 ℃ , which is higher than design indoor air 

temperature of 16 ℃. A floor heating system can provide 

an average temperature of 16.7℃. Even though it is a little 

lower than the infrared radiant system, it also can satisfy 

the requirement of standards. From the picture, it can also 

be seen that the temperature distribution both systems is 
uniform except for the infiltration inlet area, which is a 

user-defined area to simulate the cold air infiltrate to the 

indoor environment. In a real project, the infiltration inlets 

distribute evenly around doors and windows. Therefore, 

(a) Natural Gas Infrared Radiant Heating

(b) Floor radiant heating
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the influence of infiltration inlet would be weaker than the 

simulation result in the infiltration inlet area and the 

temperature distribution would be more uniform in the 

real projects.  

 

Figure 2: The temperature distribution of z=1.5m 

For further analysis of indoor temperature distribution, 

the dimensionless temperature Θ(x, y, z)  at z=1.5m was 

calculated, as shown in Figure 3. Overall, the 

dimensionless temperature of both systems ranged in a 

small scale, performing a uniform air distribution in 
horizontal plan. For the infrared radiant heating, the 

average Θ of the z=1.5m plane is 0.56, which means that 

mean temperature of z=1.5m plane is lower the outlet air 

temperature. There were three main reasons. For one 

thing, in the infrared radiant system, the heat source 

locates at the height of 31m and it approaches to the outlet 

of the leakage. For another thing, the high building height 

and strong thermal buoyancy enhances the air temperature 

of the outlet. In addition, the radiation from heat source 

gathered in the upper part of the space, because of the 

reflection from aircraft surface.  Under the comprehensive 
effect of radiation and natural convection, the outlet air 

temperature is higher than the occupied zone air 

temperature. For the floor heating system, the mean 

dimensionless temperature of the plane z=1.5m  above the 

floor is 0.93, close to 1, which indicates that the occupied 

zone air temperature is close to outlet air temperature. As 

the heat source locates at the floor and the heat enters the 

occupied zone immediately.  The thermal buoyancy can 

enhance the heat transfer to the upper space, and the 

temperature difference between occupied zone and outlet 

of the leakage can be reduced.  

3. Vertical temperature gradient 

In large space buildings, the vertical temperature gradient 

is a significant parameter concerned. In this section, the 

vertical temperature distribution and vertical temperature 

gradient of an aircraft hangar with different heating 

systems were analysed. Figure 4 shows the vertical 

temperature distribution of y/L=0.5. In Figure 4 (a), the 

air temperature of the lower parts of the aircraft space is a 

little higher than the design temperature 16℃. The air 

temperature increases gradually along with the height of 

the position. The air temperature of the upper zone in the 

aircraft hangar is much higher than the occupied zone, 

especially the air above the radiant infrared radiant tubes. 
From Figure 4 (b), it can be seen that the air temperature 

of the infiltration area is low due to cold air infiltration. 

There is a very thin air layer with higher air temperature, 

which is just above the heating floor surface. Except for 

the two local areas mentioned above, the temperature 

distribution at other locations is uniform and ranges from 

16.0 to 18.3℃.  

 

Figure 3: Dimensionless temperature distribution of 

z=1.5m 

 

Figure 4: Vertical temperature distribution of y/L=0.5 

For further analysis, three vertical lines were selected to 

represent different part of the space, as shown in Figure 4 
(a). These lines go through the centre of the aircraft. The 

temperature variation of different positions was shown in 

Figure 5. For the infrared radiant heating system, the air 

temperature around the heat tube is highest, higher than 

50℃. The air temperature near the aircraft upper surfaces 

is higher than the around zones. Because the radiant heat 

from the radiant tubes transferred to the surface of the 

plane directly. The air around the top surfaces of aircrafts 

was heated by natural convection. Due to the reflection of 

the aircraft, the some of the radiation could not reach the 

floor surface, and the mean air temperature near the floor 

is lower than the surface temperature of the aircraft in 

infrared radiant heating. Overall, for the vertical 

temperature difference is larger, about 31℃  and the 

vertical temperature gradient is 0.76℃/m. When the floor 

is considered as the heat source, the floor surface 
temperature is highest.  Similar with the phenomenon near 

the upper surface of aircrafts, the air temperature near the 

floor surface was higher than the other spaces, since the 

air around the floor surface was heated through natural 

convention. The radiant heat transfer between the floor 

and surrounding surfaces including aircraft sufaces and 

walls is the main heat transfer method. Therefore, the 

walls’ and aircraft bottom surfaces temperature is a little 

higher than the air temperature around the surfaces, as 

shown in Figure 5 (b). On the contrary, the top surface of 

(a) Infrared radiant heating 

(b) Floor heating 

(a) Infrared radiant heating

(b) Floor heating

(a) Infrared radiant heating

(b) Floor heating
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aircrafts shows opposite trend due to the shade of aircraft. 

The air temperature of the zone above the aircrafts is 

almost the same. In comparison, the air temperature 

variation trend near the top surface of the aircraft is 

opposite in these two cases due to the location of the heat 

source. With 8.6℃vertical temperature difference, the 

floor heating system shows lower difference than that of 

the infrared radiant heating. The vertical temperature 

gradient is 0.21℃/m for floor radiant heating system.  

 

(a) Infrared radiant heating 

  

(b) Floor heating 

Figure 5: Temperature of different positions 

To compare these two systems, the dimensionless 

temperature Θ was introduced. Figure 6 indicates the Θ of 

the y/L=0.5 plane. From the picture, it can be seen clearly 

that the vertical temperature gradient of infrared radiant 

heating system is more serious than that of floor radiant 

heating system. The Θ of floor heating system is close to 

1, which indicates the temperature distribution is 

approach to be uniform.  

 

Figure 6: The vertical dimensionless temperature 

distribution of y/L=0.5 

The average dimensionless air temperature of different 

heating systems was shown in Figure 7. It can be seen that 

the floor heating system vertical dimensionless 

temperature is close to 1, except for the local area above 

the floor surface. The vertical gradient is 0.66 for the 

infrared radiant heating system. For floor radiant heating 

system, the vertical temperature gradient is 0.33. The 

vertical temperature gradient of an infrared radiant 

heating system is about 2 times higher than that of a floor 

heating system in the aircraft hangar. 

 

Figure 7:  Average temperature of different height 

planes. 

4. Energy consumption index 

Energy performance of the heating system is another 

important factor that influences the decision of designers. 
The analysis above shows that the indoor air temperature 

distribution is different with different heating systems. In 

this section, the energy consumption index η , φ were 

calculated to evaluate different heating systems, as shown 

in Figure 8. The energy-utilization coefficient of infrared 

radiant heating system is 0.61 and it is 0.93 for a floor 

heating system. Obviously, the floor heating system 

shows higher energy efficiency than that of the infrared 

radiant heating system in the aircraft hangar. It is because 

of that the floor radiant heating system directly supplies 

heat to the occupied zone through radiant and 
conventional heat transfer. However, infrared radiant tube 

which is located at the height of 31m was shaded by the 

air plane and part of the radiant heat was reflected back to 

the upper space.  The energy consumption index φ of 

infrared radiant heating system is 6.8W/(m2·K) and it is 

1.5 times higher than the floor heating 

system(4.4W/(m2 · K)). It indicates more energy is 

needed to be supplied by the infrared radiant heating 

system. system to maintain the occupied zone air 

temperature at the same design value Finally, the energy 

saving rate of the floor heating system compared with 

infrared radiant heating system can be calculated 

according to Equation (6) and the Υ is 35.3%.  
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Figure 8: Energy consumption index of different heating 

methods. 

Discussion 

From the analyses above, it can be found that the floor 

heating system shows good performance both in 

temperature distribution and energy performance. 

However, there was something others should be noticed 

when designers choose a floor heating system in large–

space buildings. The floor radiant heating system embeds 

water pipes into the floor. When the floor heating system 

installation is completed, works of drilling on the floor 

should be avoided. Second, the floor heating system has 

strong thermal inertia and it is not convenient for 

adjustment or intermittent operation, which may cause 
water freezing issues. For the infrared radiant heating 

system, the surface temperature of tubes is high and it 

must be installed at a high position to avoid cause burns, 

safety issues and thermal uncomfortable. Compared with 

the floor heating system, the infrared radiant tubes are 

easy to control and it suits for intermittent operation or 

local heating. 

Conclusion 

This study compared the temperature distribution and 

energy performance of an infrared radiant heating and a 

floor heating system in an aircraft hangar. From the 

analysis above, the following conclusions can be obtained.  

In large space buildings, both infrared radiant and floor 

heating system can satisfy the design temperature 

requirement of standards and uniform temperature 

distribution in horizontal plane of the occupied zone. 

However, the vertical temperature distribution is less 

uniform, especially the infrared radiant heating system.  

The vertical temperature difference of infrared radiant 

heating system is about 2 times higher than floor radiant 

heating. With the energy-utilization coefficient of 0.93, 

the floor heating system shows higher energy efficiency 

and the saving rate was 35.3%.  

In summary, compared with infrared radiant heating, the 

floor heating system can provide more uniform 

temperature distribution and higher energy utilization rate. 
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Abstract 
In a district cooling system different types of cooling 
generation can be combined (e.g., vapour compression 
chillers, absorption chillers, and free cooling). Controlling 
such complex systems in an efficient way is challenging: 
the cooling demand is much more difficult to predict than 
the heat demand and, as for absorption chillers, heat 
sources such as the solar energy and the waste heat are not 
predetermined by the designers. 
The EU project INDIGO deals with the improvement of 
District Cooling (DC) systems. Its main goal is the 
development of a more efficient, intelligent, and cheaper 
generation of DC systems (Loureiro, 2018; Costa, 2017). 
The results of INDIGO will include: 
- predictive controllers; 
- system management algorithms; 
- an open-source planning tool. 
To validate the results, the consortium is analysing some 
case studies. The proposed solutions for DC systems will 
be installed in the Basurto Hospital campus in Bilbao. 
Different models regarding the buildings and all the 
relevant components of the DC system are being 
developed: 
1. generation systems; 
2. distribution and storage systems; 
3. HVAC systems; 
4. thermal behaviour of the buildings, considering also 

internal loads and building use. 
The first three parts are being simulated by means of 
Modelica (Modelica, 2016), an open-source object-
oriented modeling language that provides dynamic 
simulation models for building energy and control 
systems. The fourth part is being modelled with 
EnergyPlus (EnergyPlus, 2016). They are going to be 
integrated through the Functional Mock-up Interface 
(FMI) for co-simulation (Nouidui, 2014).  
The models of certain building envelope elements are 
validated using experimental measurements (heat flow 
rates, temperatures, entering solar radiation). 
Component models for the air handlers and for the fan-
coils found in the studied buildings are developed in 
Modelica. Different kinds of chillers are modelled too. 
Particular attention is paid to the distribution system, 
where thermal and hydraulic effects are coupled and thus 
must be considered jointly. 

All the developed models will be validated, both 
independently and considering the integration, using data 
acquired at the test-site.  
The validated models will be considered as reference for 
the development of the innovative controllers, of the 
management strategy, and of the planning tool. The new 
models developed in Modelica will be part of a District 
cooling open-source library (DCOL). 
Introduction 
This paper presents the role of the energy models in the 
development of INDIGO, a research project that is funded 
by the European Union in the context of the Horizon 2020 
research and innovation program. The project started in 
March 2016 and it is going to finish in August 2019. Its 
main goal is the improvement of the district cooling (DC) 
systems.  
In comparison with the heating systems, the cooling 
systems present problematic aspects related to the greater 
difficulty in the prediction of the energy demand. The 
reason is that the energy demand can change quickly 
because it is influenced by factors such as the solar 
radiation and the internal heat loads. 
Another problematic issue is that the difference between 
the supply water temperature and the return water 
temperature for DC loops is generally around 8°C, while 
in district heating loops the difference is usually greater 
than 40°C. That causes an increase in the cost of the 
piping system and of the energy requested for pumping. 
The improvement of the DC systems shall be achieved 
through the development of new tools for the design and 
for the management of district cooling systems: 
• predictive controllers that will be responsible for 

determining the set-points of the mechanical systems 
(some of them will include self-learning algorithms), 
at all levels (generation, distribution, storage, AHUs, 
and fan-coil units). They will be developed on the 
basis of “reduced” and validated versions of the 
energy models (Hoyo Arce, 2017); 

• an innovative management strategy, on which the 
controllers will be based, will consider energetic 
aspects, environmental aspects, and economical 
aspects;  

• an open-source planning tool for the evaluation of 
existing systems and for the design of new district 
cooling systems. It will be based also on the results of 
simulations; 
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• an open library including physical/mathematical 
models developed in Modelica of the components that 
compose a DC system that will be called District 
cooling open-source library (DCOL). 

The models regard mainly the real situation of the Basurto 
Hospital, in Bilbao, which is divided in 20 buildings, 
among them 9 are mechanically cooled. The results of 
INDIGO are going to be applied and measured in the 
plants relative to that facility. The DC system was 
installed in 2003 and extended in 2011 by Veolia-Giroa. 
The chilled water is produced by two absorption chillers 
and by four vapour compression chillers. The system 
supplies chilled water always at 7°C (as setpoint 
temperature) and it modulates the water flow rate. The 
absorption chillers are cooled by water loops, one vapour 
compression chiller is water-cooled while the other three 
electric chillers are air-cooled (Fig. 1). The hot water, 
which is used by the absorption chillers and to heat the 
buildings, is heated by the waste heat of a cogeneration 
system. That heat can be stored in a water tank. The 
cogeneration system is activated based on the economic 
convenience of producing electricity.  
In this case the cooling demand is particularly variable 
because it depends on the number of scheduled surgeries 
and on the occupancy level as well (Passerini, 2017). 
The internal zones are conditioned mainly though Air 
Handling Units (AHUs) or through fan-coil units. Since 
the local regulations for hospitals do not permit air 
recirculation, an important amount of energy is requested 
for the treatment of the outdoor air. 
In the other two pilot cases, located in Barcelona, the 
models and the INDIGO solutions (controllers and 
management system) will be tested without a physical 
installation. They are not considered in this paper. 

 
 Figure 1: Scheme reporting the situation of the cooling 

production/distribution plant in the hospital 
The integrated detailed modelling 
Functional Mock-up Interface (FMI) 
Different partners of the project consortium are 
developing different parts of models that regard the 
buildings and the DC system of the Basurto hospital. The 
different parts will be integrated, and they are: 
1. generation systems; 
2. distribution and storage systems; 
3. HVAC systems inside the buildings; 

4. building geometry, thermal behaviour of the building 
structures, internal loads, and building use. 

5. Learning algorithms, control and optimisation. 
6. Planning tool. 
The fourth part will be developed in EnergyPlus and will 
be converted into functional mock-up units (Blochwitz, 
2012) that will be then imported and used in a Modelica 
model that includes the AHUs. The weather data will be 
integrated in the same functional mock-up unit (FMU) of 
the building. The FMU will have as input variables latent 
and sensible heat gains provided by the AHUs to each 
conditioned thermal zone and as output variable room 
conditions (zone air temperature and relative humidity) 
and outdoor air conditions. 
The combined Modelica-AHUs with EnergyPlus-FMUs 
will be then converted into another FMU and used for 
training an advanced control algorithm to be developed in 
INDIGO and for the integration with the distribution-
storage-generation models, which are being created in 
Modelica.  
The integration of different tools allows the exploitation 
of their different capabilities. EnergyPlus is a whole 
building energy simulation software, whose development 
is funded by the U.S. Department of Energy – Building 
Technologies Office. It is free, open-source, and cross-
platform. In EnergyPlus many physical-mathematical 
models relative to the building physics (as well as to the 
HVAC systems) are already available and validated. 
Modelica is a non-proprietary, object-oriented, equation-
based language. The use of a Modelica library (Wetter, 
2014) and the development of new models require the use 
of a Modelica simulation environment (some 
environments are commercial, a few environments are 
free). The use of Modelica allows a greater flexibility than 
EnergyPlus. A similar approach has been applied to water 
networks control optimisation (Perfido, 2017). 
Validation 
The models will be validated, at different levels, using 
measured data. The quality of the measured data will be 
checked in order to eliminate the unreliable ones. The 
validation process will consider statistical test methods, 
with the definition of an acceptable range of accuracy 
with respect to the model goal. It will be an iterative 
process. 
The validated models will be then used as a tool for the 
improvement of the plant and for the development of 
other tools, such as the controller, the management 
strategy, the planning tool.  
A monitoring campaign has started in summer 2016 and 
it has been completed in spring 2018. A Building 
Management System (BMS) is installed and some data 
used for the validation were already being measured, 
while other data are being measured or are going to be 
measured because it was requested by the measurement 
plan developed for this project. 
Generation systems 
The models of the generation system that are being 
developed are: water cooled vapour compression chillers, 
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air cooled vapor compression chillers, absorption chillers, 
cooling towers, heat exchangers (plates and shell & tube), 
and pumps. The development is being carried out in 
Modelica. The following measurements, with a time step 
equal to 1 minute, are available: 
• cooling energy produced by each chiller (elaboration 

from water flow rate and temperatures) 
• total cooling energy produced by the plant 

(elaboration from water flow rate and temperatures) 
• electric consumption in each chiller 
• gas consumption of the cogeneration engines 
• supply and return temperature of the hot water loop 

for each absorption chiller 
• supply and return temperature of the heat rejection 

loops (cooling towers)  
• water temperature in the supply and return manifolds 
• outdoor temperature. 
• Distribution and Storage systems 
Outside the building where the generation system is 
located, there is a buffer tank for cold water that is 
installed between the return and supply manifolds (its 
volume is 25 m3). The chilled water temperature is 
measured at the top and at the bottom of the tank.  
The length of the distribution piping is about 2 km (supply 
pipes plus return pipes), split in two branches. The DC 
grid sends chilled water to 9 buildings where substations 
are installed. The total substations are 11 because in two 
of the buildings there are two substations. Only in a 
substation there is a heat exchanger, while in other ones 
there are hydraulic separators between the DC loop and 
the loop inside the buildings. In some cases, energy 
meters are installed in the building side of the substation. 
The central pumps are connected to a frequency converter 
that allows the variation of their speed. 
As for the models of valves, pumps and fittings, the 
relative models available in the Modelica Standard 
Library are being used. As for the pipes, a new model, 
based on the “plug-flow” approach, is being developed. 
The roughness of the pipes, since it influences the 
hydraulic resistance and it raises the water temperature, 
the heat losses through the pipes, and the thermal inertia 
of the distribution system are being considered.  
As for the water tanks, phenomena like the thermal energy 
charging and discharging process, the stratification, and 
the heat losses are being considered. 
HVAC systems 
Several libraries exist in Modelica for modelling and 
simulation of HVAC systems. The INDIGO team decided 
to use the Annex60 (Wetter, 2015) Modelica library as a 
basis for the component models and develop whichever 
component was not included in the library.  
This section deals with the modelling and simulation of 
the Air Handling Units (AHUs) that serve one of the 
demonstrator buildings, the Aztarain Block in Basurto 
Hospital. Aztarain is served by two main AHUs as the one 
shown in Fig. 2. 

 
Figure 2: Schematic of Aztarain AHUs 

The unit is composed of heat recovery (HR) based on two 
heat exchangers with a close water circuit as transfer fluid, 
cooling coil (CC), heating coil (HC), supply and return 
fans, humidifier (H), valve position (%) and sensors: 
temperature (T), relative humidity (RH), air velocity 
(AV). In the Aztarain building an AHU serves pressure 
positive rooms for immuno-depressed or critical patients. 
Another AHU serves all the other areas. For the 
underground floor the supplied air can be post-heated or 
post-cooled by water coils installed in local boxes, where 
the renovation air flow rate is mixed with recirculated air. 
The Annex60 library contains models for the fans, the 
heating coil, and the humidifier. However, a model for the 
cooling coil is not implemented yet. An initial 
implementation of the cooling coil model has been made 
based on the efficiency-NTU method. These models will 
be validated using real operation data from the facility 
after the monitoring and instrumentation is upgraded to 
match the instrumentation shown in Fig. 2. Attention will 
be focused on the cooling coil given the aim of the 
INDIGO project to improve operations of district cooling 
systems. To calibrate and validate the cooling coil models 
a procedure based on (Febres, 2015; Febres, 2017) has 
been proposed whereby the full range of operation of the 
coil is explored at discrete steps. This is done by 
modulating the cold-water control valve as shown in Fig. 
3. 

 
Figure 3: Controlling variable signal 

In this validation scenario, the input and output air 
temperature and relative humidity are monitored at 1-
minute intervals over the validation period. With this 
approach, it is possible to characterise the relationship 
between valve command and output conditions and hence 
validate the suitability of the model for the specific coil. 
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The rest of the components will be validated during 
normal operations to avoid disrupting the hospital 
functioning. 
Building, internal loads, users 
Some measurements relative to the building have started 
in summer 2016. They regard the building envelope. 
The thermographic camera has been used for detecting 
irregularities in the building envelope. In this way the best 
position for the heat flow meter can be evaluated. The heat 
flow meter was used to measure the heat flow rate through 
the roof and the external walls of the Aztarain building. 
During the same period the outdoor and the indoor air 
temperature, the outdoor and the indoor surface 
temperature were measured (Fig. 4). The data relative to 
the solar radiation and to the wind velocity and direction 
are available through the weather station “C039 - Deusto” 
of the Basque agency of meteorology (“Agencia vasca de 
meteorología”). 
Generally, the measurements made through the heat flow 
meter are indicative when there is an important difference 
(at least 10°C) for some consecutive days between the 
indoor temperature and the outdoor temperature. 
Normally this happens during the winter season. 
Nevertheless, in this case the measurements were carried 
out in summer because the research is interested in 
modelling the cooling demand and therefore in analysing 
the behaviour of the structures in hot conditions and when 
they are stricken by a high solar radiation. 

 
Figure 4: Internal measurement equipment for heat flow 

rate, surface temperature, and air temperature 
The validation of the models of the walls and of the roof 
is considering: amplitude of peak, time between two 
peaks, minimum, maximum and mean values, slope and 
the number of inflection points, attenuation factor relative 
to the external and the internal oscillations, time delay 
between external surface temperature and internal surface 
temperature or internal heat flow rate. The surface 
emissivity is being evaluated through a thermographic 
camera: the surface temperature is measured at the same 
time with a thermographic camera and with a surface 
thermometer and the emissivity considered by the 
thermographic camera is adjusted until it measures the 
same value measured by the surface thermometer.  
The surface solar absorptance considered in the model is 
adjusted in order to have an acceptable agreement 
between measured and calculated outside surface 
temperatures. The results obtained with different models 
of the outdoor convection coefficient are going to be 

compared with measured data in order to select the most 
appropriate one for the analysed case. 

 
Figure 5: Elaboration of measured data relative to an 

external wall of Aztarain building 
A pyranometer was used with different sky conditions in 
order to evaluate the ratio between the solar radiation flux 
density (W/m2) entering through the windows and the 
external solar radiation on a plane parallel to the window. 
As explained above, in the summer of 2016 a 
measurement campaign was conducted for the validation 
of the Aztarain building model.  The measured data were 
internal air temperature [°C], the envelope inside surface 
temperature [°C], the envelope outside surface 
temperature [°C] and the total heat flow across the 
envelope [W/m2]. The same measurement campaign was 
subsequently conducted in 2018 in the months of April 
and May with the goal to validate the heat flow across the 
roof of the Aztarain building and the heat flow across the 
building envelope and the glass surfaces of the buildings 
Areliza (Bloque quirurgico) and Gurtubay. 
Thanks to the measurements, it was possible to obtain the 
validation of all the selected structures. A very important 
aspect was the creation of a weather file that allowed us 
to be able to carry out the simulations by considering the 
real climatic data of the period considered. The 
development of the building models that represent 
geometry, materials, boundary conditions (e.g. ground 
temperature), air infiltration and internal gains of the 
building were developed in DesignBuilder that is a 
building simulation software with which is possible to 
perform dynamic simulation. Then the models were 
exported into EnergyPlus and, finally, from EnergyPlus 
into a Functional Mock-up Unit. 
EnergyPlus manages input files in .idf format, which can 
be edited in the IDF Editor (free available online) or in a 
text editor. The input data that the building model 
acquires from the HVAC system model, which is 
developed in Modelica, and the output data that the 
building model transfers to the HVAC system model are 
listed in the .idf file. The weather data are included in an 
.epw file (EnergyPlus weather file).  The information 
included in the .idf file and that one included in the .epw 
file are combined in a file that is readable by Modelica, 
specifically in a .fmu file. The exportation to .fmu is done 
through a Python script. 
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Figure 6: Basurto site and the 3 buildings with detailed 

models 

To validate the model, after examining several validation 
methods it was considered appropriate to use the RMSE 
and the RMSEN (Root Mean Square Error Normalized) 
method, the result of which is the measure of how much 
the simulated values deviate from the expected value. 

                 (1) 

M: measured values 

S: values obtained from the simulations 

N: number of acquired data 

          (2) 

The RMSEN express the value of the RMSE normalized 
respect to the amplitude of the oscillation of the data 
measured. 

Greater attention has been paid to minimizing the error 
concerning the thermal flow that passes through the 
structures as the latter determines the thermal behavior of 
the envelope and knowing the heat that must be removed 
from the AHUs is fundamental from the point of view of 
the optimization of the cooling system.  

In order to obtain a reduction of the difference between 
the measured data and the results of the simulation, 2 
algorithms and 3 parameters to be analyzed were 
identified. The two algorithms represent the internal and 
external surface convection of the surfaces (Surface 
Convection Algorithm:Inside - Surface Convection 
Algorithm:Outside). 

The three parameters are respectively the solar 
absorption, the emissivity and the density of the materials. 
For each parameter or algorithm, a sensitivity analysis 
was performed evaluating the effects due to variation of 
the model variables on the results so as to identify the 
values or types of algorithms that in this situation allow 
us to minimize the RMSE. 
The best results are achieved by setting the following 
parameters in the Energy Plus model:  
- Convection algorithm: TARP-MoWiTT 

- Solar Absorption: 0,75 
- Thermal Absorption: 0,8 
Results of the validation of the wall of Aztarain building: 

 
Figure 7: Heat flow across the Aztarain external wall 

(heat flow vs time) 
Table 1: Aztarain building external wall simulation 

results 
 Internal 

temperature 
of Zone 

Wall inside 
surface 

temperature  

Wall 
outside 
surface 

temperature  

Heat flow 
rate though 

the wall 

RMSE  0,93 °C 0,85 °C 2,43 °C 2,40 W/m2 
RMSEN 32,42% 32,82% 10,17% 11,87% 

 

Through the validation process, the RMSE value of the 
Heat Flow has been reduced by 14,52% from a value of 
2,8 W / m2 to a value of 2,4 W / m2 as can be seen. 
Moreover, the RMSE value concerning the external 
surface temperature which initially was equal to 2,99 ° C 
has been reduced to 18,57% reaching a value of 2,43 ° C. 
Given that the main focus of the model is to predict the 
cooling demand, although the normalized RMSE of 
internal temperature and wall inside surface temperature 
are higher than 30% this was considered as a stopping 
point at this stage but we are investing on how to decrease 
this. In relation to the results of the validation of the roof 
of Aztarain building: the validation of the heat flow that 
crosses the roof was completed only in 2018 thanks to the 
new measurement campaign. 

 
Figure 8: Heat flow across the Aztarain roof (heat flow 

vs time) 
The results obtained on the Areliza and Gurtubay 
buildings were achieved following the same procedure 
used for the validation of the Aztarain building. 
In these two cases the room temperature set-point played 
an important role since it was not aware of its exact real 
value. 
After having carried out some tests, it was decided to use 
as a reference of the outside temperatures the 
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temperatures measured directly on the site instead of the 
temperature values taken by the weather stations close to 
Basurto, given that they obtained better results 
The best results on the opaque surface are achieved by 
setting the following parameters: 

- Convection algorithm: TARP-MoWiTT 
- Solar Absorption: 0,75 
- Thermal Absorption: 0,8 

Results obtained studying the heat flow through the 
external wall of Areliza Building: 

 
Figure 9: Heat flow across the Areliza external wall 

(heat flow vs time) 
For the glazed surfaces of the Areliza building, in addition 
to the previously mentioned parameters, the features of 
glass and gas contained within the window have been 
studied. 
The output of energy plus chosen to study the thermal 
flow through the glazed surface is: 
• Surface Window Net Heat Transfer Rate [W] 

(To obtain the value of the [W/m²K] this parameter 
has been divided for the window surface and the 
difference between the internal temperature of the 
zone and the external temperature). 

 
Figure 10: Heat flow across the Aztarain glass surfaces 

(heat flow vs time) 
Also in the case of the study of the glazed surfaces, thanks 
to an accurate analysis of the factors influencing the heat 
flow that passes through the glazed surface, good results 
were obtained in terms of deviation of the results of the 
simulation respect to the measured data, in fact the value 
of the RMSEN does not exceed 15%. 
Additional measurements that are going to be carried out 
in order to improve the input accuracy regard mainly the 
internal loads and the behaviour of the users. They are: 
internal heat gains (metering of the consumption of 
medical equipment, communication racks, UPS systems, 

IT equipment, and any other relevant equipment), window 
openings (magnetic sensors), CO2 concentration. 
The correlation between the opening of the windows and 
other parameters (e.g. CO2 concentration, indoor and 
outdoor temperatures) will be investigated. 
Since the control of the HVAC system is based on the 
return air temperature, the rooms have been divided in 
thermal zones gathering all the rooms of a floor that are 
supplied by the same AHU. For the underground floor of 
the Aztarain building the division has considered also the 
distribution of the reheating/recooling boxes. 
Learning algorithms, control and 
optimisation 
Models are a key component of model predictive 
controllers (MPC) since they must be accurate enough to 
avoid erroneous control strategies but, at the same time, 
they need to be fast such that the optimization problem 
can be solved in real time. 
We tested two types of reduced models for the MPC: 1) 
Physical model and 2) long short-term memory recurrent 
neural network (LSTM-NN). The physical model uses a 
simplified physical model for the AHU coupled with a 
linear auto-regressive model for the room envelope. The 
coefficients of the auto-regressive model can be updated 
every week, or every season based on observed data. The 
LSTM-NN is a purely data-driven model that represents 
the whole system as an input-output function. The LSTM-
NN is trained from simulated data (produced via detailed 
models described in the previous) using different weather 
profiles and setpoint strategies to avoid overfitting and 
achieve a good approximation of the system dynamics. 
Transfer learning techniques will be used to update the 
LSTM-NN model with observed data from the test site in 
such a way that it does not forget the dynamics learnt from 
the training period. 
The MPC developed within INDIGO aims at minimising 
the energy consumption at building level while 
maintaining thermal comfort. The cost function used by 
the proposed MPC is the following: 

𝑚𝑖𝑛
$%,$'(

)[𝑤,(𝑘)𝑝,(𝑘) + 𝑤2(𝑘)𝑝2(𝑘)]
4

567

+𝜆){𝑤:[𝑡<(𝑘) − 𝑡>(𝑘)]? + 𝑤<[𝑟ℎ<(𝑘) − 𝑟ℎ>(𝑘)]?}
4

567

 

(3) 
Where: 

 
The optimization (control) variables are the supply 
temperature, 𝒙𝒕, and the supply relative humidity (RH), 
𝒙𝒓𝒉, setpoints for the AHU. The problem computes the 
optimal setpoints for a prediction horizon of 24 hours. The 
objective function has two terms: 1) energy consumption 
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and 2) distance to desired comfort level. The 
regularization weight λ is a positive constant that balances 
the trade-off between energy consumption and desired 
thermal comfort. The constraints impose lower and upper 
bounds for the supply AHU setpoints and for the room 
temperature and RH. 

Table 02: MPC results for 28 days between June and 
July using reduced physical models (Ph-MPC) and 

neural networks models (NN-MPC). 
 Ph-MPC NN-MPC  

PID λ = 1 λ = 100 λ = 1 λ = 100 
Cooling 

energy (kWh) 14,227 4,648 15,244 5,286 15,063 

Heating 
energy (kWh) 9,234 7,726 13,051 6,759 11,942 

Mean temp. 
(ºC) 21,47 23,77 23,51 22,54 22,6 

STD temp. 
(ºC) 0,2 1,11 0,96 0,95 0,89 

Mean RH (%) 52,31 53,98 45,09 57,23 48,57 
STD RH (%) 3,7 4,49 2,81 6,92 2,82 

The Planning Tool 
The planning tool (IndPT) developed in the INDIGO 
project (Rämä, 2018) aims to evaluate a planned district 
cooling system from energy efficiency, economics and 
emissions point of view. Other similar or related tools 
were identified and studied during the planning and 
development phase to avoid overlapping (Rämä and 
Klobut, 2018). The tool is an easy-to-use, open-source 
software developed in Python. At the heart of the tool is a 
model generator that produces a linear programming (LP) 
model representing a DC system based on user input. 
Numerous input parameters are predefined, but all can be 
modified through the graphical user interface (GUI) or by 
editing the text-based input data files. The input data 
includes both investment and operational costs, specific 
emissions of different sources and fuels, technology 
related parameters and many more.  
The model is run to obtain data of cooling system’s 
operation during a representative year. The results are 
used further on to calculate costs, revenues and emissions 
of the specified system. The economic and emissions 
calculations are carried out for a longer period of time; 
e.g. 20 years. This can be modified by the user.  
Fig. 11 depicts the components available for system 
specification. Not all of them need to be included; just the 
specified items are used in LP model generation. For 
example, DC system can only include a compression-
based cooling unit with a connection to grid electricity 
and a DC storage. 

 

Figure 11: Components included in a DC system (based 
user input) used in generation of a LP model. 

As a result, the user can see e.g. how the cooling is 
produced and what resources are used. Economic analysis 
provides a payback time for an investment and key 
performance indicators (KPIs), such as price of cooling 
supply (€/MWh). Emission analysis yields specific 
emissions of provided cooling (kgCO2/MWh), including 
also the embedded emissions of components specified in 
the system. The results are also compared to 
building-specific cooling systems to demonstrate the 
possible benefits of a DC system over such units. The 
same input data and other assumptions are used for both 
analyses. 
Conclusion 
Creation of dynamic models of a DC system and of the 
connected cooling demand plays an important role in the 
INDIGO project. The geometry of the buildings and the 
thermal properties of the structures, as well as some 
AHUs, the water buffer tank, some chillers and other 
components have been modelled. A detailed validation 
approach of the building envelope models was carried out 
and documented in this paper based on measurement 
taken on site. The integration of the building model with 
the AHUs models was tested. Through the validated 
models, improvements of the technical plants and of their 
management will be tested on the overall systems. Some 
proposed improvements of the control logics of the AHUs 
were already tested. They demonstrated that the MPC 
coupled with the NN model and with λ=1 yield savings of 
approx. 62% in the cooling energy and 26% in the heating 
energy compared to the PID controller, while maintaining 
the room temperature and RH close to the desired.  
Furthermore, a high-level modelling tool has been 
developed for evaluation of a planned district cooling 
system from energy efficiency, economics and emissions 
point of view. This modelling approach, complementary 
with the detailed modelling presented in more detail in 
this paper, will also support feasibility study analysis and 
growth of District Cooling plants in EU. 
In the context of detailed models and optimisation, the 
next step of the project will comprise a facility wide 
optimisation, including also generation and distribution 
systems optimisation. Once deployed, the same models 
will then be useful in testing new strategies and evaluating 
gaps between the expected performance and the real 
performance, in finding the causes of the possible 
discrepancies and in quantifying the energy and economic 
savings in comparison with the prior situation (before the 
implementation of INDIGO solutions). 
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use of the Basurto hospital as a pilot case. 
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Abstract 

In this paper, the TRNSYS simulation results of a 

building integrated agricultural space (BIAs), where a 

lettuce model estimated the latent and sensible heat 

transfers between the plants and the environment, were 

presented. The energy performance of two heating, 

ventilation and air conditioning (HVAC) systems was 

assessed for different cultivated densities. The results 

showed that the use of an economizer system reduced the 

total energy use of the HVAC system for high-density 

BIAs. It demonstrated that considering the sensible heat 

transfer between the plants (the cooling effect of the 

plants) and the environment was of crucial importance for 

adequate sizing of the heating equipment. The high latent 

heat transfer of the plants by evapotranspiration allowed 

adequate sizing of the dehumidification system, which is 

of prime importance in cold climates due to the risk of 

condensation in the building envelope.  

Introduction 

The loss of cultivable lands around large cities due to 

urban development and the densification of the urban 

population will decrease food security in cities in the 

foreseeable future (Al-Kodmany, 2018). Consequently, 

moving agriculture inside buildings is gaining 

momentum. In insular regions, like Japan, cultivable land 

is scarce and controlled environment agriculture is 

already being implanted (Despommier, 2013). For cold 

climate regions, moving agriculture indoor would allow 

yearlong production of many crops. Furthermore, local 

production would decrease food miles, effectively 

reducing transport costs and related CO2 emissions. 

Previous studies stated also that controlled environment 

agriculture is more water-efficient and has little need of 

pesticide use (Kozai, Niu & Takagaki, 2015; Van Ginkel, 

Igou & Chen, 2017). It is also noteworthy to mention that 

some effects of climate change could cause loss of 

cultivable lands in multiple areas around the globe due to 

drought, recurrent wildfires and floods. 

The downside of controlled environment agriculture is the 

high energy costs required to maintain the indoor 

environmental conditions in the optimal range for crop 

growth. In BIAs, energy is used primarily for electrical 

lighting, then, in order of importance, cooling, 

dehumidification, and heating and humidification of the 

air (Graamans et al. 2018). In order to develop strategies 

to reduce these costs and to make BIAs a viable 

alternative to conventional agriculture, the simulation of 

the energy performance of BIAs is of utmost importance. 

This simulation should include the latent and sensible heat 

transfers between the plants and the environment since 

several studies show its significant impact on the thermal 

loads (Talbot & Monfet, 2018; Ward et al. 2015). In fact, 

including a crop model is of paramount importance to 

estimate the humidity levels inside the space for BIAs 

operating in cold climate, since the building envelop 

integrity can be adversely affected by condensation inside 

the external walls during the winter months. Adequate 

prediction of the humidity levels attributable to plants 

would help minimizing this risk. 

In this study, the energy performance of two HVAC 

systems is assessed by considering the sensible and latent 

heat transfers between the plants and the environment for 

different cultivated densities. This is completed by 

detailed modelling, using TRYSYS, of the BIAs to assess 

its energy performance and predicting the risk of 

condensation in order to support the design of various 

HVAC system equipment and configurations. The 

simulation results also deepen the understanding of the 

energy fluxes inside BIAs by growers and allow 

researchers to work toward optimization of HVAC 

systems to meet the indoor environmental conditions 

requirements of these particular spaces.  

Overall approach 

In this paper, a BIAs located inside a revamped industrial 

building in Montreal was modeled to assess the energy 

performance of two HVAC systems. TRNSYS, a transient 

simulation software, was used to complete the analysis. 

The BIAs model was coupled to a crop (lettuce) model 

based on the algorithm proposed by Graamans, van den 

Dobbelsteen, Meinen & Stanghellini (2017) and 

implemented as a TRNSYS component.  

To evaluate different HVAC system equipment and 

configurations and the impact of different cultivated density, 

the following steps were completed: 

1. Modeling the existing building in TRNSYS; 

2. Sizing the HVAC equipment and systems according 

to best practices: two HVAC systems are proposed; 

3. Modeling the HVAC systems; 

4. Inserting the crop (lettuce) model component to the 

TRNSYS model; 

5. Conducting a parametric study for different cultivated 

densities. 
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Each step is described in more details. 

Modeling the existing building in TRNSYS 

The revamped industrial building, located in Montreal 

(Canada), included a BIAs surrounded by various spaces 

maintained at 21°C as illustrated in Figure 1.  

Figure 1: Building spaces configuration. 

The BIAs was considered as an interior zone with a floor 

area of 110.56 m2 and a ceiling height of 5.3 m. The 

external losses or gains due to infiltration and conduction 

were considered minimal since air and thermal exchanges 

with the outside were limited. The interior walls of the 

BIAs were assumed to be covered with water repellent 

material to ensure the integrity of the envelope. Since it is 

a very humid space, the coating retained water vapor in 

the space and minimized the risk of its migration through 

the envelope. The thermal resistance of the roof, slab and 

interior walls were set respectively to 5.43, 0.18 and 

0.39 m2K/W as defined in ASHRAE 90.1-2010 for a 

medium office in the 6A climate zone (ASHRAE, 2010). 

The gains of five occupants doing light work on a typical 

workday schedule in the BIAs were considered.  

Different temperature and relative humidity (RH) 

setpoints were selected for the photoperiod and the dark 

period to enhance crop growth as detailed in Table 1. 

BIAs is a critical space and tight dead bands are 

recommended by ASHRAE (2010). They are often 

selected in controlled environment agriculture 

applications because it allows for better control of the 

setpoints while preventing simultaneous operation.  

Table 1: Photoperiod and dark period setpoints. 

 Photoperiod Dark period 

Schedule 6:00 - 22:00 22:00 - 6:00 

Plants activity Photosynthesis Respiration 

Lamps state On Off 

Temperature setpoints 

[˚C] (dead band) 
21.5 (1) 19.5 (1) 

RH setpoints [%] 

(dead band) 
70 (5) 80 (5) 

The electrical lighting was set to horticultural LED lamps 

with an input electrical power of 168 W/m2
cultivated and an 

efficiency of 52% (Royal Philipps, 2018). This converted 

to a photosynthetic photon flux density of 437 μmol/m2.  

Sizing the HVAC equipment and systems according 

to best practices 

Two HVAC systems were sized according to best 

practices and modeled to maintain the indoor conditions 

of the BIAs. They were modeled to be completely 

independent of the HVAC systems that served the other 

spaces of the building. The first one is referred to as the 

airtight system as illustrated in Figure 2. It consisted of a 

variable air volume (VAV) recirculation unit with 

terminal cooling and heating. 

Figure 2: Airtight system. 

Since the BIAs was considered to be airtight, a CO2 

enrichment system was used to maintain the CO2 

concentration between 700 ppm and 1000 ppm. Studies 

show that infiltration and/or ventilation air flow higher 

than 0.1 ACH causes losses of the injected CO2 to the 

outside (Ohyama & Kozai, 1998). Therefore, the 

infiltration was estimated to 0.02 ACH as recommended 

by Kozai et al. (2015) to avoid the dilution of CO2. The 

cooling coils and electric heating coils were sized to meet 

the user design loads, which are the design loads 

multiplied by a service factor of 1.25. The heat transfer 

between the plants and the environment was not included 

in the load calculations. The capacity of the 

dehumidification system was selected heuristically 

according to industry practice. It was done iteratively by 

adjusting the dehumidification capacity until the relative 

humidity setpoint was met.  

The second system is referred to as the economizer system 

and is illustrated in Figure 3. An economizer was added 

to provide free cooling and dehumidification when 

outdoor conditions were suitable. A with an electric 

preheating coil.  

Figure 3: Economizer system. 

In this case, the space was still considered airtight with an 

infiltration rate estimated at 0.02 ACH. However, in order 

to maintain the CO2 concentration around the atmospheric 

concentration estimated at 400 ppm, a minimal outdoor 

air flowrate had to be specified. According to ASHRAE’s 

recommendation for winter ventilation of a greenhouse 

(ASHRAE, 2011), an outdoor air flowrate of 10 to 15 L/s 

per square meter of floor area is required to maintain the 

CO2 concentration depending of the cultivated density. 
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Modeling the HVAC systems  

The HVAC systems were modelled using the TRNSYS 

components detailed in Table 3, which are either available 

in the TRNSYS original library or in the TESS library. 

The air flowrates through all the fans, which varied with 

the cultivated density, were determined to ensure that the 

indoor environmental conditions were maintained. The 

fans static pressure head was estimated to 375 Pa and 

accounted for pressure drops through the filters and the 

coils in the system, while the pumps pressure head was 

estimated at 60 kPa to account for fluid pressure drop 

through the cooling and dehumidification coils. 

The humidifier used was the ideal humidifier included in 

TRNBuild and it was set to maintain the humidity setpoint 

at all time with an electrical energy use efficiency of 97%, 

which is commonly seen for steam humidifiers.  

A design choice was also made to split the loads: the 

sensible cooling was used to size the HVAC system and 

the latent cooling load was handled by the 

dehumidification system. The cooling coils used in the 

HVAC and dehumidification loops were slightly 

different. The Type 508b used in the HVAC loop allowed 

the control of the outlet air temperature by bypassing 

excess cooling fluid; it was set to maintain a constant 

supply air temperature of 16.5˚C, just above the dew point 

temperature. Moreover, the coil fluid inlet temperature 

was set to 6.67˚C and the temperature differential through 

the coil was set to remain under 7˚C when in operation. 

The cooling capacity was then determined using the 

indoor air conditions, the cooling coil air outlet conditions 

and the user design load. The Type 508c used in the 

dehumidification loop was selected since it can control 

the cooling fluid outlet temperature to remain under 

13.5˚C, which cooled the air to low temperature in order 

to extract the moisture while maintaining a reasonable 

temperature range between entering and leaving cooling 

fluid temperatures. The dehumidification system reheat 

coil was set to only supply sufficient heat so that the 

supply air temperature matched the BIAs setpoint 

temperatures, thus not altering the sensible cooling load 

to be handled by the HVAC loop. The heating coil 

capacity was set to the user design heating load. The 

economizer was set to reduce the outdoor air flowrate to 

its minimal value when the outside air temperature was 

lower than 12˚C and higher than 16˚C. 

The controllers used for cooling, dehumidification and 

heating were PID controllers due to their ability to closely 

monitor and regulate the coils capacity in function of the 

room temperature and humidity. For cooling controls, the 

PID controller modulated the fluid flowrate of the cooling 

coil, while maintaining a minimal flowrate to avoid dirt 

accumulation. 

Inserting the crop (lettuce) model component to the 

TRNSYS model 

The crop (lettuce) model was connected to other 

components of the TRNSYS model, which is based on a 

specific set of user-defined parameters. At each time step 

the lettuce model exchanged inputs and outputs with the 

building model. Parameters, inputs and outputs of the 

lettuce model are presented in Table 2, with a description 

of each of the parameters following the introduction of 

Table 2. 

Table 2: Parameters, inputs and outputs required  

by the crop (lettuce) model 

Parameters 

Cultivated density (CD), Cultivated area 

(ABIAs), Leaf Area Index (LAI), Cultivated 

area cover (CAC), Lamps efficiency, 

Properties of moist air, Leaf reflectivity 

Inputs 
Lamps input electric power,  

BIAs temperature, BIAs relative humidity 

Outputs 
Crop latent heat gain, Crop sensible heat 

gain, Vegetation temperature 

The cultivated density (CD) is the ratio of the cultivated 

area (Acultivated) over the floor area (ABIAs) (equation 1). 

This value is fixed by the grower and varies between a 

minimal and a maximal value. 

 𝐶𝐷 =
𝐴𝑐𝑢𝑙𝑡𝑖𝑣𝑎𝑡𝑒𝑑

𝐴𝐵𝐼𝐴𝑠
 (1) 

A minimal CD value of 0.6 was assumed acceptable since 

it provided sufficient space for pathways and equipment. 

For the maximal value, a vertical distance between tiers 

of 30 cm was considered: it maximized BIAs productivity 

since the typical distance between tiers is 30-100 cm 

(Kozai et al., 2015).Considering the space requirement of 

the growing beds, a maximum of 10 tiers can be stacked 

vertically in the BIAs under study, which corresponded to 

a CD value of 6. 

 

Table 3: TRNSYS components used to model the two HVAC and dehumidification systems. 

 Airtight system Economizer system 

TRNSYS component HVAC Dehumidification HVAC Dehumidification 

Type 662 - Variable-speed fan X X X X 

Type 655 - Air-cooled chiller X X X X 

Type 741 - Variable-speed pump X X X X 

Type 508b,c - Cooling coil X (b) X (c) X (b) X (c) 

Type 930 - Electric heating coil X X X X 

Type 684a - Enthalpy economizer N/A N/A X N/A 

Type 760 - Heat recovery device N/A X N/A X 

Type 23 - PID controllers X X X X 

TRNBuild integrated - Ideal humidifier X N/A X N/A 
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The Leaf Area Index (LAI) is the ratio of the mean leaf 

area per unit of cultivated area. The LAI was set to the 

average value of 2.1 to represent a steady state operation 

with lettuces growing at all development stages 

simultaneously (Graamans et al., 2018).  

The cultivated area cover (CAC) represents the fraction of 

the cultivated area covered with plants and varies with the 

LAI. The CAC was set to 80%, which was obtained from 

the linear relationship between LAI and CAC for lettuces 

(Tei, Scaife & Aikman, 1996). This simplification meant 

that 20% of the PAR light emitted from the electrical 

lighting did not reach any leaves and was absorbed by the 

floor. Furthermore, 5% of the PAR light that reached the 

leaves was considered to be reflected. 

Also, the crop (lettuce) model included some 

simplifications and assumptions: 

 The radiative heat transfer from plants to the 

environment was neglected.  

 The heat storage in the hydroponic solution was 

neglected. 

 The impact of the CO2 concentration on the thermal 

behaviour of lettuces was neglected (Graamans et al., 

2017). The model considered that the plants behaviour 

depended mostly on the photosynthetic photon flux 

density and indoor air conditions (temperature and 

humidity). 

 The aerodynamic boundary layer resistance of the 

plant was considered constant at 100 s/m, as per 

Graamans et al. (2017) recommendation with forced 

air circulation on. 

 Since HVAC system maintained the space conditions, 

the air thermodynamic properties were considered 

constant in the model. 

Conducting a parametric study for different 

cultivated densities 

To assess the impact of different cultivated density on the 

systems performance, a parametric study was conducted 

with a time step of 0.01 hour. Table 4 presents the 

parametric study parameters used for each system. A 

simulation was run for a typical meteorological year in 

Montreal for three cultivated densities: low (CD = 0.6), 

medium (CD = 3) and high-density (CD = 6). While the 

number of tiers increased, the total lamps electric power 

input increased proportionally to make sure that each 

growing bed had optimal lightning conditions. The 

heating design load for the airtight system was set to a 

fixed value, regardless of the CD. However, for the 

economizer system, the load varied since the outdoor air 

flowrate increased with higher CD. The sensible cooling 

load always increased with higher CD since the additional 

heat gains from the electrical lighting needed to be 

accounted for. The latent cooling design load, used to size 

the dehumidification system, as stated previously, was 

determined iteratively.  

Table 4 : Parametric study parameters. 

  
BIAs cultivated density 

Low Medium High 

CD [-] 0.6 3 6 

Tiers [-] 1 5 10 

Total lamps electric power 

[kW] 
11 56 111 

A
ir

ti
g

h
t 

sy
st

em
  

HVAC heating 

capacity [kW] 
12.9 

HVAC sensible 

cooling capacity 

[kW] 

7 26.7 53.4 

Dehumidification 

latent cooling 

capacity [kW] 

6.7 31.9 63.6 

Ventilation air 

flowrate [L/s/m2
floor] 

0 

E
co

n
o

m
iz

er
 s

y
st

em
 

HVAC heating 

capacity [kW] 
73.5 85.7 104 

HVAC sensible 

cooling capacity 

[kW] 

23.2 53.2 91.6 

Dehumidification 

latent cooling 

capacity[kW] 

33.9 80.7 130 

Ventilation air 

flowrate [L/s/m2
floor] 

10 12 15 

Results 

The global performance of the systems was assessed 

based on the following: 

1. The HVAC annual energy consumption and BIAs 

peak demand per end use; 

2. The heating system peak load and capacity; 

3. The total annual energy consumption.  

HVAC annual energy consumption and BIAs peak 

load per end use 

One of the main concerns for BIAs is their high energy 

costs. Thus, it is of vital interest to evaluate the energy 

consumption profile of this particular space. In colder 

climates, the option of using free-cooling can be 

considered to reduce cooling energy consumption. 

However, since the outdoor air flowrate required to 

maintain the CO2 concentration is important, it leads to 

higher heating energy consumption during the winter. 

Figure 4 presents the energy consumption of the airtight 

system per end use. It illustrates the energy consumption 

of the heating, cooling, fans, humidification and 

dehumidification systems. The airtight system had little 

need of humidification, since the evapotranspiration of 

the plants influenced the humidity level in the space. The 

low infiltration rate of 0.02 ACH had a limited impact on 

the humidity level of the BIAs, which lead to important 

need for dehumidification as the humidity built up. The 

energy consumption of the dehumidification system for a 

BIAs airtight system operating in cold climate was by far 

the most important. This was expected since the 

dehumidification system must cool an important volume 

of air at low temperatures to extract moisture, which then 
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needed to be reheated to reach the supply air temperature 

setpoint. 

 

Figure 4: Energy consumption distribution of the 

airtight system for different CD. 

The heating energy consumption of the HVAC system 

remained relatively stable, with a slight increase 

observable for high-density BIAs due to the impact of 

heat transfer between the plants (cooling effect of the 

plants) and the environment. It was observed also that the 

energy consumption for cooling varied with the cultivated 

density. This was expected since the electrical lighting 

heat gains were significant and increased with CD. One 

notable advantage of this system was that it greatly 

reduced the introduction of outside airborne contaminants 

and pathogens into the BIAs and allowed for CO2 

enrichment. 

Figure 5 presents the annual energy consumption of the 

economizer system, where free-cooling was possible with 

the use of an enthalpy economizer with temperature-based 

control. The energy consumption of the dehumidification 

system was lower for the economizer system since a 

significant part was handled by the increase in outdoor air.  

Figure 5: Energy consumption distribution of the 

economizer system for different CD. 

On the other hand, the heating and cooling energy 

consumption were higher since this additional outdoor air 

required to maintain the CO2 concentration must be 

conditioned during colder and warmer months. The 

difference in heating energy consumption between the 

medium and high-density BIAs can be explained by the 

higher outdoor air flowrate required as well as by the 

impact of plants on the BIAs load. The higher energy 

consumption required for the heating of a low-density 

BIAs was explained by the fact that the lighting heat gains 

were not sufficient to offset the required heat for 

conditioning the outdoor air. Similarly, the cooling energy 

consumption for low-density BIAs was lower since the 

number of hours where cooling was required was reduced 

by the use of the economizer during summer. However, 

as the CD increased, the electrical lighting heat gain 

increased, leading to higher cooling energy consumption. 

Since the humidity level was higher in the BIAs than the 

outside air humidity level for most of the year, the energy 

consumption of the humidification system was important 

and compensated for the humidity losses due to the high 

outdoor air flowrates required to maintain the CO2 

concentration. This requirement was lower for higher CD 

since plants also raised the humidity level of the air.  

Figure 6 presents the BIAs peak demand per end use of 

the airtight and the economizer systems for different CD. 

The power demand was calculated over an integration 

period of 15 minutes, as calculated by the electricity 

provider in Quebec.  

Figure 6: BIAs peak demand distribution 

for different CD. 

For the airtight system, the peak demand increased with 

the electrical lighting heat gains that was proportional to 

the CD. For the economizer system, the different peak 

demand distribution was explained by the use of free-

cooling. While the electrical lighting heat gains still 

increased with CD, the use of the free-cooling reduced the 

cooling load and increased the heating load requirements 

caused by the high outdoor air flow requirement of this 

system. Finally, the peak demand for medium and high-

density are similar for both systems while for low-density, 

it is much lower for the airtight system. 

Heating system load and capacity  

The performance of the installed heating system was 

investigated by comparing the heating system peak load 

to capacity ratio (hcr) as defined by Equation 2.  

 ℎ𝑐𝑟 =
𝑃𝑒𝑎𝑘 𝑙𝑜𝑎𝑑

𝐶𝑎𝑝𝑎𝑐𝑖𝑡𝑦
 ∙ 100% (2) 
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Figure 7 illustrates the heating system peak load to 

capactiy ratio for each system. The results showed that the 

installed heating system capacity was sufficient to 

maintain the indoor air temperature for any CD for both 

systems.  

Figure 7 : Heating system peak load to capacity ratio  

for different CD. 

However, for the airtight system, as the CD increased, the 

heating system capacity, which corresponds to the use of 

a 1.25 oversizing factor, was barely sufficient to maintain 

the indoor air temperature when a typical meterological 

year in Montreal (Canada) was used. This can be 

explained by the sensible heat transfered between the 

plants (cooling effect of the plants) and the environment 

when the CD was increased. This could be problematic 

under extreme weather conditions, which could occur in 

real-life, as the installed heating system capacity would 

probably not be sufficient to maintain the indoor air 

temperature, leading to potential condensation in the 

exterior walls. Similar results were noted by Talbot & 

Monfet (2018): the installed heating system capacity, 

sized according to best practices, could not maintain the 

indoor temperature setpoint in dark period during the 

winter months when the heat transfer between the plants 

and the environment was considered. 

Total energy consumption  

Table 5 presents a comparison between the total HVAC 

energy consumption and the electrical lighting energy 

consumption over the total energy consumption of both 

systems for different CD, while Figure 8 illustrates the 

total HVAC energy consumption of both systems for 

different CD. Results showed that while the electrical 

lighting accounted for most of the energy consumption, 

the HVAC systems contributed significantly to the energy  

consumption and peak demand (Figure 6). For the airtight 

system, Graamans et al. (2018) have shown similar results 

for different locations with electrical lightning accounting 

for about 57% of the total energy consumption. This 

highlights the need to implement measures to improve 

HVAC system efficiency to increase BIAs viability.  

The results showed that the system that had lower energy 

consumption changed from lower to higher density BIAs 

(Figure 8).  

Figure 8: Energy consumption for different CD. 

For lower density BIAs, when the economizer system was 

used, the outdoor air flowrate losses during the winter was 

more important in comparison to the lighting heat gains, 

leading to an important sensible and latent heating energy 

consumption for that period of the year. This explained 

why the energy consumption of the economizer system 

was higher for a CD of 0.6 compared to a CD of 3: the 

installed lighting power was proportional to the number 

of tiers leading to additional lighting heat gain for higher 

CD. However, the use of cold outdoor air to cool the space 

provided reduction in the energy consumption for 

cooling. For both cases, when the CD increased, the 

energy consumption of the dehumidification system 

intensified. On the other hand, the condensate from the 

dehumidification of the air could be reused to water the 

crops or for humidification in the case of the economizer 

system, which would be important in the design of BIAs 

located in area where water use efficiency is a priority as 

well. 

Discussion 

The results showed that the lettuces thermal interactions 

with the environment inside a BIAs have a significant 

impact on HVAC system performance. While Graamans 

et al. (2018) results did not show any need for heating, this 

study shows that even for an airtight system, some heating 

is required for a BIAs located in cold climate during dark 

periods in winter months.  

 

 

Table 5: Percentage of the HVAC and electrical lighting energy consumption for both BIAs systems and different CD. 

 CD = 0.6 CD = 3 CD = 6 

System HVAC 

[%] 

Electrical 

lighting 

[%] 

Total energy 

consumption 

[MWh] 

HVAC 

[%] 

Electrical 

lighting 

[%] 

Total energy 

consumption 

[MWh] 

HVAC 

[%] 

Electrical 

lighting 

[%] 

Total energy 

consumption 

[MWh] 

Airtight 

system 
48 52 124 36 64 507 37 63 1041 

Economizer 

system 
78 22 302 40 60 539 35 65 999 
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However, this study has its limits and further development 

is required to scale adequately the outdoor air input 

required to maintain CO2 concentration before it is 

possible to state that one of the two systems studied is 

more suitable for application in a BIAs context in cold 

climate.  

The implemented control strategy of the economizer 

system could be improved. Such improvement could 

include the use of a recirculating system, such as the 

airtight system in colder and hotter months, to reduce the 

heating and cooling energy consumption. Under these 

operating conditions, an auxiliary CO2 enrichment system 

would be required to maintain the CO2 concentration 

during those periods, which would lead to higher crop 

yields. In fact, Wang, Tong, Yang & Xin (2016) 

experimentally used this strategy to ensure a minimal CO2 

concentration when outdoor air was not needed for 

cooling. It has shown to reduce the energy consumption 

for cooling in Beijing. Moreover, since some peak 

demands occurs when the lights are turned on or turned 

off, a lightning strategy could lower the BIAs peak 

demand for both systems. For high-density BIAs, those 

improvements of the control strategy have the potential to 

benefits the economizer system.  

A disadvantage of the economizer system is that the high 

outdoor air flowrate requirement does not allow for CO2 

enrichment of the air to higher values than 400 ppm. Since 

higher CO2 concentration (700-1000 ppm) are reported 

for the production of certain lettuce crops (Knight & 

Mitchell, 1988), this lower CO2 concentration could 

generate lower crop yield. However, according to Wang, 

Tong, Yang & Xin (2016), the use of outdoor air for 

cooling does not have a significant impact on lettuce 

growth. 

Furthermore, synergies between the HVAC system and 

efficient use of other resources like the water balance 

needs to be considered.  

Three main difficulties were noted when completing the 

simulations. First, there seems to be no humidifier with a 

variable moisture addition flowrate available in the 

TRNSYS and TESS standard components library. As a 

consequence, the humidifier power requirement may stray 

from real life energy consumption. However, since both 

studied systems relied on the use of the same TRNSYS 

component, the comparison between both systems is still 

possible and provides adequate approximation of the 

energy consumption distribution of the BIAs HVAC 

systems. Obviously, the introduction of real-life data from 

manufacturers to size the system components would 

improve the precision of the simulation results. 

The second difficulty is of most important and requires 

further investigation from the scientific community. In 

this simulation, the ventilation air flowrate used were 

based on the ASHRAE recommendation for winter 

ventilation of a greenhouse. However, there is no 

indication whether or not this value is suitable to maintain 

CO2 concentration for high cultivated densities, such as 

those encountered in BIAs. It is possible that this value 

has thus been under or overestimated when simulating the 

economizer system. Furthermore, a better 

characterization of the gaseous exchanges between plants 

and their environment as function of their stage of growth 

and the ambient conditions would facilitate the selection 

of outdoor air flowrate required to maintain atmospheric 

CO2 concentration in BIAs when an economizer system is 

installed.  

The third difficulty relates to the lettuce model used. It has 

been noted that under high temperature and relative 

humidity, the model output values were aberrant with 

respect to their impact on sensible and latent heat gains. 

This means that additional verifications of the lettuce 

model outputs must be completed before using it to 

evaluate the performance of different BIAs HVAC 

systems. This limitation could be further investigated in 

order to create an error message when the model strays 

from its validity range. 

Finally, since the interaction of plants with the 

environment depends significantly on the crop type, it 

would be of great interest to create a library of models for 

crops that could be grown in controlled environment. A 

list of potential crops as defined by Kozai et al. (2015) 

could be used to create a database of models or tables to 

be used for simulations. For other indoor applications, 

such as indoor plant wall that is currently gaining in 

popularity, and is not as stringent as controlled 

environment agriculture, a simplified model could be 

developed. This is of particular interest in cities like 

Montreal, where many public buildings have mould 

control issues and are less inclined to the introduction of 

plants inside buildings. 

Conclusion 

The use of a lettuce model inside a BIAs showed to have 

a great impact on HVAC system design and performance. 

Using simulations, it was demonstrated that although a 

typical airtight system was the system of choice in the 

controlled environment agriculture industry, energy 

savings can be realized through the use of a system 

completed with an economizer while still maintaining the 

required indoor environmental conditions of a BIAs. 

However, further development of the model is required to 

better characterize gaseous exchanges between crops and 

their environment in a BIAs. This would help design 

systems that are capable of maintaining a steady CO2 

concentration using outdoor air. The use of crop models 

allows for better HVAC system design and analysis 

leading to reduced risks of condensation in the building 

envelope in cold climate while also allowing future 

research to study cost-efficiency for different HVAC 

systems configurations. This step is critical in order to 

demonstrate the economic viability of large-scale indoor 

agriculture facilities. It has previously been noted by 

Graamans et al. (2018) that there are few locations on the 

globe that would justify the use of controlled environment 

over traditional agriculture, but through research, HVAC 

and electrical lighting system optimization, water use 

efficiency, higher crop yield and lower transport costs 

might well someday turn this vision into a reality.  

________________________________________________________________________________________________ 

________________________________________________________________________________________________ 
Proceedings of the 16th IBPSA Conference 
Rome, Italy, Sept. 2-4, 2019

 
1927

 

 
  



Finally, the possibility to increase of BIAs energy 

efficiency and reduce condensation risks in the building 

envelop made this modelling approach an inestimable tool 

to increase BIAs’ viability in cold climate. 
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Abstract 
The main objective of this study was to propose a 
thermoelectric heat-pump unit design for integration with 
an air-to-air heat exchanger as an air-condenser or 
evaporator, and to estimate the heat exchanger 
effectiveness and outlet air temperature based on 
numerical analyses. Accordingly, a numerical model was 
investigated to estimate the effectiveness of the cross-
flow heat exchanger. The heating and cooling sources of 
the thermoelectric module (TEM) were in direct contact 
with the airstream from the thermoelectric heat pump 
(TEHP) unit. Flat-plate fin types were used, which are 
commonly used in simple heat exchangers to increase the 
heat transfer area. The numerical model was developed in 
MATLAB to estimate the heat transfer effectiveness and 
the air temperature of the outlet side. Numerical analyses 
were conducted with the proposed model in two-
dimensions. The numerical simulation results were 
compared with actual data obtained from a prototype 
TEHP unit to validate the proposed model. The results 
showed that the outlet air temperature and fin 
effectiveness were associated with 20% error bounds. 
This numerical simulation model can be used as a tool for 
the consideration of the heat transfer effectiveness and 
outlet temperatures in the design of heat exchangers that 
are attached on the thermoelectric module. 
Introduction  
Vapor compression technologies have recently received 
tremendous attention as heating and cooling source 
devices in HVAC systems. The vapor compression 
system has a high-coefficient of performance (COP) and 
can be integrated with the HVAC system. However, there 
is a limitation in that it uses artificial refrigerant that has 
negative impacts on the environment (Creazzo et al., 
2015). Therefore, nonvapor compression technologies 
can be directly applicable to HVAC systems, and the 
thermoelectric module (TEM) is one of the devices that 
can be used as alternatives to the vapor compression 
system (Rowe, 2005; Lee et al., 2015). Simulation and 
other studies have been previously conducted in which the 
effectiveness of the integration of the TEM with the 
HVAC system had been assessed (Lim and Jeong, 2018; 
Kim et al, 2017). However, most of the conducted 
simulation studies were either simplified or were 
conducted based on assumed heat transfer profiles 
between the source and the fluids that are critical to the 
TEM performance.  

The main objective of this study was a) to propose a 
design for a thermoelectric heat-pump unit for its 
integration with a heat sink for use as an air condenser or 
evaporator, and b) to estimate the heat exchanger 
effectiveness based on numerical analyses. In this study, 
a numerical model was developed to estimate the 
effectiveness of the cross-flow heat exchanger type. The 
heating and cooling sources of the thermoelectric module 
(TEM) were in direct contact with the airstream in the 
TEHP unit. Flat plate fin types were used to increase the 
heat transfer area. These are commonly used in simple 
heat exchangers. To estimate the heat transfer and outlet 
air temperature in this unit, a two-dimensional numerical 
model was developed in MATLAB. To validate the 
proposed model, the simulation results were compared 
with actual data obtained from a prototype TEHP unit. 
This numerical simulation model can serve as a testing 
tool for the evaluation of the heat transfer effectiveness 
and for designing the heat exchanger attached on the 
thermoelectric module. 
System and simulation model 
The target simulation model is the thermoelectric heat 
pump unit (TEHP unit) that is used to achieve heating and 
cooling to the air stream, as shown in Figure 1. The 
numerical model was developed to estimate the heat 
exchange effectiveness and the outlet air temperature at 
each stream side. The results of the model were validated 
by comparison with experimental data. 
Air-to-air thermoelectric heat pump unit 

Given that the thermoelectric module (TEM) is a solid 
heat pump system, it acts as a heating and cooling source 
simultaneously and is supplied by electric power. The 
TEHP unit consists of TEMs and a heat sink to transfer 
the heat from the TEM source to the air stream. 
The proposed unit is an air-to-air TEHP unit, as shown in 
Figure 1. The TEHP unit has two air flow channels which 
are constructed in such a way that the air flow channels 
(i.e., the primary and secondary air flows) are not mixed 
with each other. The TEHP unit has two operation modes: 
a cooling priority mode and a heating priority mode. In 
the cooling priority mode of the TEHP, the primary air is 
cooled by the cooling source of the TEM, while the 
secondary air is heated by the rejected heat of the TEM. 
When TEHP operates according to the heating priority 
mode, the primary air is heated by changing the electric 
current direction into the TEMs. In this case, it would not 
be necessary to supply a secondary air flow—that has 
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relatively low-air temperature, e.g., during the winter 
season—to maintain the heating condition. In this study, 
a simulation model was developed to predict the cooling 
priority mode of the TEHP unit. 

 
Figure 1: Configuration of air-to-air thermoelectric heat 

pump unit. 

To validate the simulations with the actual experiments, 
the simulated heat pump unit was designed according to 
the dimensions of a prototype heat pump unit, as shown 
in Figure 2. The TEHP unit consisted of primary and 
secondary air channels, TEM layers, and insulation. The 
air channel was a flat-plate fin channel, and was 
constructed with aluminum. The TEM layer was inserted 
between the primary and secondary air channels as a 
sandwich structure. The size of the TEHP had a width and 
length equal to 298 mm, and a height equal to 172 mm. 
The TEM layer contained nine TEMs, which were 
arranged within a rectangular grid. The insulation was 
attached in such a way to prevent the unwanted heat 
transfer, such as the heat interference of the TEMs and the 
surrounding space. 
To estimate the performance of the TEHP unit, we 
measured various parameters: inlet and outlet air 
temperatures, the surface temperatures of the TEMs, and 
the air flow rate. The thermal performance of the TEHP 
was defined by the heat exchange effectiveness between 
each source of the TEM and the air stream temperature. 
In this simulation, the condensation, which is affected by 
thermal performance of the TEHP unit, was not 
considered. The TEHP unit was only operated to supply 
sensible cooling and heating to the air stream. 

 
a. Thermoelectric heat pump unit 

 
b. Thermoelectric module layer 

 
c. Air-flow channel 

Figure 2: Detail schematics of prototype thermoelectric 
heat pump unit, 

Model of the thermoelectric heat pump system 

Figure 3 shows a schematic of the numerical model. The 
TEHP unit is a cross-flow type. The nodes of the 
simulation models distinguish the air streams. In other 
words, nodes are associated with areas that directly face 
the TEM (TEM nodes), while insulation nodes are 
associated with the area that is affected by the air stream 
heat exchange process. In the TEM nodes, the primary air 
is cooled by the cooling source of the TEM, and the 
secondary air is heated by the heating source of the TEM. 
In this simulation, it was assumed that heat fluxes on the 
cooling and heating sources of the TEMs were constant. 
In the insulation nodes, the heat transfer was only affected 
by the primary and secondary air temperatures and the air 
flow rate. The simulation input value was defined based 
on the primary and secondary air temperatures, air flow 
rate, and the electric current that affected the cooling and 
heating source capacity. The simulation model calculated 
each parameter, including the surface temperature of the 
hot and cold sides of the TEMs, the average outlet air 
temperature, and the heat exchanger effectiveness of each 
side.  

 
a. Floor diagram of the TEHP unit 
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b. Section diagram of the TEHP unit 

Figure 3: Numerical model of thermoelectric heat pump. 

Figure 4 shows the heat transfer diagram with the thermal 
resistances in the TEM and insulation nodes. In the TEM 
nodes, the heat flows from the hot side of the TEM to the 
air stream in the heated part. By contrast, in the cooling 
part, the heat flows from the air stream to the cold side of 
the TEM. The heat resistance between the air stream and 
the surface temperature of the TEM is defined according 
to the heat sink of the fins and the conduction heat of the 
base plate, as formulated by Equations (1)–(4). The 
thermal resistance of the heat sink is determined by the 
number, conduction, thickness, and the distance between 
the fins, and the velocity of the fluid. In the insulation 
nodes, the heat flow is attributed to air temperature 
difference of the hot and cold sides of the heat sink. The 
total heat resistance is dependent on the hot and cold sides 
of the fin, the conduction heat transfer of the base plate, 
and the insulation.

 
Figure 4: Heat transfer diagram and thermal 

resistances. 

 𝑅 ,
∆  (1) 

 𝜂  ,    𝑋 𝑁𝑢 .  𝑌,    𝑌   (2) 

 𝑁𝑢 .  ,

∆
 (3) 

𝜙 𝜌 𝑐 , 𝑙 𝐷 𝑈 ∆𝑇 1 𝑒
∗

,   (4) 
In the TEM node, it is necessary to estimate the heat 
capacity at the hot and cold sides. The heat capacity of 
TEM was estimated using Equations (5) and (6), which 
consisted of terms associated with the Seebeck, Joule, and 
Fourier effects. To estimate the heat capacities of the 
cooling and heating sides of the TEM, the temperatures of 
all the surfaces of the TEM should be defined. The heat 
capacities of the hot and cold sides of the TEM are 
balanced by the heat transferred from the air to the surface 
according to the thermal resistance, as defined by 
Equations (7) and (8). To achieve the referred balance in 
TEM with air, the calculation is iterated such that the 
errors—expressed as the percentage difference between 
the heat capacity of the theoretical TEM and the heat 

transfer to the air side—are lower than 0.1% by adjusting 
the temperature value of each surface. The heat capacities 
of the TEM on the hot and cold sides were calculated at 
the end of the loop. The flow diagrammatic representation 
of the estimation of the heat capacity of the TEM is shown 
in Figure 5. 

 𝑄 , 𝑆𝐼𝑇 𝐾∆𝑇 𝐼 𝑅 (5) 

 𝑄 , 𝑆𝐼𝑇 𝐾∆𝑇 𝐼 𝑅 (6) 

 𝑄 , 𝑇 , 𝑇 /𝑅 ,  (7) 
 𝑄 , 𝑇 𝑇 , /𝑅 ,  (8) 

 
Figure 5: Simulation logic of the thermoelectric module. 

Simulation results and discussion 
The performance of the TEHP unit was quantified based 
on the estimates from numerical simulations and actual 
measurements of each outlet air temperature and each 
surface temperature, as shown in Figure 6. One set of the 
simulation results showed that the hot side surface 
temperature of the TEM was 55.8°C, with 58°C as the 
upper and 52°C as the lower values of the TEHP unit. 
Additionally, the surface temperature of the TEM at the 
hot side was shown to be 56.5°C according to numerical 
simulations. The surface temperature of the TEM on the 
cold side was 4°C, with 4.3°C as the upper and 3.1°C as 
the lower values, while the surface temperature of the cold 
side was 3.8°C according to simulations. The outlet air 
temperature of the hot side was measured and was found 
to range from 30.1°C to 33°C (average value of 32°C). 
Meanwhile, the numerical simulation result of the air 
temperature at the hot side was 33.9°C. Finally, the outlet 
air temperature of the cold side was measured and was 
found to range from 7.1°C to 8°C (average value of 
7.3°C). Furthermore, the numerical simulation results 
yielded an air temperature of 6.8°C for the cold side. 
The simulated temperature results were slightly higher for 
the hot side and lower for the cold side. This is attributed 
to the influence of the heat loss on ambient air despite the 
use of insulation in the effort to prevent the unwanted heat 
exchange. 
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Figure 6: Temperature variance between actual 

measurements and simulations. 

The heat exchange effectiveness was formulated to 
generalize the heat transfer effect at the hot and cold sides 
to represent the performance of the TEHP unit, as shown 
by Equations (9) and (10). The heat exchange 
effectiveness values (hot and cold sides) of the TEHP unit 
were bound by 20% error margins compared to the actual 
values. The heat exchange effectiveness was directly 
affected by the two main design factors, i.e., the thermal 
resistance between the source of the TEM and the air 
stream, and the heat transfer area associated with the 
TEM. 
 𝜀 𝑇 , 𝑇 , / 𝑇 , 𝑇 ,  (9) 
 𝜀 𝑇 , 𝑇 , / 𝑇 , 𝑇 ,  (10) 

 
Figure 7: Heat exchange effectiveness based on actual 

measurements and numerical simulations. 

The performance of the TEHP unit was estimated 
according to the effect of the overall thermal resistance 
and the facing area ratio. The overall thermal resistance is 
the thermal resistance of the combined heat transfer of the 
heat sink with the air stream. The facing area ratio is the 
ratio of the TEMs surface area and the total plan area. 
Each component value is plotted in Figure 8 by 
considering the variation of the overall thermal resistance 
from 0.05 K/W to 0.5 K/W. The decrease of the thermal 

resistance between the source and the air stream led to an 
increase in the heat exchange effectiveness from 0.29 to 
0.54. The results showed that the surface temperature 
difference between the hot and cold sides of the TEM 
decreased from 52°C to 40°C. This means that the heat 
capacity of the TEM was dependent by the air stream. 
However, the limitation imposed by the increasing heat 
exchanger effectiveness was manifested by the bypassed 
air, and was not directly affected by the heating and 
cooling capacity of the TEMs. 

 
Figure 8: Overall thermal resistance of the TEHP unit 

In Figure 9, each component value was plotted by 
considering a variation of the facing area ratio in the range 
from 0.56 to 1.5. The increase of the facing area ratio led 
to the increase of the heat exchange effectiveness from 
0.29 to 0.38 in 0.46 K/W of the overall thermal resistance. 
The value of the heat exchange effectiveness increased as 
a function of the facing area ratio of the TEM. There was 
a limit to the increase of the exchange effectiveness that 
depended on the adjustment of the facing area ratio. 
Although the air stream was directly connected by the 
heating and cooling source of the TEM, the increase of 
the heat exchange effectiveness was limited because the 
heat transfer from the source of the TEM to the air stream 
was not sufficient. 

 
Figure 9: Facing area ratio of the TEMs. 

In Figure 10, the heat exchanger effectiveness is plotted 
as a function of the facing area ratio in the range of 0.56 
to 1.5 for various thermal heat resistances. The facing area 
ratio is more critical to the lower value of the thermal 
resistance in the heat sink. When the facing area ratio and 
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the overall thermal resistance of the heat sink are 0.56 and 
0.15 K/W, the heat exchange effectiveness is 0.76, which 
is similar to the value of the conventional air-to- air heat 
exchanger. When the value of the thermal resistance is 
lower than 0.15 K/W and the value of the facing area is 
more than 0.45, the heat exchanger effectiveness of the 
TEHP unit is more than 0.81. 
The design of the thermal resistance and heat distribution 
of the source of the TEM is the main parameter used to 
meet the target heat exchange performance of the TEHP 
unit. The thermal resistance of the heat transfer area 
between the source to the air in the heat sink should be 
improved. The structure of the fins can be changed to 
increase the heat transfer area of the heat sink. For 
example, corrugated fin heat exchanger types may be 
used. The heat distribution of the TEM is easily obtained 
by changing facing area ratio. One of the available options 
is the use of a heat pipe, which is mainly considered as an 
assistant heat distributor of the heat exchanger in a local 
cooling system. 

 
Figure 10: Heat exchange effectiveness as a function of 

the facing area ratio at various overall thermal 
resistance values. 

Conclusions 
In this study, the main purpose was the proposition of a 
design for the thermoelectric heat pump unit that could be 
integrated with a heat exchanger as an air-condenser or 
evaporator, and the estimation of the heat exchanger 
effectiveness and outlet air temperature based on 
numerical analyses. The numerical model was developed 
for the estimation of a) the effectiveness of the cross-flow 
heat exchanger type and b) the outlet air temperature. The 
verification of the numerical simulation was evaluated 
based on the comparison of actual TEHP unit 
measurements and simulation data. The simulation values 
were confirmed based on the estimation of four 

parameters: cold surface temperature of the TEM, hot 
surface temperature of the TEM, outlet air temperature of 
the hot side, and outlet air temperature of the cold side. 
The maximum difference of the average value to each 
parameter value was shown to be less than 1.9°C. While 
the heat exchange effectiveness of the TEHP unit was 
developed to generalize the effect of the thermal 
performance, the accuracy of the estimated value was 
plotted to vary within 20% error bounds, based on the 
comparisons of actual and simulated data. To increase the 
heat exchange effectiveness, two design parameters were 
considered: a) the thermal resistance of the heat sink, and 
b) the facing area ratio of the TEM. The results showed 
that when the thermal resistance was lower than 0.05 and 
the value of the facing area was more than 0.45, the heat 
exchange effectiveness was higher than 0.81. To design 
the TEHP unit, the thermal resistance and the facing area 
should be considered according to these values by either 
changing the configuration or by inserting a heat pipe as 
a heat distributor.  
In future research studies, models will be developed for 
the estimation of the pressure drop and the COP of the 
TEHP unit according to the heat exchanger configuration. 
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Abstract 

The rollout of volatile renewable energies, within the 

European Union creates a need for flexibility, which in 

turn can be solved with Demand-Side-Management. Heat 

pumps in single-family houses can contribute by adapting 

their consumption towards price signals, boosting the 

integration of renewable energies at the same time. 

Studies so far only focus on Nearly-Zero-Energy-

Buildings neglecting the potential of buildings with lower 

energy standard. 

This paper illustrates the load shifting potential of two 

reference-building types by the means of thermal 

simulation. Therefore, a designed control unit adapts the 

operation times of the heat pump according to spot market 

price signals while simultaneously sustaining indoor 

comfort. The results show remarkable cost reductions 

achieved by load shifting for both cases. In addition, the 

approach of this study facilitates the projection of 

Demand-Side-Management potentials of whole regions. 

Introduction 

In November 2018, the European Union (EU) intensified 

their climate targets for 2030 aiming now inter alia for a 

32% share of renewable energies related to the final 

energy consumption (Arias Cañete, 2018). To achieve this 

goal, capacities of the supply-dependent generators like 

photovoltaic and wind turbines need a massive rollout. To 

ensure the security of supply, the exploitation of several 

flexibilities within the supply chain is eminent. In this 

matter, the EU indicates significant potential of 

consumers to interact with energy markets in order to 

optimize the energy costs and the time of consumption 

(Demand-Side-Management, DSM). In private 

households, heat pumps (HP) are supposed to be suitable 

for DSM strategies (European Commission, 2017). 

Furthermore, the guideline for Building Efficiency 

towards 2030 received an update in July 2018. As it was 

before, new buildings have to meet the “Nearly-Zero-

Energy” Standard the latest by 2021 in the whole EU 

(European Union, 2018). The modifications are now 

addressing long-term refurbishment strategies for the 

existing building stock. 

In this context, researchers from Germany, Luxembourg, 

Belgium and France investigate such DSM strategies for 

HPs in single-family houses within the INTERREG 

project “Power-to-Heat for the Greater Regions 

Renewable Integration and Development“(PTH4GR²ID) 

(INTERREG VA, 2019). The idea is to use thermal 

storage and the inertia of the building in order to displace 

the HPs operating times while simultaneously sustaining 

indoor comfort criteria. This flexibility allows for a 

pooled interaction with short-term electricity markets in 

order to optimize the end consumer prices and hence 

allows boosting the integration of renewable energies. 

The present work illustrates the above-mentioned strategy 

by comparing simulated results for two single-family 

houses that are representative for the future building stock 

in central Europe. The first building model meets the 

requirements of a “Nearly-Zero-Energy-Building” 

(NZEB) while the second meets the minimum 

refurbishment requirements by the state of Luxembourg. 

Both houses are equipped with an “air-to-water“-HP. 

Method 

Control concepts that include DSM strategies usually 

apply optimisation techniques (Vardakas, Zorba, & 

Verikoukis, 2015). 

In this context, Killian and Kozek (2018) present an 

approach to optimally operate a low energy office 

building using a fuzzy model predictive controller 

(FMPC). Hereby, the FMPC achieves higher comfort and 

reduced costs compared to a rule based controller. A state-

space model of order five is used to describe the building 

mathematically. 

Robillart et al. (2018) apply a time-continuous 

optimisation method to develop a real time controller able 

to deploy heating power in a cost efficient way. The 

building energy software COMFIE was used to obtain the 

thermal model of a residential passive house. To enable a 

fast convergence of the optimisation algorithm, the 

balanced truncation method is applied to reduce the 

building’s model complexity. 

The flexibility of residential floor heating systems in two 

residential NZEBs is investigated by Vandermeulen et al. 

(2017). The simulation setup foresees a coupling between 

Modelica and Matlab. In this context, Modelica is used to 

emulate the NZEB buildings, whereas Matlab determines 

the optimal control strategy of an “air-to-water” HP using 

a mixed integer linear programming (MILP) approach. 

The simulation does not foresee a thermal energy storage 

to buffer space heating energy. 

The present work analyses the DSM potentials by means 

of thermal simulation, by coupling the software TRNSYS 

(University of Wisconsin, 2019) with a predictive 
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controller written in Matlab (MathWorks, 2019). While 

NZEB are predesigned for DSM concepts because of their 

high thermal inertia, their impact on the renewable 

integration is today still limited since the total energy 

consumption is quite low and NZEBs represent just a 

small share of the total building stock. One question that 

arises is: How suitable is the DSM concept for the existing 

building stock that also in the future will rarely reach 

NZEB standards? Because HPs are not suitable for non-

insulated buildings, generally at least a mid-level energy 

standard is required. In fact, HPs are mostly used either in 

new buildings or in refurbished buildings. 

A direct comparison of these two building types with a 

standard simulation, applying a non-flexible regulation 

strategy, allows evaluating the suitability for DSM in 

terms of energy costs and energy efficiency. The applied 

heating system in the simulation represents common 

implementations. 

Currently there are no flexible electricity price tariffs for 

HPs (besides Day and Night ones), allowing DSM 

strategies for the renewable integration. If and when 

flexible electricity tariffs apply, the HP can adjust its 

behavior according to price signals. The most liquid 

market DSM can address is the Day-Ahead market of the 

EPEX Spot that operates in central Europe (Epex Spot, 

2019). Lower electricity prices are supposed to be an 

indicator for a high market share of renewable energies 

considering that their variable costs are the least. A DSM 

adaption based on these market prices therefore helps the 

integration of renewable energies, especially when these 

prepossess a more dominant role and temporary surpluses 

and shortages of the electricity production become 

habitual. The study uses historical market data of 2017 

that for future applications is supposed to be replaceable 

by forecasts.  

Reference Buildings 

Nearly-Zero-Energy-Building 

The first reference building represents a NZEB conform 

to the EU requests for new residential houses. The heated 

floor area is 173.5 m². The heat transmission coefficients 

of the building envelope are shown in Table 1 (Lichtmeß 

and Viktor (2014)) 

Table 1 Coefficients of heat transmission for the NZEB 

Component U-Value 

External Wall 0.12 W/m²K 

Roof 0.10 W/m²K 

Floor 0.14 W/m²K 

Windows 0.62 W/m²K 

 

The building is a medium heavy construction and has an 

effective heat storage capacity Ceff of 15.6 kWh/K 

(90 Wh/m²K, DIN 18599) leading to a time constant τ of 

161 h. A ventilation system with heat recovery (85% 

efficiency) provides a constant air exchange rate. The 

building envelope is designed using SketchUp and then 

imported into TRNSYS. The building is divided into four 

thermal zones for the sake of better accuracy. 

Refurbished Building 

The second reference building (hereafter referred to as 

RB) represents the existing stock refurbished in line with 

the minimum standards in terms of heat transfer 

coefficients of the building envelope, by the State of 

Luxembourg (Grand Duchy of Luxembourg, 2016). The 

corresponding heat transmission coefficients are shown in 

Table 2. 

Table 2 Coefficients of heat transmission for the RB 

Component U-Value 

External Wall 0.32 W/m²K 

Roof 0.20 W/m²K 

Floor 0.32 W/m²K 

Windows 1.34 W/m²K 

 

Since these parameters result from EU guidelines, there is 

a consistency to other EU state regulations with similar 

climate zones. The heated floor area of 190 m² is divided 

into four thermal zones. The construction type is medium 

heavy as well, leading to a Ceff of 17.1 kWh/K and a τ of 

60 h. The air exchange rates are the same as for the NZEB 

but with only one but important difference, that there is 

no heat recovery in operation.  

TRNSYS Model 

The simulations are carried out using the software 

TRNSYS. The reference buildings are equipped with air-

to-water HPs heating a thermal energy storage (TES) unit 

as shown in Figure 1. The HP operates according to a 

performance diagram of a real HP. At the operating point 

A2/W35, the thermal output is 5 kW while the electricity 

input is 1.32 kW. For the RB, the HP performances are 

scaled by the factor two in order to facilitate the 

comparison. 

 

Figure 1: Scheme of the heating system in TRNSYS 

HP systems usually have small TES units to extend the 

operation interval. At the same time, the TES allows a 

certain flexibility between heat consumption and heat 

production, providing the flexibility required for DSM. In 

this study, the TES is kept rather small (200 l insulated 

water tank for NZEB, 400 l for the RB) to simulate a 

closer approximation to existing heating systems. The 
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heating circuit has four loops, each supplying a floor 

heating system (FHS) that is communicating with one 

thermal zone of the building. The thermostats in the zones 

regulate the room temperatures around 21°C. ISO 7730 

indicates operative indoor temperatures between 20°C 

and 24°C during the heating period as a necessity for 

thermal comfort. This paper regards the air temperatures 

of the simulation and considers these below 20°C as 

discomfort that needs to be avoided. Internal gains caused 

by occupation are taken into account according to a three-

person household. The flow temperature of the heating 

circuit is adjusted according to the outside temperatures 

by mixing it with the return flow. The simulation uses real 

weather data from the city of Luxembourg for the year 

2017. 

While in the Standard Simulation, the HP receives control 

signals depending on a fixed temperature hysteresis in the 

storage tank, for the optimization process, an extension of 

this temperature band helps gaining flexibility for taking 

advantage of varying electricity prices. The maximum 

temperature allowed in the storage tank is 55°C, the 

minimum temperature in each time step is the desired 

flow temperature, which depends on the outside 

temperature. The simulation uses historical price data 

from central Europe’s energy day ahead market (EPEX 

Spot) of 2017 to demonstrate the impact of the 

optimization.  

For the optimization, TRNSYS is interfaced with the 

MILP model written in Matlab. This program receives 

several parameters from TRNSYS as input describing the 

system, such as the TES dimensions or the heating load 

curve of the building. The predicted heat demand is 

essential for the controller’s accuracy. In case of an 

underestimation, the temperatures in the TES can drop 

below the desired heating temperatures, resulting in 

discomfort in the thermal zones. In the opposite event, if 

the TES temperatures are higher than necessary, the HP’s 

efficiency decreases resulting in higher costs. The present 

work uses simulation results to create a simplified heat 

demand curve. Although the precision of the results is 

good enough to demonstrate the DSM concept, the 

authors are convinced to improve the controller’s 

accuracy by using a different approach. Model predictive 

controls often use accurate climate data to predict every 

possible influence on the heating system such as exact 

solar radiation gains. While this approach leads to good 

results in theory, it is eminent for practice applications to 

react to deviations such as forecast discrepancies or the 

influence of unexpected user behavior. Thus, a generic 

approach with the integration of disturbances might be a 

better concept for real life applications. 

The controller uses the system inputs, weather data and 

market data in order to create a forecast of the best heating 

strategy for the next 12h, giving control signals to the HP 

as output. The time interval of one signal is 10 min, so in 

one hour the HP receives six signals. After one hour, the 

controller takes the TES temperatures as feedback in 

order to recalculate the optimization for the next 12h. The 

simulation is then carried out over the entire heating 

period (01.Jan-30.April and 01.Oct.-31.Dec.). 

Mixed Integer Linear Programming Model 

The following sub-chapters present the mathematical 

modelling for each component used in the controller, to 

determine the optimal scheduling. 

Air-To-Water Heat Pump Model 

The electricity input and thermal output of the HP is 

computed as a function of the primary and secondary side 

temperature.  

The electrical and thermal characteristics of the HP are 

described with commercially available performance data 

(Viessmann, 2018). The HP’s performance maps contain 

information for the flow temperatures 35°C, 45°C and 

55°C in reference to outdoor temperatures between -15°C 

and 20°C. Performance characteristics for flow 

temperatures beneath 35°C are set to those of 35°C, so 

that in total, four sampling points are used to describe the 

HP’s electrical input ṖHP,t and thermal output Q̇HP,t during 

every time step t. 

Values lying in between the sampling points are 

determined through linear interpolation. To do so, 

positive weights λi,t are used for each sampling point. The 

sum of these weights is equivalent to the binary 

commitment status SHP,t of the HP for each time step. 

 SHP,t = λ1,t + λ2,t + λ3,t + λ4,t (1) 

The weights are further computed, using the top layer 

temperature TTES,t,1 of the thermal energy storage (TES), 

the maximum possible temperature of the TES TTES,max 

and the surrounding temperature of the TES TTES,surr.  The 

following equation is used to ensure that the HP’s flow 

temperature is superior to the first layer temperature of the 

TES for SHP,t=1. 

TTES,t,1 - (1 - SHP,t) ∙ TTES,max ≤ λ1,t ∙ TTES,surr + λ2,t ∙ 35  + λ3,t 

∙ 45 + λ4,t ∙ 55  (2) 

Furthermore, special ordered set 2 (SOS2) are used for all 

weights, to ensure that at most two adjacent weights are 

unequal to zero (Williams, 2013). 

The electricity input and thermal output of the HP are 

finally computed using equation (3) and (4), with Q̇i and 

Ṗi being the performance at a given sampling point. The 

positive weights λi,t are applied to enable operating points 

of the HP, which occur between the sampling points Q̇i 

and Ṗi. 

 Q̇HP,t = λ1,t ∙ Q̇35 + λ2,t ∙ Q̇35 + λ3,t ∙ Q̇45 + λ4,t ∙ Q̇55 (3) 

 ṖHP,t = λ1,t ∙ Ṗ35 + λ2,t ∙ Ṗ35 + λ3,t ∙ Ṗ45 + λ4,t ∙ Ṗ55 (4) 

Thermal Energy Storage Model 

Thermal energy storage units are generally modelled as 

either perfectly stirred or perfectly stratified. This work 

applies a perfectly stratified TES with three layers. Each 

layer 𝑙 has a specific height and volume and is bound to a 

lower and upper temperature threshold TTES,surr and 

TTES,max respectively. Due to the fact that the operating 

condition of the HP is described with a binary variable, 

every interaction resulting in a multiplication between the 

HP mass flow 𝑆ℎ𝑝,𝑡 ⋅ �̇�𝐿,𝑛𝑜𝑚 and given layer temperature 

𝑇𝑇𝐸𝑆,𝑡,𝑙, leads to non-linearities, which are circumvented 

with the following approach.  
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 SHP,t ∙ TTES,surr ≤ ϑTES,t,l ≤ SHP,t ∙ TTES,max (5) 

 (1 - SHP,t) ∙ TTES,surr ≤ TTES,t,l - ϑTES,t,l ≤ (1 - SHP,t) ∙ TTES,max 

  (6) 

Equation (5) says that the auxiliary temperature ϑTES,t,l 

equals zero when the HP is off, while equation (6) ensures 

that ϑTES,t,l equals TTES,t,l if the HP is switched on. The 

thermal power coupling between the HP and the TES is 

realized using equation (7) with 𝑐 being the thermal 

capacity of the fluid. 

 Q̇HP,t = ṁL,nom ∙ c ∙ (ϑL,out - ϑTES,t,l) (7) 

During the time increment Δt, the energy balance of each 

layer with the mass mTES,l is established using convective 

heat transfer Q̇conv,t,l, laminar conductive heat transfer 

Q̇cond,t,l and conductive heat losses Q̇losses,t,l. 

mTES,l ∙ c ∙ (TTES,t,l - TTES,t,l)/Δt = Q̇conv,t,l + Q̇cond,t,l - Q̇losses,t,l

  (8) 

A more elaborate MILP-formulation of the convective 

and conductive heat transfer mechanisms can be found in 

(Schütz, Harb, Streblow, & Müller, 2015). 

The thermal demand of the building Q̇SH,t is covered by a 

floor heating system. The massflow within the SH circuit 

at a given time step is ṁsh,t. The flow temperature is 

equivalent to the TES top layer temperature TTES,t,1. The 

return flow temperature Tsh,out,t of the SH circuit is finally 

calculated with equation (9). 

 Q̇SH,t = ṁsh,t ∙ c ∙ ( TTES,t,1 - Tsh,out,t ) (9) 

The first layer of the TES is subject to further temperature 

constraints: 

 THC,t ∙ sht + TTES,surr ∙ (1 - sht) ≤ TTES,t,1 ≤ TTES,max (10) 

The binary variable 𝑠ℎ𝑡 indicates a demand for space 

heating at a given time step. If sht = 1, the top layer of the 

TES has to be greater than or equal to the heating curve 

temperature THC,t. 

Objective Function 

The objective of the optimization consists in minimizing 

the total cost over a certain scheduling horizon. The costs 

stem from the HPs electricity consumption. The objective 

to be minimized is given in equation (11) with pelec,t the 

electricity spot market price at a given time step. 

 Min(∑ pelec,t ∙ ṖHP,t ∙ Δt) (11) 

Co-Simulation Interface 

The aforementioned MILP-model is applied to compute 

the optimal scheduling for a time frame of 12 hours. The 

scheduling horizon is discretized into intervals of 10 

minutes, which results in 72 time steps in total. The 

scheduling horizon is recalculated on hourly basis. The 

optimization is carried out with Gurobi 8.1 and the Matlab 

toolbox Yalmip (Efberg, 2004). 

The dataflow between TRNSYS and Matlab is displayed 

in Figure 2. TRNSYS communicates a 12-hour weather 

and electricity price forecast to Matlab/Gurobi. At the 

beginning of each scheduling horizon, TRNSYS provides 

the starting temperatures for the MILP TES layer 

temperatures. The heating load forecast is based on a heat 

demand curve. Matlab/Gurobi computes the HPs control 

signals and communicates them to TRNSYS. 

TRNSYS

Building dataflow:

• 12h weather forecast

• 12h electricity price forecast

• TES layer temperatures time step t-1 

MATLAB/GUROBI

Optimizer dataflow:

• Heat Pump ON/Off Signal

 

Figure 2: Dataflow between Matlab/Gurobi and 

TRNSYS 

Results 

Nearly-Zero-Energy-Building 

In the Standard Simulation, the heat demand of the NZEB 

is 21 kWhth/m²a. As shown in Figure 3, the electricity 

costs for the HP over the heating period are 43.89 € 

(3.76 Ct/kWhel). These costs however just represent the 

direct acquisition costs on the spot market. End consumer 

prices in the EU also include interest margin, grid fees as 

well as taxes and contributions that differ in each country. 

 

Figure 3: Comparison of the Standard Simulation and 

the Controller Simulation of the NZEB 

With the DSM controller, these costs decrease by 11.4 %. 

The average price per kWh is reduced to 3.28 Ct/kWhel. 

The electricity consumption of the HP increases by 1.4 % 

because the controller allows higher temperatures in the 

storage tank, leading to HP performance losses and heat 

losses of the tank itself. Since the minimum temperatures 

in the TES are equal to the desired flow temperatures, the 

controller also allows lower temperatures than the fixed 

hysteresis of the Standard Simulation, leading to energy 

savings. Figure 4 displays the temperature profile of two 

thermal zones for the two coldest months of the 

simulation, showing that both simulations only have one 

very short period of discomfort for one zone due to 

outdoor temperatures of -11°C. 
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Figure 4 Room temperatures of the NZEB simulations 

The temperatures in the controller simulation are almost 

indentical, illustrating that the desired flow temperatures 

were reached. Therefore the controller does not lead to 

any discomfort. 

Refurbished Building 

In the Standard Simulation, the RB has a heat demand of 

109 kWhth/m²a. The electricity costs for the HP over the 

heating period are 210.51 € which corresponds to 

3.72 Ct/kWhel (Figure 3). With the DSM controller, the 

costs decrease by 10.9%. The average price reduces to 

3.56 Ct/kWhel. 

Figure 5 shows that also for the RB the comfort criterias 

were predominantly met, except for times with very low 

outside temperatures. The total hours of discomfort hardly 

increase due to the controller. 

 

Figure 5 Room temperatures of the RB simulations 

Forecast dicrepancies for the heat demand of the building 

can cause TES temperatures below the desired flow 

temperatures. These temporal mistakes are mostly 

compensated by the inertia of the floor heating system and 

the building envelope. Nevertheless one conclusion is, 

that with decreasing inertia, the requirement for an 

accurate heat demand forecast increases. 

Displacement of operating hours 

The cost reduction implies that the controller manages to 

shift operating intervals of the HP towards times with 

lower electricity prices. Figure 6 illustrates its 

functionality by showing how the HP avoids high price 

periods. The first graph displays the TES temperature in 

the upper layer, the second part of the diagram shows 

when the controller sends a run signal to the HP. The 

diagram on the bottom indicates the electricity prices the 

controller reacts on. 

 

Figure 6: TES temperature, control signals and 

electricity prices for one day (NZEB) 

The functionality is clarified further, when the analysis is 

extended over the entire heating period. For this purpose, 

the 24 hours of each simulation day are classified in six 

four-hour price levels, the four most expensive intervals 

being summarized in Level 1 and the lowest price 

intervals being in Level 6. In the next step, the relative 

amounts of the HP operation intervals (10 min) related to 

the total amount of operation intervals for the Standard 

Simulation and the simulation with the controller are 

allocated to these categories. The sum over the entire 

heating period then leads to the results in Figure 7. 

 

Figure 7: Shift of operation intervals achieved by the 

controller 

For the NZEB, the shift of operation intervals from high 

prices to low prices is evident. The relative use of the 

lowest prices increases by 7.8% while the relative use of 

the highest prices decreases by 4.5%. The total amount of 

operating intervals in Level 1 decreases by 35% compared 

to the Standard Simulation while the ones in Level 6 

increase by 32%. This illustrates, that the NZEB 
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facilitates an efficient displacement of HP operation 

intervals. 

In direct comparison, the RB shows the same effect but 

due to the higher energy demand, the shift between the 

different levels is only possible to a lesser extend. The 

price intervals as shown in Figure 6 rarely have abrupt 

rises and decreases. By consequence, the shift of 

operation intervals is less visible in Figure 7 because it 

mostly happens between adjacent price intervals that 

nevertheless lead to the savings displayed in Figure 3. The 

total amount of operating intervals in Level 1 decreases 

by 9% while the ones in Level 6 increase by 4%. For both 

building types, the flexibility potential will increase if 

TES tanks with a higher capacity are applied. 

Interpretation 

The suitability of NZEBs for DSM is confirmed. Their 

high thermal inertia and the low energy demand allows a 

cost effective displacement of the HP operating hours. In 

this case study, the applied controller already saves 11.4% 

of the energy acquisition costs on the spot market due to 

flexible consumption. The rather small size of the TES 

does not allow exploiting further saving potentials. The 

physical storage capacity is limited, so temperatures in the 

tank rise fast, forcing the HP to run in less efficient 

operating points while trying to take advantage of price 

signals. This leads to higher electricity consumption and 

therefore counteracts the savings. Nevertheless, the 

designed heating system that represents current 

applications already shows significant potential for DSM. 

The controller successfully manages to diminish the use 

of the price peaks. 

Since DSM decreases the need for other energy storage 

alternatives, its efficiency needs to be competitive 

towards these options. In comparison to a battery storage 

(efficiency 90-97% (Zapf, 2017)), the overconsumption 

of 1.4% caused by DSM is reasonable but as mentioned 

before, higher TES capacities will even reduce the 

overconsumption and therefore improve the energy 

efficiency. However, the cost savings over time must be 

further investigated. 

In comparison, the RB saves 10.9% in relation to the 

Standard Simulation. The controller also manages to 

avoid price peaks but to a much lesser amount since its 

higher energy demand in combination with the limited 

TES capacity does not allow to avoid high price periods 

that hold up for several hours. The absolute cost savings 

are with 23 € a lot higher compared to the NZEB (5 €) as 

the absolute energy costs are higher as well. Since the 

flexibility of the RB is relatively lower, the application of 

TES tanks with larger capacities must be further 

investigated in order to exploit the energy shifting 

potentials. 

Projection of DSM Potentials 

The case study shows that not just the NZEB but also 

buildings refurbished to a certain energy standard, and 

equipped with HPs can contribute to the integration of 

renewable energies by DSM. In order to determine a full 

potential for DSM of a region, an analysis of the building 

stock is necessary. In Luxembourg for example, the 

number of single-family-houses that correspond to the 

reference buildings of this case study is round about 

20.000 in 2017 (ca. 17 % of the residential building stock) 

(Klein & Peltier, 2017). If the concept applies to all these 

buildings, an installed HP capacity of ca. 150 MWel is 

available for DSM. These HPs are then capable of 

avoiding the price peaks as shown in this case study. Due 

to population growth and by consequence a high demand 

in new residential buildings, the number of suitable 

buildings will increase to ca. 63.000 in 2030 (Haas & 

Peltier, 2017). By consequence, the overall potential for 

DSM will rise to ca. 450 MWel. In relation to the predicted 

peak demands of 950 MWel-1.300 MWel in the public 

electrical grid of Luxembourg, DSM can have a 

significant impact (Creos, 2018). In reality, these 

potentials of course will not be fully available since for 

example not every building will be equipped with a HP. 

To refine these potential estimations, data on the market 

share of HP systems is gathered in order to define trend 

scenarios. Similar lines of thinking allow calculating 

DSM potentials for other regions in central Europe. 

Conclusion and Outlook 

The present work illustrates that HPs in single-family-

houses can contribute to the integration of renewable 

energies by adapting their consumption based on external 

signals like price changes for instance, without 

compromising on indoor comfort. While several studies 

already identified the suitability of NZEB for DSM, it is 

shown here, that not optimal insulated buildings have 

significant DSM potentials as well. 

Further studies regarding the subject of HP DSM will 

focus on improving the results. One task is to improve the 

controller, mainly by the design of accurate heating load 

forecasts so that it is easily applicable to any building. 

Another important task is then to find the optimized 

dimensions for TES systems that use the DSM strategy 

based on several criteria like economic feasibility, 

investment costs, energy efficiency and renewable 

integration. In combination with larger TES capacities, 

the optimization horizont is extendable as well. 
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Abstract 

With the rising importance of resilience in today’s energy 

discussions, this paper uses a quantitative method to 

evaluate the resilience of energy supply systems. For this 

purpose, a suitable assessment method is introduced and 

applied to a heat supply system of a one family dwelling 

to which disturbances are induced. It can be shown that 

both room temperature and delivered heat flow can be 

used to calculate and evaluate a resilience index using the 

system answer’s maximum deviation, recovery time and 

performance loss. While the first reflects the actual 

service offering, the second approach assesses the 

system’s reaction and balancing effort. 

Introduction 

Current discussions about the existing and the future 

energy supply system mainly focus on two topics: cost 

and CO2 emission. However, a third issue is gaining 

importance: the resilience of an energy supply system. 

Investigating resilience leads to considering a wide field 

of research since various areas of science use this term to 

describe material, human or system behavior. As different 

as these fields might be, all of them use resilience (lat. 

resilire: jump back, rebound, return) to describe the ability 

to resist and react to known and unknown disturbances 

and to return into a stable state afterwards.  

One of the most influential researchers in this field is 

Crawford S. Holling who investigated the topic from an 

ecological view. In 1973, he introduced the expression 

engineering resilience which defines resistance and speed 

of return to the equilibrium as measures of resilience. 

Further, he established the term ecosystem resilience 

which focuses on systems that are not characterized by 

one equilibrium steady-state. This type of resilience is 

hence described “by the magnitude of disturbance that 

can be absorbed before the system changes its structure 

by changing the variables and processes that control 

behavior.” (Gunderson and Holling, 2012). While the 

efficiency of the system’s functionality plays a key role 

for the engineering resilience, the ecological resilience 

focuses on the existence of a system’s functionality. 

In the project nordwest 2050 (Fichter et al., 2010), 

guiding principles for resilient energy supply systems are 

developed based on the concepts of Holling and 

Gunderson. They therefore introduce design features of 

resilient systems and organize them as system capacities 

and system structures. Capacities that help increasing a 

system’s resilience are: 

• adaptive capacity 

• resistive capacity 

• formative capacity 

Whereas system structures that enhance resilience are: 

• diversity 

• redundancy 

• buffer capacities 

• back coupling mechanisms 

• dampers 

While Fichter et al. (2010) present qualitative evaluations 

methods, another perspective that focuses on a 

quantitative framework, has been developed in the field 

of disaster research (Cimellaro et al., 2010). For this 

purpose, a non-dimensional functionality function is used, 

and resilience defined as the normalized area underneath 

the curve of this function (cf. Figure 1). Moreover, 

Cimellaro et al. (2010) conduct their method to assess the 

resilience of a hospital network concerning earthquake 

disasters. 

This method of evaluating a system’s functionality and its 

time-dependent behavior is progressed by Francis and 

Bekera (2014) and Nan and Sansavini (2017). Rather than 

evaluating the area underneath the functionality, they 

assess the system’s rapidity, recovery time and 

performance loss. While Francis and Bekera (2014) also 

implement a vulnerability analysis and the system’s 

fragility in their considerations, Nan and Sansavini (2017) 

conduct a multi-layer approach by examining human 

operators, control systems and the system itself.  

 

Figure 1. Resilience (R) definition according to Cimellaro 

et al. (2010), A: functionality loss, B: functionality 

recovery, C: functionality enhancement. 
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 Methods 

As it was shown in the previous section, the definition of 

resilience is not yet fully concluded since different 

research fields approach this topic differently leading to 

different emphases. The following chapter presents a 

method developed by Senkel et al. (2019)  which allows 

the resilience assessment of energy supply systems 

modelled in Modelica® (Modelica Association, 2019). 

Therefore, the quantitative approaches of Francis and 

Bekera (2014) and Nan and Sansavini (2017) were 

adapted. 

Since system functionality is not a physical value that can 

be measured, a characteristic value that reflects a system’s 

functionality, is determined. This value depends on the 

considered system. For an electric grid, the grid frequency 

could be such a value. In case of a heating system the 

room temperature could be used, and the gas sector could 

be evaluated by using the operating pressure. The 

following considerations only imply the use of one of 

these values for the assessed system. However, it is also 

conceivable to evaluate more than one value to gain a 

more detailed resilience analysis. For each value, a 

tolerance band can be defined. Deviations within this 

tolerance band are considered acceptable and without any 

major impact on the continuous supply of the system’s 

services. For example, a heating system’s service 

(supplying enough heat so people do not feel cold) is 

maintained even though the room temperature slightly 

drops underneath the set point. Note that this set point is 

not necessarily constant.  

A system’s characteristic value may react to a deviation 

as shown in Figure 2. Deviations that remain within the 

tolerance band, indicate a resilient system (Figure 2, left). 

When a disturbance leads to a collapse of the system, its 

characteristic value will not return into the tolerance band 

(Figure 2, right). Therefore, this behavior is considered as 

irresilient. Between these borderline cases, several system 

answers with different characteristics can occur (Figure 2, 

middle). To compare these characteristics, the maximum 

deviation, the recovery time, and the performance loss are 

evaluated.  

The maximum deviation 𝑀𝐷 which reflects a system’s 

resistive capacity, is defined with the maximum 

difference ∆𝑥 between the borders of the tolerance band 

(𝑥min, 𝑥max) and the characteristic value 𝑥 when it leaves 

the tolerances: 

∆𝑥 =  {

𝑥 − 𝑥max if   𝑥 ≥ 𝑥max

0 if   𝑥min < 𝑥 < 𝑥max

𝑥min − 𝑥 if   𝑥 ≤ 𝑥min 

  (1) 

Since the resilience index aims on comparing different 

systems with each other, every considered element is 

normalized to gain a non-dimensional figure. Therefore 

𝑥𝑛𝑜𝑟𝑚 is introduced to define the maximum deviation: 

 𝑀𝐷 =
∆𝑥max

∆𝑥norm
 (2) 

The recovery time 𝑅𝑇, a measure for the restorative 

capacity, is defined as the time span between the point of 

time 𝑡d when the indicator value first leaves the tolerance 

band  and the point 𝑡r when it remains permanently within 

the tolerances, normalized by ∆𝑡norm: 

 𝑅𝑇 =
𝑡r−𝑡d

∆𝑡norm
  (3) 

The performance loss 𝑃𝐿 describes the normalized area 

between tolerance band and the course of the 

characteristic figure (depicted as 𝐴 in Figure 2): 

 𝑃𝐿 =
∫ ∆𝑥

𝑡r
𝑡d

𝑑𝑡

𝐴norm
  (4) 

Note that the presented normalization values can be 

interpreted as the maximum values of deviation that are 

still considered as resilient. Hence, it is recommended to 

choose sensible values to gain reasonable results and 

avoid unnecessary arbitrariness. Multiplying these three 

resilience elements leads to the irresilience index 𝐼𝑅𝐼: 

 𝐼𝑅𝐼 = 𝑅 ∙ 𝑀𝐷 ∙ 𝑃𝐿 (5) 

From which the resilience index 𝑅𝐼 can be derived: 

 𝑅𝐼 =
1

1+𝐼𝑅𝐼
  (6) 

With this, we define 𝑅𝐼 = 1 for resilient and 𝑅𝐼 = 0 for 

irresilient system reactions (cf. Figure 2). This general 

approach can be transferred to any other energy system if 

a suitable physical value is available. Furthermore, a 

tolerance band and reasonable normalization values need 

to be found.  

 

Figure 2: Possible system reactions to disturbances: remaining within tolerances (left), leaving and returning into 

tolerances (middle), permanently leaving tolerances (right) 
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Use Case 

The resilience index presented in the previous chapter was 

used by Senkel et al. (2019) to evaluate a heating system 

of a single family house (SFH) using the room 

temperature as resilience indicator. Therefore, Modelica 

(Modelica Association, 2019), an acausal, open-source, 

object-oriented, equation-based programming language, 

was used. Since Modelica allows a physically based, 

dynamic simulation of the heating system, the dynamic 

reactions to disturbances can be modelled and assessed. 

In the following chapter, another heating system is 

evaluated, further disturbances are introduced and the 

possibility to use the supply temperature or rather the 

delivered heat flow as resilience indicator is examined.  

Model Structure 

Therefore, a validated dynamic low order model of the 

heat losses of an SFH (Senkel, 2017) is integrated in a 

heating system modelled with the TransiEnt Library 

(Andresen et al., 2015) and the ClaRa Library 

(Brunnemann et al., 2012) using the Modelica 

environment Dymola (Dassault Systèmes, 2018). The 

structure of the model is shown in Figure 3. 

The considered heating system is reduced to only provide 

hot water for heating purposes. The generation of 

domestic hot water is not investigated. The heating water 

is produced by a heat pump and stored in a buffer storage. 

The mass flow through the heat pump is regulated by its 

supply pump to attain a heat pump outlet temperature of 

55 °C. The heat pumps power is controlled to reach 50 °C 

in the upper part of the buffer storage. At the consumer 

side, the supply temperature is regulated according to a 

heating curve by a mixing valve. The room temperature is 

adjusted by a thermostat whose set point is 22 °C 

(according to EN 15251 (European Commitee for 

Standardization, 2007)). In Table 1, the parameters of the 

heating system are collected. Note that this model is built 

to generate plausible results to be able to test the 

introduced evaluation method since this is the focus of the 

                                                           
1 STIEBEL ELTRON GmbH & Co. KG (2019). 

paper. Therefore, validated component models are 

utilized, and the results are checked for plausibility. 

However, no system validation is conducted. 

The following results are simulated with the solver Dassl 

in a 15-minutes resolution with a tolerance of 0.0001. 

Table 1: Parameters of the house and the heating system 

Parameter Value 

Nominal supply temperature 45 °C 

Room temperature set point 22 °C 

Nominal mass flow  0.2 kg/s 

Nominal pressure 1 bar 

Nominal heat flow of heat pump 

(A2/W35) 
8.33 kW1 

Building standard EnEV 20142 

Floor area 100 m² 

Window area 16 m² 

Minimal outdoor temperature -12 °C 

Scenarios 

Figure 3 shows several disturbances which were 

introduced into the system. All presented disturbances are 

simulated with the weather data of Hamburg between 

January 30th and February 2nd 2012 (Lange, 2014). 

Furthermore, all disturbances are set to occur in the same 

time interval (first twelve hours at the beginning of 

February 1st).  On the consumer side, the pump’s mass 

flow is set to zero which models a pump or pump control 

failure (D1). Disturbance D2 models a closed thermostat 

in the considered period which can occur due to 

mechanical faults of the valve. At the producer side, the 

mass flow of the supply pump is also set to zero (D3) and 

finally the heat pump’s heat production is set to zero (D4). 

Both disturbances can occur due to faults in the 

components or their control.   

2 Bundesregierung Deutschland (2013). 

Figure 3: Investigated heat system with implemented disturbances 

________________________________________________________________________________________________ 

________________________________________________________________________________________________ 
Proceedings of the 16th IBPSA Conference 
Rome, Italy, Sept. 2-4, 2019

 
1943

 

 
  



Results 

Disturbances on the Consumer Side 

When investigating the system’s reaction to the failure of 

the pump and the thermostat, one notices that the 

considered room and supply temperature and the 

delivered heat flow behave in the same manner (cf. Figure 

4). This is because both disturbances have the same effect 

on the system, they stop the mass flow through the 

radiator and therefore the heat supply to the building. For 

the purpose of simplicity, only the results of D1 will be 

evaluated in the following discussion. 

When looking at the profiles of the room and the supply 

temperature, one notices that even though the supply 

temperature only slightly drops, the room temperature 

significantly deviates from the set point. The reason for 

this behavior is that the room temperature is dependent on 

the heat delivered to the room. This heat flow drops to 

almost zero (c.f. Figure 4) because the mass flow is 

disturbed in the considered scenarios. The supply 

temperature itself drops only slightly due to heat losses to 

the surroundings. Apart from that, the supply temperature 

would be sufficiently high to heat the room since the 

producer side is not disturbed. 

  

Figure 4: Room temperature, supply temperature and 

heat flow during disturbances D1 and D2 (dashed: 

undisturbed, solid: D1 and D2) 

 

Disturbances on the Producer Side 

For the disturbances on the producer side, a similar picture 

emerges. Since the pump’s control is connected with the 

heat output of the heat pump and the heat pump’s control 

prevents it from overheating, in both disturbance cases the 

mass flow rate in the producer circuits becomes zero. 

Therefore, the temperature and heat flow profiles in both 

disturbance scenarios are identical and the following 

discussion will focus on the results of disturbance D3. 

In these scenarios, the supply temperature sinks 

significantly due to the disturbances on the production 

side. Because of the buffer storage and the undisturbed 

mass flow through the radiator, the delivered heat flow 

does not drop as fast as in the disturbance scenarios D1 

and D2. 

Especially in comparison with the results of the first two 

disturbances, it becomes clear that the supply temperature 

as sole resilience indicator will not be sufficient. 

Therefore, the heat flow rate will be used to calculate the 

resilience indices and the obtained results will be 

compared with the indices calculated using the room 

temperature. 

 

Figure 5: Room temperature, supply temperature and 

heat flow during disturbances D3 and D4 (dashed: 

undisturbed, solid: D3 and D4) 

________________________________________________________________________________________________ 

________________________________________________________________________________________________ 
Proceedings of the 16th IBPSA Conference 
Rome, Italy, Sept. 2-4, 2019

 
1944

 

 
  



Parameter Study for Disturbance D3 

To be able to assess a broader range of resilience indices, 

for disturbance D3 the volume of the buffer storage is 

varied (𝑉sto= {0.2, 0.4, 0.6, 0.8, 1.0, 1.2, 1.4, 1.6} m³). 

Disturbance D1 is not part of the parameter study since 

the size of the buffer storage has only a small influence on 

the system’s answer when the consumer mass flow is 

disabled.  The profiles of the room temperature and the 

heat flow are depicted in Figure 6. For reasons of clarity, 

only every second result is shown. Additionally, the 

tolerance band (c.f. Figure 2) is marked (∆𝑇tol = ± 1 K, 

∆�̇�tol = ± 1 kW). The set point of the room temperature is 

22 °C (c.f. Model Structure). For the delivered heat flow, 

the undisturbed system is simulated and the occurring heat 

flow is used as set point. As expected, the temperature and 

heat flow deviations become less with increasing storage 

size.  

 

  
Figure 6: Room temperature and heat flow profiles of D3 

with different buffer storages (grey: tolerance band) 

 

Resilience Indices 

According to the evaluation method introduced in the 

second section, the resilience indices for the disturbances 

D1 and D3 are computed and listed in Table 2. The results 

for the parameter studies are presented in Table 3. For the 

purpose of clarity, only every second result is shown. The 

normalization values for the resilience indices calculated 

with the room temperature are ∆𝑥norm = 1 K and 

∆𝑡norm = 6 h. For the resilience indices that utilize the 

delivered heat as indicator, ∆𝑥norm = 1 kW and 

∆𝑡norm = 24 h was used. In both calculations 𝐴𝑛𝑜𝑟𝑚 =
∆𝑥norm ∙ ∆𝑡norm is applied. 

Table 2: Resilience indices of disturbances D1 and D3 

Discussion 

When looking at the resilience indices, it becomes 

obvious that they depend, as expected, on the severity and 

time duration of the indicator value’s deviation. Also, it is 

noticeable that the location of the disturbance has an 

impact on the index. While the failure of the heat 

production pump (D3) is largely absorbed by the heat 

capacity of the buffer storage, the failure of the consumer 

pump (D1) right in front of the heat transfer leads to a 

stronger loss of functionality. Additionally, one can 

observe that the resilience indices computed with the 

room temperature differ stronger from each other than the 

ones calculated with the delivered heat flow. This effect 

can be led back to the different considered indicators, 

there absolute values and the differences between them. 

For example, the slower decline of delivered heat in D3 

does lead to higher room temperature than in D1 even 

though the heat flow profiles do not differ very much, 

especially when regarding the recovery phase after the 

disturbance. 

The consideration of the performance loss leads to an 

additional weighting of the severity of the deviation. 

Since small deviations barely lead to a surpassing of 

𝐴𝑛𝑜𝑟𝑚, the factor ∫ ∆𝑥
𝑡r

𝑡d
𝑑𝑡 𝐴𝑛𝑜𝑟𝑚⁄  becomes less than 1 

and therefore leads to a higher resilience index than 

without the consideration of 𝑃𝐿 (c.f. Table 3). The 

opposite occurs when very large deviations arise. Since 

∫ ∆𝑥
𝑡r

𝑡d
𝑑𝑡 exceeds 𝐴𝑛𝑜𝑟𝑚 in these cases, the resilience 

index is additionally lowered leading to an extra 

punishment of large deviations (c.f. Table 2). This 

behavior is welcomed since the effects of small deviations 

from the set values are barely noticeable for the 

consumers while high deviations can additionally lead to 

effects on health. 

 D1 D3 

Indicator 𝑇R �̇�𝑑𝑒𝑙  𝑇R �̇�del 

∆𝑥max [K]/[kW] 2.1 3.0 1.7 3.0 

∆𝑡 [h] 10.7 24.0 9.5 23.0 

𝑃𝐿 [Kh]/[kWh] 14.9 39.8 10.5 31.9 

RI wo/ PL 0.21 0.25 0.27 0.26 

 w/ PL 0.17 0.17 0.30 0.21 
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When assessing the results of the parameter study and 

comparing the resilience indices that are derived from the 

room temperature, with the ones derived from the heat 

flow to the consumer, one notices that the first rise faster 

with increasing storage size ( Figure 7). On the one hand, 

this behavior can be explained by the different 

normalization values. By adapting 𝑥norm and ∆𝑡𝑛𝑜𝑟𝑚, one 

could achieve a better correlation of the indices. However, 

this adaptation can only be conducted to a certain extent 

since too large normalization values will lead to very high 

resilience indices whose informative values are very 

small. 

 

 Figure 7: Resilience indices in dependence to storage 

size 

Another explanation can be given by understanding that 

the heat flow to the consumer reflects the system’s 

reaction more than the room temperature. While the room 

temperature mirrors the actual service offering of the 

heating system, providing enough heat to achieve a 

comfortable room temperature, the heat flow shows the 

heating system’s effort of supplying the demanded heat 

and reheating the building after the temperature drop. 

Therefore, the restorative phase of the system is 

represented in detail which can be retraced by regarding 

the higher heat flow after the disturbance period when the 

house is heated up. 

One may conclude that installing a buffer storage of 

1.6 m³ leads to a resilient system. However, it must be 

kept in mind that the other disturbance scenario (D1) still 

causes a system answer outside the tolerance band. 

Therefore, it is important to assess several disturbances to 

find system improvements that have a positive impact in 

as many as possible cases. Additionally, every system 

improvement needs to be rated by further factors as 

financial efficiency, practicability, and importance of the 

systems. For example, one may deservedly consider a 

1.6 m³ buffer storage a quite expensive and space 

consuming investment in the resilience of a heating 

system that supplies heat for only one family.  

Conclusion 

In this paper, a method of evaluating the resilience of a 

heat supply system with Modelica is presented and 

applied to a simple example. The structure of a resilience 

index is introduced and the index itself computed for the 

presented use case of a heating system of a single family 

house. For the resilience analysis, two indicators, the 

room temperature and the delivered heat flow rate, were 

used. 

It can be shown that the room temperature and the 

delivered heat flow can be used to determine the resilience 

index and therefore evaluate a heating system’s resilience. 

However, it also became obvious that the different 

indicators produce different scales. Therefore, the 

boundary conditions have to be similar when comparing 

results.  

 While using the room temperature results in an 

assessment of the human comfort and therefore the actual 

service offering, the utilization of the delivered heat flow 

leads to the evaluation of the system’s reaction and the 

measures taken to return into a stable state. Therefore, this 

approach is recommended when the consequences for the 

system are to be stressed as well.  

Since the applied approach focuses on characteristic 

values of the considered energy supply system, it is 

possible to transfer it to any other system, regardless of 

the surrounding conditions or the system structure. It is 

important, however, to be able to detect an indicator 

whose deviation from its set point is able to reflect the 

system’s answer to disturbances. For example, Heckel 

and Becker (2019) apply the same approach to assess the 

resilience using the frequency and a bus voltage in an 

electric grid. 

By quantifying resilience, it is possible to determine a 

“cost” of resilience. Hence, the increase of resilience by a 

certain percentage can be compared with the increase of 

CO2 emissions or the arising additional costs. Therefore, 

 𝑽𝐬𝐭𝐨 = 0.2 m³ 𝑽𝐬𝐭𝐨 = 0.6 m³ 𝑽𝐬𝐭𝐨= 1.0 m³ 𝑽𝐬𝐭𝐨= 1.4 m³ 

Indicator 𝑇R �̇�del 𝑇R �̇�del 𝑇R �̇�del 𝑇R �̇�del 

∆𝑥max [K]/[kW] 1.7 3.0 0.8 2.4 - 1.6 - 1.0 

∆𝑡 [h] 9.5 23.0 5.8 19.3 - 12.3 - 10.0 

𝑃𝐿 [Kh]/[kWh] 10.5 31.9 3.0 17.7 - 8.3 - 3.7 

RI wo/ PL 0.27 0.26 0.58 0.35 1 0.56 1 0.72 

 w/ PL 0.30 0.21 0.85 0.42 1 0.78 1 0.94 

          

Table 3: Resilience indices of the system under disturbance D3 with an enhanced buffer storage 
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existing frameworks can be extended by incorporating the 

presented method. 

It is assumed that evaluating the heat flow deviations is an 

interesting approach for assessing heat networks as well, 

especially, when including the provision of hot drinking 

water. Hence, future work should intend on applying both 

presented approaches on thermal networks. In this regard, 

one also needs to find an effective way on dealing with 

the fact that thermal networks supply several households 

with heat and therefore a method needs to be found that 

allows the assessment of the different consequences one 

disturbance can have on different consumers. In this 

context, the introduction of global and local resilience 

indices is assumed to be sensible. 
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Abstract 
Previous studies showed that magnetocaloric heat pump, 
based on the active magnetic regenerator technology, 
can be used for space heating of low energy buildings. 
This innovative solution has performances comparable 
to conventional vapour-compression systems. However, 
magnetocaloric heat pumps have limited temperature 
span between heat source and heat sink. That 
compromises their use for high temperature span 
purposes such as domestic hot water production. To 
overcome this issue, the authors suggest a cascading 
configuration of several magnetocaloric heat pumps. The 
results of the current numerical study show that such 
cascading network can provide for the hot water needs of 
a single-family house with coefficient of performance 
which is similar to conventional heat pump systems. 

Introduction 
In countries with dominating building heating demand, 
heat pump systems are found to be an economically and 
environmentally optimum solution for indoor space 
conditioning and domestic hot water (DHW) production 
(Cockroft and Kelly, 2006; Lund et al., 2010; Palzer and 
Henning, 2014). Consequently, they are a key 
component of the energy development of countries 
willing to achieve high energy efficiency and 
sustainability for their building stock. In response to the 
sustained growth of the heat pump market (Nowak and 
Westring, 2015), research groups continuously strive to 
develop and improve cost-effective solutions for heating 
and cooling applications. 
The current heat pump market is dominated by vapour-
compression systems. This mature heat transfer 
technology has proved its cost-effectiveness for building 
heating / cooling purposes with appreciable coefficient 
of performance (COP) commonly ranging from 3 to 5 
(Self et al., 2013; Fischer and Madani, 2017). However, 
there are several promising alternatives to conventional 
vapour-compression devices (Goetzler et al., 2014). 
Among them, devices employing the caloric effects of 
solid refrigerant materials in an active regenerative cycle 
with a sustainable heat transfer fluid have been gaining 
attention over the last few years. Caloric effects are large 
adiabatic temperature changes in a material caused by a 
transition applied field and can be accompanied by a 
phase change. The latter can be induced in the 
refrigerant material by either a variation of the electrical 

field: electrocaloric effect (Plaznik et al., 2019); a 
variation of the hydrostatic pressure: barocaloric effect 
(Mañosa et al., 2010); a variation of the uniaxial 
mechanical stress: elastocaloric effect (Tušek et al., 
2015); or a variation of the magnetic field: 
magnetocaloric effect (Smith et al., 2012). Although 
they have yet to prove their competitiveness, caloric 
effects could be a viable alternative to conventional 
vapour-compression systems to transfer thermal energy 
from a low-temperature heat source to a high-
temperature heat sink without any toxic, flammable, 
greenhouse effect or fluorinated gases. 
Among the aforementioned caloric effects, the 
magnetocaloric technology is currently the most studied 
and mature of all. Since the discovery of the 
magnetocaloric effect (MCE) a century ago by Weiss 
and Piccard (1918), several research teams have 
developed prototypes for magnetic cooling near room-
temperature (Engelbrecht et al., 2012; Jacobs et al., 
2014; Aprea et al., 2015). These magnetocaloric devices 
can generate up to 2 or 3 kW of cooling / heating power 
with COPs approaching or above 3, and temperature 
span up to 25 K. 
In line with the general efforts to develop new efficient 
heating systems, the ENOVHEAT project aims at 
engineering, building and testing the prototype of an 
innovative magnetocaloric heat pump (MCHP) for 
building applications (Bahl, 2015). A previous numerical 
study showed that an MCHP can be coupled to a ground 
source heat exchanger (GSHE) and a radiant under-floor 
heating (UFH) system in a single hydronic loop, and 
provide for the space heating needs of a low-energy 
house in Denmark (Johra et al., 2018). It can produce up 
to 2600 W of heating power with a COP of 3.93. In 
conventional heat pump systems, the operational 
parameters are kept within an optimum range and the 
inefficient start / stop cycles are minimized thanks to the 
use of a buffer hot water storage tank. However, in the 
case of the magnetocaloric indoor space heating system, 
there is no buffer tank. Instead, the thermal energy is 
stored in the thermal mass of the built environment by 
means of indoor temperature set point modulation 
control. It enables the increase of the MCHP running 
time at highest COP and thus improves the overall 
seasonal efficiency of the magnetocaloric heating system 
(Johra et al., 2019a). 
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These results are encouraging for the development of 
energy efficient magnetic heating applications in 
buildings. However, these MCHP systems have a 
restricted temperature span. If a 30 °C fluid supply 
temperature is sufficient for heating up the indoor space 
of a low-energy house, it is not enough for the higher 
temperature purposes such as DHW production at 60 °C. 
This limitation can be overcome by using a higher 
temperature heat source such as a low-temperature 
district heating network. The latter provides direct heat 
to a low-temperature indoor space heating system while 
the heat pump is used as a booster for DHW production 
(Østergaard and Andersen, 2018). Nonetheless, in the 
case of a colder heat source, such as GSHE, where a 
large temperature span must be generated, cascading 
MCHPs can be a viable solution (Filonenko et al., 2018; 
Johra et al., 2019b). 
The aim of the current numerical study is to extend the 
previous research of the ENOVHEAT project and 
investigate the use of cascading configurations to 
increase the temperature span of MCHP for DWH 
production. Firstly, the operational principle and 
characteristics of the magnetocaloric heating system are 
introduced. The numerical models for the different 
building systems are then presented. The efficiency of 
the cascaded MCHP is then assessed for DHW 
production in a Danish single-family house. Lastly, a 
conclusion and suggestions for further scientific 
investigations close this article. 
Magnetocaloric heat pump 
Working principle of the magnetocaloric system 
As mentioned before, some specific materials exhibit a 
large reversible temperature change when they are 
subjected to an adiabatic magnetization or 
demagnetization. They are called “magnetocaloric 
materials” (MCM) (Smith et al., 2012). These MCMs 
can be used as a solid refrigerant in an active magnetic 
regenerator (AMR) thermodynamic cycle to perform 
thermal energy transfer from a cold heat source to a 
warm heat sink with a temperature span larger than the 
adiabatic temperature change of the MCE (Barclay and 
Steyert, 1982). 

 
Figure 1: Active magnetic regenerator containing the 

MCM solid refrigerant. 
The MCM refrigerant is contained as a porous medium 
inside regenerators allowing bi-directional circulation of 

a coolant fluid through the former to transfer heat within 
the system (see Figure 1). The MCM is alternatingly 
magnetized and demagnetized by an external magnetic 
field source, in this case a rotating permanent magnet 
(see Figure 2 and Figure 3). 

 
Figure 2: CAD model of the magnetocaloric heat pump 

prototype of the ENOVHEAT project: “MagQueen”. 
 

 
Figure 3: Description of the magnetocaloric heat pump 

prototype of the ENOVHEAT project: “MagQueen”. 
Gadolinium (Gd) is a well-known rare-earth element 
which is considered to be the reference MCM near 
room-temperature. When magnetized in the vicinity of 
its Curie temperature (293 K), Gadolinium exhibits a 
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large adiabatic temperature change (Smith et al., 2012). 
However, there are some alternatives to this rare-earth 
element, such as the intermetallic compound 
La(Fe,Mn,Si)13Hy. This material family also presents a 
large MCE at near room-temperature, but it is composed 
of elements which are more abundant and low-cost than 
Gadolinium. Moreover, the Curie temperature 
(temperature at which the MCE is maximum) of the 
La(Fe,Mn,Si)13Hy can be finely adjusted to match the 
inherent temperature gradient inside the active magnetic 
regenerator, and thus improve the efficiency of the 
MCHP. AMR with adjusted MCM Curie temperature 
along their length are called “graded” or “multi-layered” 
regenerator (Navickaitė et al., 2018). 
An overview of the MCHP operation can be found in 
Johra et al. (2018). For an extensive explanation of the 
magnetocaloric effect and magnetic heating / cooling 
devices, the reader is invited to refer to Smith et al. 
(2012), Engelbrecht et al. (2012) and Kitanovski et al. 
(2015). 
Magnetocaloric heat pump characteristics 
The MCHP of this numerical study is a rotary AMR 
system (see Figure 2 and Figure 3). The trapezoidal 
shaped-cassette active magnetic regenerators containing 
the MCM are mounted on an iron ring and compose the 
vertical stator. The length of a regenerator is 20 cm. The 
vertical rotor is a two-pole permanent magnet assembly. 
It is connected to an electrical motor by a vertical shaft. 
The rotation frequency of the magnets can vary from 
0.25 Hz up to 4 Hz. However, in the current study, 
rotation frequency is fixed at 2 Hz. The maximum value 
of the magnetic field inside the regenerator is 1.46 Tesla 
(during magnetization of the MCM). The regenerators 
are connected to 2 manifold distributors and 2 manifold 
collectors. One of each for the cold heat source and for 
the warm heat sink. A set of synchronized solenoid 
valves and check valves control the bi-directional flow 
of the coolant fluid (water-based brine with Entek FNE 
as corrosion inhibitor) through each regenerator (Johra, 
2018). 
The MCM solid refrigerant of this MCHP is the 
intermetallic compound La(Fe,Mn,Si)13Hy. The Curie 
temperature of the compound is adjusted within the 
23 layers of MCM along the length of the regenerator so 
that the MCE is maximum at the different operational 
temperatures inside the AMR. 
Numerical modelling of the magnetocaloric heat 
pump 
The core of the MCHP modelling is the calculation of 
the heat transfer fluid temperature in the active magnetic 
regenerator as function of different operational 
parameters such as fluid flow rate, MCM properties, 
inlet fluid temperatures, regenerator’s geometry, 
magnetic field, rotation frequency, etc. A detailed 
numerical model of the AMR was created by 
Engelbrecht (2008), and then further developed by Lei et 
al. (2017). With reasonable assumption on heat losses, 
regenerator’s geometry and demagnetization losses, the 
time-dependent temperature of the heat transfer fluid in 

the regenerator is calculated with the two following 
coupled partial differential equations: 
𝜕𝜕
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Where k, T, ρ , c and ∂s/∂H are the thermal conductivity, 
temperature, density, specific heat, and change of 
entropy with change of magnetic field at constant 
temperature; Ac, dh, as, ε, x, t, ṁf, and H are the cross 
sectional area, hydraulic diameter, specific surface area, 
porosity of the regenerator bed, axial position, time, fluid 
mass flow rate and internal magnetic field; ∂P/∂x and Nu 
are the pressure drop and the Nusselt number. The 
subscripts f and s represent fluid and solid refrigerant, 
respectively. kdisp is the thermal conductivity of the fluid 
due to axial dispersion, kstat is the static thermal 
conductivity of regenerator and fluid matrix, and cH is 
the specific heat capacity of the MCM at constant 
magnetic field. These partial differential equations are 
solved with an implicit finite volume method scheme. 
Although this detailed numerical model is accurate and 
has been validated with experimental data from MCHP 
prototypes (Lei et al., 2018), it is too computationally 
demanding for a direct implementation in a building 
energy simulation tool. It is therefore approximated by 
5-dimentional interpolation lookup table functions 
containing around 1600 output points generated by the 
detailed model. These lookup table functions therefore 
form a simplified model for the MCHP with 4 input 
variables (rotation frequency, volumetric fluid flow rate, 
cold side temperature inlet and hot side temperature 
inlet) and four output variables (cold side outlet fluid 
temperature, hot side outlet fluid temperature, magnetic 
work and fluid pressure losses through the regenerators). 
The other components of the magnetocaloric system 
(valves, motor, circulation pump) are modelled with 
simple functions fitting data from measurements on 
MCHP prototypes and from manufacturers 
documentation (Johra, 2018). 
Cascading of magnetocaloric heat pumps 
As previously mentioned, the limited temperature span 
generated by a single MCHP can be overcome by 
establishing a parallel cascaded network of several 
MCHPs. As illustrated in Figure 4, the hot fluid outlet of 
a MCHP is connected to the hot fluid inlet of the next 
MCHP in the cascade. Conversely, the cold fluid outlet 
of a MCHP is connected to the cold fluid inlet of the 
next MCHP in the cascade. At each stage of the cascade, 
the cold fluid is cooled down, and its thermal energy is 
transferred to the hot fluid which is heated up. 
Consequently, the temperature span increases after each 
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MCHP in the cascade (Filonenko et al., 2018; Johra et 
al., 2019b). 

 
Figure 4: Cascading connection diagram: hot-to-hot 

and cold-to-cold. 
In this study, 5 different cascaded MCHP configurations 
are investigated: 
• 2 cascaded MCHPs with 12 regenerators each. 
• 4 cascaded MCHPs with 6 regenerators each. 
• 6 cascaded MCHPs with 4 regenerators each. 
• 12 cascaded MCHPs with 2 regenerators each. 
• 24 cascaded MCHPs with 1 regenerator each. 
The total mass of MCM in each cascaded configurations 
is kept constant at 5.24 kg. 

Building systems 
Building study case 
The main goal of this numerical study is to investigate 
the capacity of a MCHP to produce DHW in a Danish 
single-family house. The magnetic heating device is thus 
integrated in a hydronic loop connecting a vertical 
borehole GSHE with a 250 L hot water storage tank (see 
Figure 5). 

 
Figure 5: Integration of a magnetocaloric heat pump for 

domestic hot water production. 
The GSHE loop is a vertical borehole consisting of a 
single collector double U-tube PEX pipe (44 mm 
diameter). The borehole itself is 100 m deep and has a 
diameter of 160 mm. The thermo-physical properties of 
the soil surrounding the ground source loop are assumed 
to be the ones of a humid clay sand (thermal 
conductivity of 1.5 W/m.K, density of 1900 kg/m³, 
specific heat capacity of 1400 J/kg.K), which is a typical 
ground in Denmark. The grouting material in the 
borehole has a thermal conductivity of 1.4 W/m.K, a 
density of 1500 kg/m³ and a specific heat capacity of 
1670 J/kg.K. The typical fluid temperature outlet of the 
GSHE is around 8 °C. 

The hot water storage tank has a cylindrical shape 
(radius of 29 cm and height of 95 cm) with 5 cm of 
polyurethane insulation. The heat losses from the storage 
tank to the ambient environment are therefore 
1.356 W/K. The stainless steel heat exchanger coil inside 
the storage tank is placed in the lower half of the latter, 
and has a total surface area of 1 m². 
The heat pump system is regulated by a thermostat 
connected to a temperature sensor located in the middle 
of the hot water storage tank. The thermostat is an 
ON/OFF controller (heat pump is either off or running at 
constant pre-set fluid flow rate) with a dead band 
temperature set point: lower temperature threshold of 
58 °C; upper temperature threshold of 60 °C. 
In order to simulate realistic DHW needs of a single-
family in a Danish house, a detailed time-dependent hot 
water consumption profile is needed. However, there is a 
clear lack of information concerning hot water draw-off 
profiles with high temporal resolution (Fuentes et al., 
2018). Therefore, the total hot water draw-off at 60 °C 
has been monitored at the production point in a single-
family house in Denmark (2 adults and 2 kids). The hot 
water flow rate was measured with an ultrasonic 
flowmeter (KATflow 100 Ultrasonic Flow Transmitter) 
at a sampling rate of 1 second. In this way, the hot water 
draw-off profile has been obtained for the month of 
September 2018 with a time resolution of 1 second (see 
Figure 6). The average DHW consumption (at 60 °C) of 
this family is around 97 L/day, which is a typical value 
in Europe (Fuentes et al., 2018). Moreover, peak DHW 
consumption is ranging from 6 L/min to 14 L/min, 
which coherent with typical values for European 
countries (Fuentes et al., 2018). 

 
Figure 6: Domestic hot water consumption profile for a 
single-family house in Denmark during September 2018 

(1-second time resolution). 
The fresh cold water supply to the bottom of the storage 
tank is assumed to be at the temperature of the 
underground yearly average temperature (Fuentes et al., 
2018). The latter is 10 °C in Denmark (Johra, 2018). 
Numerical modelling of the building systems 
The simplified numerical models of the cascaded 
MCHPs, together with the other building systems for 
DHW production, have been created and implemented 
within the MATLAB-Simulink software environment. 
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The vertical borehole GSHE is simulated by coupling a 
“plug flow” model and the ε-NTU method. The ε-NTU 
method allows the calculation of the effective heat 
transfer between the brine and the ground surrounding 
the borehole, taking into account the interaction between 
the two legs of the GSHE. The thermal interactions 
between the GSHE tubes and the grouting are modelled 
with a triangular thermal network (Resistance-
Capacitance thermal network). A MATLAB state space 
function simulates the underground soil surrounding the 
borehole as a one-dimensional finite domain. Boundary 
conditions are determined by the outdoor weather 
conditions on the upper ground surface and the lateral 
surface of the finite underground domain. The boundary 
condition at the bottom surface of the underground 
(100 m depth) is set to a constant temperature of 10.1 °C. 
The “plug flow” model accounts for the dynamics of the 
heat transfer fluid inside the different pipe sections of the 
hydronic system with varying fluid flow rate. It is 
assumed that at each time step, the inlet fluid volume 
pushes all the other fluid cells inside the pipe section 
towards the outlet. There is no mixing or heat exchange 
in between adjacent fluid cells in the pipe. When the 
number of fluid cells reaches the maximum limit (200 
for the GSHE), the two adjacent cells with the smallest 
temperature difference are merged together (Johra, 
2018). 
Similarly to the GSHE, the heat transfer taking place 
through the heat exchanger coil inside the water storage 
tank is calculated with the ε-NTU method (Bergman et 
al., 2011). The heat transfer from the MCHP circuit to 
the hot water is calculated for each fluid cell in the lower 
half of the storage tank. 
The hot water storage tank is simulated with a modified 
version of the “plug-flow” model. The inlet fresh cold 
water at the bottom of tank pushes the other fluid cells 
up towards the outlet hot water draw-off on the top of 
the tank. It is assumed that there is no mixing in the tank, 
but there is heat transfer by conduction in between 
adjacent cells. The heat losses coefficient between each 
cell and the ambient environment at 22 °C is constant. A 
maximum of 2000 fluid cells can be placed in the “plug 
flow” model of the storage tank. 
Pressure losses in the hydronic system are calculated 
with the Darcy-Weisbach equation. All thermo-physical 
properties of the heat transfer fluids (thermal 
conductivity, convective heat transfer coefficient, 
density, specific heat capacity, viscosity, etc.) are 
calculated as a function of composition, velocity and 
temperature, based on manufacturer’s documentation 
(Johra, 2018). 
Results and discussion 
The different cascaded MCHP configurations presented 
before are firstly tested at different constant nominal 
total fluid flow rates ranging from 50 L/h to 5000 L/h. 
The DHW draw-off is kept constant at 4 L/h (97 L/day). 
Depending on the MCHP power output, the brine 
temperature from the ground source was varying 
between around 7 °C and 10 °C. The average fluid 

temperature outlet, useful heating power output and COP 
are calculated over a test period of one month. The COP 
of the magnetic heating system is calculated as the ratio 
between the useful heating power output delivered to the 
water inside the storage tank, and the sum of all 
operational work, including motor work, pumping work 
and power use of the valves: 

 𝐶𝐶𝐶𝐶𝐶𝐶 =
𝑄𝑄ℎ𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒

𝑊𝑊𝑝𝑝𝑝𝑝𝑝𝑝𝑝𝑝+𝑊𝑊𝑝𝑝𝑚𝑚𝑒𝑒𝑚𝑚𝑚𝑚+𝑊𝑊𝑣𝑣𝑒𝑒𝑣𝑣𝑣𝑣𝑒𝑒𝑠𝑠
 (3) 

One can see in Figure 7 that the cascaded MCHP 
configurations can produce an appreciable temperature 
span allowing the production of DHW at the required 
temperature target of 60 °C. Above a certain fluid flow 
rate, the output temperature of the MCHP drops 
dramatically, which is typical behaviour for AMR-based 
systems (Johra et al., 2019a). 

 
Figure 7: Outlet fluid temperature of cascaded MCHP 
configurations as a function of heat pump total fluid 

volumetric flow rate. 
Similarly, the Figure 8 illustrates the increase of heating 
power output with the increase of fluid flow in the 
MCHP before its fall when the fluid outlet temperature 
drops. 

 
Figure 8: Useful heating power output of cascaded 

MCHP configurations as a function of heat pump total 
fluid volumetric flow rate. 
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One can observe in Figure 9 that most of the cascaded 
MCHP configurations reaches appreciable COPs 
between 2 and 3 at a specific optimum fluid flow rate. 

 
Figure 9: COP of cascaded MCHP configurations as a 
function of heat pump total fluid volumetric flow rate. 

In a second time, the different cascaded MCHP 
configurations are tested at optimum fluid flow rate 
(with regards to COP) with the realistic hot water draw-
off profile of the Danish single-family house during the 
month of September 2018. The optimum fluid flow rate 
for each cascading configuration is presented in Table 1. 

Table 1: Selected optimum fluid flow rates for the 
different cascaded MCHP configurations. 

Cascading configuration Optimum fluid flow 
2 cascaded MCHPs 1200 L/h 
4 cascaded MCHPs 1100 L/h 
6 cascaded MCHPs 900 L/h 

12 cascaded MCHPs 700 L/h 
24 cascaded MCHPs 500 L/h 

One can see in Figure 10 the temperature distribution of 
the DHW draw-off during the one-month test period. 
Apart from the 2 cascaded MCHPs configuration, all the 
other magnetic heating systems manage to provide DHW 
at temperatures above 55 °C, which is suitable for 
domestic use without risk of legionella bacteria growth. 

 
Figure 10: Box plot diagram of the DHW draw-off 
temperature distribution for the different MCHP 
configurations during the one-month test period. 

The Figure 11 illustrates the performance of the different 
cascading configurations over the one-month test period. 
The COP is calculated here with a 60-second running 
average. Similarly to the results presented in Figure 9, 
the 12 cascaded MCHPs configuration is the one with 
the best COP (mean average, 25th percentile and 75th 
percentile are 2.78, 2.18 and 3.26, respectively). These 
results are quite promising as the average COP of the 
best performing magnetic heating system is comparable 
with the one of conventional ground source heat pumps 
used for DHW production: typically in the range of 2.2 –
 3.0 (Niemelä et al., 2018). 

 
Figure 11: Box plot diagram of the COP distribution for 

the different MCHP configurations during the one-
month test period. 

Conclusion 
This article presented an innovative magnetocaloric heat 
pump system for domestic hot water production. 
Because of the reversible nature of the magnetocaloric 
effect which is at core of the magnetic heating systems, 
the latter have the potential for very high coefficient of 
performance. Such a system has already demonstrated its 
ability to provide for the indoor space heating needs of 
low energy buildings. However, the restricted 
temperature span generated by magnetic heating systems 
is a serious limitation for high temperature purposes 
such as domestic hot water production. 
To overcome this issue, the authors have suggested the 
use of cascaded magnetocaloric heat pumps to generate a 
temperature span greater than 50 K between a ground 
source heat exchanger and a hot water storage tank. The 
results of the current numerical study show that cascaded 
magnetocaloric heat pump configurations can produce 
hot water with temperatures above 60 °C and up to 
65 °C. In addition, most of the tested magnetic heating 
systems were able to provide for the hot water needs of a 
single-family house in Denmark. With a monthly 
average COP of 2.78, the best performing magnetic 
heating system is thus as energy efficient as 
conventional vapour compression heat pumps used for 
DHW production. 
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Cascading magnetocaloric heat pumps thus appears to be 
a viable solution for the DHW production. However, this 
technology has yet to prove its competitiveness against 
conventional heat pump systems. Further research is 
needed to improve the design and performance of 
magnetic heating prototypes. More experimental tests 
should be performed for building applications with full-
scale setups and realistic boundary conditions. A number 
of fundamental research and engineering challenges are 
to be addressed to develop new magnetocaloric 
materials, optimum control strategies, and efficient 
hydronic configurations minimizing parasitic heat losses 
and pressure drops. 
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Abstract

The variety of ventilation requirements, thermal com-
fort specifications, and lower cooling loads for high-
performance buildings can motivate the use of mul-
tiple HVAC systems whose dynamic interactions can
strongly affect performance. We develop a Model-
ica energy model of a multi-zone residential building,
based on an prototype EnergyPlus model distributed
by the U.S. DOE, to quantify these interactions and
design new controls to improve comfort. Fully dy-
namic radiant, convective, and ventilation subsys-
tems are all integrated into a heterogeneous cooling
system that has better performance than is achievable
by a smaller collection of systems.

Introduction

High-performance buildings often share a few com-
mon characteristics, such as significantly reduced in-
filtration and superinsulated envelopes that drasti-
cally reduce the space loads with potentially large
reductions in the sensible heat factor. The substan-
tial increase in measured energy efficiency for these
buildings, as well as the improvements to thermal
comfort attainable in these spaces, has a prompted a
surge in the construction of these types of buildings.
These characteristics can present a host of challenges
for HVAC systems, however, motivating research and
exploration of a variety of new configurations of ven-
tilation, convective, and radiant space conditioning
systems to improve thermal comfort and occupant
health.

One of the challenges faced when designing HVAC
systems for high-performance residential buildings is
that the reduced size of the mechanical systems and
the wide variety of installed systems are accompa-
nied by dynamic interactions between components
of the overall system. Unlike conventional systems,
which often have high heating or cooling capacities
and operate at low part-load efficiencies, the mechan-
ical equipment for high-performance buildings have
much lower capacities and are not designed to reject
large temperature or heat load disturbances. As a
result, the hygrothermal building dynamics can be
much more sensitive to the equipment operation and
the coupled behavior resulting from subsystem inter-
actions than conventional buildings.

Unfortunately, such interactions are rarely described
by the equipment models used in most common
building energy simulation environments, which often
eliminate these dynamics to simplify their models or
simulations. As an example, models of variable refrig-
erant flow systems used in EnergyPlus (Hong et al.,
2016) have no dynamics, but only use algebraic re-
lations to describe the input/output characteristics
of the systems. Such simplifications will therefore be
blind to both the opportunities for improvement in
system performance that might be attained by effec-
tive operation and coordination between systems, as
well as to limit cycles or inefficient operation that can
be accompanied by poorly designed controls. While
these problems are notoriously difficult and expensive
to solve after construction, they can be effectively ad-
dressed at a much earlier stage via dynamic simula-
tion and systematic controls design.

While many alternative system architectures for high-
performance buildings have been studied, there has
been somewhat less attention dedicated to the dy-
namics associated with couplings between the build-
ing envelope and multiple mechanical systems. Sem-
inal work on the combined use of dedicated out-
door air systems (DOAS) and radiant systems to
achieve energy savings was done by Jeong et al.
(2003). Similarly, Gayeski et al. (2011) used a series
of temperature- and load-dependent maps for a vari-
able capacity chiller to perform predictive precool-
ing of a concrete-core radiant floor coupled to an air-
source heat pump, and experimentally demonstrated
energy savings of 19-25% in Atlanta and Phoenix
climate conditions for this innovative system. The
present paper extends recent work by the authors
presented in Laughman et al. (2018), in which we ex-
plored the operation of a multi-zone air-source heat
pump with multiple ventilation systems in cooling
mode.

Modelica (Modelica Association, 2017) is emerging in
the building science community as a powerful tool for
studying the dynamics of these complex multiphysi-
cal systems. The equation-oriented design of the lan-
guage enables the creation of physics-based compo-
nent models that can be interconnected to form large
dynamical systems, such as vapor compression cycles
or buildings. This equation-based representation also
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enables uses of these models beyond simulation, such
as control design or optimization. The open-source
nature of the language has also facilitated the creation
of high quality publicly-available model libraries, such
as the Buildings Library (Wetter et al., 2014), which
is used extensively in this work.

The objective of this paper is the study and manage-
ment of the coupled behavior of convective, radiant,
and ventilation mechnical subsystems in a 2-zone res-
idential building under cooling conditions. Because
the success of this investigation depends strongly
upon the accuracy of the building energy model, we
also demonstrate a process by which building en-
ergy models generated in EnergyPlus (Crawley et al.,
2000), a widely used building energy modeling tool,
can be mapped into equivalent Modelica models. We
then use these models to analyze and design coordi-
nated controls for the coupled dynamics of these three
subsystems; while convective and radiant systems are
not often used for the same space, their coordinated
operation enables the management of thermal com-
fort over much shorter timescales than is otherwise
possible.

The structure of this paper is as follows. In the fol-
lowing section, we briefly describe the EnergyPlus
residential building energy model used in this work
and outline the translation process used to generate
the Modelica model, the accuracy of which is indi-
cated by a comparison of two representative simula-
tion outputs. We then provide an overview of the dy-
namic physics-based equipment models for the multi-
zone air-source heat pump (variable refrigerant flow
system, or VRF) and the DOAS, and describe some
nonintuitive dynamics of the system to demonstrate
the effect of dynamics on the overall building opera-
tion. With the results of this analysis, we design a
coordinated controller that manages the operation of
all three mechanical systems and demonstrate its ef-
fectiveness on the overall system model. Finally, we
briefly outline a set of conclusions and describe future
work in this area.

Building Models

The study of the coupled behavior of the individual
HVAC subsystems is strongly dependent upon the
building energy model, as the dynamics of the cool-
ing load are shaped by the building envelope. We
thus identified a set of residential prototype building
energy models in EnergyPlus that were created by
the U.S. Department of Energy in 2015 that repre-
sent typical building construction in each of the 50
states (Taylor et al., 2015). This model correspond-
ing to Georgia was then adapted for this work so
that we could investigate the building dynamics for a
mixed-humid climate zone. The EnergyPlus models
were particularly attractive as a starting point be-
cause of our interest in exploring and validating a
process of converting the common structure of Ener-

Figure 1: Illustration of prototype residence.

gyPlus models to those of Modelica. While Modelica
building models have been validated in the context of
ASHRAE Standard 140 for a room model (Nouidui
et al., 2012), there is little literature describing this
process in practice.

The building model, illustrated in Figure 1, consists
of a two-story residence with nominal 2009 IECC-
based construction. Each floor of this residence has
a floor area of 112.24 m2 and is 2.6 m tall, and is
oriented along the cardinal directions with a peak oc-
cupancy of 3 people per floor. Each exterior wall also
has a window that was 1.52 m by 2.72 m that admits
solar heat gains into the spaces. A few modifications
to this model were necessary because of differences in
modeling assumptions between EnergyPlus and Mod-
elica; while the original model only used a single zone
for the entire residence, we separated the upper floor
and lower floor into separate zones to allow us to
study the differing dynamics of both spaces. We also
added a 10 cm thick concrete slab and 2 meters of soil
below the house to characterize the thermal boundary
condition under the house with a boundary of 21 °C,
and simplified the window models to be single panes
for simplicity. A cross-sectional schematic illustrat-
ing the house with its associated radiant, convective,
and ventilation systems is illustrated in Figure 2.

The Modelica Buildings library uses physics-based
models to describe the dynamic behavior of buildings
and their systems. Many of these models are 1-D
models; wall constructions typically only have tem-
perature variation through their cross-section. The
air volumes use a mixed-air assumption with simpli-
fied moist-air media, while the star network approx-
imation is used to describe the radiant heat trans-
fer (Wetter et al., 2014). The architecture of this
library is well-suited to the adaptation of EnergyPlus
models because the geometric and material data for
both simulation enviroments can be specified by us-
ing a series of hierarchical objects. In general, the
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Figure 2: Overall system schematic.

.idf files used to capture the simulation informa-
tion in EnergyPlus can be divided into a number of
classes of data structures, corresponding to surface
constructions (e.g., walls), construction details (e.g.,
specific wall cross-sections), material properties, and
heat gain schedules. As an example, the exterior wall
construction in the building is encoded in Energy-
Plus as follows (with some minor simplifications for
brevity):

Construction,

Exterior Wall, !- Name

Stucco_1in, !- Layer 1

sheathing_consol_layer, !- Layer 2

OSB_5/8in, !- Layer 3

wall_consol_layer, !- Layer 4

Drywall_1/2in; !- Layer 5

The Buildings library models are structured simi-
larly to the EnergyPlus models to take advantages of
the intuitive divisions between materials, construc-
tions, and rooms, allowing the user to define mate-
rial objects and then assemble multiple constructions
without the use of repetitive definitions. One impor-
tant difference is that the Buildings library assumes
cuboid geometries for the rooms to simplify the model
representation. In analogy to the EnergyPlus con-
struction model for Exterior Wall, the construction
record in the Buildings library is represented as

record ExteriorWall

import BL=

Buildings.HeatTransfer.Data.OpaqueConst

import MEB=MEBuildings.Records.Materials

extends BL.Generic(

material=MEB.Stucco_OneIn(x=0.0254),

MEB.Sheathing_consol_layer(x=0.013),

MEB.OSB_FiveEighthIn(x=0.0159),

MEB.Wall_consol_layer(x=0.140),

MEB.Drywall_OneHalfIn(x=0.0127),

final nLay=5);

end ExteriorWall;
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Figure 3: Comparison of ground floor convective zone
temperature outputs from EnergyPlus and Modelica.

The mapping of surface constructions and materials
is analogous for many standard building geometries,
and is thus relatively straightforward.

One of the main advantages of the equation-oriented
structure of Modelica is that the system composition
can be changed quite dramatically. The overall
building model was thus assembled to allow the
construction between the floors to be replaced,
which enabled the standard floor used in the
base energy model to be replaced with an assem-
bly consisting of a radiant panel and a standard
floor. This radiant floor was adapted from the
Buildings.Fluid.HeatExchangers.RadiantSlab

model, in which the hydronic pipes are embedded
in a building construction. In this case, the panel
consists of a sheet of 4.75 mm thick aluminum
sheet with 17 mm PEX pipes spaced 15 cm apart,
backed by 5 cm thick expanded foam insulation and
standard wood construction.

While this radiant panel/floor model was used to
study the system dynamics and controls later in this
work, it was first necessary to validate the perfor-
mance of the Modelica model against the output
of the EnergyPlus model. These models were thus
both simulated for 1 year using the Atlanta-Hartsfield
TMY3 file to perform this comparison. We imposed
no internal load on the space in these simulations
because our primary interest was in comparing the
hygrothermal dynamics of the envelope. Since the
dynamics of the HVAC systems necessarily differ be-
tween EnergyPlus and Modelica, the inclusion of such
systems would make it difficult to compare the per-
formance of the envelopes. While most parameters of
these simulations were set to identical values for this
comparison, but we found that adjusting the SHGC
was important to achieve a reasonable match between
the simulations. Since only a single-pane glass win-
dow construction was used in Modelica, we set the
SHGC for the windows in EnergyPlus to 0.65.

Table 1 and Figure 3 illustrate the good agreement
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Table 1: Residual errors between annual simulations
in EnergyPlus and Modelica for both zones.

Floor Variable RMSE/year

Ground Troom 1.11 °C
Upper Troom 0.836 °C
Ground Trad 1.11 °C
Upper Trad 0.987 °C
Ground φroom 2.75%
Upper φroom 2.31%

between the two building energy simulations. The
temperature data over 6 days for the ground floor
zone illustrates the similarity of the dynamics be-
tween the two simulation outputs, which is perhaps
of highest importance when studying the dynamic be-
havior of the conditioned building. It is also encour-
aging to see good agreement between the simulations
via the root mean squred error (RMSE); while these
two models do not make exactly the same assump-
tions, the Modelica model is sufficiently close to the
EnergyPlus model with RMSEs on the order of 1 ◦C
or 2% RH that it can be profitably used to study the
dynamics of a building with radiant, convective, and
ventilation.

Equipment Models

Dynamic physics-based models of both a VRF sys-
tem and a DOAS were used to explore the interac-
tions of radiant, convective, and ventilation systems
in this work. Because these cycles are both assembled
from similar components, we will briefly describe the
component models (e.g., multiphase heat exchangers,
compressors, expansion valves) and then describe how
these component models are used to build the com-
plete cycle models.

One common set of experimentally-validated assump-
tions is that the dynamics of the heat exchangers
(HEXs) dominate the temporal behavior of vapor-
compression cycles over most timescales of interest.
As such, the component models used employ dynamic
models of the HEXs and static (algebraic) models of
the compressors, expansion valves, and fans. We used
finite volume models (Qiao et al., 2015) to describe
the dynamic behavior of the HEXs to capture the
behavior of the refrigerant pressures, which can vary
significantly due to line lengths and affect important
control variables like the suction superheat tempera-
ture, and also to capture the spatially-varying behav-
ior of the models. Other common modeling assump-
tions, described in Qiao et al. (2015), were used to
ensure that the models had suitable performance.

Under these assumptions, the Navier-Stokes equa-
tions describing the conservation of mass, momen-
tum, and energy can be discretized to describe 1-
D multiphase refrigerant flowfor these finite volume
models by using an upwind difference method for this

Figure 4: Finite volume discretization of refrigerant
pipe.

convection-dominated flow. Figure 4 illustrates the
staggered grid scheme that is used to avoid nonphysi-
cal numerical phenomena by decoupling the mass and
energy equations computed for the volume cells (black
solid boundary) from the momentum equations com-
puted for the flow cells (red dashed boundary), re-
sulting in the equations

Ac∆zρi =Ṁi−1/2 − Ṁi+1/2, (1)

∆z
dṀi+1/2

dt
=İi − İi+1 −Ac(pi+1 − pi)

− P∆zτ̄w,i+1/2, (2)

Ac∆zui =Ṁi−1/2(hi−1/2 − h̄ρ,i)
− Ṁi+1/2(hi+1/2 − h̄ρ,i) + P∆zq′′i ,

(3)

where ρ̄M represents the momentum density, h̄ρ and
h̄ signify the the density-weighted and flow-weighted
specific enthalpies, the wall shear stress τ̄ = 1

2fρ̄u |u|
and f is the Fanning friction factor, P is the circum-
ference of the flow channel, and symbols with over-
bars represent average quantities in each cell. The
dynamic states used in this model include the refrig-
erant pressures p and the density-weighted specific
enthalpies h̄ρ.

A set of simplified closure relations for the frictional
pressure drop and the refrigerant-side heat transfer
coefficients were used because many correlations from
the literature have poor numerical properties that
make them unsuitable for inclusion in a dynamic sim-
ulation. The frictional pressure drop was expressed

as ∆p/Ṁ2 = K
(

∆p0/Ṁ
2
0

)
, while simplified heat

transfer relations (HTC) were also used in which each
phase HTC was only dependent upon the refriger-
ant mass flow rate, and the smooth transition be-
tween the phases was enforced via trigonometric in-
terpolation. We also introduced fast dynamics in the
HTC to eliminate algebraic couplings between the
pipe wall states and the refrigerant property states, as
described by Laughman and Qiao (2018), and thereby
eliminated non-physical high-frequency behavior and
described the low-pass effect of refrigerant oil.
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Figure 5: Construction of VRF system.

Standard one-dimensional models of the heat conduc-
tion through the refrigerant wall were used, as well
as the heat convection to the moist air; these are de-
scribed in detail by Qiao et al. (2015). One aspect of
these models that was important for simulation was
the use of a gas law in which the pressure and tem-
perature are assumed to be independent, so that

ρ/ρstp = p/pstp (4)

where ρstp and pstp are the density and pressure at a
constant reference (Wetter et al., 2014). This allows
for smaller systems of nonlinear equations, which be-
came significant in this model because of the degree
to which the different equipment models were coupled
through the air model.

A simple isenthalpic model of the electronic expan-
sion valve was also used, as described by a standard
orifice flow equation

Ṁ = Cvav
√
ρin∆P , (5)

where the flow coefficient Cv and was determined ex-
perimentally, the orifice flow area av was modulated
to control the cycle behavior, and the mass flow rate
is regularized in the neighborhood of zero flow.

A one dimensional model of the variable-speed rotary
compressor was used in which the performance was
described by relating the volumetric efficiency ηv and
isentropic efficiency ηis to the suction pressure Psuc,
discharge pressure Pdis, and compressor frequency f ,
as given by

ηv =
Ṁcomp

ρsucV f
(6)

ηis =
hdis,isen − hsuc
hdis − hsuc

. (7)

The oefficients used for the functional forms of ηv,
ηis, and the compressor power consumption Ẇ were
derived from experimental data. Algebraic mod-
els were also used for the fans and energy recovery
wheel to capture the salient behavior. More informa-
tion on this menagerie of component models needed
to construct the full equipment models is available
in Laughman et al. (2018).

These component models were used to assemble a
VRF system model with a separate evaporator lo-
cated in each indoor space, as illustrated in Figure 5

Figure 6: Construction of DOAS with reheat coil.

and briefly described here. The hot discharge gas
leaving the compressor first condenses to a liquid as it
travels through an outdoor heat exchanger, and then
is partially expanded as it passes through a first valve
(LEVM) and into a high-side receiver. Upon leaving
the receiver, it splits into a manifold that connects
to the indoor units. The refrigerant in each branch
then passes through a second smaller expansion valve
which is designed to regulate the amount of cooling
in each zone by metering the refrigerant, and flows
through adiabatic refrigerant pipes that are between
11 and 13 meters long. This refrigerant evaporates
as it passes through each heat exchanger, providing
both sensible and latent cooling to the space, after
which returns to the compressor via a second mani-
fold. Standard tube-fin heat exchangers were used to
construct this cycle, which is described in more detail
in Qiao et al. (2017).

The dynamics of the DOAS system differ from those
of the VRF system because of the presence of the
reheat coil, as shown in Figure 6. This system effec-
tively splits the refrigerant condensing area between
the outdoor HEX and the reheat HEX, so that the
some of the heat rejected by the compressor is used to
efficiently reheat the air entering the occupied space.
Once the refrigerant condenses in the reheat coil, it is
expanded and passes through the cooling coil to the
suction port of the compressor. The presence of this
reheat coil can be very important for DOAS systems
because deep dehumidification with standard vapor
compression cycles will often overcool the discharge
air down to under 10 °C to achieve the desired hu-
midity ratio. By using the reheat coil, the ventilation
air delivered to the space can be maintained much
closer to the room temperature while simultaneously
removing the moisture introduced by the ambient air.

The importance of understanding and managing the
coupled system dynamics can be seen by considering
a scenario with a moderate room temperature of 24.2
°C and a relatively high relative humidity (75%) for
the ground floor zone in which the compressor fre-
quency of the VRF system is increased by 10 Hz at
a point in time, as illustrated in Figure 7. While the
intuitive expectation for this scenario would be that
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Figure 7: Ground floor zone temperature transient
after 10 Hz step in compressor speed.

the room temperature for this zone, seen in the up-
per figure, would immediately start to decrease after
the increase in compressor speed, the room temper-
ature actually increased for a period of time before
eventually decreasing. This phenomena, known as a
non-minimum phase response, has significant ramifi-
cations for the design of the control system that will
be described in the following section.

The source of this response can be understood by sep-
arately considering the latent and sensible coil capac-
ities shown in the lower plot of Figure 7. Immediately
after the change in the compressor frequency, we can
see that the magnitude of the latent cooling capac-
ity increases, but that the magnitude of the sensible
cooling capacity decreases; this drop in the sensible
capacity causes the temporary rise in room tempera-
ture.

The cause of these different capacity dynamics can
be further understood by considering the plots of the
flow quality x and the saturation temperature Tsat,
shown in Figure 8 for a number of distinct volumes in
the corresponding indoor heat exchanger; the index
number of these volumes increase from the refriger-
ant pipe inlet to the outlet. The bottom plot of this
figure shows that the saturation temperature in all
of the volumes decreases, as would be expected with
the increase in the compressor speed. This saturation
temperature is the refrigerant temperature over the
portion of the HEX that has evaporating flow, imply-
ing that the 2-phase portion of the coil will quickly
get colder.

The upper portion of this figure, illustrating the flow
qualities that indicate the liquid/vapor fraction of
refrigerant in the 2-phase region, tells a somewhat
complimentary story, however. The rapid increase
in the refrigerant qualities after the increase in com-
pressor speed suggests that part of the HEX begins
to dry out, so that the effective sensible heat ca-
pacity of the two-phase region is momentarily re-
duced, before gradually recovering. This can be fur-
ther understood by approximating the capacity of the

Figure 8: Flow qualities and saturation temperatures
for volumes in ground floor zone heat exchanger for
VRF system during compressor step transient.

coil as dominated by the two-phase region, so that
Qsen = UA2φ∆T ; while ∆T increases almost imme-
diately, we see that the area of the two-phase region
A2φ decreases because volumes 7 and 8 dry out, re-
sulting in this non-minimum phase behavior. Over
time, the recovery of volumes 5 and 6 bring the size
of the two-phase region closer to its previous state,
and the total sensible capacity increases because of
the larger temperature difference. These dual obser-
vations explain the transient behavior of the two coil
capacities: the latent capacity increases in magnitude
because the coil gets colder and the system is better
able to dehumidify the air, but the magnitude of the
sensible capacity temporarily decreases because the
length of the two-phase region shrinks.

System Controls

In this section we present a model-based design for
coordinated control of the integrated HVAC system.
Our performance requirements are as follows:

1. Track constant zone temperature set-points with
zero steady-state error, if possible.

2. Track constant ceiling temperature set-points
with zero steady-state error, if possible.

3. Track a constant indoor humidity set-point with
zero steady-state error, if possible.

4. Maintain a positive superheat set-point in all
evaporators.

5. Enforce constraints on all actuators.

6. Allow for separate operation of each piece of
equipment.

Our design results in a separate controller for each
piece of equipment. However, each controller must
be designed taking into account the dynamic inter-
actions with the other two systems and the build-
ing. Requirements 1 and 2 are for human comfort,
which is equally a function of both the air tempera-
ture and mean radiant temperature in office building
conditions. Requirement 4 ensures the system oper-
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ates efficiently, but is also necessary to counter-act
the non-minimum phase response of the VRF system
that was discussed earlier. Each of the actuators has
hard limits to its range of operation, and the control
system must be designed to be robust to these con-
straints. Of course, it must be possible to operate
the VRF, radiant system, and DOAS separately, i.e.,
turn any of them on or off.

We numerically linearize the 919-dimensional Model-
ica model, and though a sequence of modal decom-
positions, Hankel norm truncations and singular per-
turbations, we compute a more manageable reduced-
order model with 30 states that inherits the criti-
cal characteristics of the full-order model. An im-
portant feature of Modelica compilers is that a lin-
earization can be computed, enabling model-based
control design. However, the model libraries e.g.,
Wetter et al. (2014) contain redundant states, such
as alternative state variable representations for flu-
ids, and these result in unobservable modes with zero
eigenvalues in the full-order linearization. These are
removed symbolically prior to the numerical Hankel-
norm truncation. The frequency response of the
resulting reduced-order model is then used to de-
sign the control system configuration and tune val-
ues for its compensators using conventional multi-
variable loop-shaping methods described in Skoges-
tad and Postelthwaite (2005).

For the radiant system, we control the water flow
rate using either a valve or variable speed pump, and
close a feedback loop on the ceiling surface temper-
ature. This is a simple proportional - integral (PI)
design, with a closed-loop bandwidth tuned to be
ωB = 0.001 rad/s, giving a time constant of approxi-
mately 15 min. The DOAS system has two feedback
loops. The evaporator superheat is measured and fed
back through a PI compensator to actuate one of the
electronic expansion valves (EEV). The building rela-
tive humidity is measured and fed back through a PI
compensator to actuate the DOAS compressor fre-
quency. These designs satisfy requirements 2-5, and
allow for a building management system to provide
separate temperature and humidity setpoints for im-
proved human comfort and energy efficiency.

The design for the VRF is more subtle. It is tempt-
ing to close a feedback loop for the VRF compressor
frequency (CF) on the room temperature tracking er-
ror(s). However, the transfer function from CF to the
room temperatures is non-minimum phase, as demon-
strated in the previous section, with a zero located at
z = 0.0015. This will limit the achievable bandwidth
of the controller to ωB < z/2 (see Skogestad and
Postelthwaite (2005)), corresponding to a time con-
stant of 8000 s, or 2 h, which does not meet our re-
quirements and is generally bad practice. If we were
to close a feedback loop on the room temperatures
and increase the feedback gain to achieve a faster re-
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Figure 9: Feedback control architecture.

sponse, the closed-loop system will be unstable if an
EEV saturates, which happens frequently.

We instead adopt the cascade configuration shown in
Figure 9. An inner loop for each EEV is closed on
the evaporator superheat measurements for each in-
door unit, using a PI compensator. An outer loop is
then closed on each room temperature. This design
allows for each zone to achieve a distinct tempera-
ture setpoint, and also enforces constraints on each
EEV using a limiter and anti-windup. The feedback
loop for the compressor frequency is then closed on
an signal defined to be the sum of the room temper-
ature errors plus the minimum evaporator superheat,
weighted by a gain kd. The transfer function from CF
to this signal is non-minimum phase, but the offend-
ing zeros are far into the right-half plane, so that the
feedback gain can be made sufficiently large to ensure
a closed-loop bandwidth on room temperature to be
ωB = 0.001 rad/s, to match the transient response of
the radiant system. Furthermore, the minimum su-
perheat will be driven to a desired set-point, while the
other superheats will assume whatever value is needed
to achieve different zone temperature set-points. The
overall design meets all of our requirements.

The closed-loop response of the linear system to a set-
point change is shown in Figure 10 for constant con-
ditions of 35 °C ambient temperature and 16 W/m2

sensible and 4 W/m2 latent heat gains. The top re-
sponse is due to a -1 °C setpoint change in zone 1
air temperature. All other set-points are held con-
stant. While the zone air temperature changes within
15 min, as designed, the mean radiant temperature
(TRad) changes only -0.2 °C, and on a slower time
constant, because it represents the mean temperature
of the zone constructions, and these are cooled by the
air, which has a slow response. Human comfort is a
function of both air temperature and mean radiant
temperature, equally, in office conditions (ASHRAE,
2017).
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Figure 10: Temperature response of the integrated
system, showing zone air temperature (TRoom), ceil-
ing panel temperature (TCeiling), and zone mean ra-
diant temperature (TRad), for a -1 °C setpoint change
in air temperature (top), and a simultaneous -2 °C
setpoint change in ceiling temperature (bottom).

Because of this slow radiant response, an average hu-
man would therefore experience only about 60% of
the benefit of the set-point change. In the lower plot,
the ceiling set-point is changed by -2 °C simultaneous
with the -1 °C setpoint change in air temperature.
Both respond with the same time constant by design.
As a result, the mean radiant temperature changes
by about -1 °C within 15 min, so the average human
would experience the full -1 °C of setpoint change,
which is what is probably desired. This improved
thermal comfort does not come at a high energy cost;
the total power consumption for the DOAS and multi-
split system is about 82 W lower with the radiant
ceiling control, while the radiant system (under the
assumption of a constant thermal COP of 3) requires
approximately 67 W of additional thermal load and
61 W of additional pumping power. This results in a
net electrical power increase of only about 46 W.

Conclusions & Future Work

Current trends in high-performance buildings will im-
pose new constraints and performance requirements
on HVAC systems that may be best met with the
use of multiple interacting subsystems. Such system
architectures will have significantly improved perfor-
mance if these multivariable dynamics can be shaped
during the system design stage by the use of dynamic
models of equipment and buildings. Future work in-
cludes the extension of the described process to size
multiple interacting HVAC systems in consideration
of both their steady-state performance and their dy-
namic behavior, as well as further improvements of
the simulation speed that address the significant nu-
merical stiffness of these systems.
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Abstract 

This study characterizes the amount (volume) and the 

temperature of the condensates obtained in an Earth-to-

Air Heat Exchanger in Belgium (EAHE) to define if this 

particular biotope is propitious to the development of 

pathogenic microorganisms. Different numerical models 

of an EAHE have been developed and the results 

validated with experimental measurements. The total 

condensate produced in the model of EAHE studied was 

25.22 kg in 2015 and 56.59 kg in 2016. Most of the 

condensation appears during June, July and August. The 

air temperatures at the outlet of the EAHE are quite close 

to the temperature of the condensates produced. These 

temperatures are between 3°C and 23°C, it is very 

conducive to the development of psychrophilic 

microorganisms. 

Introduction 

The EAHE is an old ventilation technique already used in 

Iran in 3000 BCE (Ozgener, 2011; Jomehzadeh, 2017).  

The aim of this study is to characterize the amount 

(volume) and the temperature of the condensates obtained 

in an Earth-to-Air Heat Exchanger or EAHE. We have 

developed different numerical models of EAHE and 

validated them with experimental measurements over a 

period of one year using a time step of one hour. To limit 

the calculation time needed to study the unsteady 3D 

configuration, a pseudo-3D model was used to determine 

the temperature field and the flows exchanged.  

The studied EAHE consists of two horizontally buried 

pipes at an average depth of 1.625 m. The air used in the 

hygienic ventilation of the building is blown through 

these pipes. They allow the preheating of the ventilation 

air in winter and the passive cooling in summer thanks to 

the thermal capacity of the earth (Bordoloi, 2018). 

However, this technique can decrease the indoor air 

quality by microorganisms in contact with the condensate 

present in the EAHE. The characterization of these 

condensates may define if this particular biotope is 

propitious to the development of pathogenic 

microorganisms, even though the filtration system of 

ventilation seems sufficient to stop a significant part of 

the microorganisms (Déoux, 2011; Barbat, 2012). 

The EAHE models often neglect latent heat transfer. 

These are negligible when the interest consists in the 

energetic potential of this technique. Our proposed model 

considers these transfers and quantifies them. Many 

studies have analysed the indoor air quality in buildings 

considering its impact on the health and productivity of 

the occupant (Fisk, 2002; Wargocki, 2011). The objective 

was to reduce the ventilation rates to limit the energy 

consumption of the buildings while maintaining air 

quality at acceptable levels. The most studied pollutants 

are radon, physical agents (PM2.5, PM10, moisture 

content) and chemical agents (VOCs, PAHs, CO2, etc.). 

The biological agents are not considered because these are 

difficult to analyse. Without considering biological 

pollutants, an EAHE normally installed to ensure 

ventilation flows, improves indoor air quality. The present 

study focuses on the health risk associated with this 

EAHE. 

Experimental setup and results 

Installation studied 

The installation is located on the site of the Technical 

Campus of the ‘Haute École en Hainaut’ (HEH) in Mons, 

Belgium. Its scheme is given in Figure 1. 

The EAHE is made of HDPE (High Density 

Polyethylene) and consists in a suction element associated 

with a vertical shaft with a diameter of 375 mm which 

sinks into the ground to a depth of 1.25 m. It is then 

divided into two pipes each having an inside diameter of 

140 mm and forming an angle to ensure a distance of 1 m 

between them and thus to prevent one pipe from 

influencing the temperature of the soil around the second 

pipe. A slope of 3% ensures the evacuation of the 

condensates. 

Given the EAHE layout, the pipes form a 90° angle before 

joining into a vertical output EAHE having a depth of 2 

m, a diameter of 375 mm and in which the condensates 

are removed using a pump. Once the air comes out of this 

vertical shaft, it enters the building’s crawl space through 

a fully insulated pipe (to reduce the heat losses) and is 

then sucked by a controlled mechanical ventilation system 

with heat recovery, which pulses this air in a control room. 

It should be noted that the depth of the installation is not 

optimal. The EAHE is expected to have an average depth 

of about 2.25 m, while the installation was conducted at 

an average depth of 1.625 m. The soil temperature 

therefore varies more during the year and the potential for 

cooling in summer and preheating in winter is reduced. It 

is the presence of the water table that has imposed the 

limitation of the depth of the EAHE, because although the 

water and the radon tightness of this one is ensured by 
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heat-shrink sleeves, it was technically difficult to dig 

below the level of the water table. The presence of the 

latter nevertheless has a positive effect, as it promotes the 

exchanges between the EAHE and the soil. 

Air circulation in the EAHE is provided by a mechanical 

ventilation system located therein. The thermal losses of 

the fans have no impact on the air’s outlet temperatures of 

the EAHE. The air flow circulating in the EAHE is 250 

m³.h-1, so we consider that an air flow of 125 m³.h-1 

circulates inside each pipe. 

Measurement system 

The installation represented on Figure 1 is equipped with 

waterproof and shielded thermocouples to prevent any 

measurement error due to the condensation on the 

thermocouple. More details on thermocouples are 

included in conference paper (Chardome, 2018). It is 

possible to measure the temperature of the ground, of the 

outside air, in different places of the EAHE and obviously 

at the exit of the EAHE itself. 

A thermocouple of type ‘T’ is composed of copper and 

constantan (copper and nickel alloy). Its accuracy is very 

important, and the absolute error is of the order of 0.1°C.  

Type of soil studied 

Given the completion of a geotechnical campaign, due to 

the works related to the pipeline of a nearby river, the 

depth of the water table and the soil composition at the 

EAHE level are known (INISMa, 2011) although it is 

composed of backfill for historical reasons. 

The water table is at a depth of 2.5 m and the nature of the 

soil is a non-plastic brown sandy-stony backfill type 

whose characteristics, represented on the Table 1, are as 

follows: 

Table 1: Physical characteristics of the soil. 

c ρ k ε 

J.kg-1.K-1 kg.m-3 W.m-1.K-1  

1000 1800 0,58 0,95 

Experimental results 

Every 15 minutes, the measuring system records the 

outside temperature, the soil temperature at 2 m depth, the 

temperatures in each pipe every 5 m and the temperature 

at the output of the EAHE. To limit the simulation data, 

an average of the measurements has been made to get 

hourly values. 

 

Figure 1 Scheme of the monitored installation and location of the thermocouples

The EAHE is monitored since June 2014 and the 

simulations are made for the years 2015 and 2016. In 

order to limit the impact of the choice of the initial values 

in the numerical models, for year 2015 on Figure 2, the 

readings start on 01 December 2014 at 01:00 am, which 

corresponds to the time - 743. January 01, 2015 at 00: 00 

h is taken as a reference at 0 o’clock and January 01, 2016 

at 00: 00 o’clock corresponds to the time 8760. For 2016 

on Figure 3, the readings start on 01 December 2015 at 

01:00 am, which corresponds to the time - 743. January 

01, 2016 at 00: 00 h is taken as a reference at 0 o’clock 
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and January 01, 2017 at 00: 00 o’clock corresponds to the 

time 8784 because it is a leap year. 

 

Figure 2: Soil temperature measured at 2m depth and 

EAHE inlet and outlet temperatures during the period 

from 01/12/2014 to 01/01/2016. 

 

Figure 3: Soil temperature measured at 2m depth and 

EAHE inlet and outlet temperatures during the period 

from 01/12/2015 to 01/01/2017. 

EAHE models 

There are different models of EAHE in the literature. 

Some analytical or numerical models have been validated 

by experimental measurements (Kaushal, 2017). Other 

models have been developed to define simple sizing rules 

(Hollmuler, 2002) which defines thumb rules for defining 

the damping of the daily or annual oscillation. 

The models studied here were realized using the 

COMSOL Multiphysics and MATLAB software. The 

COMSOL Multiphysics software is used to realize 

numercial’s simulations with the finite element method. It 

has several basic physical interfaces that can be combined 

to solve Multiphysics’s problems.  

The mesh can be defined manually, automatically or 

semi-automatically and several methods are available. 

3D numerical model developed 

To facilitate simulations, simplifying assumptions have 

been made. The first is to neglect the vertical parts of 

EAHE because the heat exchange is low given the large 

internal diameter and low air speeds. The second is to 

consider the well as straight and not to consider the 

elbows. 

To validate these simplifying hypotheses, two 3D models 

have been realized, Figure 4. A first complete model does 

not consider the simplifying assumptions and a second 

model to consider them. 

    

Figure 4: Full-scale 3D model and simplified 3D model. 

The temperature of the soil matrix was defined as being 

equal to the soil temperature at a depth of 2m on 

December 1, 2014 or 2015, date of the beginning of 

simulation. It is therefore 15.2 °C (year 2015) and 14 °C 

(year 2016). 

At the interface between the ground and the external 

environment, the energy conservation is expressed in the 

form: 

�⃗� ∙ (𝑘 ∙ �⃗� 𝑇) = 𝜑 + ℎ𝑠𝑢𝑟𝑓𝑎𝑐𝑒(𝑇𝑒𝑥𝑡 − 𝑇) + 𝜀𝜎(𝑇𝑎𝑚𝑏
4 − 𝑇4) (1) 

To simplify the model, the temperature Tamb is assimilated 

to the temperature Text. Along the water table, the 

Dirichlet condition is considered. The imposed 

temperature has been defined as the arithmetic mean of 

the outside temperatures. In 2015, it was 12.5 °C and in 

2016, it was 11.9°C. To the simplified model, a symmetry 

condition is used to limit the simulation at one pipe. The 

inside of the tube is modelled by the physics ‘heat transfer 

in pipes’ which considers an internal film resistance 

characterized by a Nusselt number of 3.66 (calculation of 

the viscous boundary layer) for the circular sections and a 

conductive heat transfer within the material of the pipe. 

The thickness of the pipe is 1 mm and its conductivity (k) 

is 0.49 W. m-1. K-1. 

Pseudo-3D numerical model developed 

In the pseudo-3D model, the EAHE is discretized over its 

length in different parts called sections (Tittelein, 2008). 

The heat transfer between the soil and the interior air of 

the EAHE is considered uniform within the section and is 

calculated in the normal plane to the tube (2D inlet of the 

section).  

For a simplified approach of the temperature field in the 

soil, a pure conductive model is acceptable. 

After having analysed both 3D models, we have shown 

that the vertical parts of the EAHE, with a large internal 

diameter of 375 mm, have a very limited impact on the 

global heat transfer. So, they are not integrated in the 

pseudo-3D model 

The initial condition is identical to the one of the 3D 

models. 

The boundary conditions of the pseudo-3D model are 

identical to those of the 3D models except for the inside 

of the pipe. For this boundary, at first, only convective 

heat transfer has been considered. This corresponds to a 

Fourier condition. In a second time, the phenomenon of 

condensation is taken into account and a Neumann 

condition will be added. The energy balance on this 

boundary is then expressed as follows: 
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�⃗� ∙ (𝑘 ∙ �⃗� 𝑇) = ℎ𝑡𝑢𝑏𝑒
𝑐𝑎

𝑐𝐻
(𝑇𝑎𝑖𝑟 − 𝑇𝑤𝑎𝑙𝑙)⏟              

𝐹𝑜𝑢𝑟𝑖𝑒𝑟 𝑐𝑜𝑛𝑑𝑖𝑡𝑖𝑜𝑛

+ 𝜑0⏟
𝑁𝑒𝑢𝑚𝑎𝑛𝑛 
𝑐𝑜𝑛𝑑𝑖𝑡𝑖𝑜𝑛

 (2) 

We take an average value Twall,m to evaluate the mean heat 

transfer coefficient. Knowing the air temperature and its 

speed, the mean wall temperature, we evaluate Re, Pr and 

Nu numbers to determine the convective heat transfer 

coefficient between the air located in the section and the 

inner wall of the pipe. 

f and Nu have been calculated with the Gnielinski’s 

formula, (Mills, 1992): 

𝑓 = (0,790 ∙ 𝑙𝑛 𝑅𝑒 − 1,64)−2                (3) 

 𝑓𝑜𝑟 𝑠𝑚𝑜𝑜𝑡ℎ 𝑡𝑢𝑏𝑒 

            𝑁𝑢 =
𝑓

8
∙(𝑅𝑒−1000)∙𝑃𝑟

1+12,7∙(
𝑓

8
)

1
2
∙(𝑃𝑟

2
3−1)

                           (4) 

 𝑓𝑜𝑟 [
0,5 < 𝑃𝑟 < 2000

2300 < 𝑅𝑒 < 5. 106
] 

To determine if there is condensation, the x of air entering 

the section is compared to the xsat for the Twall,m at each 

time step. If x is greater than xsat, there is condensation 

and φ0 must be determined. 

𝜑0 =
ℎ𝑡𝑢𝑏𝑒

𝑐𝐻
∙ (𝑐𝑣 ∙ (𝑥 ∙ 𝑇𝑎𝑖𝑟 − 𝑥𝑠𝑎𝑡(𝑇𝑤𝑎𝑙𝑙,𝑚) ∙ 𝑇𝑤𝑎𝑙𝑙,𝑚) +

𝐿𝑐 ∙ (𝑥 − 𝑥𝑠𝑎𝑡(𝑇𝑤𝑎𝑙𝑙,𝑚)))                (5) 

The integration along the tube for the pseudo-3D model 

with condensation is solved with the algorithm 

represented on Figure 5. 

 

 

 

Figure 5: Algorithm for solving the unsteady pseudo-3D problem considering the condensation. 
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Results and discussion 

Based on the average of the absolute errors, 𝜖𝑎 is 

calculated according to the formula: 

𝜖𝑎 =
∑ |Tmeasured i−Tsimulated i|
8760 or 8784
i=1

8760 or 8784
         (6) 

The result obtained for the pseudo-3D model integrating 

condensation is an absolute error of 0.72 K (2015) and 

0.96 K (2016). The quantity of condensates produced is 

25.22 kg (2015) and 56.59 kg (2016) illustrated in Figure 

6. 

 

Figure 6: Quantity of condensates produced in one of the two tubes – results of the pseudo-3D model. 

Considering the condensation does not significantly 

impact the results of the simulations. This is due to the 

small amounts of condensate produced and the difference 

in production is related to the higher air humidity in 2016.  

Peaks of production occur during particularly hot and 

humid stormy days like in June 2016. 

In Figures 2 and 3, we can see that the outlet temperatures 

of the EAHE are between 3 and 23 ° C, the condensates 

being at similar temperatures, the risk of development of 

microorganisms is present. We can also see the positive 

effect of the well on the preheating and cooling of the 

hygienic ventilation air. 

Considering that it is necessary to heat if the outside 

temperature is below 18 °C and to cool if the outside 

temperature is higher than 22 °C, the energy savings can 

be calculated according to the formulas: 

𝐻𝑒𝑎𝑡𝑖𝑛𝑔 𝑒𝑛𝑒𝑟𝑔𝑦 𝑠𝑎𝑣𝑒𝑑 ∶ 

𝑄 = ∑ 𝑞𝑎𝑖𝑟 ∙ 𝑐𝑎𝑖𝑟 ∙ (𝑇𝑎𝑖𝑟,𝑜𝑢𝑡 − 𝑇𝑎𝑖𝑟,𝑖𝑛)𝑇𝑎𝑖𝑟,𝑖𝑛<18°𝐶
∙ ∆𝑡  (7) 

𝐶𝑜𝑜𝑙𝑖𝑛𝑔 𝑒𝑛𝑒𝑟𝑔𝑦 𝑠𝑎𝑣𝑒𝑑 ∶ 

𝑄 = ∑ 𝑞𝑎𝑖𝑟 ∙ 𝑐𝑎𝑖𝑟 ∙ (𝑇𝑎𝑖𝑟,𝑖𝑛 − 𝑇𝑎𝑖𝑟,𝑜𝑢𝑡) ∙ ∆𝑡𝑇𝑎𝑖𝑟,𝑖𝑛>22°𝐶
   (8) 

The heat gain for 2015 is 1655 kWh and 1822 kWh for 

2016. The heat loss is 146 kWh for 2015 and 190 kWh for 

2016. 

Indoor Air Quality 

All buildings with human activity must be ventilated to 

guarantee the indoor air quality. To ensure this ventilation 

and to allow the preheating of the air or its cooling, an 

EAHE can be installed (Leo Samuel, 2017). 

It is therefore legitimate to wonder if the fact of passing 

the air necessary for this ventilation through a buried pipe 

is not likely to increase the presence of pollutants or, to 

reveal other that would have developed within the pipe. 

EAHE has minimal impact on the air humidity entering 

the building. It slightly decreases the absolute humidity of 

the air in the summer period given the condensation of 

moisture contained in the air within the pipe and just 

slightly increases the absolute humidity of the air after the 

summer period. In fact, the condensates produced in the 

summer period agglomerate in the pipe in liquid form but 

after this period, they evaporate. 

Radon is a radioactive gas formed by Uranium 238 

naturally present in the soil and rocks. To avoid 

contamination, an EAHE must be perfectly sealed and the 

air inlet must be at least one metre above the ground. 

The air intake of EAHE must also be located outside any 

source of pollution and the pipe material must be 

completely inert to avoid contamination of the air with 

physical agents (PM) or chemical agents (VOCs, CO2, 

etc.). 

Pollution from biological agents is more difficult to avoid. 

Pollutants of biological origin can be divided into several 

categories: pollen, moulds with their mycotoxins and 

bacteria with their toxins. They are responsible for three 

negative impacts on health: 

• Infectious effect: diseases caused by the intrusion of 

moulds or bacteria into the body; 

• The toxic effect: adverse effects on the body caused 

by the physicochemical properties of moulds and 

bacteria; 

• The allergenic effect: it can be caused by moulds, 

bacteria and pollen. 

Biological agents can contaminate the ventilation air by 

being present at the air intake but also by developing 

within the pipe, especially in liquid condensates. 

The filtration system has an effective role against mould 

but can also be a place conducive to their development 

(Déoux, 2011). For the bacterial load, some 
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microorganisms that were not present in the outside air, 

were found at the exit of EAHE which proves that a 

development of microorganisms therefore takes place 

well within the pipe. Maintenance and regular 

replacement of the filtration system is therefore 

necessary, as well as cleaning of the pipe at the end of the 

summer period. 

Measurement campaign  

The EAHE studied was also analysed from a biological 

point of view using a specialized institution, Hainaut 

Vigilance Sanitaire, located in Mons, Belgium (Jellad, 

2011). 

Samples took place on several dates in 2011 and under 

very specific conditions shown on Table 2. 

Table 2: Month and conditions of the campaigns. 

 Month 

 

T in 

EAHE 

[°C] 

RH in 

EAHE 

[%] 

T out 

EAHE 

[°C] 

Campaign 1 March 7 39 9 

Campaign 2 April 23.7 27 11.9 

Campaign 3 May 21 40 16.5 

Each sampling campaign is done in three different places: 

• at the air intake of the EAHE to serve as a reference 

for the content in the outside air – Site 1; 

• in a chamber located at the exit of the EAHE but 

before entering the mechanical ventilation filtration 

system – Site 2; 

• After passing through the filtration system of 

mechanical ventilation – Site 3. 

To ensure the proper production of the culture medium, a 

blank culture medium, not exposed (NE) to the air was 

also studied.  

Two devices were used for sampling the air. First, the aero 

bio collector ‘Air Ideal’ that quantifies the presence of 

bacteria, yeasts and moulds and sucks 80 liters of air per 

measurement. Secondly, the RCS® High Flow quantifies 

the presence of yeast and mould and sucks 100 liters of 

air per measurement. 

 

Figure 7: Results of campaign measures with the aero 

bio collector ‘Air Ideal’. 

The measurements illustrated in Figure 7 are expressed in 

total germs, ie all the microorganisms present in the 

volume of air sampled. The unit is the ‘MPN Col./m³’ 

which represents the most probable number of germs 

collected per m³. These samples show the presence of 

yeasts, bacteria and moulds. Since no yeast and few 

bacteria have been detected, this means that the results 

almost exclusively apply to the amount of mould present. 

Since the campaigns 1 and 2 were carried out outside the 

period of appearance of the condensates in the pipe, the 

results did not show a significant increase in the microbial 

load. By contrast, campaign 3 showed a significant 

increase in the microbial load, mainly of the mould type 

at the outlet of the pipes before passing through the 

filtration system. 

To complete this study, two measurement campaigns with 

microbiological metagenomic analyse are planned for the 

installation. 

Conclusion 

A pseudo-3D numerical model considered the 

condensation phenomena in EAHE could be established 

and validated by comparing the results of the simulations 

with the experimental data. To limit the calculation time, 

simplifying hypotheses have been defined and verified by 

comparing the results of the pseudo-3D numerical model 

to complete or simplified 3D models. 

The potential for preheating and cooling the air of EAHE 

could be analysed and energy savings quantified over two 

years, showing the interest of this technique. 

The presence of a well-designed and maintained EAHE 

does not represent a risk to human health, but 

microorganisms can grow there. Although the filtration 

system seems sufficient to eliminate the risk associated 

with these microorganisms, a filter failure cannot be ruled 

out, which is why a more in-depth study of the 

microorganisms developing in the pipe is underway. 

Nomenclature 

c specific heat capacity, J.kg-1.K-1 

ρ density, kg.m-3 

k thermal conductivity, W.m-1.K-1 

ε emissivity 

T temperature, °C 

φ heat flux, W.m-2 

h convective heat transfer coefficient, W.m-2.K-1 

σ Stefan–Boltzmann constant, 5,67.10-8 W.m-2.K-4 

ca specific heat capacity of dry air, J.kg-1.K-1 

cH specific heat capacity of moist air, J.kg-1.K-1 

Re Reynolds number 

Pr Prandtl number 

Nu Nusselt number 

f friction factor 

cv specific heat capacity of water vapor, J.kg-1.K-1 

x humidity ratio, kg
water

.kg
dry air

-1
 

xsat saturation humidity ratio, kg
water

.kg
dry air

-1
 

Lc latent heat of condensation, J.kg-1 

Φ  heat flow, W 

________________________________________________________________________________________________ 

________________________________________________________________________________________________ 
Proceedings of the 16th IBPSA Conference 
Rome, Italy, Sept. 2-4, 2019

 
1969

 

 
  



S  surface, m² 

q  mass flow, kg.s-1 

ea absolute error on temperature, K 

RH relative humidity 

Q energy, J 

∆t time step, s   
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Abstract 
Termonet is a new concept based on the use of 
individually adjustable and collectively managed ground 
source heat pumps, connected to a thermal grid with non-
insulated piping supplying heating/cooling demand of 
households located far from existing district heating grid 
(GeoDrilling, 2017; Pellegrini and Bianchini, 2018). 
Production and consumption profiles from Termonet 
dynamic simulations using an object-oriented modelling 
approach are compared to insulated ground source and 
district heating networks with extra-small consumer 
density encountered at test sites in Denmark. The 
hypothesis of the reduced production requirements in 
Termonet is tested and the identified pros and cons 
indicate the direction for small-scale thermal grid 
development with emphasis on efficiency and control. 
Introduction 
The heating and cooling in buildings and industry 
accounts for half of the EU energy consumption 
(European Commission, 2016) and global energy demand 
constitute a significant factor in international economy 
and ecology. This makes efficiency and sustainability 
decisive criteria of modern energy system design. 
Conventional central heating systems were traditionally 
limited in both criteria and had to be modified to include 
waste heat management (Persson and Münster, 2016), 
cogeneration (Colmenar-Santos, 2016), low-temperature 
applications (Averfalk and Werner, 2018) and grid 
balancing in heating and cooling markets (Ito et al., 2017). 
Resulting decentralized district heating and cooling 
systems have already proved their effectiveness in some 
EU countries like Denmark and Sweden aggregating heat 
loads to progressively optimise the energy supply and 
switch to more sustainable fuels (Fernandez, Roger-
Lacan, Gahrs and Aumaitre, 2016). The use of ICT 
technologies gradually turns District Heating networks 
into thermal analogues of Smart Electricity Grid, also 
referred to as 4th generation District Heating (4GDH) and 
described by Lund et al. (2014) and Lund et al. (2018). 
Until recently, the benefits of this development were 
primarily enjoyed by cities and other settlements located 
near district heating transmission/distribution grids. 
However, the emerging technologies create options to 
include regions with low consumer densities in 4GDH, 
which was not possible for 3GDH. Importantly, heat 
pumps are likely to substitute most of oil and gas boilers 

in Smart Grid (Nørregaard, Foged, and Olesen, 2015; 
Vermeulen and Willemse, 2016; Fischer and Madani, 
2017) due to environmental and economic reasons. In this 
relation, the small- and medium- size heat pumps can be 
used to make distant regions independent from 
central/district heating and local solutions, which are not 
in line with the Sustainable Development (Sachs, 2015). 
The ground source heat pumps are especially attractive in 
this respect due to 
• high efficiency, including stable performance at low 

temperatures and changing environmental 
conditions, 

• freely available ground energy pumped with 
moderate amount of electrical energy,  

• that it enables electrification of the Danish heating 
sector promoting the integration of wind and solar 
power, 

• potential for balancing production and demand,  
• independence from central or district heating.  
The last fact is especially important for rural 
communities, because it provides a way for them to be 
included in the overall progress and give opportunity to 
establish their own heating and cooling economy. On the 
way to energy independence for separate rural 
settlements, multiple research projects are launched 
around the world involving, apart from heat pumps, 
electrical vehicles, smart controllers and sustainable 
economy schemes (Aarup et al., 2014). In particular, the 
important concept called Termonet (GeoDrilling, 2019) 
emerged in Denmark to describe ground source heating 
networks, which will allow small cities to satisfy their 
own needs in heating and cooling by arranging 
sustainable energy parks owned by the inhabitants in line 
with 4GDH and Smart Grid principles. In this paper, we 
describe the Termonet concept, create a model of 
Termonet test site and compare energy production, 
distribution and consumption in Termonet to those in 
insulated small- and large-scale district heating networks. 
Termonet concept 
Conventional district heating relies on the Economy-of-
Scope (Frederiksen and Werner, 2013) relating to district 
heating’s fundamental idea to use local fuel or heat 
resources, that otherwise would be wasted, to satisfy local 
customer demands for heating. Consequently, certain 
district heating sectors depend on large-scale electricity 
production to either run the industries, which produce 
excess heat, or to pump geothermal energy. 
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In near future, local sustainable electricity production can 
become a reality. In this case, the ground source heat 
pumps have a strong chance to become the primary 
resource for space heating and hot water preparation in 
small districts below 100 households with underfloor heat 
exchanger (UFH) as a potential emitter. Termonet as a 
concept generalizes and explores thermodynamic and 
economic characteristics of these small districts for 
creating a sustainable and efficient infrastructure with 
integrated ICT solutions and price-based control of 
storage and consumption. This will allow to go beyond 
the Economy-of-Scope in traditional district heating and 
supply low-density areas with high efficiency heat, owing 
to different approach to storage, transport and recovery of 
energy in non-insulated horizontal piping. 
The Termonet concept is based on five ideas: 
1. completely cover heat demand of a district by a 

vertical borefield 
2. reduce investment cost by using non-insulated pipes 

for distribution/transmission  
3. optimize low-temperature supply to benefit from the 

uninsulated horizontal pipes used as a heat source 
4. use seasonal storage to cover both heating and 

cooling demands (including underground water)  
5. use model-based control to minimize the price and 

borefield depletion (optional) 
The Termonet modeling is important for design 
optimization and potentially, for model-based control. 
The latter should rely on a fast and robust dynamic model, 
which is able to simulate the network status in real time 
and be integrated with ICT software and hardware. 
Dymola is a suitable framework to create and simulate 
such models, whereas the model-based control can be 
implemented using a Functional Mockup Interface. 
The hypothesis for this paper is, however, related to points 
1, 2 and 3 and is formulated as follows: heat gains from 
the uninsulated horizontal pipes can reduce the total 
yearly heat loss in distribution pipes and, as a result, 
decrease the borefield production and depletion; this will 
give Termonet advantage over the insulated and district 
heating networks in regions without district heating. This 
hypothesis will be tested on Termonet test site model 
described below. 
Termonet test site 
The distribution network, simulated here, supplies energy 
demands of the two residential buildings located at the test 
site in Southern Denmark, by transporting the heated fluid 
from three borehole heat exchangers (BX) to the cold side 
of a heat pump located inside each building. The two 
buildings are assumed identical in simulations, because 
detailed information for only one of them is available. The 
soil and borehole properties are taken from the thermal 
response test (TRT) conducted in the area and the 
description of pipe interaction with the soil is based on the 
same data. The model of the heat pump was calibrated 
using genetic algorithm (GA), where parameters were 
estimated from data collected at the test site in 2017. All 
the test site data including TRT and sensor measurements 
was provided by company GeoDrilling (GeoDrilling, 
2019).  

Methods 
The following object-oriented models are created and 
simulated in Modelica language-based software Dymola 
to compare Termonet to insulated ground source and 
district heating networks: 
1. Termonet: model with a single-consumer with a non-

insulated pipe (conductance 2.8 W/(m2 K)) 
representing distribution network and a borehole 
representing heat production, 

2. Insulated pipe network: the copy of a single-
consumer Termonet model with decreased pipe 
conductance, 0.032 W/(m2 K), 

3. District heating network with a heat pump: Copy of 
model 2, where the production is changed from 
borehole to an ideal heater with fixed temperature 
outlet of 70 ℃, 

4. District heating network with prescribed 
consumption: copy of model 3 with a heat pump 
substituted by an ideal heater with controlled load, 

5. Termonet: two boreholes, two consumers and two 
non-insulated pipes all copied from model 1. 

As a basis for these models, Termonet package was 
developed by reusing components from IDEAS, 
Buildings, and Standard Modelica Libraries (Modelica 
Association, 2019). 
Termonet with a single consumer 
The model of the single-consumer Termonet is shown in 
Figure 1. At the highest level, the double-U borehole 
component borehole based on the line-source model 
developed by Bauer et al. (2011) has been taken from 
IDEAS Library. The weather datablock weaDat 
supplying the ambient temperature values to the building 
termonetUnitValidated on the right of the figure 
and buried pipe buriedpipe in the center of the figure 
is taken from the Buildings library and was used with 
mos-file containing Copenhagen weather conditions 
throughout 2017.  

 
Figure 1: Model of the single-consumer Termonet. 

Figure 2 shows the implementation of the Termonet 
consumer component with two hydronic loops. The lower 
(ground) loop is connected to the evaporator of the Carnot 
heat pump heaPum from IDEAS library and the upper 
(UFH) loop is connected to its condenser. The heated 
water is run by a mass flow-controlled pump pu2 from 
the condenser to the UFH represented by a radiant slab 
sla taken from Buildings library. The slab consists of 5 
layers, where the water pipe is imbedded between the 
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second (scrid) layer and third (Nexxa panel) layer. The 
heat extracted from the water is emitted to the building’s 
thermal mass, which exchanges heat with the ambient 
through the total wall resistance. In the lower loop, the 
speed-controlled heat pump fan runs 20% ethanol glycol 
through the borehole heat exchanger located outside the 
building. Both pumps and the heat pump are PID-
controlled based on the room temperature set point.  

 
Figure 2: Model of the Termonet consumer. 

   
Figure 3: Model of the Termonet sensor 

The borehole and consumer in Figure 1 are connected to 
the Termonet fluid sensors F1 and F2, which measure the 
energy transferred in the flow from the left pair of fluid 
connectors in the Figure 1 to the right pair of fluid 
connectors during the time passed from the simulation 
start. The implementation of the sensor is shown in Figure 
3. Additional to energy, the sensors measure fluid 
temperatures, mass and volume flow rates, flow velocity 
in the supply and return pipes and the transferred power. 
To calculate energy, enthalpies of flows in the supplied 

and the return pipes are measured and subtracted to find 
the transferred power, which is subsequently integrated 
from 0 s to current simulation time. 
Figure 4 shows the implementation of the Termonet 
distribution pipeline based on the pipe models from 
Buildings library located in the center of the figure with 
energy and mass balances implemented using finite 
volume discretization. Each pipe is influenced by 
changing ambient temperature boundary condition 
supplied through the top blue information connector into 
the ground layer. The latter is modelled as single heat 
capacitor and two thermal resistors and is coupled to the 
pipe wall through its heat port. Through the same heat 
connectors, each of the pipes is coupled to the ground 
elements below them (the seasonal zone extending down 
to 30 m in depth). Both of the ground elements are 
connected to the fixed temperature boundary condition 
(7.7℃) in the bottom of the model representing the 
undisturbed ground layer (below 30 m). The round heat 
flow sensors measure the power lost by each of the pipes 
via two channels: to the ambient and to the undisturbed 
ground. These heat flows are summed to give the power 
lost in the pipes, which is then integrated from 0 to current 
simulation time to calculate the lost energy. The model 2 
of the insulated network is identical with the described 
Termonet model and differs only in pipe insulation 
conductivity value. 

 
Figure 4: Termonet distribution/transmission model. 

District heating with a single consumer 
The model 3 of the single-consumer district heating 
network with individual heat pumps installed at the 
consumer side is shown in Figure 5. The only change 
compared to Termonet is an ideal heater from IDEAS 
library with fixed temperature outlet of 70 ℃ prescribed 
through information connector.  
Figure 5 may also represent model 4 of the single-
consumer district heating network with prescribed 
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consumption, because it is identical on its top level to 
model 3. 

 
Figure 5: Network with prescribed consumption 

 The difference is in the consumer model implementation, 
shown in Figure 6, where the load (consumption) on the 
network is modeled as a pair consisting of an ideal cooler 
and ideal heater. Cooler extracts the fraction of peak 
demand prescribed by PID signal from the district heating 
loop, while the heater supplies the same amount of heat to 
the thermal mass of the building. The peak demand is 
taken from the yearly simulation of model 2 for insulated 
network.  

Figure 6: Consumer with prescribed consumption 
Termonet with two consumers  
In the Termonet model with two consumers both 
boreholes B1 and B2 and consumers H1 and H2 are 
connected in parallel as shown in Figure 7. All 
components are identical with components from a single-
consumer Termonet model, including parameter values, 
shown in Table 1. The Termonet sensors F1, F2, F3, F4 
and F5 are placed between each pair of components to 
monitor energy transfer in different parts of the network. 

 
Figure 7: Termonet model with two consumers 

Table 1: Termonet model parameters. 
Parameter Value Source 
pipe length 50 m Test site/assumed 
pipe depth 1 m Test site 

seasonal depth 30 m TRT 
external pipe 

diameter 
0.05 m Test site 

pipe thickness 0.002 m Test site 
Insulation thickness 0.03 m assumed 

distance between 
UFH pipes  

0.2 m assumed 

UFH 1, timber  18 mm assumed 
UFH 2, screed 30 mm assumed 
UFH 3, Nexxa 31 mm assumed 
UFH 4, screed 50 mm assumed 

UFH 5, concrete 100 mm assumed 
BX height 90 mm TRT 
BX radius 0.089 m TRT 

BX tube diameter 0.032 m TRT 
BX tube thickness 0.0015 m TRT 

shank spacing 0.03 m TRT/assumed 
total floor area 170.9 m2 Test site 

soil conductivity 2.8 W/(m K) TRT 
filling conductivity 2 W/(m K) TRT 
tube conductivity 0.38 W/(m K) TRT 
Pipe insulation 
conductivity 

0.032 W/(m 
K) 

Test site 

Soil specific heat 810 J/(kg K) assumed 
filling specific heat 1000 J/(kg K) TRT/assumed 
pipe specific heat 1850 J/(kg K) Test site 

thermal mass 163 MJ/K Test site/assumed 
soil density 2700 kg/m3 assumed 

filling density 1650 kg/m3 TRT/assumed 
pipe density 958 kg/m3 Test site 

wall resistance 0.117 K/W Test site/assumed 
BX resistance 0.07 K/W TRT 

nominal evaporator 
temperature 

10 ℃ GA 

nominal Condenser 
temperature 

40 ℃ GA 

DH supply 
temperature 

70 ℃ assumed 

Indoor set point 21℃ assumed 
undisturbed ground 7.7 ℃ TRT 

nominal COP 2.5 GA 
borehole fluid 20% ethylene 

glycol 
assumed 

floor pipe PEX_DN_100 Test site 
pumps WiloStratos25

/1:4 
assumed 

nominal compressor 
power 

1500 W GA 

The “assumed” parameters in Table 1 were chosen by 
authors based on ether educated guess or small-scale 
district heating practice (REHAU, 2014; Warmup, 2014).  
Results and discussion 
Termonet compared to insulated network 
Figure 8 shows comparison in yearly variations in heat 
produced by the borehole (black colour, measured in F1) 
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and lost in distribution pipes (red colour, measured in P1) 
for single-consumer Termonet (solid curves) and non-
insulated network models (broken curves). Termonet 
loses more energy in winter and gains more energy in 
summer, than the insulated network (broken lines).  

  
Figure 8: Power produced and lost in Termonet in 2017 
As a result, production increases in Termonet in winter to 
compensate for the increased losses. The adverse effect of 
this is a possible borehole depletion and, therefore, this 
effect can be undesirable. Corresponding energies, plotted 
in Figure 9, have steeper maximums and minimums for 
Termonet, corresponding to the transitions between the 
cold and warm seasons. In winter, the losses and borehole 
production in the Termonet exceeds those in the insulated 
network to more than 500 MJ and 1 GJ, respectively. 
Although for larger times, the difference reduces 
considerably due to summer gains, the differences in 
energies return to around 500 MJ in the end of the year. 
This corresponds to 20% savings on production and 60% 
savings on heat losses when using insulated pipes and 
raises a question whether Termonet can compete with the 
insulated network.  

 
Figure 9: Energy produced and lost in Termonet in 2017 
Apart from this, the increased borehole usage should lead 
to depletion periods, when no heating is possible. This, 
however, is not observed in the test site measurements 
(GeoDrilling, 2019). It is observed that no depletion 

occurs and the yearly heat demand of block of buildings 
is covered without any problems.  

 
Figure 10: Energy demand and consumption in Termonet 
Finally, to ensure that the comparison of production and 
losses is fair, the integrated energy flows on the demand 
side measured in F2 (yellow colour) and in H1 (blue and 
green) are shown in Figure 10 and are observed to have 
close values in both cases. The observed behaviour 
suggests, that the boreholes may be overmentioned, which 
needs further investigation. Here, the yellow curves 
correspond to the heat drawn by the cold side of the heat 
pump from the distribution grid, blue curves to the heat 
supplied by the heat pump to the UFH system and green 
curves to the total electricity consumption of the pumps 
and heat pump. Although the total energies are the same 
with relative error below 1%, there is a difference in 
corresponding power dynamics as can be seen from 
Figure 11, where the same colours denote powers of 
Figure 10 calculated in the specific period between 
February 14 and March 1.  

 
Figure 11: Power demand and consumption (weeks 7-9) 
This delay is explained by the large thermal mass of the 
building and the poor tuning of the PID controller. The 
corresponding indoor temperature oscillates with the 
approximate amplitude of 0.04 K and period of 2 days. 
The thermal power consumed and produced by the heat 
pump in Termonet are close in magnitude to 
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corresponding non-insulated network values exceeding 
them at specific time moments.  
The system COP is calculated as the ratio between the 
heat supplied and the electricity consumed by the heat 
pump and is shown in Figure 12. Both networks have the 
same COP profile, but the magnitude is always larger for 
the insulated case. It can be noticed that same 2-day 
dynamics is produced in the figure. 

 
Figure 12: COP=Heating/Electricity in weeks 7-9 

Termonet compared to district heating network 
Figure 13 shows comparison of Termonet production and 
loss to the insulated district heating network model 
values. In this case, it turns out that the powers in district 
heating network are higher than in Termonet.  

 
Figure 13: Power produced and lost in district heating 

network during 2017 
This is expected, since the district heating economy is 
viable if a large number of consumers is involved and 
become completely unprofitable, if only one consumer is 
considered. For the intermediate case of small number of 
consumers corresponding to small heat density in 
considered area (typically below 20-50 kWh/m2), the 
district heating will likely not be considered feasible due 
to high annual distribution capital cost, which is inversely 
proportional to the linear heat density (Frederiksen and 
Werner, 2013). The average level of losses for district 

heating seen in the figure is above the average level of 
production for Termonet and the district heating 
production is approximately three times larger. The 
corresponding energies, shown in Figure 14, do not go 
through maximums and minimum, but increase almost 
linearly. This results in 88% total savings on production 
and 95% saving on consumption in Termonet compared 
to district heating.  

 
Figure 14: Energy produced and lost in district heating 

network with prescribed demand during 2017 

 
Figure 15: Power demand and consumption in district 
heating network with prescribed demand in weeks 7-9. 

As Figure 15 shows, the dynamics at the consumer side is 
rather simple due to the lack of dynamic devices, like a 
heat pump or heat exchanger, which would produce 
heating at the expense of an increased electrical power 
consumption. The demand is fixed in the model and is 
defined as the fraction of the peak heating power 
calculated for the insulated heating network considered in 
previous section. Correspondingly, the amount of power 
supplied to the building (demand) is equal to the amount 
of power extracted from the distribution grid 
(consumption). In this case, the electrical power is 
consumed only by pumps, which contribution within the 
system is negligible with good approximation. As far as 
the consumer economy is concerned, there will be no 
associated expenses contributing to the cost. The 
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interesting feature of the consumer dynamics compared to 
the insulated ground source network is a larger shift and 
additional broadening of the maximums. The valid 
explanation for this would be that the heat capacities and 
resistances associated with storage and heat exchange in 
the borehole and heat pump are substituted by a fixed-
temperature heater on the production side and prescribed 
demand on the consumption side. The remaining 
contribution to the system’s time constant originates 
solely from the pipe-to-ground and floor-to-construction 
subsystems. 

 
Figure 16: Energy demand and consumption in district 

heating networks in weeks 7-9.  
Although the peak values lie lower for district heating 
than for Termonet, the broadening leads to the situation, 
when the integrated energy demand and consumption is 
larger for district heating network, Figure 16. In the 
Figure, another (third) case is added to comparison, where 
the district heating network is combined with the heat 
pump (model 3, dotted lines). It turns out that the 
integrated values for heat pump-based district heating are 
reduced below the conventional district heating values. 
Termonet with two consumers 
Figure 17 shows simulated energy flows for Termonet 
with two consumers H1 and H2 and two borehole heat 
exchangers B1 and B2 in the configuration shown in 
Figure 7. The parameters of the consumers and boreholes 
are chosen the same to reduce the number of factors which 
may obscure analysis. As a result, the heating power and 
electricity consumption of the heat pumps as well as heat 
extracted from the network have close values for both 
consumers.  However, the second consumer draws less 
heat, which is also manifested in the larger electricity 
consumption. This happens because the heat pump COP 
for the first consumer is slightly higher than for the second 
consumer. 
Due to temperature drop in the loop, the pipe losses 
associated with the second (cooler) pipeline P1 are 
reduced compared to the first (hotter) pipeline P2. The 
amount of heat transferred from the heat pump to the 
building stays approximately the same due to the 
prescribed energy demand in the upper loop and the PID 
controller. 

 
Figure 17: Energy flows in the two-consumer Termonet 

The temperature differences along the pipeline behave as 
expected. Figure 18 shows the temperature drop T3-T2 
along the return pipe in Termonet, where T2 and T3 are 
the temperatures measured by meters F2 and F3, 
respectively, and compares it to that in the insulated 
network. The temperature drop in Termonet exceeds the 
same temperature drop in the insulated network during 
cold periods and goes below that in summer. This stays in 
agreement with the fact that the Termonet pipe mostly 
lose energy to the ground during the winter rather than 
getting it from the ground. 

 
Figure 18: Temperature drop in P1 return  

Conclusion 
This paper has investigated the hypothesis whether the 
Termonet as a non-insulated heating network based on 
ground source heat pump can produce energy benefits for 
the low-density areas as compared to: (a) conventional 
thermal network with insulated distribution pipe and 
ground source heat pump, (b) conventional district 
heating network with constant temperature with 70-
degrees supply and prescribed consumer consumption, (c) 
the same district heating network with installed heat 
pumps. It has been found that the Termonet can provide 
the required thermal comfort in the residential building 
but suffers from highly increased total annual energy 

________________________________________________________________________________________________ 

________________________________________________________________________________________________ 
Proceedings of the 16th IBPSA Conference 
Rome, Italy, Sept. 2-4, 2019

 
1977

 

 
  



 

 

losses and production differing by around 500 MJ from 
those in the insulated network, which does not well agree 
with experiments at the Termonet test sites. In other 
words, the hypothesis of the advantage of non-insulated 
network, such as Termonet, cannot be argued from point 
of view of the presented Modelica model and further 
investigation is necessary to explain the real behaviour. 
However, model gives valid results for the dynamics of 
subsystems and different results are consistent. 
Additionally, it was found, that compared to the district 
heating network, Termonet provides important 
advantages, when considering small districts and low 
population density. Both losses and production in district 
heating system with the same parameters are boosted in 
comparison to Termonet due to higher temperature supply 
maintained in the district heating network. Additionally, 
due to more “flat” dynamics of the network corresponding 
to the absence of the local heat sources with faster 
dynamics, the district heating network was shown to 
provide higher consumed energy on a single household 
level.  
As an outlook, it would be important to track the 
correspondence between the non-insulated (Termonet) 
versus insulated networks and small-scale (Termonet) 
versus large-scale district heating depending on the 
number of consumers and the distance between them. 
Other important questions that were left out of the present 
study are the underground seasonal storage, influence of 
underground water flows, integration of renewable 
electric sources with ground energy. 
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Abstract 

The configuration of the dehumidifier plays an important 

role in the dehumidification performance of the liquid 

desiccant system. In this study, a parametric analysis of 

each geometric parameter on dehumidification 

performance was conducted to investigate the 

dehumidifier configuration for improving the 

dehumidification performance of a cross-flow liquid 

desiccant dehumidifier. To analyze the effects of the 

geometrical parameters (i.e., packing height, length, 

width, and air/solution side aspect ratio) on 

dehumidification performance, the air-desiccant 

contacting area estimation method and a two-dimensional 

heat and mass transfer numerical model was adopted. 

Two performance indices, the dehumidification 

effectiveness and pressure drop, were calculated via a 

series of simulations. Based on the simulation process, 

parametric analysis of each geometrical parameter on 

dehumidification performance were conducted. From the 

parametric analysis conducted using the proposed 

numerical model, it is clear that the solution side mass 

transfer area has a more significant effect on the 

dehumidification performance compared with that of the 

air side. In addition, increasing the packing length 

achieves higher dehumidification effectiveness compared 

with increasing the packing width. Consequently, it may 

be concluded that the cross-flow liquid desiccant 

dehumidifier can have a high dehumidification 

performance comparable to that of the counter-flow 

dehumidifier, achieved by modifying the physical 

dimensions of the packing tower, especially the packing 

length.  

Introduction 

In recent years, the liquid desiccant-based 

dehumidification system has been considered as a 

promising dehumidification technology alternative to the 

conventional vapor compression air conditioning systems 

(Goetzler et al., 2014). Desiccant-based dehumidification 

systems are driven by the vapor pressure difference 

between the process air and the desiccant solution. In 

dehumidification process, the process air flows into the 

dehumidifier tower, while the strong desiccant solution is 

sprayed on the packing media. When the incoming air 

contacts the packing media which is sufficiently wetted 

by the strong desiccant solution, the coupled heat and 

mass transfer process occurs immediately between the 

process air and desiccant solution. 

In a liquid desiccant dehumidifier, the dehumidifier 

configuration has a significant impact on 

dehumidification performance. The flow direction of the 

process air and the desiccant solution (i.e., counter-flow, 

parallel-flow, and cross-flow) is one of the main concerns 

for designing the liquid desiccant dehumidifier. A 

counter-flow is the most widely adopted flow type 

because it has a relatively higher dehumidification ability 

compared with other flow types. However, the carryover 

of the liquid desiccant occurs severely in a counter-flow 

liquid desiccant dehumidifier as the process air takes up 

many droplets of the desiccant solution when the process 

air and desiccant solution flow along the same axis. 

Therefore, the carryover in a counter-flow liquid 

desiccant dehumidifier is considered as a major problem 

affecting indoor air quality (Fu and Liu, 2017). 

Furthermore, the packing height of a counter-flow 

dehumidifier tower could be limited in some building 

applications owing to limitations in available floor height. 

Thus, recent studies have focused on the cross-flow liquid 

desiccant dehumidifiers because they could mitigate some 

problems, such as solution carryover and installation 

difficulties due to limited floor height in building 

applications. 

To compare the dehumidification performance of the 

counter-flow and cross-flow liquid desiccant 

dehumidifiers in equal physical sizes under identical 

operating conditions, a previous study conducted 

experiments in an environmental test chamber (Cho et al., 

2018). From the experiment’s results, it was observed that 

the cross-flow liquid desiccant dehumidifier has a 

relatively stable dehumidification performance regardless 

of the change of operating parameters. However, the 

cross-flow liquid desiccant dehumidifier showed limited 

dehumidification performance at higher inlet air humidity 

ratio compared with that of the counter flow type. 

Therefore, it is necessary to investigate ways to improve 

the dehumidification performance of the cross-flow 

dehumidifier to obtain the comparable to that of the 

counter-flow dehumidifier even in humid conditions. 

The air-desiccant contacting area also plays an important 

role in the dehumidification performance of the liquid 

desiccant dehumidifier (Mei and Dai, 2008). The air-

desiccant contacting area can be enlarged by increasing 

the geometrical parameters of the dehumidifier tower (i.e., 

packing height, length, and width).  
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Consequently, this study carried out a parametric analysis 

of each geometrical parameter on dehumidification 

performance to investigate the dehumidifier configuration 

for performance improvement in a cross-flow liquid 

desiccant dehumidifier. Based on the contacting area 

estimation method addressed in a previous study, the 

effects of the geometrical parameters of a cross-flow 

liquid desiccant dehumidifier on dehumidification 

performance were analyzed via a numerical simulation. A 

series of simulations were conducted by adopting a two-

dimensional heat and mass transfer numerical model 

suggested from previous literature (Liu et al., 2007). 

Based on the simulation process, the parametric analysis 

of the geometrical parameters on the dehumidification 

performance of a cross-flow dehumidifier were conducted. 

The dehumidifier tower configuration for achieving 

dehumidification performance comparable to that of the 

counter-flow liquid desiccant dehumidifier is proposed 

based on the parametric analysis results. 

Simulation overview 

Geometrical parameters for a cross-flow liquid 

desiccant dehumidifier  

In a liquid desiccant dehumidifier, the dehumidification 

process occurs when the process air passes through 

packing media which is sufficiently wetted by the 

desiccant solution. During this process, dehumidification 

performance depends on the air-solution contact area and 

contact time. In a cross-flow dehumidifier, the desiccant 

solution is sprayed from the top of the packing media 

while the process air flows from the side of the packing 

media. This leads to the air side mass transfer area and the 

solution side mass transfer area being different, as shown 

in Figure 1. 

To derive the configuration of a cross-flow liquid 

desiccant dehumidifier for improving the 

dehumidification performance, the effects of the 

geometrical parameters of a liquid desiccant dehumidifier 

on dehumidification performance were analyzed via a 

numerical simulation. In this study, the packing height, 

length, and width were considered as the key geometrical 

parameters. In addition, the aspect ratio of the air side, 

defined as the ratio of the packing width to height (Eq. 1), 

and the aspect ratio of the solution side, defined as the 

ratio of the packing length to width (Eq. 2), were also used 

as geometrical parameters. 

 

 

Figure 1: Schematic of air/solution side of a cross-flow 

liquid desiccant dehumidifier. 

 𝑊𝐻 =
𝑊

𝐻
 (1) 

 LS =
𝐿

𝑊
 (2) 

Calculations of the contacting area  

As shown in Equation 3, the air-desiccant contacting area 

is equal to the dehumidifier volume multiplied by the 

specific surface area per unit volume. The specific surface 

area per unit volume can be estimated using Equation 4−7. 

With Equation 4, the equivalent diameter of a flow 

channel in the packing media can be calculated with the 

given flow channel properties summarized in Table 1 (Al-

Farayedhi et al., 2002). Given the equivalent diameter of 

a flow channel and its sheet thickness, the void fraction 

can be obtained using Equation 5. Then, the total available 

packing surface per unit volume (at) can be calculated 

using Equation 6.  

 𝑎𝑤 = 𝑉 ∙ 𝑎𝑝 (3) 

 𝑑𝑒𝑞 = 𝐵 ∙ 𝑦[
1

2𝑠
+

1

(2𝑠+𝐵)
] (4) 

 𝑒 = 1 −
4𝑡

𝑑𝑒𝑞
 (5) 

 𝑎𝑡 =
4𝑒

𝑑𝑒𝑞
 (6) 

According to a previous study, the heat and mass transfer 

between the air and desiccant solution is relatively more 

dependent on the solution flow rate than on the air flow 

rate (Al-Farayedhi et al., 2002). Therefore, the specific 

surface area can be estimated using Equation 7 when 

given the total available packing surface, and the solution 

superficial velocity which is equal to the solution flow 

rate divided by the solution side cross-sectional area.  

 𝑎𝑝 = 𝑎𝑡[1 − 1.203 ∙ (
𝑣𝑠
2

𝑠∙𝑔
)0.111] (7) 
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Figure 2: Channel geometry of the packing media. 

Table 1: Properties of the packing channel. 

Description Contents 

Flute height (y) [m] 0.007 

Channel base (B) [m] 0.011 

Channel side (s) [m] 0.0077 

Sheet thickness (t) [m] 2.28∙10(-4) 

 Theoretical analysis of dehumidification performance 

of a cross-flow dehumidifier 

Previous studies have developed the numerical models for 

analyzing the dehumidification process in a cross-flow 

liquid desiccant dehumidifier. In this study, the numerical 

model is derived from partial differential equations for het 

and mass balance between process air and desiccant 

solution. In a cross-flow liquid desiccant dehumidifier, 

the heat and mass transfer process in the cross-flow type 

dehumidifier occurs not only in the solution flow 

direction (z-axis), from z = 0 to z = H, but also in the air 

flow direction (x-axis), from x = 0 to x = L. Because the 

process air and desiccant solution conditions, along with 

the dehumidifier width direction (y-axis) are uniform, it is 

assumed that the dehumidification process occurs only on 

the x-z plane as shown in Figure 3. Therefore, the 

differential elements of the x-z plane of the computational 

domain, which is discretized into M × N meshes, can be 

expressed as dx=L/M and dz=H/N. In this study, the 

domain was discretized into 20 nodes in the x- and z- 

directions. Other assumptions are as follows: adiabatic 

dehumidification process, the heat and mass transfer is 

equal to the specific surface area of the packing media, 

constant air flow rate, the heat and mass transfer are 

steady state.  

 

Figure 3: Schematic of heat and mass transfer process in 

a cross-flow dehumidifier (Liu et al., 2007). 

 �̇�𝑎
𝜕ℎ𝑎

𝜕𝑥
∙ 𝐿 +

𝜕(�̇�𝑠ℎ𝑠)

𝜕𝑧
∙ 𝐻 = 0 (8) 

 �̇�𝑎
𝜕𝜔𝑎

𝜕𝑥
∙ 𝐿 +

𝜕�̇�𝑠

𝜕𝑧
∙ 𝐻 = 0 (9) 

 𝑑(�̇�𝑠𝑋𝑠) = 0 (10) 

The overall heat and mass and moisture transfer between 

the air and solution are as follows:  

 
𝜕ℎ𝑎

𝜕𝑥
=

𝑁𝑇𝑈𝑚∙𝐿𝑒

𝐿
[(ℎ𝑎,𝑒𝑞 − ℎ𝑎,𝑖𝑛) + 𝜆𝑇(

1

𝐿𝑒
− 1) × (𝜔𝑎,𝑒𝑞 −

𝜔𝑎,𝑖𝑛)]  (11) 

 
𝜕𝜔𝑎

𝜕𝑥
=

𝑁𝑇𝑈𝑚

𝐿
(𝜔𝑎,𝑒𝑞 − 𝜔𝑎,𝑖𝑛) (12) 

where the number of mass transfer unit (NTUm) and Lewis 

number (Le) are defined in Equations 13 and 14, 

respectively. 

 𝑁𝑇𝑈𝑚 =
ℎ𝑚∙𝑎𝑤

�̇�𝑎
 (13) 

 𝐿𝑒 =
𝛼

𝐷𝑎𝑏
 (14) 

In this study, the mass transfer coefficient is expressed by 

the Sherwood (Sh) number. NTUm can be rewritten in the 

form of the Sh number, as shown in Equation 15: 

 𝑁𝑇𝑈𝑚 = 𝑆ℎ ∙
𝜌𝑎∙𝐷𝑎∙𝑎𝑤

�̇�𝑎∙𝑑𝑒𝑞
 (15) 

Equations 8−12 presented earlier can be solved with the 

boundary conditions, which are given as follows: 
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(𝑇𝑎)𝑧=0 = 𝑇𝑎,𝑖𝑛
(𝜔𝑎)𝑧=0 = 𝜔𝑎,𝑖𝑛
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(�̇�𝑠)𝑥=0 = �̇�𝑠,𝑖𝑛}

 
 

 
 

 (16) 

Consequently, the gradients of the operating parameters: 

air temperature, air humidity ratio, solution temperature, 

solution concentration, and desiccant solution flow rate, 

can be calculated for each module of the cross-flow liquid 

desiccant dehumidifier. 

Dehumidification performance index  

In this study, the dehumidification effectiveness (𝜀𝑑) and 

pressure loss (∆𝑃) were adopted as a performance index 

of the liquid desiccant dehumidifier. The 

dehumidification effectiveness (𝜀𝑑) is defined as the ratio 

of the actual humidity ratio variation of the process air to 

the theoretical maximum humidity ratio variation (Eq. 17).  

 𝜀𝑑 =
𝜔𝑎,𝑖𝑛−𝜔𝑎,𝑜𝑢𝑡

𝜔𝑎,𝑖𝑛−𝜔𝑎,𝑒𝑞
 (17) 

The equilibrium humidity ratio (𝜔𝑎,𝑒𝑞) can be determined 

by using Equation 18 when the saturation vapor pressure 

of the solution (𝑃𝑠) and the atmospheric pressures (𝑃𝑎) are 

known. The saturation vapor pressure of the solution (𝑃𝑠) 
at a given desiccant solution condition can be acquired by 

using the second-order polynomial (Eq. 19) suggested by 

Fumo and Goswami (2002) with the model coefficients 

shown in Table 2. 

 𝜔𝑎,𝑒𝑞 = 0.622
𝑃𝑠

𝑃𝑎−𝑃𝑠
 (18) 

 𝑃𝑠 = (𝛼0 + 𝛼1𝑇𝑠,𝑖𝑛 + 𝛼2𝑇𝑠,𝑖𝑛
 2 ) + (𝛼3 + 𝛼4𝑇𝑠,𝑖𝑛 +

𝛼5𝑇𝑠,𝑖𝑛
 2 )𝑋𝑠,𝑖𝑛 + (𝛼6 + 𝛼7𝑇𝑠,𝑖𝑛 + 𝛼8𝑇𝑠,𝑖𝑛

 2 ) 𝑋𝑠,𝑖𝑛
 2  (19) 

Table 2: Model coefficients for the equation of saturation 

vapor pressure of the solution. 

Model coefficients 

𝜶𝟎 𝜶𝟏 𝜶𝟐 

+4.5821 −0.1592 +0.0073 

𝜶𝟑 𝜶𝟒 𝜶𝟓 

−18.3816 +0.5661 −0.0193 

𝜶𝟔 𝜶𝟕 𝜶𝟖 

+21.3120 −0.6660 +0.0133 

The pressure drop in a packed-bed liquid dehumidifier 

can be calculated by Equations 20 and 21. The constants 

𝐶1, 𝐶2, and 𝐶3 vary with packing type. 

 ∆𝑃 = 0.125𝑓0(
𝜌𝑎𝑉𝑎

2𝑎𝑤

𝜀4.65
) (20) 

 𝑓0 =
𝐶1

𝑅𝑒𝑎
+

𝐶2

𝑅𝑒𝑎
0.5 + 𝐶3 (21) 

Simulation results 

Validation of mathematical model 

In this study, the numerical model of a cross-flow liquid 

desiccant dehumidifier was adopted to analyze the effects 

of the changes of the dehumidifier physical dimensions on 

dehumidification performance. Lithium chloride (LiCl) 

solution was adopted as a desiccant solution, and Sh 

number was calculated by using empirical correlations 

suggested from previous experiment study (Cho et al., 

2018). As shown in Equation 22, the empirical 

correlations predicting the Sh number is derived as a 

function of five operating parameters: inlet air 

temperature, inlet air humidity ratio, inlet solution 

temperature, inlet solution concentration, and air velocity. 

The model coefficients of the empirical correlations are 

summarized in Table 3. 

 𝑆ℎ = 𝛼0 + 𝛼1𝑇𝑎,𝑖𝑛 + 𝛼2𝜔𝑎,𝑖𝑛 + 𝛼3𝑇𝑠,𝑖𝑛 + 𝛼4𝑋𝑠,𝑖𝑛 +

𝛼5𝑉𝑎 + 𝛼6(𝑇𝑎,𝑖𝑛 ∙ 𝑋𝑠,𝑖𝑛) + 𝛼7(𝑇𝑎,𝑖𝑛 ∙ 𝑉𝑎) + 𝛼8(𝜔𝑎,𝑖𝑛 ∙

𝑇𝑠,𝑖𝑛) + 𝛼9(𝜔𝑎,𝑖𝑛 ∙ 𝑋𝑠,𝑖𝑛) + 𝛼10(𝜔𝑎,𝑖𝑛 ∙ 𝑉𝑎) + 𝛼11(𝑇𝑠,𝑖𝑛 ∙

𝑋𝑠,𝑖𝑛) + 𝛼12(𝑇𝑠,𝑖𝑛 ∙ 𝑉𝑎) + 𝛼13(𝑋𝑠,𝑖𝑛 ∙ 𝑉𝑎)  (22) 

Table 3: Model coefficients for a cross-flow liquid 

desiccant dehumidifier. 

Model coefficients 

𝜶𝟎 𝜶𝟏 𝜶𝟐 

+2.5573 - 0.0703 +0.0654 

𝜶𝟑 𝜶𝟒 𝜶𝟓 

-0.0562 +6.7833 +1.3298 

𝜶𝟔 𝜶𝟕 𝜶𝟖 

+0.1890 -0.0225 +0.0002 

𝜶𝟗 𝜶𝟏𝟎 𝜶𝟏𝟏 

-0.1974 + 0.0087 +0.1500 

𝜶𝟏𝟐 𝜶𝟏𝟑  

-0.0133 +1.4163  

  The proposed model was validated by comparison with 

experimental data from a previous study (Cho et al., 2018). 

As shown in Table 4, the operating ranges of the 

simulation conditions were set with consideration to the 

valid range of each operating parameter in the experiment, 

and the packing width, height and length were set as  0.35 

m, 0.35 m, and 0.70 m, respectively. 

Table 4: Operating ranges of the simulation conditions. 

Operation parameter Low High 

Inlet air temperature [ºC] 26.90 34.40 

Inlet air humidity ratio [g/kg] 10.19 22.51 

Inlet solution temperature [ºC] 14.31 32.34 

Inlet solution concentration [%] 31.72 38.54 

Air flow rate [kg/s] 0.064 0.169 

Solution flow rate [kg/s] 0.159 0.169 

Figure 4 shows the comparison of dehumidification 

effectiveness values predicted by the proposed model and 

the measurement data. Although the dehumidification 

effectiveness values predicted by the proposed model are 

slightly lower than those from the experimental data, the 

simulation results generally agreed well with the 

measurement data within 20% error bounds.  
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Figure 4: Comparison of the simulation results with 

experimental data. 

Consequently, the comparison results indicate that the 

proposed correlation is applicable to predict 

dehumidification performance of the cross-flow type 

liquid desiccant dehumidifier. 

Effects of the air/solution side mass transfer area on 

dehumidification performance 

Using the proposed model, the effects of the air side and 

solution side mass transfer area on the dehumidification 

performance of a cross-flow liquid desiccant dehumidifier 

were analyzed. Regarding the simulation conditions of the 

six operating parameters: the inlet temperature and 

humidity ratio of the process air were set at 30.2 ºC and 

20.3 g/kg based on local dehumidifier test standards 

(SAREK 202-2014); the inlet desiccant solution’s 

temperature and concentration were set at 23.2 ºC and 

34.9%;the mass flow rate of air and the mass flow rate of 

the desiccant solution were set at 0.169 kg/s; the initial 

dehumidifier size was set at 0.35 m width (W), 0.35 m 

height (H), and 0.70 m length (L). In the simulations 

performed for the sensitivity of air side mass transfer area, 

the packing width, height, and length were verified 

sequentially within the valid range while the six operating 

parameters were fixed to their initial values summarized 

as Table 5, and the aspect ratio of the solution side were 

set as 1. In the case of the solution side mass transfer area, 

the packing width, height, and length were changed 

within the valid range, while the operating parameters 

were fixed and the aspect ratio of the air side were set as 

1.    

Table 5: Operating values of the initial simulation 

conditions 

Operation parameter Value 

Inlet air temperature [ºC] 30.2 

Inlet air humidity ratio [g/kg] 20.3 

Inlet solution temperature [ºC] 23.2 

Inlet solution concentration [%] 34.9 

Air flow rate [kg/s] 0.169 

Solution flow rate [kg/s] 0.169 

 

Figure 5 shows the dehumidification effectiveness in 

relation to changes in the aspect ratio of the air side and 

solution side of the cross-flow type dehumidifier. As 

shown in Figure 5, dehumidification effectiveness varied 

from 3.1 % to 88.3 % when the aspect ratio of the solution 

side was varied 0.1–10. In the case of the air side aspect 

ratio, dehumidification effectiveness values varied from 

31.7 % to 54.1 %. These results indicate that the 

dehumidifier solution side has a significant influence on 

the dehumidification performance of a cross-flow type 

dehumidifier compared with changes to the dehumidifier 

air side. This superior influence is mainly because 

increasing air flow rate decreases dehumidification 

effectiveness owing to shorter contact time, although 

increasing the air/solution flow rate leads to increase in 

the mass transfer coefficient between the air and the 

solution. From the simulation results, it is clear that 

increasing the solution side aspect ratio has more impact 

on improving the dehumidification performance of a 

cross-flow liquid desiccant dehumidifier compared with 

increasing the air side aspect ratio. 

 

Figure 5: Effect of the air/solution side aspect ratio on 

dehumidification performance. 

Effects of width/length on dehumidification 

performance  

From the simulation results discussed earlier, one can see 

that the increase of the solution side mass transfer area in 

a cross-flow liquid desiccant dehumidifier achieves 

higher dehumidification performance than the increase of 

the air side mass transfer area. As shown in Equation 2, 

the solution side aspect ratio is defined as the ratio of the 

packing length to the packing width. To investigate a 

more effective way to derive the dehumidifier 

configuration for improving the dehumidification 

performance of a cross-flow liquid desiccant dehumidifier, 

the effects of the packing width and length on 

dehumidification performance of a cross-flow 

dehumidifier were analyzed.  

Figures 6 shows the variations in the dehumidification 

effectiveness and pressure drop with the increase of the 

packing width. With the increase of the packing width 

change ratio (defined as the modified packing width to the 

initial packing width, from 0.5 to 2), the dehumidification 

effectiveness increases from 39.4% to 45.9%, while the 

pressure drop decreases from 25.11 Pa to 2.40 Pa. Also, 

when the packing width increases, the air superficial 
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velocity (𝑉𝑎) decreases, which in turn decreases the Sh 

number and increases the pressure drop. However, the air-

desiccant solution contacting area also increases owing to 

the increase of the packing volume. This effect 

counteracts the increase of the mass transfer coefficient 

( ℎ𝑚 ), which leads to there being little change in 

dehumidification effectiveness.  

Figure 7 shows the variations of the dehumidification 

effectiveness and the pressure drop with changes to the 

packing length. When the packing length change ratio 

(defined as the modified packing length to the initial 

packing length), was varied from 0.5 to 2, the 

dehumidification effectiveness and the pressure drop 

increased from 24.8% to 65.5%, and from 3.87 Pa to 

15.07 Pa, respectively. This is because the increase in the 

packing length increases the mass transfer coefficient (ℎ𝑚) 

owing to the increased air-desiccant contacting area, and 

the packing length also increases the pressure drop owing 

to the increase of the air flow path passing through the 

dehumidifier. 

 

Figure 6: Effect of the dehumidifier width on 

dehumidification performance. 

 

Figure 7: Effect of the dehumidifier length on 

dehumidification performance. 

Discussion 

As shown in the simulation results, it is clear that the 

solution side mass transfer area has a relatively more 

significant effect on the dehumidification performance of 

a cross-flow liquid desiccant dehumidifier. In addition, 

increasing the packing length achieves higher 

dehumidification effectiveness compared with increasing 

the packing width. To investigate the dehumidifier 

physical dimensions which achieve a dehumidification 

performance comparable to that of a counter-flow 

dehumidifier, the dehumidification performance of a 

counter-flow liquid desiccant dehumidifier and that of a 

cross-flow liquid desiccant dehumidifier were 

investigated with changes to the packing length change 

ratio via a series of simulation processes. The operating 

conditions are the same as shown in Table 5. The initial 

cross-flow dehumidifier size was set at 0.35 m width (W), 

0.35 m height (H), and 0.70 m length (L). Likewise, the 

counter-flow dehumidifier size was set at 0.35 m width 

(W), 0.70 m height (H), and 0.35 m length (L).  

Figure 8 compares the dehumidification effectiveness 

between the counter-flow and the cross-flow liquid 

desiccant dehumidifiers. When both counter-flow and 

cross-flow dehumidifiers of the same physical size 

operated in humid operating conditions, the 

dehumidification effectiveness in the counter-flow 

dehumidifier was 62.8 %, while that of the cross-flow 

dehumidifier was 44.6 %. As shown in Figure 8 however, 

the dehumidification effectiveness in a cross-flow 

dehumidifier steadily increases with the increase of the 

packing length change ratio. When the packing length is 

about 1.8 times the initial packing length, the cross-flow 

liquid desiccant dehumidifier achieves dehumidification 

performance equal to that of the counter-flow liquid 

desiccant dehumidifier. 

 

Figure 8: Comparison of dehumidification performance 

between counter-flow and cross-flow type dehumidifiers. 

Conclusion 

This study conducted the parametric analysis of each 

geometrical parameter on the dehumidification 

performance of a cross-flow liquid desiccant dehumidifier. 

One can see that the solution side mass transfer area has a 

more significant effect on the dehumidification 

performance than that of the air side. In addition, 

increasing the packing length achieves a more significant 

improvement to the dehumidification performance of a 

cross-flow dehumidifier compared with increasing the 

packing width. Consequently, it may be concluded that 

the dehumidification performance of a cross-flow liquid 

desiccant dehumidifier can be improved to be comparable 

with that of the counter-flow dehumidifier by modifying 

the physical dimensions of the packing tower, especially 
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by modifying the packing length. Further study is 

necessary to evaluate the entire operating performance 

(i.e., dehumidification performance and energy 

consumption) of a dimension-modified cross-flow 

dehumidifier when adopted in a liquid desiccant-assisted 

air conditioning system in building applications  

Nomenclature 

𝛼0 − 𝛼13 Model coefficients 

α Thermal conductivity [m2/s] 

𝛼𝑝 Effective interfacial area per unit volume 

[m2/m3] 

𝛼𝑡 Packing surface area per unit volume 

[m2/m3] 

𝛼𝑤 Air-solution wetting area [m2] 

B Channel base [m] 

𝐶1– 𝐶3 Model coefficients 

𝐷𝑎𝑏  Mass conductivity [m2/s] 

𝑑𝑒𝑞  Equivalent diameter of packing channel [m] 

e Void fraction of packing media [-] 

g Gravitational constant [m/s] 

h Enthalpy [kJ/kg] 

ℎ𝑓𝑔 Heat of water vaporization [kJ/kg] 

ℎ𝑚 Mass transfer coefficient [kmol/m2K] 

H Packing height [m] 

L Packing length [m] 

Le Lewis number [-] 

L/G Liquid to gas ratio [-] 

LW Solution-side aspect ratio [-] 

ṁ Mass flow rate [kg/s] 

𝑁𝑇𝑈𝑚 Number of mass transfer unit [-] 

∆P Pressure loss [Pa] 

𝑃𝑎 Water-vapor partial pressure [Pa] 

𝑃𝑠 Saturation vapor pressure of desiccant 

solution [Pa] 

s Channel side [m] 

Sh Sherwood number [-] 

t Packing sheet thickness [m] 

T Temperature [°C] 

u Velocity [m/s] 

V Packing volume [m3] 

W Packing width [m] 

 Solution concentration [-] 

y Flute height [m] 

Greek symbols 

𝜀 Effectiveness [-] 

ω Humidity ratio of humid air [kg/kga] 

Subscripts 

a Air 

deh Dehumidification 

eq Equilibrium 

in Inlet 

ini Initial 

out Outlet 

sol Desiccant solution 

w Water vapor 
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Abstract 

The purpose of this study is to evaluate the primary energy 

saving potential of an organic Rankine cycle integrated 

with a liquid desiccant and evaporative cooling-assisted 

ventilation system in a residential building. In cases where 

non vapor-compression-based systems are used, an 

evaporative cooler can lower the temperature of processed 

air using the latent heat of vaporization of water, while a 

liquid desiccant system can enhance the cooling effect of 

the evaporative cooler and dehumidify the processed air. 

This system can operate each component independently 

according to outdoor air conditions and can provide 

sensible cooling while meeting the ventilation 

requirements of the space considered. The organic 

Rankine cycle driven by a district heat source is applied 

to the ventilation system, and the heat and power 

generated are assumed to be used for the operation of the 

system. A simulation study was conducted during the 

cooling season that showed an adequate performance for 

the cooling system. The primary energy consumption of 

the proposed system was compared to the same 

ventilation system that was powered by a conventional 

grid power system and a boiler. 

Introduction 

Recent studies proposed the use of a liquid desiccant 

evaporative cooling-assisted, 100% outdoor air system, 

commonly referred to as LD–IDECOAS, and evaluated 

the its energy saving potential (Kim et al., 2013, 2014, 

2015). The LD–IDECOAS is a thermally driven cooling 

system that uses liquid desiccant (LD). When the LD 

system operates in the summer, it requires a relatively 

low-grade heat source to regenerate a weak desiccant 

solution. The regeneration energy accounts for the 

majority of energy consumption in the liquid desiccant-

assisted evaporative cooling system. Therefore, a 

renewable energy or combined heat and power system 

acts as an alternative heat source. Kim et al. (2016) 

revealed that the LD–IDECOAS integrated with a proton 

exchange membrane fuel cell saved 21% of the primary 

energy compared to that of the system that was powered 

by grid power and a boiler. Dong et al. (2017) evaluated 

the applicability of a district heat source that was applied 

to a desiccant-enhanced evaporative (DEVap) cooling 

system based on the comparison of its energy 

consumption with that of the same system that was served 

by a boiler. The findings indicated that the DEVap with 

the district heat source reduced the primary energy 

consumption by 46.2%.  

Consequently, the current study was conducted to 

evaluate the primary energy saving potential of an organic 

Rankine cycle (ORC) integrated with LD–IDECOAS in a 

multiple occupancy residential building. A district heat 

source was selected as the heat source of the ORC. The 

primary energy consumption of the LD–IDECOAS 

served by ORC was compared to an LD–IDECOAS 

served by a conventional grid power system and a boiler. 

Additionally, a simulation study was conducted during 

the cooling season that evaluated the performance of the 

cooling system.  

System overview 

LD–IDECOAS 

The LD–IDECOAS was composed of a liquid desiccant 

(LD) system, an indirect evaporative cooler (IEC), and a 

direct evaporative cooler (DEC). A heating coil and a 

sensible heat exchanger were installed for the heating 

mode operation. The supply airflow rate was modulated 

based on the zone load as in a conventional variable air 

volume (VAV) system. In the cooling season, the hot and 

humid outdoor air (OA) was dehumidified by the LD unit 

and sensibly cooled by the IEC. Subsequently, the 

supplied air (SA) was cooled further by the DEC to satisfy 

the set temperature of the SA (i.e., 15 °C). In the heating 

season, the IEC operates as a sensible heat exchanger by 

recovering heat from the exhausted air (EA). The LD and 

DEC are deactivated during the heating season.  

The LD system was integrated to enhance the cooling 

effects of the indirect and direct evaporative coolers. This 

system consisted of an absorber and a regenerator. A 

lithium chloride aqueous solution was used as a desiccant 

solution. Additionally, water-side free cooling with a 

cooling tower was introduced to reduce the cooling 

energy consumption of the absorber. Conversely, a 

heating device was required to maintain the regenerator’s 

performance.  

The IEC was composed of primary and secondary 

channels. During the cooling season, the SA that passed 

through the dry channels was cooled by transferring its 

sensible heat to the secondary air that underwent 

evaporative cooling in the secondary channel. The DEC 

isentropically cooled the SA to meet the set temperature 

of the SA. The air leaving the DEC was humidified 
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instead of initially dehumidifying the SA in the LD 

system. 

LD–IDECOAS with organic Rankine cycle 

In this research study, a system that combines the LD–

IDECOAS with an ORC is proposed (Figure 1). The ORC 

typically consists of a turbine (or expander), an evaporator, 

a condenser, and a pump, and it requires a relatively low-

temperature heat source to generate electricity in the 

turbine and release heat in the condenser, thus operating as 

a CHP system. 

The power of the ORC unit considered in this study was 

rated at 2 kW with NOVEC649 as the working fluid. 

Because the hourly demand of the proposed system did not 

exceed 2 kW, a 2 kW ORC unit was used. The evaporating 

and condensing temperatures of the ORC used in this 

research were 105 °C and 60 °C, respectively.  

The electricity produced by the ORC operation initially 

met the power demand of the LD–IDECOAS package unit. 

The heat released from the ORC condenser is used for the 

regeneration of the desiccant solution. If the desiccant 

solution in the regenerator cannot be heated to the 

regenerating set point (i.e., 60 °C) by the heat from the 

ORC, an auxiliary heater is activated. The ORC-generated 

power and the heat that remain after the use for the LD–

IDECOAS operation are supplied to the building for the 

needs of its occupants. 

Energy Simulations 

First, the model building was introduced to calculate the 

building load. The estimated load was then used for the 

operating energy calculation of the air conditioning 

system. The residential building model is located in Seoul 

at the Republic of Korea. Table 1 shows the details of the 

model building, and Figure 2 shows its floor plan. Energy 

simulations were conducted during the cooling season 

(i.e., June, July, and August). The hourly cooling load 

profile of the model building was obtained by using the 

building energy simulation software (i.e., TRNSYS 18). 

The operating energy consumption of the LD–IDECOAS 

was calculated by a commercial equation solver program 

(i.e., EES) by using each of the component models. 

Table 1: Building information 

Weather Weather data for Seoul 

Target 

room 

condition 

Temperature 26°C 

Relative 

humidity 
50% 

Internal 

heat gain 
People 

Sensible 
75 

W/person 

Latent 
75 

W/person 

U values 

(window-

to-wall 

ratio: 

17%) 

Floor 0.952 W/m2·K 

Roof 0.630 W/m2·K 

Exterior wall 0.468 W/m2·K 

Window 5.68 W/m2·K 

 
Figure 2: Floor plan of simulated building 

 

Figure 1: LD–IDECOAS 
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Liquid desiccant 

The LD performance is represented by the effectiveness 

value of the moisture transfer process. The absorber 

effectiveness model proposed by Chung and Luo (1999) 

was used for the absorber. The liquid-to-gas ratio of the 

absorber was set to the value of two. In this study, the 

Martin and Goswami (2000) model was applied in the 

regenerator side. The liquid-to-gas ratio of the regenerator 

was set to a value of four. 

The dimensions or inlet parameters of the LD system used 

in the simulation were based on the LD–IDECOAS pilot 

system (Kim et al., 2015). The specific surface areas of 

the absorber and regenerator were both equal to 223 

m2/m3. The concentration of the inlet solution of the 

absorber was set to 40%. The initial desiccant cooling and 

heating temperature were set to 30 °C and 60 °C, 

respectively. It was assumed that the dehumidification 

and regeneration rates were equal.  

Evaporative coolers 

There are two evaporative coolers, namely the IEC and 

DEC. The leaving air conditions of each evaporative 

cooler were calculated in accordance with Equations 1 

and 2. The effectiveness rates of the indirect and direct 

evaporative coolers were assumed to be 80% and 95% 

(Kim et al. 2014), respectively. 

    εIEC =
DBTabs,out−DBTIEC,out

DBTabs,out−WBTIEC,s,in
   (1) 

    εDEC =
DBTIEC,out−DBTDEC,out

DBTIEC,out−WBTIEC,out
   (2) 

ORC 

The ORC is typically composed of a turbine, a 

compressor, a condenser, and a pump. The ORC is based 

on a conventional Rankine cycle. In this study, the 

simplified model that was developed by Quoilin (2011) 

was used. The NOVEC 649 was used as the working fluid. 

The ORC was operated at a full load (i.e., 2 kW power) 

based on the HVAC schedule. Water was used as the 

cooling fluid for the condenser and as a heating fluid for 

the evaporator. The efficiencies of the turbine and pump 

were assumed to be equal to 90%. The evaporation and 

condensing temperatures were set to 105 °C and 60 °C, 

respectively. The calculated ORC efficiency was 9.1%. 

The power generated from the ORC can be supplied to the 

building for air-conditioning operation or lighting, and the 

heat recovered from the ORC is used as solution heating 

or building space heating.  

It was assumed that the model residential building was 

served by a district heat source (DHS) and the ORC used 

DHS as a heat source of ORC. The temperature of the 

DHS source was assumed to be 120 °C, and the district 

heat was assumed to have a 5% heat loss owing to 

distribution. 

Boiler and cooling tower 

To compare the energy consumption with the use of ORC 

with that of a conventional gas boiler, it was assumed that 

a hot-water boiler was located inside the building and was 

used for the heating of the regenerator solution. The 

theoretical efficiency of the boiler was set to 82% in this 

study (EnergyPlus, 2013). The cooling tower was 

operated for the cooling of solutions for both the ORC and 

the conventional LD–IDECOAS. The cooling approach 

and range were set to 2 °C and 10 °C, respectively.   

Fans and pumps 

The LD–IDECOAS included three variable air volume 

fans, namely supply, return, cooling tower, and 

regenerator fans. The fan efficiency (ηfan), airflow rate 

(V̇fan), and pressure loss (ΔP), are the required variables 

(Equation 5) for the fan power (Pfan ) calculation. The 

pressure loss of the fan from Kim et al. (2016) was based 

on a rate of 1000 m3/h. Correspondingly, the actual 

pressure loss in this study (i.e., 2000 m3/h) was calculated 

based on the fan affinity law for pressure loss. 

Pumps are required for the absorber, regenerator, cooling 

tower, IEC, and DEC. When integrated with the ORC or 

solar thermal system, it is necessary to install the 

additional circulation pumps. The required variables for 

the calculation of the pump power (Ppump) include the 

pump efficiency ( ηpump ), fluid density ( ρ), flow rate 

( V̇pump ), gravity acceleration ( g ), and head loss ( H ) 

(Equation. 6). The assumed head loss of the pump was 

based on the findings of the publication by Kim et al. 

(2016). The expressions are as follows, 

               Pfan = (V̇fanΔP)/ηfan  (3) 

Ppump = ρgV̇pump H/1000ηpump (4) 

Primary energy factor 

The power and heat consumption of each component were 

converted into primary energy consumption. It was 

assumed that the electricity was supplied from the 

existing power grid in both cases, and that LNG was used 

for the gas boiler. The regional condition was considered, 

and the primary energy factors were introduced for each 

energy source, as recommended by the Korean Energy 

Agency. The local primary energy factors corresponded 

to 2.75 for electricity, 1.1 for fuel, and 0.728 for district 

heat.  

Results 

The energy performance evaluation of the LD–IDECOAS 

driven by ORC was conducted during the cooling season 

(i.e., June, July, and August). Figure 3 shows a 

comparison of the energy consumption between the 

district heat source ORC LD–IDECOAS and the base 

LD–IDECOAS systems. The power consumption was the 

sum of the fan and pump energies. This consumption 

differed from that of the conventional variable air volume 

system in which the consumption of the chiller accounted 

for the highest proportion of the power consumption. This 

is because the LD–IDECOAS corresponds to a type of 

nonvapor compression system that provides both sensible 

and latent cooling without or with minimum use of the 

chiller. The electricity load for the LD–IDECOAS is the 

same in both cases. However, the district heat source of 

the combined ORC/LD–IDECOAS system required a 

load that was 1.20 times the load required by the base LD–

IDECOAS system owing to the ORC operation.  
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The heating load was required for solution heating and air 

reheating. To operate the ORC system, a heat source was 

also needed in the evaporator. The ORC system that was 

integrated with the LD–IDECOAS minimized the 

solution heating load compared to that required in the case 

of the base. However, they required the ORC heat source. 

Finally, the ORC LD–IDECOAS required a heating load 

that was 1.07 times the heating load required by the base.  

Consequently, the proposed system saved 34% of the 

primary energy consumption by recovering the waste heat 

from the ORC condenser compared to the same air 

conditioning system served by the conventional grid 

power and boiler.  

 

Figure 3: Comparison of energy consumptions 

 

Figure 4: Comparison of primary energy 

 

Conclusions 

This study was conducted to a) evaluate the primary 

energy consumption of the ORC applied to the LD–

IDECOAS and b) to compare the combined system to the 

LD–IDECOAS served by a conventional grid power and 

a boiler during the cooling season. The results indicated 

that the DHS–ORC LD–IDECOAS saved 34% of the 

primary energy consumption compared to the same air 

conditioning system served by a conventional grid power 

and a boiler in the cooling season. Therefore, the LD–

IDECOAS achieved considerable energy savings when 

driven by the ORC and a district heat source in residential 

buildings. Additional studies are required to analyze the 

annual energy consumption. 
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Abstract 

Field measurement and numerical simulations on a 

traditional radiant floor heating system and a radiant floor 

system with a reduced thickness of the screed are 

presented, with the aim of comparing their performance. 

The environmental measurements were used to validate a 

numerical model which takes into account the dynamic 

behaviour of building structures as well as the transient 

operation of heat-carrier fluid in the embedded pipes. 

Simulations under the same boundary conditions were 

then performed and no significant difference was found in 

the energy performance of the two floor systems. From 

the analysis of the temperature inside the rooms, a 

negligible difference was found between air and operative 

temperature for both the radiant systems. 

Introduction 

Radiant systems are being used for heating and cooling 

purposes for a long time (Shoemaker, 1954; Olesen, 

1997) and standardized methods are today available for 

the sizing (ISO 11855), but there are questions which are 

still open and under discussion. In particular, in new and 

retrofitted buildings, where the envelope presents high 

levels of insulation, it is argued if it is better to have low 

or high inertia radiant systems for controlling the indoor 

operative temperature and avoid overheating, especially 

in mid seasons when outdoor temperature is mild and 

solar radiation is high. 

Besides traditional floor systems and dry floor systems, a 

new type of floor system recently started to spread in the 

market. It is a wet floor system with a reduced thickness 

of the screed, which is useful in situations where there are 

problems of height (e.g. retrofit of existing buildings) and 

which has a faster thermal response if compared to a 

traditional floor system. Despite being part of a well-

known technology, designers and practitioners frequently 

ask if these newly-developed systems perform better than 

the traditional ones and if energy saving can be achieved 

when they are used in intermittent operation. 

To investigate the energy performance of this new type of 

radiant floor, measurements are needed, along with 

dynamic simulations properly taking into account the 

dynamic behaviour of building structures as well as the 

transient operation of water in the embedded pipes. 

Dealing with field measurements involving systems like 

heating/cooling plants coupled with buildings is generally 

a complex matter and most of the times the mere energy 

measurements cannot lead to immediate conclusions on 

the energy performance of the analysed systems. In 

particular, when two systems are under comparison, it is 

very difficult to perform measurements in exactly the 

same conditions, because different orientations of the 

buildings, different internal loads when the buildings are 

inhabited, different weather conditions and different 

boundary temperature are elements which cannot usually 

be all avoided. Simulations are therefore needed to 

compare the systems under the same boundary conditions 

and data from measurements are very useful to tune the 

models. 

In the present work the floor radiant systems of two flats 

in a new building not yet inhabited were considered for 

the analyses. Continuous temperature monitoring was 

planned with continuous and intermittent operation of the 

heating systems and the measurements were used to check 

the air and surface temperature trends resulting from 

multi-room simulations with the numerical model 

DIGITHON (De Carli et al., 2012). Dynamic simulations 

of the two systems were then performed under the same 

boundary conditions. Both continuous and intermittent 

operation were considered. Two possibilities were taken 

into account for the temperature difference from the 

generation side, which could be limited to 5 K or 

unlimited. The resulting energy need, operative and air 

temperatures and floor surface temperature were 

compared. 

Method 

Case study and measurement set-up 

Two flats with a floor area of about 110 m2 were 

considered as case study. They are located on the ground 

floor of a new building in Padova (North-East of Italy). 

The orientation is North-West for Flat 1, South-West for 

Flat 2, and the internal distribution is the same. 

Figure 1 shows the two rooms of each flat that were 

considered in the analysis. These two rooms have the 

same orientation and are not contiguous to the garages. 

Room 1 (floor area of about 10.6 m2) presents wooden 

floor, while Room 2 (floor area of about 6.0 m2) is a 

bathroom with ceramic tiles. 

The external walls are made of wood-fiber cement 

formwork blocks. The U-values of the building structures 

are listed in Table 1. 
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Figure 1: The flats and the rooms considered for measurements and simulations. 

 

Figure 2: The radiant systems in Flat 1 (left) and Flat 2 (right). 

Table 1: Thermal transmittances of the building. 

Building structure U-value [W m-2 K-1] 

External walls 0.24  

Internal walls 1.84 

Floor (Flat 1) 0.29 

Floor (Flat 2) 0.32 

Ceiling 0.31 

Windows 0.71 

The floor radiant system in Flat 1 (System 1) is a 

traditional system, with cement and sand screed, while the 

radiant system in Flat 2 (System 2) presents a reduced 

thickness of the screed, which is a self-leveling one, and 

with a higher thermal conductivity compared to the 

traditional system. The two systems are represented in 

Figure 2. The thickness of the screed above the clew is 

40 mm in System 1 and only 10 mm in System 2. Another 

difference is about the clew of the insulation panels, 

which is solid in System 1 and empty in System 2, 

allowing a uniform thickness of the screed. The properties 

of the screed and of the insulation panels are reported in 

Table 2 and Table 3. 

Table 2: Properties of the screed. 

 Flat 1 Flat 2 

Thermal conductivity 1.31 W m-1 K-1 1.87 W m-1 K-1 

Thermal capacity 1.00 kJ kg-1 K-1 1.00 kJ kg-1 K-1 

Density 1600 kg m-3 2000 kg m-3 

Table 3: Properties of the insulation. 

 Flat 1 Flat 2 

Thermal conductivity 0.031 W m-1 K-1 0.023 W m-1 K-1 

Thermal capacity 1.45 kJ kg-1 K-1 1.40 kJ kg-1 K-1 

Density 25 kg m-3 35 kg m-3 

The same type of pipe is used in the two flats. It is a PE-

RT pipe with an internal diameter of 13 mm. Also the pipe 

spacing is the same in the two flats: 15 cm in Room 1 and 

5 cm in Room  2. 

The radiant loops of the two heated rooms were controlled 

by the same thermostat (on-off control with a band of 

±0.1°C), placed in Room 1, while the other rooms of the 

flat were unheated. The measuring points of Flat 2 can be 

seen in Figure 3; for Flat 1 the set-up was the same. 

 

Figure 3: Position of the sensors in Flat 2. 

The temperatures inside the flats and the external air 

temperature were monitored with NTC thermistors. Also 

the air temperature in the rooms above the heated ones 

was measured, with an accuracy of ±0.35K. The supply 

and return fluid temperature were measured on the 

manifold by means of NTC thermistors, while an 

ultrasonic flow sensor placed on the air-to-water heat 

pump was used to measure the fluid flow rate, recording 

the maximum, minimum and mean value which occurred 

in an hourly based interval. The acquisition system 

recorded all the data with a time step of 5 minutes. 

Simulation model 

In order to reproduce the dynamic behaviour of the radiant 

systems of the two analysed flats, the numerical model 

DIGITHON was used (De Carli et al., 2012). This model 

performs the detailed simulation of the dynamic 

behaviour of water-based surface heating and cooling 

systems. 

To solve the dynamic heat transfer problem in 

DIGITHON, the response factor technique is used 

(Stephenson and Mitalas, 1967; Kusuda, 1969). In the 

present work the heat transfer response factors were 

calculated by using the commercial software HEAT2 

(Blomberg, 1999), which is based on the Finite Difference 
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Method (FDM). Three simulations must be performed to 

describe the heat conduction in a building structure with 

embedded pipes. In each simulation a triangular impulse 

of temperature is given on the inner surface, on the outer 

surface and on the internal surface of the pipes, thus the 

resulting heat flows on the three surfaces are recorded. 

After normalization, for a generic trend of temperature on 

the inner surface of the building structure, on the outer 

surface of the building structure and on the internal 

surface of the pipe, the response factor can be used, by 

superposing of effects, to calculate the specific heat fluxes 

on the three considered surfaces. More details about this 

method, included an example showing its accuracy, can 

be found in De Carli and Tonon (2011). 

In the model DIGITHON, each surface of the simulated 

rooms is divided into elements named tiles (Figure 4) and 

an overall heat balance is carried out for each element, 

considering the following thermal nodes: 

• the air of the room, considered as a single uniform 

volume; 

• the surface (inner and outer sides) of each tile of the 

walls, the floor and the ceiling; 

• the water inside each pipe segment; 

• the surfaces of each pipe segment. 

 

Figure 4: Example of discretization of a room equipped 

with a radiant floor system (De Carli et al., 2012) with 

the relevant surfaces where the heat balance is solved 

for structures with or without embedded pipes. 

The convective heat flux for the j-th general surface 

element qc,j is expressed as: 

𝑞𝑐,𝑗 =  ℎ𝑐,𝑗𝑆𝑗(𝑇𝑠,𝑗 − 𝑇𝑓,𝑗)  (1) 

where Ts,j is the surface temperature of the element and Tf,j 

is the air temperature of the room (for the inner surface 

elements), the air temperature of the adjacent room (in 

case of internal walls) or the sol-air temperature (in case 

of outdoor surface). In rooms with conventional 

dimensions (less than 3 m high) the air temperature can 

be assumed to be uniform both in heating (Berglund and 

Gagge, 1985) and in cooling conditions (Külpmann, 

1993) for radiant systems as well as in a wide range of 

situations that have been confirmed by other studies 

(Fischer and Pedersen, 1997). As regards convective heat 

transfer coefficients hc,j, the most reliable analyses are 

those based on measurements in real size test rooms (De 

Carli and Tomasi, 2009). As shown in De Carli et al. 

(2012), constant values can be considered for the 

convective heat transfer coefficients and this was assumed 

in the calculations. 

Assuming near-black surfaces and small temperature 

differences, the radiative heat exchange between the j-th 

and the k-th surface can be expressed as: 

𝑞𝑟,𝑗−𝑘 =  𝐹𝑗−𝑘ℎ𝑟𝑆𝑗(𝑇𝑠,𝑗 − 𝑇𝑠,𝑘)  (2) 

Thanks to the fine surface discretisation, the view factors 

Fj-k are calculated in a detailed way in the model. 

Shortwave radiation entering from glazing elements has 

to be summed on the right side of Equation (2), as well as 

the internal radiant gains. As shown in detail in De Carli 

and Tonon (2011), there is no difference in the overall 

heat balance when considering solar radiation distributed 

in detail or uniformly distributed; hence in the present 

model solar radiation is considered as uniformly diffused. 

For the room air thermal node, the following equation can 

be written: 

∑ [ℎ𝑐,𝑗𝑆𝑗(𝑇𝑠,𝑗 − 𝑇𝑎)]𝑗 + 𝑞𝑖𝑛𝑡,𝑐 =  (3) 

𝑀𝑎𝑐𝑣(𝑇𝑎 − (𝑇𝑎)−𝛥𝜏)

𝛥𝜏
+ ∑ 𝑚𝑏𝑐𝑝𝑇𝑏

𝑏

 

where air flow rates enter in the room at a given 

temperature (the external temperature for infiltration or a 

known inlet temperature for mechanical ventilation) and 

leave at room temperature. 

Considering the water inside each pipe segment, the 

temperature difference between two adjacent building 

elements is very small thanks to the discretisation, thus a 

linear trend of the temperature can be assumed. The 

equation can be written as follows: 

[ℎ𝑐,𝑤𝑆𝑝(𝑇𝑠,𝑝 − 𝑇𝑤)] =  (4) 

𝑀𝑤𝑐𝑤(𝑇𝑤 − (𝑇𝑤)−𝛥𝜏)

𝛥𝜏
+ 𝑚𝑤𝑐𝑤(𝑇𝑤,𝑜 − 𝑇𝑤,𝑖) 

where Tw,i and Tw,o are respectively the inlet and outlet 

temperatures in the pipe element. 

A suitable discretisation of the time domain is assumed: 

in the present study the interval Δτ is equal to 10 minutes. 

All the equations are linear, therefore the model can be 

expressed as linear system of equations which provides as 

results the inner side temperature and the heat flow of 

each surface element, the air temperature and the return 

water temperature of the radiant system. More details on 

the numerical model DIGITHON can be found in De Carli 

et al. (2012). 

Weather data 

As it has been already seen, the outdoor air temperature 

was measured at the building site, while for the solar 

radiation the data provided by the regional environmental 

protection agency ARPAV (ARPAV, 2018) were used. 

The solar radiation value taken by ARPAV is on the 

horizontal surface, while for the simulations the direct 

normal solar radiation and the diffuse solar radiation on 

Tsi

Tse

Tsi

Tse

Tsp
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the normal plane were needed as input. For this purpose, 

TRNSYS was used, by means of the Type16, which takes 

the total horizontal solar radiation and computes the 

diffuse fraction using an algorithm that estimates 

cloudiness based on dry bulb and dew point temperature 

(Klein et al., 2011). 

Field measurements and model validation 

Two periods of 6 days each were considered for 

comparison between measurements and simulations 

(Table 4). A constant supply fluid temperature was set on 

the heat pump of each flat; during continuous operation 

the thermostat placed in Room 1 was set to 21°C, while 

during intermittent operation it was scheduled as outlined 

in Table 5. 

Table 4: Periods of field measurements. 

Period Operation 

modality 

Supply water 

temperature 

8th - 14th March 2018 intermittent 30 °C 

16th - 22nd March 2018 continuous 40 °C 

Table 5: Schedule for the thermostat set-point during 

intermittent operation. 

Time Air temperature set-point (Room 1) 

6 am - 9 am 21 °C 

9 am - 4 pm 15 °C 

4 pm - 10 pm 21 °C 

10 pm - 6 am 18 °C 

From the analysis of the thermostat state, recorded with a 

time step of 5 minutes, almost the same number of hours 

of operation of the circulation pump was found for the two 

radiant systems in the period from 8th March to 13rd March 

(98 hours in Flat 1 and 93 hours in Flat 2). In the period 

of continuous operation, the difference was higher (110 

hours in Flat 1 and 95 hours in Flat 2). The radiant system 

of Flat 2 worked for a lower time than the system in Flat 1 

not only because of the lower inertia and of the higher 

useful heat flux when the water temperature is the same, 

but also because of the better orientation (South-West 

instead of North-West for Flat 1) which ensured a higher 

temperature in the unheated rooms adjacent to Room 1 

and Room 2. Because of the small on-off band of the 

thermostat (±0.1°C), on-off operations were very 

frequent: rarely the systems were switched on for more 

than one consecutive hour and most of the time they were 

on for less than half an hour, with many periods on for 

only 10-15 minutes. 

The mean value of the air temperature measured from the 

sensor placed in the centre of each room and from the 

sensor of the thermostat (only in Room 1) are shown in 

Table 6. During the period of continuous operation, with 

the thermostat constantly set to 21°C, the mean value of 

the air temperature measured in the centre of the Room 1 

was equal to 20.7°C in Flat 1 and 20.9 °C in Flat 2, with 

a standard deviation of 0.1°C in both the cases. The mean 

value recorded by the thermostat sensor, placed near the 

door, were the same than in the centre of the room, but 

higher fluctuations were found for the thermostat in 

Flat 1, as it can be seen in Figure 5. The thermostat of 

Flat 1 was probably affected by higher air movements due 

to infiltration from the unheated hallway than the 

thermostat of Flat 2. During the period of intermittent 

operation, a difference of about 0.5°C was found between 

the centre of the room and the thermostat position (at the 

same height). 

In Table 6 also the mean value of the surface temperature 

measured from the sensors placed on the floor of each 

room are shown. In the week of continuous operation the 

surface temperature of the thin-screed radiant floor 

system (Flat 2) was 0.6°C higher than surface temperature 

of the traditional system (Flat 1), with both the coverings. 

The floor surface temperature in Flat 2 presented a higher 

number of oscillations (i.e. a higher number of on-off 

cycles) than in Flat 1. In the rooms with parquet covering 

(Room 1) the oscillation amplitude was lower than in the 

rooms with ceramic tiles (Room 2). 

A multi-room model was built to compare the 

performance of the two radiant systems and data from 

measurements were used to tune the model. The air 

Table 6: Comparison between measurements and simulations: mean value of the air temperature and of the surface 

temperature of the floor. 

Flat 
Operation 

modality 

measurements/ 

simulation 

Tair [°C] Ts [°C] 

Room 1 Room 2 Room 1 Room 2 
  measurements 20.7* 20.7** 21.2 24.6 28.1 

1 continuous ST 21.0 23.8 23.6 28.8 

  SO 21.3 24.3 23.9 29.7 

  measurements 20.9* 20.9** 24.2 25.2 28.7 

2 continuous ST 21.0 25.0 23.8 30.5 

  SO 21.1 25.2 23.9 30.9 

  measurements 17.1* 16.7** 17.0 19.7 22.1 

1 intermittent ST 17.8 19.3 19.6 23.0 

  SO 17.8 19.3 19.5 23.0 

  measurements 17.6* 17.0** 18.2 19.9 22.2 

2 intermittent ST 18.0 20.2 19.7 23.6 

  SO 18.2 20.4 19.9 24.0 

* sensor of the thermostat     ** sensor in the centre of the room 
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temperature recorded from the sensors in the rooms 

adjacent to the heated ones were used as boundary 

conditions in the simulations of the two heated rooms. 

Also the supply fluid temperature and the mass flow rate 

were taken from field measurements. For the supply fluid 

temperature measured on the manifolds were lower than 

the temperature set on the heat pump: 28°C in the period 

of intermittent operation and 35°C in the period of 

continuous operation. The mass flow rate was taken from 

the uninterrupted period of operation between 15th and 

16th March: 507 L/h for Flat 1 and 523 L/h for Flat 2. A 

constant value of 10°C was used for the ground 

temperature and an air change of 0.15 h-1 was set. Internal 

gains were not considered, since the flat were empty 

during measurements. 

Two kinds of simulations were performed for each period 

and each system: in one simulation a thermostat was set 

using the same schedules of the measurements and the 

radiant system turned on/off according to the air 

temperature reached in the room (simulation ST), in the 

other simulation the state of the radiant system was 

defined as input and the air temperature was not 

controlled (simulation SO). The calculation time step was 

set to 10 minutes. 

The mean value of the air temperature and of the surface 

temperature of the floor resulting from the simulations are 

shown in Table 6, along with the mean temperatures from 

field measurements. In general, a good compliance 

between simulated and measured air temperature was 

found in Room 1, with a root-mean-square error in the 

range 0.2-0.7°C during continuous operation, 1.1-1.3°C 

and 0.6-0.8°C during intermittent operation considering 

the sensor in the centre of the room and the thermostat 

sensor respectively. The root-mean-square error between 

simulated and measured mean surface temperature is in 

the range 0.9-1.4°C for Room 1 during continuous 

operation and 0.6-0.8°C during intermittent operation. 

A graphical comparison of the measured and simulated 

temperatures is shown in Figure 5, where the results for 

simulations SO of Room 1 are plotted. 

The results of the simulations can be considered good, 

since: 

• some input data were assumed (ground temperature, 

infiltration rate); 

• the beam and diffuse part of the solar radiation (which 

was not measured in-situ) were calculated using an 

algorithm which estimates cloudiness; 

• the material properties of the building structures were 

partly assumed; 

• a constant supply water temperature was used, without 

considering the effects of the heat pump operation on 

the water temperature; 

• a constant water flow-rate was used, since from the 

field measurements only the mean hourly value was 

known and only for the period of continuous 

operation; 

• the water flow-rate was considered to be equally 

distributed in the two rooms of each flat, since there 

was no possibility to measure it in the two loops. 

 

  

  

Figure 5: Comparison between measurements and simulations SO for Room 1: surface temperature of the floor and air 

temperature (thermostat sensor and sensor in the centre of the room) 
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Comparison of the two radiant systems 

The models of the two rooms were then used to compare 

the performance of the two different kinds of radiant floor 

heating systems under the same boundary conditions. 

The simulations were performed using the weather data 

of Padova provided by ARPAV for the heating season 

2017-2018. Two months were chosen for the simulations: 

• December 2017, which is the month with the lowest 

mean air temperature; 

• March 2018, which is a mid-season month with high 

global solar radiation. 

The air temperature trend of the selected months is shown 

in Figure 6. 

 

Figure 6: External air temperature and months chosen 

for the simulations. 

The traditional radiant floor system (System 1) and the 

thin-screed radiant floor system (System 2) were 

simulated in continuous and intermittent operation 

considering the geometrical model of Flat 1. The settings 

for the simulation are summarized in the following points: 

• air temperature set-point: during continuous operation 

20°C in Room 1 and 24°C in Room 2, during 

intermittent operation according to Table 7; 

• control: on-off, ± 0.5°C; 

• temperature of the adjacent rooms: the same of 

Room 1; 

• internal gains: according to Table 8; 

• infiltration and ventilation: 0.3 h-1 with external air 

temperature. 

Table 7: Schedule of the thermostat during intermittent 

operation. 

Time 
Air temperature set-point [°C] 

Room 1 Room 2 

6 am - 9 am 20 24 

9 am - 4 pm 16 20 

4 pm - 10 pm 20 24 

10 pm - 6 am 18 22 

Table 8: Schedule of internal gains. 

Time 
Internal gains [W] 

Room 1 Room 2 

7 am - 10 pm 10 10 

10 pm - 7 am 70 10 

The design value of the mean fluid temperature was 

31.7°C for System 1 and 30.4°C for System 2. Choosing 

a temperature difference between supply and return in 

design conditions equal to 3°C, the supply temperature is 

33.2°C for System 1 and 31.9°C for System 2. 

Considering the useful heat flux towards the heated rooms 

and the losses on the opposite side, a mass flow rate of 

90 kg/h and 103 kg/h was calculated for Room 1 and 

Room 2 respectively. 

Two kinds of simulations were performed, one with no 

limits on the power available from the water side and one 

with a limit of 5 K in the temperature difference between 

supply and return, i.e. 525 W and 600 W for Room 1 and 

Room 2 respectively. The second case is representative of 

a radiant system directly connected to a heat pump, while 

the first one is more representative of a heating system 

with a storage tank. 

The results of the simulations of the first 2 days of 

December of Room 2 are shown in Figure 7: the air 

temperature, the surface temperature of the floor, the 

supply water temperature, the temperature difference 

between supply and return and the thermal power 

exchanged by the fluid flowing in the pipes are plotted. 

As it can be seen, the thin-screed radiant system 

(System 2) turns on more frequently than the traditional 

one (System 1), because of its lower thermal inertia, which 

makes the floor surface to warm up faster, but also to cool 

down faster after the set-point is reached. During 

intermittent operation of System 1, the set-point of the 

time slot from 6:00 to 9:00 is reached only at 9:00, even 

if the radiant system has already turned on at 3:00 and 

even if the set-back is only 2°C lower. System 2 is faster, 

but it needs to be turned on earlier in order to reach the 

set-point. 

When the water temperature difference which can be 

supplied by the production system is limited (simulations 

with limited power) and the radiant system turns on, the 

supply fluid temperature does not reach the set value 

because the temperature level of the fluid inside the pipes 

has decreased during the time period in which the radiant 

system was off and time is needed to heat up the 

structures. Gradually the screed warms up and the set 

value of the supply fluid temperature is reached; then the 

heat exchange between the screed and the fluid flowing in 

the pipes decreases (i.e. the fluid temperature difference 

decreases). As it can be seen, the supply fluid takes also 

more than 3 hours (for System 1 in intermittent operation) 

to reach the set value. 

When the production system has no limit (simulations 

with unlimited power) and the radiant system turns on, the 

supply fluid temperature is immediately the set value and 

the fluid temperature difference can reach up to 7°C and 

11°C for continuous and intermittent operation 

respectively. As the screed warms up the difference 

decreases. In this second case the radiant system is 

obviously faster and the number of on-off is higher. 

The thermal energy need calculated from the results of the 

simulations is shown in Table 9. As it can be seen, no 

significant difference was found between the two kinds of 

radiant floor systems and between continuous and 

intermittent operation. It is useful to remember that in the 

case of intermittent operation the supply fluid temperature 

was the same which was set in the case of continuous 

operation and that the thermostat set-point was hardly 

reached. 
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Table 9: Specific thermal energy need during continuous 

and intermittent operation with limited (L) and unlimited 

(U) thermal power. 

System 
Operation 

modality 

Thermal energy need [kWh/m2] 

December March 

L U L U 

1 continuous 14.4 14.5 11.2 11.4 

1 intermittent 14.3 14.7 11.5 11.8 

2 continuous 14.4 14.4 11.2 11.3 

2 intermittent 13.8 14.4 11.2 11.5 

Conclusions 

In the present work the performance of a floor radiant 

system with a reduced thickness of the screed was studied 

in comparison to a traditional floor radiant system. The 

investigation was both by means of field measurements in 

two flats of a new building, and theoretical, by means of 

dynamic simulations of the two systems under the same 

boundary conditions. The measurements of the air 

temperature, surface temperature of the floor and fluid 

temperature taken during 6 days of continuous operation 

and 6 days of intermittent operation of the heating systems 

were used to validate a numerical model which takes into 

account the dynamic behaviour of building structures as 

well as the transient operation of fluid in the embedded 

pipes. 

Simulations under the same boundary conditions were 

then performed for the two kinds of floor radiant heating 

systems and no significant difference was found in the 

thermal energy need. The thin-screed system presents a 

lower response time, but intermittent operation does not 

lead to a lower energy consumption. Moreover, if the 

supply fluid temperature is the same used during 

continuous operation, the set-point is hardly reached 

during short time-slots. To ensure comparable indoor 

conditions in the occupied time periods, the radiant 

system should be turned on earlier or the supply fluid 

temperature should be increased, with resulting higher 

energy consumption. 

From the analysis of the temperature inside the rooms, a 

negligible difference was found between air and operative 

temperature for both the radiant systems. 

The coupling of the emission system with the production 

system is an interesting issue to be further investigated, 

since the fluid temperature difference available from the 

production system significantly affects the transient 

operation of the radiant system and the time needed to 

reach the indoor set-point. 
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Figure 7: Results of the simulations of December for Room 2 with System 1 and System 2. 
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Abstract 

The present study, carried out within the framework of the 

PCC80 project (PCC80 stands for the Development of a 

New Generation of Condensing Boiler-Stove with 

recovery rate over 80 %), aims at investigating the 

possibility of combining a wood pellet boiler-stove (also 

called hydro pellet stove) together with other renewable 

(solar collector) and fossil-fuel (gas-fired boiler) heating 

devices within a detached single-family house in 

Belgium. A dynamic thermal simulation approach is used 

to assess the behaviour and the performance of residential 

heating systems as well as the occupant thermal comfort 

in a transient condition. The use of pellet boiler-stove 

within two different combinations, i.e. one is with only 

the solar thermal collectors and another one is with both 

solar collectors and a gas-fired boiler, is compared with 

the baseline system in which a gas boiler and a series of 

the solar thermal panels are used for space heating and 

domestic hot water (DHW) preparation. When using the 

hydro pellet stove, a fraction of the biomass combustion 

power is always directly released to its surrounding (i.e. 

the living-room) by the convection and the radiation, and 

potentially overheats the room if no space heating is 

needed. Different control strategies are therefore applied 

to the pellet-burning device and to the global system for 

reducing or avoiding this thermal discomfort. Generally, 

all three studied systems have succeeded in providing the 

required energy for space heating during the cold season 

and for making the DHW through the whole-year with the 

assistance of the solar thermal panels. The combination of 

gas, pellets and solar elements seem to be the best solution 

among studied system configurations. 

Introduction 

In Europe, among different energy consuming sectors, the 

residential one accounts for about 27 % of the total final 

energy consumption (Capros et al., 2016). About 79 % of 

this energy use comes from space heating and hot water 

demand (Eurostat, 2016). While representing as an 

important part of the overall final energy demand, about 

84 % of heating and cooling is still powered by fossil 

fuels, which rises the pressure on the EU’s (greenhouse-

gas) emission-cut target. Indeed, whereas renewable 

energies gradually assert their dominance in electricity 

generation, the heating and cooling sector remain far 

behind, only 16 % of heating and cooling power across 

the EU comes from renewable energies such as solar, 

geothermal resources and biomass. Therefore, without a 

major shift towards renewable heating and cooling, the 

EU will continue to import a large share of fossil fuels, 

while damaging the environment and putting the health of 

its citizens at risk (Zervos, Lins, & Muth, 2010). 

Amongst different renewable sources, biomass is the most 

widely used renewable energy for heating today 

(representing some 90 % of all renewable heating in 

Europe by 2016). The pellet of compressed wood (or 

pellet) presents, over other wood-fuels, a set of assets that 

constitutes one of the fuels of the future. In addition of 

being a local fuel, whose production and logistics chains 

have already been structured and professionalised for 

years, the pellet quality is better and better mastered, 

thanks to the introduction of standards and quality labels 

at the international level. Moreover, it can be used in fully 

automated systems to conciliate user comfort, energy 

performance and combustion hygiene. These features 

enable the individual wood-pellet heating systems, over 

the most suitable systems, to economically meet the new 

building energy efficiency requirements imposed on the 

European market. 

While the pellet stove always offers an aesthetic pleasing 

for its user, its service is limited only for space heating 

which is progressively reduced along with the 

improvement in building envelope performance. As the 

demand of direct heating is reduced, the major part of 

energy supplied by pellet stove must be valorised under 

other mode than the heat directly released in the room 

where the device is placed. Indeed, the fact of converting 

most of the heat produced during the biomass combustion 

into hot water makes it possible to upgrade this energy in 

various ways such as distribution in other rooms by 

radiators or production of DHW, etc. 

Within this context, the PCC80 project aims at developing 

a wood pellet boiler-stove which is aesthetic, user-

friendly, efficient and adapted to the specific technical 

characteristics of dwellings. Such a heating device must 

satisfy a double objective: 

• The stove, on the one hand, offers a broad vision on 

the flame for the warm and friendly character expected 

by this kind of products. 

• The boiler, on the other hand, must have a high 

efficiency. 

A particular attention of the project will be paid to the 

technical integration of the hydro pellet stove into the 

building. The solution will not be designed as a 

monolithic closed and frozen system but as a 
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preponderant element of a global and evolutionary 

heating solution, allowing an optimal valorisation of the 

different energy sources available in a house. In this 

respect, the regulation of the system, its opened 

characteristics and the possibilities of the communication 

with other energy systems such as solar water heater, heat 

pump or fossil-fuel boiler, and with the outside world (e.g. 

weather data) will be a significant part of the development 

effort. 

This study presents the result of the simulation in a 

transient condition for integrating a hydro pellet stove 

combined with other renewable (i.e. solar thermal panels) 

and fossil-fuel (gas boiler) heating devices within a 

residential building for room heating and DHW 

preparation. The study assesses the use of the pellet 

boiler-stove in two different configurations. In the first 

one, the pellet boiler-stove is combined with solar thermal 

collectors. In the second one, the pellet-based device is 

not only combined with the solar collectors, but also with 

a back-up gas boiler. These two system arrangements  are 

compared with a baseline system in which a gas boiler is 

combined with a solar water heater. The system modelling 

and simulation are carried out using the TRNSYS 

software package (Klein, S.A. et al, 2017). The weather 

data for Uccle (Belgium) in Typical Meteorological Year 

Version 2 (TMY2) format is used for the simulation. As 

presented in the previous work (Le et al., 2018), the 

operating constraints of the pellet boiler-stove can cause 

some inconviniences when it is used without a buffer 

storage tank for space heating and DHW preparation. That 

is why a central buffer tank will be employed for all three 

system configurations studied in this paper. 

System modelling 

System architecture 

The hydraulic concepts of the heating systems proposed 

for the present study can be described using Figure 1. The 

pellet boiler-stove (hereafter also called boiler-stove or 

hydro stove) is combined with the solar thermal collectors 

for charging the buffer storage tank. The heat storage is 

charged by solar energy as long as the temperature 

difference between the collector outlet and the bottom 

part of the storage tank is above a set value. The pellet 

combustion is the principal heat source supplying almost 

the energy required for room heating and DHW 

production over the heating season (between October and 

May) defined in the weather data file. Outside of this time 

when the space heating is no longer needed and the solar 

irradiation is high, the hydro stove will serve as a back-up 

boiler to the solar water heater, almost two thirds of the 

energy required for making hot water comes from the 

solar irradiation. Different control strategies through the 

heating and cooling seasons will be applied to the boiler-

stove for avoiding the potential overheating caused by 

device’s usage especially during summer. 

As many pellet boilers being installed are retrofitted into 

existing hydronic heating systems that have one or more 

fossil-fuel boiler, an optional connection to a gas boiler is 

also considered in this paper. This scenario can be useful. 

Throughout the cold season, the pellet boiler can serve as 

the “base load” heat source, often supplying more than 90 

% of the seasonal heating energy required. The existing 

boiler is retained to meet peak load or to provide all heat 

input to the building if the pellet boiler-stove is down for 

maintenance or service issues. The boiler-stove would 

operate as the fixed stage 1 boiler. The single existing gas 

boiler would operate as stage 2 boiler. From end of May 

to beginning of October, only solar collector and gas 

boiler (serving as a back-up boiler) will be used for 

charging the storage tank. 

The combination between a gas boiler and solar thermal 

panels is also considered as the baseline system to be 

compared with the two other system configurations. The 

three system arrangements considered in this study are: 

• System 1: Hydro pellet stove + solar collectors 

• System 2: Hydro pellet stove + gas boiler + solar 

collectors 

• System 3: Gas boiler + solar collectors 

 

Figure 1: System architecture 

As an amount of direct heat is always released by the 

boiler-stove to its surrounding when operating, a smaller 

radiator will be installed in the living-room for system 1 

and 2 compared to the system 3. 

 

Figure 2: DHW load profile for 7 days with a timestep of 

12 mins 

For all three systems above, the cold water goes through 

the coiled tube heat exchanger inside the buffer tank to 

increase the temperature. The hot water exiting the coil 

will then be mixed with the cold water to yield hot water 

at the desired temperature (i.e. 45°C for this study). The 
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load profile of hot water (cf. Figure 2) is in this work 

created using DHWcal program (Jordan & Vajen, 2005). 

The space heating loop is connected directly to the buffer 

tank and controlled by the room thermostat located in the 

living-room (cf. Figure 1). For the present study, only the 

hydronic radiators are used to warm up the rooms. 

Between October and May, the hot water from the buffer 

tank is automatically pushed through the radiators when 

the air temperature in the living-room is below its 

scheduled setpoint value. The mass flow rate of hot water 

going into the radiators is adjusted by the thermostatic 

valve installed on each radiator. The hot water from the 

buffer tank is mixed with the water coming back from the 

radiators to reach its expected supply temperature. This 

temperature value is not constant but reset over time 

depending on the outdoor air temperature as presented in 

Figure 3. 

 

Figure 3: Outdoor air temperature reset for space 

heating loop 

The room temperature setpoint is scheduled for the 

specified time intervals during week-days and week-ends 

as found in Table 1. 

Table 1: Room temperature set-point 

Time [h] Setpoint [°C] 

Week-day Week-end 

0-6 16 16 

6-8 22 16 

8-9 22 22 

9-16 16 22 

16-22 22 22 

22-24 16 16 

Building model 

The studied house is simulated using the multi-zones 

building model of TRNSYS (i.e. Type 56). The building 

is a typical Belgian detached (4 facades) single-family (5 

persons) house whose benchmark geometry has been 

established by Massart and De Herde (2010). The 

building is also used and well described in the study of 

Georges, Skreiberg, and Novakovic (2014). The house 

has a total floor area of 152 m2. Its envelope presents a 

protected volume of 420 m3, 360 m2 of opaque surfaces 

and 35 m2 of windows. The house’s internal organization 

is displayed in Figure 4: 

• The building is partitioned into two floors connected 

by a corridor (zone 2). 

• Each zone is modelled by only one thermal node, 

including zone 2 spreading on both floors. 

• The living-room (zone 1) is oriented towards the 

South and contains the pellet boiler-stove. 

• No thermal bridge is considered. 

• The house is highly insulated and considered with a 

performance level of the passive house.  

• A mechanical ventilation with heat recovery is 

installed for the house. 

• No ground coupled heat exchanger is taken into 

account for the present study. 

• Some other features such as solar protection, natural 

intensive ventilation are also considered for the 

simulation as described in the work of (Massart & De 

Herde, 2010). 

 

Figure 4: Sketches of ground and first floor of the 

building: kitchen coupled living-room (1), corridor (2), 

laundry (3), office (4), bedrooms (5, 6, 8, 9) and 

bathrooms (7,10) 

A summary of the main building properties, i.e. thickness 

and heat loss coefficients (U-value) of the corresponding 

walls, is given in Table 2. 

Table 2: Building properties 

Wall Thickness [m] U-value [W/m2-K] 

External wall 0.465 0.114 

Adjacent wall 0.13 2.963 

Adjacent ceiling 0.248 1.873 

Roof 0.419 0.111 

Ground slab 0.495 0.155 

Glazing/window - 0.81 

To take into account the ventilation and the air circulation 

inside the house, TRNFLOW (Weber, Koschenz, Dorer, 

Hiller, & Holst, 2003) is used. This module is coupled to 

TRNSYS allowing to model simultaneously the balanced 

whole-house mechanical ventilation by the air-intake 

within the living-room and the bedrooms and the 

extraction of the air from wet rooms (bathroom, laundry, 

toilet), but also to integrate different doors between the 

rooms, and to consider the house tightness by means of an 

appropriated mathematical model. For the present study, 

the living-room door is always opened while the doors of 

other rooms (bedrooms, office and bathroom) are closed. 

The heat recovery of mechanical ventilation is bypassed 

when the following conditions are reached: 

• Throughout the cooling season, when the air 

temperature of the living-room is simultaneously 

greater than its setpoint and the outdoor temperature 

• Between October and May, when the stale air 

temperature is greater than 23 °C and the outdoor 

temperature at the same time. 
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Boiler-Stove model 

The dynamic boiler-stove model in this study has been 

developed on the basis of an existing pellet boiler-stove 

model (Nordlander, 2003) with the appropriate 

adaptations and modifications. The model is developed in 

the C++ programming language and implemented as a 

non-standard component in TRNSYS environment.  

Being similar to the existing model of Nordlander (2003), 

the device operation has two-steps start phase, a burning 

phase and a stop phase lasting for a certain time after the 

pellet feeder has been turned off. The description of the 

start and stop phases as well as the minimum operating 

and cooling time of the heating device are given in Table 

3. The maximum power output of pellet boiler-stove 

studied in the present work is of 9.37 kW (provided by 

Stûv). It is possible to scale the device power output down 

to 30 percent of its maximum value. 

Table 3: Boiler-stove characteristics 

Pre-set 

duration 

Description 

dtsta1 

Duration between start signal and first flame 

vision of the stove, no combustion power is 

assumed. 

dtsta2 
Duration in which the stove operates with a 

combustion power Pcmbsta (e.g. Pcmbsta = Pcmb,min) 

dtfstp 
After stop sign, duration in which the stove 

continues to generate a decreasing power. 

dtcool, min 

In addition to stop phase duration, the minimum 

time before the device can be switched on 

again. 

dtop,min 
Minimum operating time between obtaining 

first flame and the stop sign 

The numerical model of hydro pellet stove is calibrated 

by means of an optimization process which minimises the 

difference between the result obtained from the 

simulation and the experimental data. The optimization, 

performed by GenOpt program (Wetter, 2001), is used 

with the GPS (Global Pattern Search) Hooke-Jeeves 

method. The cost function, CF, is defined as follows: 

 ( )
2 2

, , ( )wo cal wo ex cal exCF T T Q Q= − + −  (1) 

Where 

Two,cal and Two,ex are the calculated and experimental 

temperatures of water exiting the hydro stove, 

respectively. 

calQ  and exQ  are the calculated and experimental values 

of heat rate transferred to the water and the boiler-stove’s 

surrounding, respectively. 

The difference between the numerical calculation and the 

experimental values of water outlet temperature is shown 

in Figure 5. The figure shows a good agreement between 

the simulation results and the experimental data. 

 

Figure 5: Experiment vs simulation for model 

calibration 

Buffer tank, solar collector and gas boiler 

The hot water accumulator is simulated using Type 534 

of TESS (Thermal Energy System Specialists) library. 

This is the model of a constant volume storage tank with 

immersed heat exchangers. The tank volume is 0.6 m³. 

The model accounts for the thermal stratification by 

breaking the tank into a user specified number of 

isothermal nodes (6 for the present work). The storage 

tank has two immersed heat exchangers, one for the solar 

circuit and another one for heating up the domestic water. 

The heat exchanger of the solar circuit is placed at the 

bottom of the tank. The immersed DHW exchanger has 

its outlet at the top of the tank to extract the water as hot 

as possible. The hydro pellet stove and the gas boiler 

charge the heat storage at the top of the tank.  

The thermal solar collectors are simulated using Type 539 

(TESS library) which models a flat plate solar collector. 

The effects of the collector mass on its performance is 

considered by this model. The thermal performance of the 

total collector array is determined by the number of 

modules in series and the characteristics of each module. 

The collector performance is calculated using the result 

from a standard collector efficiency test. 

The differential controller, in conjunction with the 

collector and buffer tank sensors, determines when the 

pump should be activated to send the heat transfer fluid 

through the collector. The differential controller measures 

the temperature difference between the water leaving the 

solar collector and the water in the bottom part of the 

storage tank. When the water in the collector is about 10 

°C warmer than the water in the storage tank, the pump is 

turned on by the controller. When the temperature 

difference drops to about 2 °C, the pump is turned off. In 

this way, the water always gains heat from the collector 

when the pump operates. 

The gas boiler is only used in the system 2 and 3 for the 

present study. It is simulated using Type 751 of TESS 

library which models a simple boiler whose efficiency is 

read from an external data (TRNSYS default external data 

is used in this paper). The rated capacity of the boiler is 

assumed to be 10 kW. The boiler power output is scalable 

down to 20 % of its maximum value.  

When being used together with pellet boiler-stove and 

solar collectors in the system 2, the gas boiler is turned on 

when the water temperature at the top of the storage tank 
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is lower than 55 °C and turned off if the temperature is 

higher than 60 °C. Without pellet boiler-stove in the 

global system (the configuration 3), the gas boiler is the 

principal heat source for supplying almost the heating 

seasonal energy required and will be turned on if water 

temperature inside tank is below the temperature setpoint 

and turned off if the water temperature is 5 °C higher than 

the setpoint. During the cooling season, the setpoint value 

is constantly set to 55 °C while its value will be reset 

depending on the outdoor air temperature over the heating 

season as shown in Figure 6. 

 

Figure 6: Outdoor air temperature reset for gas boiler 

Hydronic radiator 

The radiator is simulated using the first order radiator 

model (i.e. the total radiator heat capacitance is 

concentrated at the exhaust node) as described by Holst 

(1996). The dynamic radiator model is developed using 

the C++ programming language and implemented in the 

TRNSYS environment as a non-standard component. The 

basic equations for the radiator model are given as below. 

The heat balance equation: 

 ,
,

( )

n

r wo lm
w w wi wo r n

lm n

C dT T
M Cp T T Q

dt T

 
− = +  

  

 (2) 

The logarithmic mean temperature difference: 
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lm
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T T
T

T T
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T T

−
 =

 −
 

− 

 (3) 

The lumped radiator capacitance of fluid and metal: 

 r w w met metC m Cp m Cp= +   (4) 

The subscripts w, met, r, and n denote water, metal, 

radiator and nominal value, respectively. The superscript 

n is the radiator exponent, i.e. the values that were used to 

define a radiator’s nominal heating capacity. 

The emitted radiator power is transferred to the room by 

the convection and the radiation. Knowing the radiative 

fraction of the emitted power at nominal operating 

condition (sn), the radiative fraction at other operating 

condition (s), is obtained by the following equation: 

 
4 4

4 4
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 (5) 

The ambient temperature, Tamb, in the equation above is in 

Kelvin (K). 

Control strategies 

This section describes the control strategies of hydro 

pellet stove used in the system 1 and 2. Regardless the 

system configuration, the boiler-stove ON/OFF is driven 

using a differential controller with a hysteresis depending 

on the water temperature at the top of the storage tank: 

• If the temperature is lower than the setpoint, the 

boiler-stove is on. 

• If the temperature is 10 °C higher than the setpoint, 

the boiler-stove is off. 

Table 4: Scheduled setpoint for boiler-stove ON/OFF 

Time interval 

[h] 

Setpoint [°C] 

Week-day Week-end 

0 – 5 TL TL 

5-7 TH TL 

7-9 TH TH 

9-15 TL TH 

15-21 TH TH 

21-22 TL TH 

22-24 TL TL 

For maximizing the vision on the flame of the stove and 

avoiding unnecessary overheating during night-time and 

inoccupancy day-time, the hydro pellet stove in the 

system 1 and 2 is preferred to work over specified time 

intervals between 5 am and 10 pm between October and 

May. To do that two setpoint levels (high - H and low - L) 

are scheduled for the water temperature at the top of the 

tank as found in Table 4. In addition to the scheduled 

setpoints, the values of TH, varying between 70 °C and 45 

°C, will be reset as a function of the outdoor air 

temperature as shown in Figure 7. The value of TL in the 

Table 4 is kept constant at 45 °C. 

 

Figure 7: Outdoor air reset control 

During the warm season, no space heating is needed. If a 

gas boiler is available in the system, the pellet boiler stove 

will be turned off for the whole period (as in the 

configuration 2). The back-up service to the solar water 

heater will be taken by the gas boiler. If there is no gas-

fired device in the system (configuration 1), the hydro 

pellet stove will be commanded to serve as a back-up 

device for the solar water heater. Two fixed setpoint levels 

are scheduled to promote the pellet-burning device to 

work between midnight and 6 am. During this period, the 

pellet device will be commanded to operate if the water 

temperature at the top of the tank is lower than 60 °C. 
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From 6 am to midnight, the boiler-stove will be used if the 

water temperature inside tank falls below 45 °C. A 

hysteresis of 10 °C is applied for controlling the device 

ON/OFF. 

Results and discussions 

The results presented in this paper are obtained from the 

dynamic simulation performed through the whole year 

with a timestep of 6 mins for all three configurations. As 

some numerical elements (i.e. Type 56 walls) of the 

system modelling are always initialized with a constant 

value, a warm-up period is then necessary to suppress the 

impact of initial conditions (Delcroix, Kummert, Daoud, 

& Hiller, 2012). In this study, an extra week at the 

beginning of the simulation is run as a warm-up time. This 

one week should not be taken into the final simulation 

result. 

 

Figure 8: Operations of pellet boiler-stove and gas 

boiler for the three systems 

Figure 8 presents the power outputs of the pellet boiler-

stove and the gas boiler for the system 1 (in the bottom of 

figure) and 2 (in the top of the figure) as well as the useful 

energy gained by solar collector fluid (in the middle of the 

figure). The solar gain is the same for all three different 

system arrangements. In the system 1, only hydro pellet 

stove (in blue) is available. This machine is commanded 

to operate throughout the whole year for heating up the 

house and making the DHW. A smaller operating 

frequency during hot season (from end of May to 

beginning of October) is observed for these heating 

devices since an important part of energy required for 

preparing the DHW is provided by solar thermal system 

and no space heating is necessary during this season.  

In the system 2, both hydro pellet stove and gas boiler are 

available. The pellet boiler-stove (in blue) is not ordered 

to run during the hot season but only for the period of cold 

weather when room heating is needed. The gas boiler (in 

red) is used during heating season only for meeting peak 

loads or when the pellet-burning device cannot be 

switched on from off situation due to its operational 

constraint (i.e. constraint on the minimum required 

cooling time). Within cooling season, the gas-fired boiler 

is used as a “back-up” solution to solar thermal system for 

making DHW. 

 

Figure 9: DHW temperatures 

For all three systems, the DHW with a wanted 

temperature of 45 °C is almost produced for the whole 

year as found in Figure 9. The best system in terms of 

DHW preparation is the second one, only one moment 

through the whole year, the temperature of required 

domestic water cannot be reached 45 °C. As the pellet 

boiler-stove in the system 1 is preferably shifted to 

operate between midnight and 6 am for advoiding the 

daytime overheating during the cooling season, the 

temperature is found below the wanted value when the hot 

water is taken at several moments during this period. 

During the cold period, the system 1 works as good as the 

system 2 for producing the domestic hot water. 

 

Figure 10: Living-room air temperatures 

Figure 10 compares the air temperature (in smoothed 

values) of the living-room (dashed lines) when using 

different heating systems 1 to 3. The living-room air 

temperature varies from about 18 °C, during night at the 

coldest moments of winter, to a maximum of about 33 °C 

in summer when the outdoor temperature (in brown) is 

about 30 °C. Over winter, the “smoothed” air 

temperatures go from 18 °C to 22 °C. Close to the so-

called cooling season (end of May to beginning of 

October), the air temperature of zone 1 increases slightly 

to between 22 °C and 26 °C. A small overheating is 

observed for the systems (1 and 2) using a pellet-burning 

device compared to the baseline system with a gas boiler 

for this period. The frequency of overheating is greater 

during the cooling season, but its intensity remains 

maximum around 1 °C. Since the hydro pellet stove is, in 
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the system 2, replaced by a gas boiler as the solar domestic 

hot water (SDHW) back-up in this period, the air 

temperature is identical for the system 2 and 3. 

The impact of the boiler-stove’s use to the house 

overheating is presented (for a 4-days period in summer, 

from 21/07 to 24/07, and winter, from 10/01 to 13/01) in 

Figure 11. In Winter, the amount of direct heat released 

when using pellet-based device contributes to the energy 

required for heating up the room. The living-room air 

temperature is identical (over observed period in the 

lower part of Figure 11) for the system 1 than the system 

3. Indeed, the applied control strategies for hydro pellet 

stove have a good effect to promote the device to work 

when the space heating is needed. The working moment 

and cycle length are quite similar for the hydro stove (in 

system 1) than the gas boiler (in system 3) even with two 

different control strategies. In summer, no space heating 

is needed, any thermal gain from direct heat when using 

boiler-stove will create the overheating. Its operation is 

therefore preferably brought to between midnight and 6 

am, when the living-room is not occupied and the outdoor 

air temperature decreases. As shown in the upper part of 

Figure 11, the overheating (caused by the use of the 

boiler-stove) in the living-room is only observed just after 

midnight. There is no difference in bedroom air 

temperature between system 1 and 3. The same legends 

(displayed in the upper part) are shared for the two parts 

of Figure 11.  

 

Figure 11: Impact of pellet boiler-stove’s use on room 

air temperatures in summer (above) and winter (below) 

 

Figure 12: Operation of pellet boiler-stove in summer 

(above) and winter (below) 

The performance, working time and cycle length of the 

pellet device are shown (for a 3-days period in summer, 

from 20/07 to 22/07, and winter, from 10/01 to 12/01) in 

Figure 12. During summer the pellet boiler-stove is 

commanded to run for often only once a day or once every 

two days with working cyles much shorter than that in 

winter. Regarding the boiler-stove performance, about 90 

% of the pellet combustion is converted into the water and 

the direct heat which increases the room temperature, only 

10 % of combustion energy is lost through the flue gas. 

The combustion losses by unburned gas (CO) and in 

unburned components in residues are very small and 

neglected in this study. As the model calibration of the 

boiler-stove is performed using the experimental data at 

the early stage of the product development, only 65 to 67 

% of the pellet combustion power is transferred to the 

water, more than 20 % of this energy is still converted into 

the room direct heating. In the final product, at least 80 % 

of the combustion power must be transferred to the water. 

 

 

Figure 13: Energy consumption and solar gain 

Regarding energy consumption for comparing different 

systems, only required combustion energy for gas boiler 

and pellet boiler-stove are considered. The parasitic 

energy consumption, e.g. electricity consumption, 

required for space heating and DHW preparation are not 

considered. The largest energy in thermal kWh is 

consumed by the system 3 followed by the system 1 and 

the lowest one is observed for the combination of pellets, 

gas and solar. The useful solar energy gained by collector 

fluid (brown curve in Figure 13) is the same for all three 

configurations. 

Currently, several EU State members grant the 

“Renewable Heat Incentive” for the pellet-burning 

products which makes it more competitive in terms of 

economic benefit to the fossil-fuel boiler whose utilisation 

is harmful for the environment and the human health. 

Conclusion 

The present study performs the dynamic simulation for 

integrating a wood pellet boiler-stove combined with 

solar thermal panels in two different system 

configurations, i.e. with and without gas-fired boiler, for 

heating up the house and making DHW. These system 

arrangements are also compared with a baseline system in 

which only gas boiler is used for space heating during the 

cold season and serving as the SDHW back-up in the 

warm season (high-irradiance period). Several 

conclusions can be drawn as: 
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• The hydro pellet stove brings not only the aesthetic 

advantage to the users, but also the efficiency in 

making DHW and heating up their dwelling. 

• The pellet boiler-stove could be a good renewable 

alternative-solution for the fossil-fuel boiler. 

• The use of hydro stove can cause thermal discomfort 

to the user in terms of room overheating especially in 

summer. The discomfort is reduced by combining the 

pellet-burning device with other renewable or even 

fossil-fuel heating devices and by the sophisticated 

control strategies. 

• The modification in hydraulic concept and the 

application of different control strategies in the 

present paper has a good effect for reducing or 

avoiding the issues caused by operating constraints of 

the pellet device as described in the previous work (Le 

et al., 2018). 

• The combination of pellet, gas and solar elements 

seems to be the best solution when considering 

simultaneously the environmental-friendliness, the 

thermal comfort and the energy consumption in 

thermal kWh. 

Further work should focus on a detail eco-environmental 

analysis of different system configurations to evaluate 

more precisely the potential of using a hydro pellet stove 

as an alternative device for conventional fossil-fuel boiler 

in the household sector. The extreme weather conditions 

and other building typologies should also be considered. 

The study will be useful not only for the boiler-stove 

manufacturer to identify the best use cases of pellet-

burning device and the necessary improvements for 

global system efficiency, but also to help the government 

in making the right policies for promoting the use of 

renewable energies, e.g. renewable heating incentives. 
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Nomenclatures 

C [kJ/K]  thermal mass 

CF [-]  cost function 

Cp [kJ/kg-K] specific heat 

m [kg]  mass 

M  [kg/h]  mass flow rate 

Q  [kJ/h]  heat power 

T [°C]  temperature 
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Abstract 

This study investigated the thermal potential of two 

renewable heat sources, residential wastewater and 

geothermal energy, for preheating the incoming air to the 

air-handling unit (AHU) in a multi-family building. The 

main purpose of preheating the inlet air was to avoid the 

frost formation inside AHU due to low outdoor 

temperatures during winter. Wastewater extraction 

flowrate and temperature, as two design parameters, were 

studied in detail by employing two types of wastewater 

storage tanks.  

The suggested outdoor air preheating systems equally 

reduced the defrosting period to 26% compared to the 

mechanical ventilation with heat recovery system 

(MVHR) without air preheating. The system that utilized 

a temperature stratified wastewater storage tank provided 

a higher ratio of heat output to electricity input. The other 

outdoor air preheating system, which was equipped with 

an unstratified wastewater storage tank, provided a lower 

ratio of heat output to pumping power. However, this ratio 

was not disturbed by variations in outdoor air 

temperature.  

Introduction 

Following the 2010 directive of the European Parliament 

on the energy performance of buildings (“Directive 

2010/31/EU of the European Parliament” 2010), the 

Swedish government has foreseen 50% reduction in total 

energy usage in buildings by 2050 (National programme 

for energy efficiency and energy-smart construction, 

2006). 

Heat losses through buildings’ façade as well as through 

ventilated air and wastewater are the major sources of 

thermal energy waste in buildings. Thermal losses from 

the used ventilation air in cold climates have efficiently 

been addressed by heat recovery systems. However, the 

moisture content in the return air from the building freezes 

in the MVHR heat recovery exchanger by meeting the 

fresh and cold outdoor air. This results in a reduced heat 

recovery potential, blockage of airflow, an increase in 

pressure loss and fan power need (Fisk et al., 1985; Rafati 

Nasr et al., 2014). Therefore, this study has suggested 

preventing frost formation in MVHR by preheating the 

inlet outdoor air using wastewater and geothermal energy.  

The share of wasted heat by residential wastewater 

compared to the total building heat demand has increased 

in new constructions (Meggers and Leibundgut, 2011). 

This is mainly because of the improvements in insulating 

building materials and more airtight constructions, which 

reduced buildings heat losses by transmission/infiltration.  

Daily variation of wastewater temperature is within 6°C 

(Postrioti et al., 2016; Seybold and Brunk, 2013). This 

makes outgoing wastewater a reliable heat source for the 

suggested system. Recent studies investigated the 

potential of residential wastewater in preheating the inlet 

air to MVHR. Ploskić & Wang (2018) studied the 

influence of outdoor air preheating during the coldest 

days in January in northern Sweden. It was concluded that 

the ventilation heating load could be decreased by 27%-

40% by this system.  Nourozi et al. (2019) showed that 

preheating the inlet air to MVHR using wastewater 

decreased the defrosting time by 50% in a multifamily 

building located in northern Sweden. However, the annual 

ventilation heating energy demand was not affected by 

outdoor air preheating. 

Constant temperature of ground at lower depths compared 

to outdoor air temperature makes geothermal energy an 

interesting renewable heat source for cooling and heating 

in buildings. In separate measurement studies, Simanić 

(2016), Kempe and Jonsson (2015) and Sundin (2016) 

utilized the extracted heat from a borehole, without the 

use of a heat pump, to preheat the inlet air to multifamily 

buildings in Sweden. They found that the outdoor air 

temperature increased by 10°C-12°C during coldest hours 

and the systems were effective in reducing the defrosting 

need, except for the outdoor temperatures below -15°C. 

As a general comparative study of geothermal energy and 

wastewater heat, this paper investigated the ratio of heat 

output from these sources to the required electricity input 

for pumps. Furthermore, the impact of the two types of 

wastewater storage tanks on the performance of the air 

preheating systems is further investigated.  

Methods 

The performance of the suggested systems was evaluated 

using dynamic simulations using the software, TRNSYS. 

The studied case was a multi-family house located in 

central Sweden where the outdoor temperature varies 

between -18°C and +5. The building was served with an  
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MHVR system equipped with a plate air-to-air heat 

exchanger. The total heated floor area was 876m2, and the 

ventilation airflow rate to and from the building was 

470l/s. The temperature of the supplied ventilation air to 

the rooms was +18°C. The studied period was limited to 

four coldest months, that is from December to March 

(2904h) when there was a risk of frost formation in the 

AHU. The frosting threshold for the return air of 21°C and 

relative humidity of 30% is approximately at an outdoor 

air temperature of -5°C (Rafati Nasr et al., 2014). 

Therefore, the circulation pumps in the studied air 

preheating systems were controlled to lift the outdoor air 

temperature to just above this temperature limit (-5°C).  

Three air-preheating systems were simulated to evaluate 

their potential in reducing the frosting problem in AHU. 

System 1, as shown in Figure 1, exploited the heat from a 

passive borehole (not coupled to a heat pump) to preheat 

the incoming airflow to the AHU. The effective length of 

the borehole was 250m, and a solution of 29% ethanol and 

71% water was circulated with a flowrate of 0.66kg/s to 

the air preheater. Systems 2 and 3 utilized the thermal 

potential of accumulated wastewater from the building by 

use of a temperature stratified and an unstratified tank, 

respectively. Grey water (referred to as wastewater in the 

paper) from the disposed wastewater is separated and 

stored in the studied storage tanks. The hourly variations  

of wastewater temperature and flowrate were used as 

inputs for simulations. The wastewater temperature varied 

between 19°C-25°C and its daily volume was 4m3 (during 

24 hours). The minimum cooled return wastewater 

temperature was 4°C. This temperature was controlled by 

bypassing the cold outdoor air from the air preheater to 

the MVHR. This would ascertain that wastewater did not 

freeze in the air preheater when the outdoor air 

temperature was low.  

For System 2, the discarded wastewater from the building 

entered to and was extracted from the top of the stratified 

storage tank where the highest temperature was available. 

The wastewater extraction flowrate from the tank to the 

air preheater was 0.2kg/s. The cooled wastewater was 

returned to the bottom section to ascertain the maximum 

wastewater volume and maintain the temperature 

stratification in the tank. For System 3, an insulated 

unstratified tank assured the highest temperature of 

wastewater since the returned cooled wastewater from the 

air preheater was released directly to the sewage system. 

The circulation pump, in this case, provided 0.065kg/s of 

wastewater flow rate to the air preheater. 

Results and Discussion 

The extracted heat from the mentioned heat sources using 

the studied systems are compared, and the results are 

provided in this section.  

Figure 2 illustrates the brine and wastewater supply 

temperature to the air preheater. For System 1, the 

extracted brine temperature varied between 3°C-8°C in 

the studied period. Although the temperature variation 

range is small, it was affected by the cold outdoor 

temperature.  

The top and bottom section temperatures of the stratified 

tank are also shown in Figure 2. There are abrupt 

fluctuations in temperature due to cold outdoor air (high 

load) and continuous extraction of wastewater in the 

stratified tank. Temperature stratification was limited  

Figure 1: Studied systems, air preheater served by a) borehole (System 1), b) wastewater from the 

stratified tank (System 2), c) wastewater from the unstratified tank (System 3) (Nourozi et al. 2019) 
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during both very cold and warm periods; however, 

wastewater extraction temperature dropped during the 

coldest hours when the returned cooled wastewater was 

mixed in the tank. During highest heat loads (coldest 

outdoor temperatures), the maximum wastewater 

temperature decreased to 8.6°C. Although the wastewater 

reserve volume in the tank was maintained at maximum, 

the plunge in extraction wastewater temperature affected 

the transmitted heat rate to the outdoor air.  

For the unstratified tank used in System 3, wastewater 

temperature remained undisturbed during the extraction 

periods. The average temperature was 23°C, which was 

approximately equal to the daily mean temperature of the 

outgoing wastewater from the building. The reserved 

wastewater in the unstratified tank as shown in Figure 2b 

was mostly maintained at the maximum level (4m3) 

except for long periods of cold outdoor temperatures. The 

set value for the minimum wastewater volume in the tank 

was 100L (= 2.5% of the maximum volume). Therefore, 

System 3 had wastewater shortage only at one point 

within the evaluated period (at 1120h). This corresponded 

to the outdoor temperature equal to -18°C with the 

duration of 4 hours.  

Figure 3 illustrates the ratio of transmitted heat output to 

the required pumping power need (electricity input). 

According to the previous findings by Nourozi et al. 

(2019), all three studied systems equally reduced the 

defrosting time to 26%; from initially 34% to 9% of the 

evaluated time (2904 h). However, System 1, as shown in 

Figure 3, had the lowest heat output-to-electricity input 

ratio, which is mainly due to the high required pumping 

power. System 1 had higher brine flowrate compared to 

wastewater flowrate in Systems 2 and 3. However, lower 

temperature of brine compared to wastewater decreased 

the transferred heat rate to the incoming airflow in this 

system.  

System 3, as compared to System 1, showed higher 

potential in providing the recovered heat to the inlet air to 

MVHR; even though, the limitation of the stored 

wastewater volume in the tank hindered this system to 

recover more heat from the source. System 3 was 

designed based on the discarded wastewater flowrate 

from the building and the lowest outdoor temperature in 

the studied region. Therefore, the heat source 

(wastewater) shortage in the storage tank only occurred 

once during the studied period, which corresponded to the 

lowest outdoor temperature.  

System 2 had the highest heat output-to-electricity ratio. 

Availability of wastewater reserve in this system made 

heat recovery from wastewater possible during periods of 

very low outdoor temperatures (peak loads). 

Nevertheless, circulation of highly cooled wastewater 

(4°C) from the air preheater to the storage tank limited the 

temperature stratification in the tank, as shown in Figure 

2a. Therefore, the required pumping power was constant 

during most of the evaluated period but the recovered heat 

rate for the wastewater significantly decreased due to the 

reduced extraction temperature at the top of the tank. This 

has been reflected by abrupt fluctuations of the heat 

output-to-electricity input ratio in Figure 3.   

Figure 2: Brine/wastewater temperatures and volume from borehole/storage tanks 
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Conclusion 

This study evaluated the thermal potential of two 

renewable heat sources to improve the performance of a 

building’s ventilation system. The recovered heat from a 

borehole and residential wastewater was used to preheat 

the inlet air to MVHR. Preheating the outdoor air reduced 

the possibility of frosting in AHU during cold season. 

Simulation results for three studied air-preheating 

systems showed that: 

 System 1 (see Figure 1), had the lowest heat 

output-to-electricity input ratio. This was mainly 

due to high pressure losses of the borehole heat 

exchanger (collector), and consequently a high- 

pumping power requirement.  

 System 2 had the highest heat output-to-

electricity input ratio, especially during the 

coldest hours (peak load). However, this ratio 

was associated with abrupt fluctuations in 

transmitted heat output, which in turn, was a 

result of a high load (low outdoor temperatures).  

 The cooled return wastewater from the air 

preheater decreased temperature stratification in 

the stratified tank. Therefore, lower supply 

wastewater temperature reduced the transferred 

heat rate to the outdoor air.  

 System 3 provided a constant heat output-to-

electricity input ratio during the entire studied 

period. Utilization of an unstratified wastewater 

storage tank ensured the highest supply 

wastewater temperature to the outdoor air. This 

resulted in a more stable response to the outdoor 

air temperature variations.  

 Limitations in wastewater volume in the 

unstratified wastewater storage tank restricted 

the heat recovery potential and the amount of 

transferred heat to the inlet air to AHU (in case 

of System 3). 
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Abstract 

Building sector continues to grow into one of the biggest 

consumers of energy in south Asian countries (classified 

majorly as very hot-humid and dry climatic zone). 

Estimates account space air-conditioning at nearly 50% of 

the energy consumption in commercial building sector, 

making energy a significant operational cost. Evolution of 

energy efficient space cooling system thus becomes a 

prerogative criteria (since the CDD10 is greater than 

5000), paving the way for localized/personalized cooling. 

The research involves analysis of energy consumption 

patterns for a typical office space with a) Variable air 

volume system, b) Radiant floor cooling system c) 

Localized cooling by radiant panels on workstations. For 

the respective systems, zone cooling set point 

temperatures is varied based on climate responsive 

standard of India (representative of south Asian climate 

zone) and ASHRAE standard as baseline to arrive at the 

prospective cooling energy consumption patterns. 

Definitive deviance potential from the baseline present an 

opportunity to adopt energy efficient strategies. Greater 

impetus is provided to personalize cooling since from an 

energy consumption perspective, it reduces energy 

consumption by 30% over VAV system. Furthermore, 

tabs are kept on air distribution pattern and quality of air 

in the conditioned office space (by considering the 

standard k-Ɛ turbulence model) ensuring human comfort 

has greater degree of significance to energy consumption 

optimization.  

Introduction 

Globally, building construction and occupation have 

come under spotlight for its very strong linkages with 

energy use and climate impacts. Efficient use of energy is 

strongly emphasized over the last decade or so, since the 

reserve of our global energy resources is finite and 

depleting. The World Energy Outlook 2009, the global 

energy usage tracker of the Paris-based International 

Energy Agency says that the half of world’s population in 

cities is already consuming two-third of world’s energy. 

By 2030, cities will be consuming 73 per cent of world 

energy, accounting for 70 per cent of CO2 emissions. It 

projects big increase in energy and global CO2 from the 

increase in floor space in buildings of various types, 

especially in non-OECD countries (Organization of 

Economic Cooperation of Developed Countries) due to 

lifestyle changes. Within the climate and energy debate 

the urban consumption pattern in building units in cities 

thus becomes the focal point of mitigation.  

A study by IPCC 1996 indicates, share of energy 

consumption by residential, commercial and institutional 

building sector across the globe is expected at 38% by 

2050. This increase is directly a result of rapid 

urbanization and growth of cities as major economic hubs 

in developing countries. Indian Green Building council 

says the global growth rate of construction Industry is 

5.2% and specific to India, the figure nearly doubles to 

10%. According to Energy Statistics 2013 of India’s 

National Statistical Organization (NSO) shows electricity 

accounted for more than 57 per cent of the total energy 

consumption during 2011-12 in India, and building sector 

is already consuming close to 40 per cent of the electricity. 

This is expected to increase to 76 per cent by 2040. With 

the rapid increase in urbanization and its associated 

energy usage, there exists a massive demand to provide 

energy optimization solution for building operation.  

Within a building, nearly 20% of the total energy demand 

is consumed as operational energy. Optimizing the 

operational energy demand in a positive way will 

influence the overall energy requirements of the building 

industry. Commercial offices offers a vivid opportunity to 

install/retrofit energy efficiency measures to optimize 

operational energy. Many research has benchmarked 

heating, ventilation and air-conditioning as the major 

energy guzzler in commercial office spaces with estimates 

at around 50 to 60% of overall energy consumed by 

building. Despite perceptions to the contrary, energy-

efficient offices are not expensive, difficult to manage or 

inflexible. Nor are they low on comfort and productivity. 

Energy-efficient techniques which work well tend to be 

reliable, straightforward, and compatible with 

management and user needs. Capital costs are often 

similar to those for normal offices, although budgets may 

be spent differently – for example, on measures to 

decrease cooling loads instead of on air-conditioning. 

Radiant cooling system and personalized radiant panel 

systems are few of such technology which is impending 

in India.  

Radiant cooling systems provide an opportunity to 

achieve significant energy and peak demand savings 

compared to conventional HVAC systems. Radiant 

cooling systems have circulation of water in pipes or tubes 

embedded in floor or ceiling or even on other surfaces 

such as walls. With radiant systems, people are cooled by 

radiant heat transfer from their bodies to adjacent 
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Sensitivity: LNT Construction Internal Use 

surfaces—ceilings, walls, or floors—whose temperatures 

are held a few degrees cooler than ambient. This produces 

higher savings, since water has more than 3400 times the 

energy transport capacity of air. Since radiant cooling can 

take care of only sensible loads, parallel schemes are 

required for latent loads. These methods may form part of 

the ventilation strategy such as dedicated outdoor air 

systems.  

Even though the radiant cooling system is comfortable 

and energy saving, application of the same is limited by 

the condensation problem that might happen. 

Condensation occurs when the surface temperature of the 

panels is lower than the dew point temperature of room 

air. And the sudden increasing of moisture gain indoors or 

the decreasing of supply water to improve cooling 

capacity cause condensation (Wufen Jin et al.2015) This 

will directly affect the efficiency of the chiller and the 

operating conditions of cooling system. In order to avoid 

condensation, the surface temperature of panels should be 

controlled higher than the dew point temperature, which 

will limit the cooling capacity. Radiant systems are able 

to provide better and more uniform thermal environment 

[Olesen 2008], since the mean radiant temperature is also 

an important factor which affects the comfort of people. 

Various other benefits of radiant cooling system includes 

greater architecture flexibility, reduced operating and 

maintenance costs and more effective control of 

ventilation [Uponor]. 

The major function of an air conditioning system is to 

make people feel comfortable even during adverse outside 

conditions. In an office environment most of the time 

individual will be in his seat and working. By using 

radiant panels in the workstation, we tried to make the 

conditioning more localised so that the individual will feel 

more comfortable while working. So the amount of air to 

be treated will be drastically reduced which will directly 

affect the savings without any effect on the comfort of the 

people inside. The remaining area in the room was 

supplied with the fresh air by separate AHU’s specified as 

per the standards and hence the ventilation was also taken 

care of. In this research, we found out the energy saving 

comparison of a radiant ceiling cooling system and 

localized cooling with radiant panels on workstation with 

a conventional VAV system designed as per ASHRAE 

standard. This paper will definitely help as a basis for 

future researches in the radiant cooling areas for the 

designing of an energy efficient building. 

Methodology 

To provide thermally comfortable environment, 

conditioning the built space becomes a prerogative in hot-

humid and dry climatic zone. Upholding the thermal 

comfort index at acceptable levels offers a challenge to 

optimized building operational energy consumption.  

With this in hindsight, the study utilizes whole building 

energy simulation approach to analyze energy 

consumption patterns of three different zone air-

conditioning systems for a typical office space. The 

HVAC systems considered for comparison on the basis of 

comparable first costs are a) Variable air volume system, 

b) Radiant ceiling system and c) Personalized radiant 

panel system. The HVAC systems cater to the cooling 

demand of a 12 floor typical office layout with an overall 

built up area of about 7500 m2. Figure 1 details the 

methodology adopted for study. ASHRAE 90.1-2010 is 

considered as basis for occupancy, envelope, lighting 

power density, equipment power density and associated 

operational schedules. The exact values are referenced in 

Table 1.  

Zone air set point temperature is also varied to determine 

the degree of energy optimization potential. Conventional 

model with a set point of 24˚C and set back of 26 ˚C and 

Indian Adaptive model with a climate responsive set point 

temperatures graphed in Figure 6 and a setback of +1.5 ˚C 

from set point are considered as the basis of HVAC 

system sizing. 

Figure 1: Study Methodology 
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Sensitivity: LNT Construction Internal Use 

Table 1: Building Simulation Inputs - As per ASHRAE 

90.1-2010 

 To avoid skewedness in the annual hourly simulation 

results, weather profiles of 4 cities namely Delhi, 

Chennai, Mumbai and Nellore are considered to 

normalize the energy consumption patterns. 

Figure 2: Mumbai DBT (hourly) 

 

Figure 3: Chennai DBT (hourly) 

 

Figure 4: Delhi DBT (hourly) 

 

Figure 5: Nellore DBT (hourly) 

Figures 2 to 5 capture the hourly ambient dry bulb 

temperatures (DBT) of the above cities. On the basis of 

above detailed criteria, Building energy performance 

index (kWh/m2) and building HVAC performance index 

(kWh/m2) is evaluated for a typical office space.   The 

climate responsive set point temperatures are calculated 

using equation 1, which denotes the relationship between 

zone operative temperature and ambient dry bulb 

temperature of location.  

𝑇𝑜 = 0.078 ∗ 𝑇𝑎𝑑𝑏𝑡 + 23.25                (1) 

Where, 

𝑇𝑜 ∶ 𝑂𝑝𝑒𝑟𝑎𝑡𝑖𝑣𝑒 𝑡𝑒𝑚𝑝𝑒𝑟𝑎𝑡𝑢𝑟𝑒 

𝑇𝑎𝑑𝑏𝑡 ∶ 𝐴𝑚𝑏𝑖𝑒𝑛𝑡 𝑑𝑟𝑦 𝑏𝑢𝑙𝑏 𝑡𝑒𝑚𝑝𝑒𝑟𝑎𝑡𝑢𝑟𝑒 

90% acceptability levels = 𝑇𝑜 ± 1.5               (2) 

Equation 2 indicates that zone operative air temperature 

range in which 90% of office occupants are comfortable. 

The climate responsive set point temperature is an 

alternative path to determine thermal sensation in 

comparison to Predictive Mean Vote (PMV) model.  

 

Figure 6: Set point temperature - Indian Adaptive 

Comfort Model 
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Sensitivity: LNT Construction Internal Use 

Software used 

Annual energy consumption patterns for the three HVAC 

systems considered for the research study is simulated   

using DesignBuilder software version 4.7. The 

capabilities of the software concerning building energy 

simulation is compliant with ASHRAE standard 140 

requirements. DesignBuilder uses EnergyPlus dynamic 

simulation engine to generate performance data of the 

buildings like cooling load, energy consumption, monthly 

demand and so on.  

Simulation models 

The study mainly focuses on the energy consumption as a 

result of various HVAC systems.  

a) Variable Air Volume system 

The baseline system considered for analysis is variable air 

volume system shown in Figure 7. The supply air 

(inclusive of fresh air requirements as per ASHRAE 62.1-

2010) to each conditioned zone is catered by a parallel fan 

powered variable air volume box. All the VAV boxes in a 

floor are connected to a single air handling unit whose 

cooling coils are catered by a water cooled chiller sized as 

per ASHRAE 90.1-2010 recommendations.  

Modelling of VAV system is not explained in detail as it 

is designed and modeled as per ASHRAE 90.1-2010, 

Appendix G guidelines. 

b) Radiant Ceiling System 

With regards to radiant cooling system, the fresh air is still 

served by the VAV boxes in combination with air 

handling system. To negate the effects of primarily 

sensible loads of each zone by conditioning the zone, 

radiant tubes are laid down in zone ceiling construction.  

Radiant ceiling cooling system incorporates chilled 

ceiling to provide a thermally comfortable environment 

for occupants. To enable this, chilled water is circulated 

through in-situ tubes located within ceiling construction, 

thus reducing the surface radiant temperature. All bodies 

radiate or absorb heat and the degree of radiant heat 

transfer is directly proportional to temperature difference 

between bodies. When the phenomena of heat absorption 

by zone occupants is higher, the thermal perception shifts 

to hot as referred from PMV scale. The chilled ceiling 

improves the thermal perception of occupants to ‘neutral’ 

by cooling surrounding surfaces (i.e. ceiling in our case) 

thereby creating comfortable conditioned zones.   

Modelling of radiant ceiling cooling system 

First stage in modelling the radiant ceiling in 

DesignBuilder software is to switch on the “internal 

source” option (in ceilings/roof), available in the 

“constructions” tab. Then in HVAC system modelling the 

chilled water tubes are modeled inside the zones and is 

designed so as to meet the sensible load of the zone. After 

this the chilled water tubes from all the zones are 

 
Figure 8: Radiant ceiling system - Model 

 
       Figure 9: Radiant ceiling - cross section 

connected to a separate chiller designed separately for 

radiant cooling ceiling system. Here the radiant tubes are 

designed to run throughout the ceiling area of each level, 

Figure 7: Variable air volume system 
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which is around 660 m2 per level. Figure 8 indicates the 

schematic diagram of radiant cooling system modelled in 

design builder and Figure 9 provides a cross section of 

tubes in zone. 

The desired temperature difference between circulating 

chilled water and conditioned zone temperature is only 3-

50C (i.e. the circulating water temperature is supplied at 

18-20 0C). Water, with its inherent higher specific heat 

capacity, absorbs heat from the conditioned zone and 

follows the stages on refrigeration cycle. Majority of 

sensible heat will be removed by this process and the 

remaining loads (mostly latent loads) is catered by 

independent Direct Outdoor Air (DOAS) system (Figure 

9). High cooling capacity of water in combination with 

higher chilled water temperature inadvertently ensures 

energy consumption savings is higher when compared 

with conventional HVAC systems. 

c) Personalized Cooling System 

Personalized cooling also captures the essence of radiant 

cooling system for space conditioning. The primary 

difference is that personalized cooling contains radiant 

panels in workstation area thereby.  

The benefit here is, only workstation area is cooled to set 

point temperature (refer Figure 6) by radiant panels in 

which chilled water is circulated. Whereas the other 

circulation zones along with ventilation loads are catered 

by DOAS system to ensure comfort conditioning. 

Therefore, the purpose of personalized cooling is to limit 

the requirement of cooling to precise set points within the 

zone volume that are predominantly occupied (i.e. the 

occupant microclimate) by occupied for maximum hours. 

Modelling of personalized radiant panel system 

Similar to radiant ceiling cooling the personalized cooling 

panels were also modeled in the software with the only 

difference being the radiant panels were modeled in the 

zone only above the cubicles of occupants. This reduces 

the tube length of chilled water and making the 

 
Figure 10: Personalized cooling 

conditioning personalized. All the radiant panels are then 

connected to chiller specifically for this panels and the 

chilled water is passed through the tubes based on the 

cooling load. In this case the number of occupants per 

floor area is considered as per ASHRAE standards and 

based on that each cubicle area is determined. Total 

cubicle ceiling area per level comes around 90 m2 and 

only in this area the radiant panels are modeled and in 

other areas the AHU will be supplying cooled air so as the 

setpoint air temperature is met (2 degree higher than 

cubicle area for ASHRAE case and 1.5 degree higher for 

adaptive comfort case). Schematic of the personalized 

cooling modeled in Designbuilder software is shown in 

Figure 10. 

Discussion and results 

The simulations for the three different systems were 

carried out in Design Builder version 4.7.0.027. All 

simulations have been carried out for 8760 hours using the 

Energyplus engine version 8.3.  

a) Analysis of zone set point temperatures 

It is important to ensure rationality on the selection of 

zone set point temperature as it impacts energy 

consumption and thermal comfort on equal footing. In this 

study by considering 4 cities representative of hot-humid 

and dry climate zones, cooling load and operational 

energy for conventional set point of 24˚C and adaptive set 

point (Figure 6) is analyzed.  

Figures 11-13 are representative of energy consumption 

for 4 major cities considered for analysis. It can be seen, 

only by adopting a climate responsive set point 

temperature (i.e. Indian Adaptive Comfort Model in this 

case), considerable savings in energy consumption is 

achieved (5% in the case of VAV and radiant ceiling 

system and 3% in the case of personalized cooling system) 

independent of the type of air-conditioning system.  

 
Figure 11: Energy consumption - VAV system 
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Sensitivity: LNT Construction Internal Use 

 
Figure 12: Energy consumption - Radiant ceiling 

 

Figure 13: Energy consumption - Personalized cooling 

 

Figure 14: Cooling load comparison 

Figure 14 is representative of the cooling load reduction 

in Tonnage of refrigeration between VAV/Radiant 

ceilings and personalized cooling systems. Cooling load 

analysis indicates, adopting adaptive set point 

temperature 3-4% reduction in cooling load is achieved.  

b) Analysis of Building Performance Index 

In this study, the building performance index is accounted 

by two dynamics a) Building energy index (BEI) and b) 

Building HVAC index (BHI).  

i) Building Energy Index 

𝐵𝑢𝑖𝑙𝑑𝑖𝑛𝑔 𝑒𝑛𝑒𝑟𝑔𝑦 𝑖𝑛𝑑𝑒𝑥 =  
𝑂𝑝𝑒𝑟𝑎𝑡𝑖𝑜𝑛𝑎𝑙 𝑒𝑛𝑒𝑟𝑔𝑦 (𝑘𝑊ℎ)

𝐵𝑢𝑖𝑙𝑡−𝑢𝑝 𝑎𝑟𝑒𝑎 (𝑚2)
       (3) 

 

Figure 15: BEI - set point 24˚C 

 

Figure 16: BEI - Adaptive set point 

Figure 15 and 16 indicates the building energy index/year 

for 4 major cities simulated for set point 24˚C and 

adaptive set point respectively. VAV system is considered 

as the baseline for both cases. The savings percentage in 

terms of BEI is seen in Table 2. It is observed that the BEI 

reduces from 120 kWh/m2 for VAV system to 80 kWh/m2 

in the instance of personalized cooling for case 1 (i.e. 

conventional set point of 24˚C) and for case 2 (i.e. 

Adaptive comfort model), the BEI reduces from 113 

kW/m2 for VAV to 77 kWh/m2 for personalized cooling 

system Figure 17.  

Figure 17: Range of BEI - major cities 
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Sensitivity: LNT Construction Internal Use 

Table 2: BEI - Savings (%) 

System 
Case - 1 

(set point 24° C) 

Case - 2          

(Adaptive set 

point) 

VAV Baseline Baseline 

Radiant ceiling 20-25% 19-25% 

Personalized 

cooling 
33-35% 31-34% 

In all the three systems compared, the room temperature 

is 240C for case-1. Reasons for energy savings in radiant 

cooling system is mainly because of the larger thermal 

mass cooling, the peak load is lowered and also because 

of the lower energy required to pump chilled water in 

radiant tubes than distributing cooled air with fans. In 

personalized cooling the total area to be cooled to 240C 

itself got reduced (only cubicle areas),as the rest of the 

area is maintained at 2 degree higher (260C), as most of 

the time occupant is present in cubicle area only. This 

resulted in more savings than normal radiant ceiling 

system. 

Similarly in case-2 (adaptive setpoint), the setpoint 

temperature is varying between 24.4 to 25.80C based on 

the Indian adaptive comfort for each month with a setback 

of 1.50C for 90% acceptability limit. This resulted in 

increasing the inside setpoint by around 1.30C for Indian 

climates than ASHRAE case, which resulted in more 

reduction in energy consumption and thereby increasing 

the savings. 

ii) Building HVAC Index 

Building HVAC index (BHI) excludes the lighting and 

equipment energies from building energy index.  

 

Figure 18: BHI - set point 24˚C 

The energy consumption for lighting and equipment’s are 

194 MWh/year and 211 MWh/year respectively. BHI 

enables to quantify actual reduction in energy 

consumption for space conditioning.  

Figure 18 and 19 indicates the building HVAC index/year 

for 4 major cities simulated for set point 24˚C and 

adaptive set point respectively. The savings percentage in 

terms of BHI is seen in Table 3. It is observed that the BHI 

reduces from 67kWh/m2 for baseline VAV system to 26 

kWh/m2 in the instance of personalized cooling for case 1 

(i.e. conventional set point of 24˚C) and for case 2 (i.e. 

Adaptive comfort model), the BEI reduces from 60 

kW/m2 for VAV to 23 kWh/m2 for personalized cooling 

system. 

 

Figure 19: BHI - Adaptive set point 

 

Figure 20: Range of BHI - major cities 

This means, with further optimization in lighting and 

equipment energy the overall building energy index 

savings will further increase from 31-35% as indicated in 

Table 3.  

Table 3: BHI - Savings (%) 

System 
Case - 1  

(set point 24° C) 

Case - 2  

(Adaptive set 

point) 

VAV Baseline Baseline 

Radiant ceiling 37 - 46% 37-48% 

Personalized 

cooling 
59 - 64% 60-64% 

c) Analysis of surface temperatures for 

condensation: 

One of the major drawbacks with the Radiant cooling 

system is condensation. When temperature of panel is 

below dew point temperature of room air, then the 
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Sensitivity: LNT Construction Internal Use 

moisture present in the air condenses. This will result into 

microbial growth which decreases the air quality. (Fred S. 

Bauman et.al., 1996). It has been shown that with the use 

of personalized cooling system, thermal comfort can be 

well maintained even at the room air temperatures 

reaching 30 °C and at a relative humidity of 60–70% (Zhai 

Y et.al, 2013). 

In this study, the surface temperature variation is analyzed 

against zone dew point temperature during hottest months 

(i.e. from May to August) to identify the possibility of 

condensation. Figure 21- 24 represents the temperature 

variation for the major cities under consideration.  

 
Figure 21: Dew point and surface temperature variation 

– Chennai 

 

Figure 22: Dew point and surface temperature variation 

– Nellore 

 

Figure 23: Dew point and surface temperature variation 

– Mumbai 

 

Figure 24: Dew point and surface temperature variation 

– Delhi 

The surface temperature is analyzed for personalized 

cooling where the possibility of condensation is higher. 

With the chilled water temperature circulating inside the 

radiant tubes maintained at 18 to 20˚C during typical 

office hours, the extent of condensation to affect thermal 

perception of occupants is non-existent.  

Conclusion 

Based on the simulation results, radiant cooling and 

personalized cooling potentially redefines the way 

cooling is done for typical office spaces. The following 

broad points are observed which adds values to more wide 

adoption of personalized cooling.  

• Personalized cooling is less complex in terms of 

number, size and space requirement of equipment’s 

on high side and low side than conventional systems.  

• With regards to building performance index, 

conservatively 46 to 48% energy savings can be 

achieved which when translated to building 

operational cost results in huge monetary savings.  

• The condensation phenomena which goes against the 

implementation of personalized cooling is virtually 

non-existent to affect occupant thermal comfort.   
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Abstract 

Airflow windows equipped with heated glazing offer the 

possibility to partly recover at the same time thermal 

losses through the window as well as the heated glass 

ones. Indeed, heat is recovered by the fresh air coming 

from the outside and flowing between the window panes 

before its introduction into the building. Using a two-

dimensional nodal model of the airflow window coupled 

to a single-family house thermal one, parametric studies 

have been carried out in order to evaluate the performance 

of the heated airflow window in terms of heating energy 

consumption. A slight increase of heating energy is 

observed depending on the windows exposure and the 

climate compare to non-heated airflow windows cases 

with electric convectors as a heating system. Comparisons 

to conventional double-glazed windows were also 

performed. Results show that it is more efficient in 

comparison to a double-glazed window case. It can be an 

alternative to conventional electric heating solutions and 

is suitable for buildings with a high air tightness. 

Introduction 

In the building sector, glazing and fresh air ventilation are 

today two major weaknesses in terms of building energy 

performances, and this is particularly true for passive 

buildings (losses of around 60 % through glass walls and 

20 % due to fresh air ventilation) (Feist & Schnieders, 

2009). Reducing building consumption requires to 

improve the building envelope components and systems 

performances. The envelope component considered here 

is an airflow window equipped with a heated glass (Figure 

1) that can simultaneously meet several needs, namely 

ventilation, natural lighting and heating. The advantage is 

to partly recover heat losses by the circulation of outdoor 

fresh air through the glazing before its introduction into 

the building. Indeed, the entering fresh air is heated by 

partly recovering thermal losses through the window, 

energy from solar radiation absorbed by the glazing and 

losses of the heated glass (Figure 1B). The technology of 

heated glazing is based on the conductive properties of a 

transparent metal oxide (TCO) layer composed of metal 

microparticles deposited on the surface of the glass 

(Granqvist & Hultåker, 2002; Gerhardinger, 2003). When 

the coating is connected to a power supply, it is crossed 

by an electric current. The metal coating then operates as 

a low temperature electric heater based on Joule effect. In 

comparison to conventional electric radiators and 

convectors, the main disadvantage of the heated glazing 

is to be in contact to the outdoor environment. Part of the 

heat emitted by the system is thus directly transmitted to 

outdoor environment. Heated windows can help to avoid 

draft and asymmetrical radiation always caused by 

Figure 1 A: Schematic view; B: working principle of the studied airflow window. 

Φout

Φsupp

Φ  
     Φ   

  Φ     

Φin

  

Frame

Frame

A B

________________________________________________________________________________________________ 

________________________________________________________________________________________________ 
Proceedings of the 16th IBPSA Conference 
Rome, Italy, Sept. 2-4, 2019

 
2019

 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

https://doi.org/10.26868/25222708.2019.211049 
 



conventional heating systems, particularly if associated 

with poor U-value windows. 

Kurnitski et al. (2004) have defined and numerically 

studied the efficiency of the heating glazing. This 

efficiency, noted Ew, only accounts for the additional 

losses due to the heated window (compared to a non-

heated window). The authors have shown that, for a given 

indoor temperature, the effectiveness of such a device 

depends on the outdoor temperature and the thermal 

resistance of the glazing. The efficiency of a conventional 

heated glazing unit (U = 1.1 W.m-2.K-1) is 0.78 at -10 °C 

and reaches, for the same temperature, 0.89 for extremely 

efficient glazing (U = 0.6 W.m-2.K-1), i.e. for triple glazing 

with two low-emissivity layers. Kurnitski et al. (2004) 

have finally demonstrated that the efficiency is 

proportional to the U-value of the window. In terms of 

thermal comfort, one of the advantages of heated window 

is to create a more homogenous environment by canceling 

the phenomena of cold wall. The heated window creates 

a more uniform radiant environment, but stratification can 

occur if the supplied air is too warm. These problems of 

stratification are usually accounted for by applying an 

emission efficiency to the emitter, which mainly depends 

on the convective share of the heating system. As an 

example, the emission efficiency of an air heating system 

is estimated at 81-93 %, and that of a radiator at 83-95 % 

(DIN V 18599-2, 2007).  

Many patents have been filed on the heating glazing 

(principle, composition of the coating, electric 

connectors, etc.), but only a few relates to the association 

of a heated glass to an airflow window, and the literature 

on this subject is limited to the following patents. A patent 

was published in 1990 by Saint-Gobain Vitrage 

International (Fremaux & Brechot, 1990), and is aimed to 

add heated glazing system to existing windows. Another 

Saint-Gobain patent concerns a heated laminated glass 

offering a better rate of light transmission (Chaussade & 

Rigal, 1997). In fact, the layers of metal oxides used to 

make low-emissivity or heated glasses have a negative 

impact on the optical properties of the glasses (solar factor 

and light transmission). 

About scientific literature, to our knowledge, there is no 

result on the thermal performance of an airflow window 

equipped with a heated glazing. In the present study, using 

a two-dimensional nodal model of an airflow window 

integrating a heated glazing (HAF) coupled to the thermal 

model of a typical single-family home, parametric studies 

on the final energy consumption for heating are 

conducted. Considered parameters are the building 

location (climate), exposure (orientation), and envelope 

quality (air tightness). We also compare its performance 

to the more conventional windows technologies such as 

double-glazed window (DG), heated double-glazed 

window (HDG), and non-heated airflow window (AF). 

Methods 

Numerical model 

The model has been adapted from the two-dimensional 

model developed by Greffet et al. for an airflow window 

without heated glazing (Greffet et al., 2013; Greffet et al., 

2015; Greffet, 2016). Its principle is illustrated by Figure 

2. A nodal approach was used to model the heat and mass 

transfers within and through the window. Air, coming 

from the outside, enters into the window through an 

opening located in the upper part of it on its outer face 

(Figure 1). Air first flows downward between the first two 

panes, and then upward between the second and third 

panes before entering the room through an opening 

located in the upper part of the window (inner side). Heat 

transfers are conductive into glass panes and the frame, 

and radiative, fluidic and convective within air layers and 

at the interfaces with the indoor and outdoor 

environments (Figure 2). 

 

Figure 2: View of the modeled airflow window showing 

heat and mass transfers. 

The radiative heat transfers considered are, on the one 

hand, the shortwave solar radiation inputs (SW), partly 

absorbed by the glass volumes (semitransparent medium) 

and, on the other hand, longwave radiative exchanges 

(LW) between glass surfaces and indoor and outdoor 

environments. The model also takes into account heat 

transfers with the frame. The heat transfers with the frame 

parts on both sides of the glazing are therefore modeled. 

To take into account the effect of the heating film, we 

impose a power density within the surfaces of the inner 

pane (Figure 2) meaning the third glass from outside 

(Kaboré et al., 2018). The window is divided into 56 

control volumes. For each of these volumes, a heat 

balance has been written and leads to a system of ordinary 

differential equations (Greffet, 2016; Michaux et al., 

2019). By writing the thermal balance for the airflow 

window, we obtain the following differential equations 

system: 

 𝐶 �⃗� ̇ =  𝐴 �⃗� + �⃗�  (1) 

𝜌𝑖𝐶𝑝𝑖𝑉𝑖
𝜕𝑇𝑖

𝜕𝑡
= (𝐺𝑖

𝑓
+ 𝐺𝑖

𝐶𝐷 + 𝐺𝑖
𝐶𝑉 + 𝐺𝑖

𝑅)(𝑇𝑗 − 𝑇𝑖) + 𝛷𝑖 

(2) 

where A is the conductance matrix, �⃗�  the vector of heat 

flux, C the thermal capacity matrix and �⃗�  the temperature 

vector. 𝜌 is the density, Cp the specific heat, Vi the 

Control node

LW flux

Convective flux

Conductive flux

SW flux

Mass flux

Heating film
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isothermal volume of the cell at the node i and 𝛷𝑖 the sum 

of exter al heat fl xe . The convective heat transfer 

coefficients were evaluated as a function of the airflow, 

for values ranging from 1 to 45 m3.h-1, using Comsol 

Multiphysics® (Greffet et al., 2015).  

Building model 

The building studied here consists of a concrete envelope 

with thermal insulation from the inside and tile roofing, 

located on the INCAS experimental platform at INES 

(Bourget-Du-Lac) (Michaux et al., 2017). The house 

(Figure 3), whose floorplans are shown in Figure 5, was 

modeled with a multizone approach using TRNSYS© 

Dynamic Thermal Simulation Code. All the doors 

between zones are closed. The building envelope is highly 

thermally insulated, the thermal resistances of walls, roof 

and floor are respectively 4.1, 6.5 and 1.7 m2.K.W-1. The 

building envelope is also characterized by a high 

airtightness (Q4Pa_surf = 0.4 m3.h-1.m-2), which respect the 

French requirement (Q4Pa_surf <0.6 m3.h-1.m-2 ) for a new 

dwelling. Taking into account the compactness factor of 

the building an air tightness of 0.4 m3.h-1.m-2 corresponds 

to n50=2.4vol/h. 

 

Figure 3: View of the studied building. 

We considered that the house is occupied all the year and 

that the heating system is activated from October 1st to 

May 20th. The heating setpoints are 20 °C during the 

occupancy period and 18 °C during the unoccupied 

period, with a night set-back of 16 °C (Figure 4).  

 

Figure 4: Heating schedule. 

Main rooms (living room and bedrooms) are equipped 

with triple glazed airflows window with heated glass 

(4/15/4/15/4). These windows are the only heating system 

in these rooms (Figure 5) for heated windows cases. The 

average heating power most commonly found for heated 

glass ranges from 200 up to 300 W/m². In practice, for 

reasons of safety and durability of the joinery (thermal 

expansion), the power emitted by the glazing is limited by 

the temperature of its inner face, which must not exceed 

45 °C. In the rest of the study, we will use a heating power 

of 300 W/m² for the living room and bedrooms. The 

heated glass is regulated tuned according to classical rules 

(Ziegler & Nichols, 1993). Rooms without heated airflow 

window are equipped with conventional electric heaters 

(convective electric radiators). 

Figure 5 shows air flows between zones. The indicated 

flow rates correspond to the case of a controlled 

mechanical ventilation of the self-adjusting type for 

which the fresh air flows are defined according to the 

French decree of 1982 (Arrêté du 24 mars 1982 relatif à 

l’aération des logements). 

 

Figure 5: Building floorplans showing location of the 

heated airflow windows and air flows between zones. 

In this case, the total extracted airflow is 90 m3.h-1 all the 

time except from 1 PM to 2 PM where the airflow 

increases to 180 m3.h-1. The flow of fresh air passing 

through the airflow windows is deduced from the 

ventilation rate and the infiltration of the envelope (Arrêté 

du 5 février 2015 relatif à l’agrément des modalités de 

prise en compte des fenêtres airflows dans la 

réglementation thermique 2012). 

The two models (Michaux et al., 2017) communicate via 

a TRNSYS© module linked to the Matlab© module 

(Figure 6). In practice, airflow windows were integrated 

into the model of the building by assimilating them to 

walls with imposed temperature, integrated to the external 

walls and by calculating the inlet air temperature. Matlab 

calculates this imposed temperature at each time step by 

taking into account the preheating of the incoming air. 
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Finally, the SW solar flux directly transmitted by the 

window is distributed to the different surfaces of the areas 

concerned (equal share between the floor and the walls 

facing each window). 

 

Figure 6: Coupling principle between TRNSYS and 

Matlab. 

 

Results and discussion 

Temperatures and heat transfers analysis 

 

Figure 7A shows, for a winter day in January and for the 

climate of La Rochelle, the blown air temperature 

(Tair,sup,HAF) and the internal surface temperature (Twin, HAF) 

of the heated airflow window. The surface temperature of 

a classical airflow window (Twin, AF) is also presented. 

When the heated glazing is activated (Pfilm > 0 in Figure 

7B), it is possible to observe the surface temperature 

levels for heating the building. The supplied air 

temperature (Tair,supp,HAF) is close to the surface 

temperature (Twin, HAF) thanks to the airflow window effect 

which acts as a heat exchanger (Greffet 2016).  

The window inner face temperature Twin,HAF is higher than 

the operative temperature when the film is activated. This 

could be an advantage for a more homogenous indoor 

heating. The operative temperature (Top) in the room 

follows the heating schedule described above. The 

comparison between Top and Tair,sup,HAF shows that fresh 

air introduced into the room is at a higher temperature 

than the operative temperature of the indoor environment 

when the heating is on for the case of the heated airflow 

window. 

Figure 7B shows the heat fluxes from the window to the 

indoor environment of the room by convection (ɸconv), 

radiation (ɸrad) and supply of heated fresh air (ɸair). It 

appears that the dominant transfer mode is the longwave 

thermal radiation, followed by thermal convection and, 

finally, the supply of heated fresh air (ventilation). 

Considering the radiative and convective parts described 

in (ThBCE 2012), it appears that the airflow window 

integrating a heated glazing unit has a share convection / 

radiation similar to a floor heating. 

The power dissipated by the heating glazing (Pfilm) is also 

represented in Figure 7B making it possible to evaluate 

the efficiency of the film at each time step. The thermal 

losses of the window vary according to the external 

conditions and to the power delivered by the film. The 

efficiency Efilm represents the part of the useful energy that 

is transferred to the internal environment. The 

effectiveness of the heating film Efilm (equation (2)) ranges 

from 0.6 for a high Pfilm value to 1 if Pfilm is very low.  

 

           𝐸𝑓𝑖𝑙𝑚 =
𝛷𝑐𝑜𝑛𝑣 + 𝛷𝑟𝑎𝑑 + 𝛷𝑎𝑖𝑟 

𝑃𝑓𝑖𝑙𝑚
 if 𝑃𝑓𝑖𝑙𝑚 > 0 (3) 

Numerical

model of the 

window

Weather data

Building 

model

T. Indoor air

T. radiant

Window air flow

T. Window indoor face

T supplied air

Hr supplied air

SW transmitted

T. Outside air and T sky

Hr outdoor

SW incident

Wind speed

Sun position

-129

-29

71

171

271

371

471

-50

0

50

100

150

200

  1   6   11   16   21

P
o

w
e

r 
(W

)

ɸconv ɸrad ɸair Pfilm

F
ilm

 p
o

w
e

r
(W

)

A B

  5

  9

  13

  17

  21

  25

  29

  33

  1   6   11   16   21

Te
m

p
e

ra
tu

re
(°

C
)

Time (h)

Tfen,FP Tfen,FPC Tair,ext

Tair,soufFPC Top Tair,soufFP

Time (h)

Twin, AF Twin, HAF
Tair, out

Top Tair, sup,AF
Tair, sup, HAF

Figure 7: A. Supplied air and inner surface temperatures of the window; B. Heat transfers modes between the heated 

window and the indoor environment of room 1 (climate of La Rochelle, for a winter day type in January). 
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Around 7 am, we can observe the maximum losses (40 % 

for Pfilm = 463 W) of this day. Indeed, when Pfilm is high, 

the temperature of the outer face of the window is also 

high causing losses by both convection and long-wave 

radiations toward the outdoor environment. 

Heating energy use: comparison between double-

glazed and airflow windows heated or not 

 

 

Figure 8: Heating energy use comparison of 

conventional double-glazed windows and heated airflow 

windows (climate of La Rochelle). 

In Figure 8, the heating energy consumption of the house 

equipped with heated windows (triple-glazed airflow 

“HAF” a d double-glazed “HDG”) is compared to their 

reference cases (“AF” a d “DG”). For reference cases, the 

building is heated by electric convectors. One can observe 

that non-heated triple glazed airflow window (AF) helps 

to reduce heating energy consumption if compared to the 

double-glazed case (DG). The heating energy is reduced 

by 17.5 % for the airflow window (AF) case. The energy 

consumption increases by 14 % for the heated double 

glazing (HDG) case if compared to the non-heated 

double-glazed (DG) case. This is due to the part of losses 

toward the outdoor environment. The energy use 

increases only by 3 % if compared to the airflow window 

without heated glass for HAF case. This is due to the air 

flowing between glass panes of the airflow window 

leading to heat losses recovery. The HAF case is more 

efficient than the HDG. In comparison to conventional 

double-glazed window (DG), the heated triple-glazed 

airflow window can help to reduce the heating energy by 

13 %. 

Influence of air tightness and building exposure 

Figure 9 shows the annual heating energy consumption 

for HAF windows case according to the coefficient of air 

tightness of the building envelope. We consider three 

values of the coefficient of airtightness n50 = 15.2; 9.1 and 

2.4 vol/h.  

Increasing air infiltration obviously leads to a significant 

increase in the heating energy consumption and is 

particularly problematic in the case of heated airflow 

window since these infiltrations reduce by the same 

amount the volumes of preheated air flowing through the 

windows. The heated airflow window requires a building 

envelope of good quality and is therefore more suitable 

for new buildings than for existing buildings. In the rest 

of the study, the air tightness is set to 2.4 vol/h.  

Figure 10 shows that, for a given climate (La Rochelle), 

the exposure of the heated airflow windows has a 

significant effect on the energy consumption for heating. 

A comparison to a non-heated airflow windows within a 

convective electric heating is also provided in Figure 10.  

 

 

Figure 9: Effects of air tightness of the building envelope 

(climate of La Rochelle, HAF window). 

 

Figure 10: Effects of building window exposure on 

heating energy consumption (climate of La Rochelle). 

This figure shows that, if compared to conventional 

airflow windows, the final energy consumption for 

heating increases by 1 % for North and West facing, 2.2 

% for East facing and 3.3 % for South facing. In absolute 

terms, the increase is lower for South facing. This 

difference comes from the fact that there is more solar 

input for South facing. Thus, for other exposures, the need 

for heating is higher, resulting in a higher electricity 

consumption. Note that this slight increase in 

consumption can be compensated by a more 

homogeneous indoor environment and a gain in living 

space. 

Influence of the climate 

Figure 11 shows heating energy use according to different 

climate contexts. Here the building is South facing and the 

air tightness was n50=2.4Vol/h for both cases. Several 

French locations, are considered, namely Marseille, La 

Rochelle, Strasbourg and Paris. For continental climates 

with harsh winters, heating energy consumption is higher 
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than for the climates of Marseille and La Rochelle. The 

relative increases in heating energy compared to “AF” 

cases are 2 % for Paris and Strasbourg, and 3 % and 6 % 

respectively for La Rochelle and Marseille. But, in terms 

of absolute values, the increases of heating energy 

consumption are higher for climates with harsh winters 

like Paris and Strasbourg. 

 

Figure 11: Heating energy consumption according to the 

building location (climate). 

Conclusion 

In order to evaluate the performance of the airflow 

window equipped with a heated glazing, numerical 

simulations were carried out by coupling a window model 

to the building simulation tool TRNSYS©. Parametric 

studies were performed for different exposures, different 

climates and air tightness of envelopes for a typical 

single-family house, equipped with these windows. 

Comparisons to conventional double-glazed windows 

cases were also performed.  

The airflow window equipped with heated glazing 

behaves both as a forced air heating (hot fresh air) and as 

a radiant heating system (in terms of share convection / 

radiation during the active periods). The results point out 

that the heated airflow window case is more efficient than 

the heated double-glazed one. If compared to 

conventional double-glazed windows, the use of heated 

airflow windows helps to decrease the heating energy by 

13 %.  

A slight increase in heating energy consumption is 

observed depending on the windows exposure and the 

climate if compared to non-heated airflow window. The 

heated airflow window can be an alternative to 

conventional electric heating solutions, leading to a more 

homogeneous thermal environment and allowing a gain 

of living space. However, to be effective, it requires a high 

airtightness of the building envelope. Following this 

work, studies on thermal comfort, impacts on the optical 

properties of the glasses, and comparison to conventional 

heating systems are under way.  
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Nomenclature 

AF airflow window 

DG double glazed window 

E efficiency 

HAF heated airflow window 

HDG heated double glazed window 

n airtightness, vol/h 

p power density, W/m² 

P heating film power, W 

q airtightness, m3.h-1.m-2 

Q flow, m3/h 

T temperature, °C 

U U-value, W/(m².K) 

Greek symbols 

Φ power, W 

Subscripts and Superscripts 

out outdoor 

film heating component  

g glass 

in indoor 

off  heating off 

on  heating activated 

sup  supply fresh air 

v ventilation 

win window 
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Abstract 

Studies have shown that a ductless heat pump (DHP) 

system can save energy when used throughout a home.  

However, it is unknown how the DHP system performs 

when it is working in conjunction with pre-existing 

HVAC equipment like zonal electric baseboards and 

window AC units, which can be a common scenario with 

a residential building retrofit.  Therefore, this study aims 

to quantify the energy savings potential of DHP systems 

when they are installed in existing residential buildings 

with pre-existing HVAC equipment. In this study, a 

residential building energy model was first created to 

represent a single-floor home.  Then, this model was used 

for a parametric analysis for evaluating different 

operational scenarios. These scenarios are assumed to 

represent various occupant preferences during the 

operation of the home with the aim of investigating how 

these preferences affect the energy performance of the 

DHP as well as the occupants’ comfort. The results 

suggest that using a DHP system for retrofit with pre-

existing zonal heating and cooling equipment can reduce 

energy demand while maintaining thermal comfort. 

Introduction 

According to the U.S. Energy Information Administration 

(EIA), about 11.13 trillion kilowatt hours of total energy 

was consumed by residential and commercial buildings in 

the United States in 2015 (EIA 2015). A challenge in 

addressing the problem of high energy demand in 

buildings is how to maximize the energy efficiency of the 

heating, ventilation, and air-conditional (HVAC) systems.  

Central System vs. DHP System 

• Central System  

A central system (CS) is the most common choice for 

delivering heating and cooling in the United States (Roth 

et al., 2006; EIA, 2015). Such a system usually consists 

of a central air handler and ductwork that distributes hot 

or cold air to each room in a home. According to the 

Residential Energy Consumption Survey by the U.S. EIA, 

59% of homes in the United States use CS for heating and 

64.4% use CS for cooling (EIA, 2015). These systems are 

popular for several reasons. First, they can maintain a 

relatively constant temperature in the conditioned spaces 

within the house all year long, so the thermal comfort 

requirement can be satisfied (Roth et al., 2013). In 

addition, the indoor unit of the CS system is usually 

hidden from the sight, which is an aesthetic benefit 

(Winkler et al. 2018a). Despite the advantages, there are 

some inherent and unneglectable limitations with ducted 

CS systems. For instance, the ducts can leak cold air in 

summer which can cause condensation issues in 

unconditioned spaces like crawlspaces and between 

floors, and hot air in winter which can cause snow melt 

and ice dam issues in cold climates. And heat transfer 

through ducts and through leaks of course increases utility 

bills. 

• Ductless Mini-Split Heat Pump System 

The ductless mini-split heat pump (DHP) is considered as 

a viable alternative to central systems (Dentz et al., 2014; 

Logsdon et al., 2016; Roth et al., 2006). Compared with 

the CS and other HVAC systems, a DHP has several 

advantages. First, it does not require any ductwork; thus, 

in retrofit applications, no ducts have to be added to 

spaces that did not have them before (Metzger et al., 

2018). For this reason, DHP is particularly suited to 

retrofits in historic buildings.  Second, the compact size 

of the DHP’s indoor unit allows a broader range of 

applications, especially when space is limited.  

The most significant advantage of the DHP is that it can 

save a considerable amount of energy (Metzger et al., 

2018). Several attributes contribute to its excellent 

energy-efficiency. First, a DHP system typically uses an 

inverter-driven compressor, which can achieve very high 

efficiency. Many of the DHPs currently on the market 

have seasonal energy efficiency ratios (SEERs) of 20 or 

above, while most central heat pump systems are rated at 

the minimum Federal standard of SEER 13 (Winkler, 

2011a). A survey by NEEA and the Bonneville Power 

Administration (BPA) (Bonneville Power 

Administration, 2016) suggested that about 80% of the 

sold DHPs had a heating season performance factor 

(HSPF) over 9 in the U.S. Northwest region in 2014, 

while only 20% of the sold central systems reached this 

efficiency.  

Unlike central systems, DHP can be easily zoned by 

installing multiple indoor units, which can be 

independently controlled. In this way, only those spaces 

that are actively used need to be heated and cooled and 

any energy waste and occupant discomfort due to 

overheating and overcooling can be minimized (Winkler, 

2011a). Lastly, because DHP systems are ductless, energy 

losses through duct leakage and conduction to 

unconditioned spaces are eliminated (National Renewable 

Energy laboratory, 2004).  
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The DHP market is increasing dramatically in the US in 

recent years. It is estimated that DHP sales will increase 

15 to 20 % in 2019 (Folks et al., 2018). A survey by the 

Northwest Energy Efficiency Alliance found that 90% of 

interviewees were satisfied with their DHP system 

(NEEA, 2009). Additionally, more than three-quarters of 

the DHP owners who purchased in 2015 have 

recommended this product to others (Conzemius et al., 

2016).  

Existing Field Research on DHP Systems 

Below is a summary of some recent studies focusing on 

the energy savings of DHP systems: 

Metzger et al. (Metzger et al., 2018) used an energy 

simulation to compare the energy use of homes with four 

different space conditioning systems: electric baseboards 

and window air-conditioning for cooling, a central air 

source heat pump, a ductless mini-split, and a ducted 

mini-split.  In a mix of six prototype buildings and three 

climate zones in the Northwest, the ductless mini-split 

was always the most efficient option.  In this study, 

ductless mini-splits saved 37 to 64% annually compared 

to the electric baseboard/window air-conditioner baseline.   

Logsdon and Larson (Logsdon et al., 2016) conducted an 

observational study on the Stack House Apartments in 

Seattle, WA. The building contained both apartments with 

and without DHP systems. Based on the utility billing 

data, they found that the DHP system can save about 350 

kWh of electricity for each apartment per year, compared 

to the non-DHP system, which used about 3,000 kWh per 

apartment per year. Although this case study did not use 

a fair comparison method due to the limitations of the 

candidate building, the DHP’s potential for saving space 

heating energy was confirmed. 

Dentz et al. (Dentz et al., 2014) used an energy simulation 

to explore the retrofit opportunity of the DHP system for 

low- to mid-rise multifamily buildings. The simulation 

results suggested that the DHP system was cost-effective 

for building retrofits, especially for buildings in regions 

with high-cost heating fuels, such as liquefied petroleum 

gas (LPG), fuel oil, and electricity.  

To evaluate the ability of the DHP system to maintain an 

acceptable thermal comfort for residential occupants, the 

Fraunhofer Centre for Sustainable Energy Systems 

conducted several field tests from October 2011 to June 

2012 in Austin, TX (Roth et al., 2013). The temperature 

and relative humidity were measured in two households 

before and after the DHPs were installed in a replacement 

of the existing central system. ASHRAE Standard 55 was 

used to guide these analyses (ASHRAE, 2013). The 

results indicated that the DHP system can satisfy the 

occupants in the bedroom and the living room very well 

but had a high portion of unmet hours for occupant 

thermal comfort in the bathrooms. This was primarily 

because the occupants did not run the dehumidification 

mode during the actual operation of the DHP system.  

Other related research includes the development of a field 

monitoring protocol for DHPs (Christensen et al., 2011), 

long-term monitoring of DHP systems in the North-

eastern U.S. (Ueno et al., 2015), an energy savings 

performance evaluation of DHP systems in the U.S. 

Northwest region using sub-metering data (Geraghty et 

al., 2009), and a laboratory test for a Fujitsu DHP 

(Winkler, 2011b) unit. A detailed review of these research 

papers will not be covered in this conference paper due to 

the page limits.  

The above papers focus on the evaluation of the DHP 

system performance via simulations, lab testing, and on-

site experiments. However, none of these projects address 

the interaction between the DHP and an existing space 

conditioning system like zonal electric baseboards and 

window AC. Considering that the DHP system is 

recommended in multiple studies for building retrofit 

projects, it would be helpful to investigate this interaction 

between the newly installed DHP and the existing HVAC 

system. A better understanding of the interaction pattern 

of the DHP system with the existing HVAC system will 

help practitioners rate its energy saving performance and 

guide its applications in a real retrofit project. 

Objective 

This paper aims to quantify the energy saving potential of 

ductless heat pump systems when they are installed in 

existing homes that have existing zonal HVAC 

equipment. Two zonal HVAC system configurations were 

explored: 1) a DHP installed in the main living room with 

a zonal electric system using electric baseboards and 

window AC units in the bedrooms; and 2) the same setup 

as configuration #1, with the addition of air transfer grilles 

installed between the living room and each of the three 

bedrooms, so the ductless mini-split system is used as the 

primary heating and cooling equipment throughout the 

home. In Configuration #1, a parametric analysis was 

conducted to compare the energy savings potential and 

occupant thermal comfort by varying the temperature set 

points of the zonal heating and cooling units compared to 

the DHP. In Configuration #2, several transfer-fan control 

strategies were analysed to determine if transfer fans 

could simultaneously provide energy savings and 

comfort. The simulation results suggested that the DHP 

system is an acceptable candidate for reducing energy 

consumption while still maintaining thermal comfort. 

Methodology  

Model Description 

An EnergyPlus residential building energy model was 

created to represent a single-floor home, then, this model 

was used for a parametric analysis for evaluating the 

different operational scenarios. The model was based on 

the floorplan of the Lab Homes, two identical 

manufactured homes located on the campus of the Pacific 

Northwest National Laboratory (PNNL), in Richland, 

WA. These two buildings are used to conduct experiments 

on residential energy efficiency technologies (PNNL, 

2018). They are fully instrumented with sub-metering 

devices; sensors for temperature, relative humidity, water 

flow rate, and occupancy presence; and data logging 

systems, and can be operated to analyse the effects of 

different energy-conservation measures (ECMs) on 

building energy consumption (Sullivan et al., 2015).  
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The PNNL Lab Homes are shown in Figure 1(a) and a 

floorplan is shown in Figure 1(b). Each of the single-story 

homes sits on a crawlspace and has a total floor area of 

138 m2, consisting of three bedrooms, two bathrooms, a 

living room, a kitchen, a dining room, and a utility room. 

See Table 1 for more basic information on the homes 

based on measurements of the actual buildings. 

Table 1: Basic Information on the PNNL Lab Homes 

Item Description 
Building  PNNL Lab Home 
Vintage  Existing residential building  
Location Richland, WA, USA 
Climate 2012 IECC 4 marine 

Total area 138 m2 (7.9 m * 17.7 m) 
Window 

fraction 
South: 30%, east: 30%, north: 30% 

 west: 30%, average total: 30% 
Thermo- 

characteristics 
External wall: 0.535 W/m2.K 

Window: 3.127 W/m2.K 
Lighting load 6 W/m2 

Plug load 60 W/m2 

 

 

Figure 1: (a) Picture of the PNNL Lab Homes; (b) 

Layout of the PNNL Lab Homes 

The building energy performance model of the Lab Home 

was created with Google SketchUp and the Euclid plug-

in, as shown in Figure 2(a). For modelling purposes, the 

home was divided into separate thermal zones, and some 

rooms were combined into single thermal zones to 

simplify model creation and energy simulation. The five 

zones, as shown on Figure 2(b) are: 1) the kitchen and 

living, dining, and utility rooms, 2), Bedroom 2; 3), 

Bedroom 3; 4), the Master bedroom and bath; and 5) the 

hall bathroom. The zoning of the energy model is 

presented in Figure 2(b).  It should be noted that the actual 

Lab Home buildings have overhangs which provide some 

external shading, but this is not shown in the simplified 

structure used in the model.  

 

Figure 2: (a) SketchUp image of a Lab Home; (b) Five 

thermal “zones” used in the building energy model 

As mentioned above, two configurations were simulated.   

• HVAC Configuration I 

The first configuration represents a situation where a DHP 

is installed in a home with zonal electric heat (e.g. electric 

baseboards). It is presumed that the homeowner would 

have previously been using window air conditioners to 

cool their home.  In this scenario, the “single head” DHP 

indoor unit is placed in the living room area, and the 

baseboards and window AC units are only used in the 

bedrooms to supplement the DHP.  No heating or cooling 

equipment is modelled for Zone 5 (the hall bathroom). 

Considering that the bathroom is usually conditioned by 

opening the door to enable the natural movement between 

the living room and bathroom, an air exchange was used 

in the model to simulate such a flow pattern. The 

configuration I is shown in Figure 3. 

• HVAC Configuration II 

As mentioned in the background section, DHPs have a 

higher efficiency than the base-board heater/window AC 

case zonal electric systems (Metzger et al., 2018; 

Bonneville Power Administration, 2016; Winkler, 

2011a). To try to capture this more efficient space 

conditioning, Configuration II uses the same equipment 

as Configuration I but assumes that transfer grilles are 

installed in the walls separating Zone 1 and the bedrooms 

(Zones 2, 3, and 4) to enable the flow of conditioned air 

from the DHP in Zone 1 to the bedrooms (i.e., constant 

speed fans). With Configuration II, the goal was to see if, 

with the addition of transfer grilles, the DHP system could 

be used as the primary heating and cooling system for the 

bedrooms, while the pre-existing zonal equipment could 

be used as backup heating/cooling for extreme conditions. 

Configuration II is shown in Figure 4. 

 

Figure 3: The HVAC Configuration I 

 

Figure 4: The HVAC Configuration II 

The specifications of the equipment for Configurations I 

and II are listed in Table 2. The DHP system information 

is based on the product specification sheet for the 

Mitsubishi MUZ-FH18NA model. Other information is 

based on actual equipment in the PNNL Lab Homes, a 

literature review, and engineering knowledge.  
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Table 2: The specifications of the various AC equipment 

Equipment Parameter Value 
DHP Model MUZ-FH18NA 

Cooling capacity 5041 W 
Heating capacity 5950 W 
Fan efficiency 0.7 

Max air flow rate 0.351 m3/s 
Rated HSPF 12 
Rated SEER 22 

Cooling stage 3 
Heating stage 3 

Window AC Capacity 1465 W 
Max air flow rate 0.0611 m3/s 

Rated SEER 13 
Cooling stage 2 

Heating 

baseboard 
Capacity  Autosize 

Heating efficiency 0.97 
Transfer grille Air flow rate 0.0944 m3/s 

 

Design of simulation scenarios  

Different testing scenarios were designed for the two 

configurations to investigate the performances of the DHP 

system in terms of cutting building energy demand and 

satisfying the occupants’ thermal comfort requirement.  

• HVAC Configuration I 

For Configuration I, a set of operation schedules was 

created to test the influences of the temperature set points 

on building energy consumption and occupant thermal 

comfort. 

Occupants can have significant impacts on building 

energy consumption by their various behaviours, e.g., 

switching lights, opening windows, and adjusting 

thermostats (Pang et al., 2018). A potential solution to 

reduce building energy consumption is to implement an 

occupancy-based set point control strategy (O'Neill et al., 

2017), which means allowing the temperature to float to 

different set points during the unoccupied period (Chen et 

al., 2017). There are generally two kinds of such control. 

The first is a so-called light set-back control. The indoor 

temperature set point is reduced (in the heating season) or 

increased (in the cooling season) during some special 

period (typically during the night (Tunzi et al., 2018) or 

the unoccupied period (Chen et al., 2017) to reduce the 

energy usage. The other type is deep setback control, in 

which the HVAC system is turned off when the room is 

unoccupied (Lu et al., 2010). 

Both light- and deep-setback controls were implemented 

in this study. The occupied periods for the living room and 

bedrooms were defined as 7:00 AM – 9:00 PM, and 9:00 

PM to 7:00 AM respectively. By combining the three 

setback control strategies (i.e., no setback control, light 

setback control, and deep setback control) with three 

temperature set point schedules during the occupied 

period (i.e., 21.67/24.44, 18.89/24.44, and 18.89/27.22 ºC 

for heating and cooling), nine set point schedules were 

created, as shown in Table 3. 

By applying the nine set point schedules to the bedrooms 

and living room iteratively, 81 simulation cases were 

generated for the parametric analysis, as shown in Table 

4. For building simulations, a parametric analysis is the 

science that studies the effects of the input parameters on 

the outputs using a set of simulations. This approach is 

widely recognized as a good tool to compare the different 

design scenarios to support decision-making, especially 

when building energy simulation relates to a real project 

(Qiu et al., 2018).  

Table 3: The operation scenarios for the parametric 

analysis in Configuration I 

Operation 

scenario 

NO. 

Temperature Set Point (ºC) 
Occupied Unoccupied 

Heating Cooling Heating Cooling 
1 21.67 24.44 21.67 24.44 
2 21.67 24.44 18.89 27.22 
3 21.67 24.44 12.78 OFF 
4 18.89 24.44 18.89 24.44 
5 18.89 24.44 16.11 27.22 
6 18.89 24.44 12.78 OFF 
7 18.89 27.22 18.89 27.22 
8 18.89 27.22 16.11 30.00 
9 18.89 27.22 12.78 OFF 

 

Table 4: The combination of the schedules for bedrooms 

and living room in Configuration I 

The 

simulation 

NO. 

The operation 

schedule NO. for  

living room 

The operation 

schedule NO. for 

bedroom 
1 1 1 
2 1 2 

… … 
9 1 9 

10 2 1 
… … 

81 9 9 

 

• HVAC Configuration II 

For Configuration II, a comprehensive set of operation 

schedules were generated, as presented in Table 5 and 

Table 6. These scenarios represent various control 

strategies and user’ preferences, and thus are highly 

practical.  

Schedules 1 to 3 represent the three baseline cases in 

which no occupant-based temperature setback control is 

applied. The temperature set points of the bedrooms and 

living room remained unchanged for all the time, but the 

usage of heating baseboard is different. In schedule 1 and 

3, the living room heating baseboard and the DHP are 

disabled in the heating season respectively, while in 

schedule 2, each equipment I is representing half of the 

heating load respectively. This is because the DHP may 

not work well in the winter, especially when the ambient 

temperature is low. We want to investigate how the 

addition of a heating baseboard as the backup heating will 

influence the energy consumption and thermal comfort in 

the winter. 

Schedules 4 to 6 represent three practical cases. Schedule 

4 represents the situation when the occupant-based 

temperature setback control is applied to the zonal 

equipment in three bedrooms. Schedule 5 represents the 

situation in which the transfer grilles are turned on, and 

________________________________________________________________________________________________ 

________________________________________________________________________________________________ 
Proceedings of the 16th IBPSA Conference 
Rome, Italy, Sept. 2-4, 2019

 
2029

 

 
  



 

 

the zonal equipment work as a backup heating/cooling 

source when the temperature set point cannot be 

maintained by only using the DHP. Schedule 6 represents 

the situation when a complex temperature set point 

schedule is used: the temperature set point is 21.67/24.44 

ºC for the living room with light setback control and 

18.89/24.44 ºC for the bedrooms with deep setback 

control. Considering that the occupants may use both the 

living room and bedrooms for an additional one hour 

either after the wakeup or before the sleep, the occupied 

periods for the living room and bedrooms are re-defined 

as 6:00 AM – 10:00 PM, and 9:00 PM to 7:00 AM 

respectively. This one-hour overlap is used to reflect the 

occupant behaviour of transferring between the bedroom 

and living room before sleep. This schedule is considered 

the most practical case. 

Table 5: The temperature set points for Configuration II 

NO

. 

Temperature set point (ºC) 

Bedrooms  

(heating vs. cooling) 

Living room 

(heating vs. cooling) 

Occupied Unoccupie

d 

Occupied Unoccupie

d 

1 21.67/ 

24.44 

21.67/ 

24.44 

21.67/ 

24.44 

21.67/ 

24.44 

2 21.67/ 

24.44 

21.67/ 

24.44 

21.67/ 

24.44 

21.67/ 

24.44 

3 21.67/ 

24.44 

21.67/ 

24.44 

21.67/ 

24.44 

21.67/ 

24.44 

4 18.89/ 

24.44 

12.78/ 

OFF 

21.67/ 

24.44 

21.67/ 

24.44 

5 18.89/ 

27.22 

12.78/ 

OFF 

21.67/ 

24.44 

21.67/ 

24.44 

6 18.89/ 

24.44 

12.78/ 

OFF 

21.67/ 

24.44 

18.89/ 

27.22 

Table 6: The other information about Configuration II 

NO. Name Power 

grille 
Living room 

heating 

baseboard 
1 Baseline 1 OFF OFF 
2 Baseline 2 OFF 50% heating load 
3 Baseline 3 OFF 100% heating 

load 
4 Bedroom setback OFF OFF 
5 Power grille ON ON OFF 
6 Complex 

schedule 
OFF OFF 

 

Results and Discussions 

The energy consumption and the occupant thermal 

comfort with different HVAC systems and HVAC 

operation scenarios were analysed to show the potential 

of the DHP system to reduce residential building energy 

consumption while maintaining thermal comfort.  

HVAC Configuration I 

A total of 81 simulations were performed in the 

parametric analysis, as listed in Table 4. Three metrics 

were used to evaluate the performance of the DHP system, 

including the time when the room is occupied but the 

temperature set point is not satisfied (unmet hours), the 

ASHRAE Standard 55 discomfort time (discomfort time), 

and the building HVAC energy consumption. The unmet 

condition is defined as when the room temperature is 0.4 

ºC above/below the temperature set point for 

cooling/heating. The discomfort time was calculated 

based on ASHRAE Standard 55-2013: Thermal 

Environmental Conditions for Human Occupancy 

(ASHRAE, 2013). This standard establishes the ranges of 

indoor environmental conditions to achieve acceptable 

thermal comfort for occupants in buildings. Building 

HVAC energy consumption includes all the energy 

consumed by the zonal systems, DHP, and transfer grilles. 

The average of the unmet hours for the living room and 

bedrooms were presented in the carpet plot as shown in 

Figure 5. The average of the discomfort time when the 

zone is occupied is presented in Figure 6. The building 

total HVAC energy consumption is presented in Figure 7. 

The number in the cell is the value of the three metrics for 

81 cases and the colour of the cell is a qualitative 

evaluation. The colour red represents a higher number of 

unmet hours and the colour blue represents a lower 

number of unmet hours.  

For the sake of simplicity, a coordinate (X, Y) is used to 

refer to the 81 simulation cases in the following text, with 

X representing the schedule of the living room and Y 

representing the schedule of the bedrooms. As shown in 

Figure 5, the case with the largest number of unmet hours 

was when the living room operated under schedule 3 and 

the bedrooms operated as shown in schedule 6. Thus, the 

worst case (3, 6) has the largest number of unmet hours, 

i.e., 197 hours. Therefore, it is obvious that this building 

HVAC system can satisfy the room set points most of the 

time, for all cases. One limitation with the unmet-hour 

metric, is that this metric quantifies the lack of comfort 

based on set points that change from scenario to scenario.  

So, the unmet hours cannot fairly be compared to each 

other for different set point scenarios. Therefore, the 

discomfort time based on ASHRAE Standard 55 

(ASHRAE, 2013) was further investigated to evaluate 

thermal comfort. In this metric, the discomfort time is 

dependent on the room temperature, humidity, and other 

factors.  This metric is not affected by the different 

temperature set points. 

 

Figure 5. The average of the total hours for the three 

bedrooms and the living room when the room is 

occupied but the set point temperature is not satisfied  
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Figure 6. The average of the ASHRAE Standard 55 

discomfort time for the three bedrooms and the living 

room when the room is occupied under different 

scenarios 

 

Figure 7. Total building HVAC energy consumption 

under different scenarios  

It can be concluded from Figure 6 and Figure 7 that the 

light and deep temperature setback controls (i.e., adjust 

the zonal set point when the room is not occupied) do have 

the abilities to reduce the energy consumption while 

maintaining thermal comfort. For instance, compared 

with the (1, 1) case in which no temperature setback 

control is used, its counterparts (1, 2) and (1, 3), which 

correspond to the light setback control case and the deep 

setback control case, saved 15.9% and 24.2% of energy 

respectively. On the other hand, discomfort hours in the 

cases of (1, 2) and (1, 3) increased by 171 and 299 

respectively compared with the case of (1, 1). Such 

phenomena are also found in the comparison between the 

cases of (4, 1) and (4, 2), the cases of (1, 4) and (1, 6), and 

so on. The reason why the discomfort time was increased 

after the implementation of the setback control strategies 

is probably that the temperature set point is increased in 

the cooling mode and decreased in the heating mode or 

the zonal system is turned off when the room is 

unoccupied. Therefore, more time might be needed to 

condition the indoor air to bring it to an acceptable 

temperature due to the thermal mass of the building 

envelope and furniture when the zone is occupied. It is 

clear from Figure 5, Figure 6, and Figure 7 that it is much 

more effective to implement setback controls (e.g., 

HVAC OFF when zone is not occupied) compared to 

increasing/decreasing the temperature set point in the 

cooling/heating season to save energy. Taking the (1, 1) 

case as an example, by applying deep setback controls to 

the living room and bedrooms, the HVAC energy 

consumption was reduced by 35.4%, while the discomfort 

time was increased by 71.8%. However, when the heating 

set point is decreased by 2.78 ºC (5 ºF), the HVAC energy 

consumption was only reduced by 32.5%, but the 

discomfort time was increased by 179.0%. Such a 

conclusion is also true for other cases such as the (4,4) 

where the energy savings of the setback control case (6, 

6) and cooling set-up case (7, 7) were 33.9% and 16.1% 

respectively, while the discomfort time was increased by 

3.9% and 35.4%. Therefore, we can conclude that in 

general, the setback control strategy is more favourable 

compared to a higher/lower temperature set point due to 

its ability to maintain the thermal comfort while reducing 

the energy consumption significantly. 

Moreover, the relationship between the discomfort time 

and the energy consumption is not linear. For example, 

compared with the (1, 1) case, the (1, 2) case increased the 

discomfort time by 23.0%, but reduced the energy 

consumption by 5.2%; while the (2, 1) case increased the 

discomfort time by 22.6%, but reduced the energy 

consumption by 15.9%. This indicates that the best 

HVAC operation schedule which saves more energy and 

leads to less discomfort time should be analysed case by 

case for different buildings and projects.  

HVAC Configuration II 

There are six scenarios for the HVAC Configuration II. 

As mentioned, unlike Configuration I, these six scenarios 

are very practical and represent the occupants’ 

preferences during the operation of the HVAC system. 

The simulation results of the HVAC Configuration II case 

are visualized below. Figure 8 shows the ASHRAE 

Standard 55 discomfort time when the room is occupied 

for each room under different scenarios. Figure 9 is the 

end use of the heating energy consumptions for Cases 1 

to 3. The LVG baseboard in Figure 9 refers to the heating 

baseboard installed in the living room as the backup 

heating. Figure 10 breaks out the energy use of the various 

HVAC components for all six scenarios. The term 

“transfer grille” refers to the transfer grilles which enable 

the air flow between the living room and the bedrooms. 

Zonal AC refers to the energy consumption of the heating 

baseboard, the window AC, and the fan of the window AC 

installed serving the three bedrooms.   

 

Figure 8. The ASHRAE Standard 55 discomfort time for 

the three bedrooms and the living room when the room 

is occupied 
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Figure 9. The end use of the living room heating energy 

consumption  

 

Figure 10 The end use of the building HVAC energy 

consumption  

Figure 8 and Figure 9 illustrate that compared with Case 

1 where there is no backup heating, Case 2 and Case 3 had 

similar thermal comfort conditions, but the heating energy 

consumptions were much higher. The heating energy 

consumption of Case 3 is nearly twice as much as that of 

Case 1. This is because the thermal efficiency of the 

electric heating baseboard is much lower than the COP of 

the DHP, which means that more energy will be 

consumed to produce the same amount of heat using the 

heating baseboard. The result suggests that although the 

performance of the DHP is harmed by the wintry weather, 

its advantage over the electric heating baseboard is still 

obvious. As long as the sizing of the DHP for the heating 

is appropriate, the occupant thermal comfort will not be 

affected. A recent study revealed that even when the 

ambient temperature is low, the DHP system still proves 

a more cost-effective option compared with the oil-fired 

systems and the electric resistance heating systems (Dave 

Korn et al., 2016). Thus, backup heating is not 

recommended since it does not provide any obvious 

benefits. 

Moreover, we can conclude from Figure 8 and Figure 10 

that the DHP system is capable of serving the entire 

house, as long as the sizing of the DHP is appropriate, the 

setback control strategy is applied, and a transfer grille is 

installed to enable the air flow between the bedrooms and 

the living room. This system can achieve the energy 

saving effect and maintains an acceptable occupant 

thermal comfort condition. For example, compared with 

Case 1 (i.e., the (1, 1) case in the Configuration I), the 

transfer grille case saves 37.3% of the HVAC energy 

consumption annually, while only increases the ASHRAE 

discomfort time by 635 hours on average. This result is 

very similar to Case 4 (i.e., the (1, 6) case in the 

Configuration I), where the temperature set point setback 

control was applied to the bedroom zonal equipment. The 

result of Case 5 further confirms that it is feasible to use 

just a DHP system to serve a house without using the 

zonal equipment for the bedrooms. This means that the 

DHP system is also appropriate for homes where no pre-

existing zonal equipment is installed or where the zonal 

equipment needs to be replaced. 

Another conclusion we can draw from the simulation 

results of Configuration II is that it is helpful to set a 

comprehensive temperature set point setback schedule. It 

makes sense to pre-cool or pre-heat the room when the 

temperature set point setback control is applied. For 

instance, compared with the (2, 6) case in Configuration 

I, Case 6 in Configuration II (in which the living room is 

turned on one hour before the occupants’ entering and one 

hour after the occupants’ leaving) results in fewer 

discomfort hours: the HVAC energy consumption is 

reduced by 50 kWh while the discomfort time is reduced 

by 48 hours in total. Compared with Case 4, Case 6 only 

increases the average ASHRAE Standard 55 discomfort 

time by 1.8% but reduces the energy consumption by 

7.5%. 

Conclusion and Future Work 

Conclusions 

• Generally, the temperature setback control or the 

lower/higher temperature set point is able to reduce 

the energy consumption but will increase the unmet 

hours and the discomfort time. 

• Compared with using a higher/lower temperature set 

point in summer/winter, the temperature setback 

control saves more energy and achieves a more 

comfortable indoor environment. 

• The relationship between energy savings and 

discomfort hours is nonlinear. This question should 

be analysed case by case in practice. A parametric 

analysis is recommended to find the best temperature 

set point schedule for compromising the trade-off 

between energy savings and occupant thermal 

comfort. 

• It is not suggested to install the backup heating for the 

DHP system, as long as the sizing of the DHP for 

heating is appropriate. An additional electrical 

resistance heater in the living room area does not help 

improve occupant thermal comfort but, on the 

contrary, will increase heating energy consumption. 

• Occupants should pre-cool or pre-heat the room when 

the setback control strategy is applied. A good 

comprehensive set point schedule will likely improve 

occupant thermal comfort and reduce HVAC energy 

consumption.  

Future work 

• At present, all the conclusions in this case study are 

based on simulation work and lack experimental 

validation. An on-site lab test will be set up in the 

PNNL Lab Homes in the future to confirm the energy 
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saving effects of the DHP system when it is installed 

to work with the pre-existing zonal equipment. 
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Abstract

Due to their energy efficiency, air source heat pumps
are an increasingly popular solution for space heating,
despite their limitations in cold weather. Variable
capacity heat pumps (VCHP) make use of variable
speed inverter-driven compressors to improve com-
fort and to provide a broader operating temperature
range encouraging larger evaporators/condensers to
extract more energy from the air, without the down-
fall of being oversized at warmer conditions. This
benefit has seen a growing interest for air source heat
pump systems (ASHPs) in North America due to the
wide operating conditions. While the variable capac-
ity air-to-air (air-source) heat pumps (VCASHPs) are
gaining popularity, there is still a lack of accurate
performance curves and detailed models in building
simulation tools in order to accurately assess their an-
nual energy saving and utility cost reduction benefit.
To address this gap, Natural Resources Canada, Can-
metENERGY has been conducting both heating and
cooling experimental tests of both ducted and duct-
less VCASHP systems to gain a better understanding
of their performance and limitations as well as sup-
port the development of detailed performance mod-
els for building simulation tools. This paper presents
the extension of a VCASHP TRNSYS heating mode
component model, with the experimental testing of
a ductless VCASHP in cooling mode under different
operating conditions and steady state operation.

Introduction

Heat pumps are expected to play a significant role in
improving the energy efficiency and the carbon foot-
print of the building sector in the context of decar-
bonized grids. Space heating and cooling represent a
large fraction of the building energy consumption in
most industrialized countries. For example, Natural
Resources Canada (2018) estimates the share of space
heating and cooling at 70 % of the residential sector
energy use.

In Canada, heat pumps can play a significant role in
reducing the predominant space heating energy end
use, in many instances consuming up to four times

less energy than a conventional system utilizing the
renewable energy resource. Air source and ground
source heat pumps are the common systems each up-
grading the available energy from the ambient air
or ground, respectively. Naturally, air source heat
pumps are a lower first cost option in comparison to
ground source heat pumps; however their Coefficient
of Performance (COP) and heating capacity decrease
with lowering ambient temperature, so that auxiliary
heating is often required. Furthermore, at warmer
ambient conditions, the air source heat pumps deliver
too much energy. Without thermal storage, constant-
speed heat pumps must therefore cycle on and off to
meet the load, leading to decreased performance and
thermal comfort. This on/off cycling regime also pre-
cludes the selection of heat pumps able to meet the
full load at low temperatures. To overcome this is-
sue, variable speed compressors are now being used
in many systems, offering the benefit of cycling to
very low speeds to better meet occupant comfort and
improved seasonal efficiencies.

As of now, VCHPs are difficult to model, for there
is a lack of dynamic models able to predict accu-
rately VCHPs behaviour and performance in a user-
friendly way. Manufacturer data can be used, but
they are not always easy to integrate into simula-
tions, and are found to be incomplete and imprecise,
which make them unreliable (US DOE, 2011). To fa-
cilitate the design of heating systems using VCHPS,
they need to be adequately modelled, both in heat-
ing and cooling modes—better performance data is
thus also necessary. In order to fulfil these objec-
tives, a test bench was set up at Natural Resources
Canada, CanmetENERGY in Varennes, to measure
the performances of a variable capacity air-to-air (air
source) heat pump (VCASHP) in different regimes of
operation, and obtain more reliable results than those
provided by the manufacturer. St-Onge et al. (2018)
describe a VCASHP model that was developed for
heating operation, and is able to predict performance
degradation caused by defrost cycles accurately. The
model presented in that paper is, however, limited to
heating only and humidity is not taken into account
in the performance maps. This paper focuses on ex-
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panding that model including a modelling strategy for
cooling and taking humidity into account. The type
of heat pumps that can be simulated by the model
is thus restricted to air-to-air VCHPs, which usually
require a lower investment cost than other HP types,
such as ground-source HPs (Kegel et al., 2014). The
concept can easily be expanded to other heat pump
types in the future.

The article is divided into three sections. First, the
test bench is described, along with the relevant vari-
ables measured, and how they impact the perfor-
mances. Afterwards, results of the operation in cool-
ing mode are presented, with the insights that they
give on the control strategies. A preliminary perfor-
mance map is compared to manufacturer data. Fi-
nally, the model is presented, and illustrated through
some simulation results.

Test bench

Before introducing the test bench, namely what is
measured and how, it is important to define what is
to be measured, i.e. the quantities that must appear
in the performance map, or that allow to obtain them
through thermodynamic calculations.

The quantities provided by the performance map (the
outputs, used by the model) are the total electric in-
put power (Ptot), the latent cooling capacity (Q̇cl)
and the sensible cooling capacity (Q̇cs). The latter
is necessary to compute the supply air temperature.
The total cooling capacity (Q̇c) is not included, as it
is simply obtained by Q̇cl + Q̇cs.

On the other hand, there are five quantities required
by the performance map (which are included in the
model inputs). First, the indoor and outdoor temper-
atures affect the heat transfer as they correspond to
the heat source and sink, respectively. The outdoor
temperature is noted To, while the indoor tempera-
ture is noted Tr as it is also the temperature of the
return air entering the indoor unit. Another quantity
that affects the heat transfer is the airflow rate; only
the indoor air flow rate (ṁa) is considered because
the outdoor air flow rate is not varying. Moreover,
the power provided by the compressor depends on
the frequency (f) that the inverter is feeding to the
compressor’s motor. The frequency thus obviously
has an impact on the capacity and the COP. Finally,
the relative humidity of the return indoor air (φr)
must be specified to predict the fraction of sensible
and latent heat.

The aim of the test bench is to impose artificial envi-
ronmental conditions to a VCASHP and measure the
corresponding capacities and input power. The envi-
ronmental test chamber is composed of two sheds in
which the temperature—or the load—is controlled by
a fan bringing air from outside, and/or an auxiliary
heater. The fresh air and auxiliary heaters are con-
trolled to meet desired test conditions (specific out-

1 2

3

45

6

s r To

Indoor shed Outdoor shed

Figure 1: Representation of the sheds with the tem-
perature sensors on the refrigerant lines.

1

234

5 6
h

p

Figure 2: p-h diagram of the cycle.

door air temperature and relative humidity) counter-
balancing the heat/cooling input from the heat pump.
The outdoor shed contains the outdoor unit of the
heat pump, and the imposed temperature is To. In
the indoor shed (where the indoor unit is located),
the fan is used to impose a load (which should be
equal to Q̇c in steady-state) that the heat pump must
compensate to maintain the temperature setpoint Tr.
The humidity of the return air is also measured, as
well as the temperature and humidity of the supply
air which are necessary to compute the capacities—
see details in the next paragraph. The refrigerant
temperature is measured at several points along the
HP cycle, as indicated in Figure 1. Each state number
on the refrigerant lines corresponds to a temperature
measurement. Additionally, the pressure of the re-
frigerant is measured at the inlet and outlet of the
compressor (i.e. points 1 and 2), and its mass flow
rate is measured using a coriolis flow meter. By ne-
glecting pressure drops, the p-h diagram of the cycle
will have a shape like the one depicted in Figure 2,
where there are only two pressure levels, hence no
need for additional pressure sensors. Further details
of the test bench description can be found in St-Onge
et al. (2018).

Among the variables introduced, Q̇cl and Q̇cs are not
directly measured. They can be determined from ṁa

and the temperature and humidity of the return (r)
and supply (s) air. With the conditions (Tr, φr) and
(Ts, φs), the enthalpies hr and hs are determined us-
ing humid air properties (we assume a constant pres-
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sure, pr = ps = 1 atm), then the capacities are given
by

Q̇cl = ṁa(hr − hx)

Q̇cs = ṁa(hx − hs)
(1)

where x is the state where Tx = Tr and ωx = ωs.
(ω designates the absolute humidity.) However, mea-
surements of the air flow rate are found to be less ac-
curate than those of the refrigerant flow rate, and the
composition of the refrigerant does not vary, which
means that the capacity can be calculated from tem-
peratures and flow rate only, and is thus less prone to
errors. For these reasons, Q̇c is calculated using the
refrigerant properties, and Q̇cs using

Q̇cs = Q̇c
hx − hs
hr − hs

(2)

The air-side cooling capacity Q̇c corresponds to the
heat extracted by the evaporator and the condensing
water (if any), minus the power of the indoor unit
fan, which heats up slightly the cooled air:

Q̇c = Q̇ev + ṁwhw − Pfan,i (3)

Since the condensate flow rate ṁw is very small, its
influence is neglected. The fan power is directly mea-
sured, while Q̇ev needs to be calculated using

Q̇ev = ṁr(h6 − h5) (4)

where ṁr is the refrigerant mass flow rate. The re-
frigerant in state 6 is a superheated gas, which means
that h6 can be deduced from p6 and T6 only, how-
ever in state 5 it is a liquid-gas mixture, for which
the quality is unknown. Without a way to compute
adequately h5, an isenthalpic expansion is assumed
between states 4 and 5, as depicted in Figure 2. An
easier way to obtain Q̇ev is then

Q̇ev = ṁr(h6 − h4) (5)

where h4 can be determined from p4 = p2 and T4
only, as the refrigerant in state 4 is subcooled.

Moreover, we can also compute the heat rejection at
the condenser as well as the power transmitted by the
compressor to the refrigerant.

Q̇cond = ṁr(h3 − h4)

Pcomp = ṁr(h2 − h1)
(6)

Now that every relevant quantity can be evaluated,
it is important to determine what measurements are
adequate to be integrated in the performance map.
Some measurements should be excluded because they
represent short-term transients that cannot be cap-
tured by the model. One way to do that is to com-
pare Pcomp to the electrical power consumed by the
compressor, Pel. Indeed, both electrical and thermal

losses cause a difference between the two, but this dif-
ference is found to be much more important during
transient regimes (this is illustrated in the next sec-
tion). The relative difference between Pcomp and Pel

is given by

δ =

∣∣∣∣1− Pcomp

Pel

∣∣∣∣ (7)

When the compressor starts up, δ = 100 % and then
decreases steadily to stabilize around 20 %. Account-
ing for small variations, measurements are thus con-
sidered valid if δ < 30 %, that is, if

|Pel − Pcomp| < 0.3Pel (8)

Results

The tested heat pump has two modes for the fan op-
eration: a “fixed-speed” mode where the user can
choose between high, medium, low and quiet, and an
“auto” mode where the controller chooses one of those
four settings. It was found that the heat pump is un-
able to properly modulate the frequency while being
in the “fixed-speed” mode, as shown in Figure 3a. In-
stead, it operates with on-off cycles like a classic heat
pump, except that the machine cycles between off and
a fixed part-load capacity—which still reduces the cy-
cling frequency compared to a classic heat pump.

Figure 3b shows the operation at full capacity. The
relative difference between Pel and Pcomp, δ, is de-
picted on the bottom plot. It is not under 30 % dur-
ing the first half-hour, where there appears to be a
transient process causing a big gap between Pel and
Pcomp. This difference could have several causes not
considered by the model: the thermal mass of the
compressor, the influence of the lubricant mixed with
the refrigerant, and the fact that the refrigerant is not
necessarily in the “right” state at start-up. When in-
vestigating the refrigerant properties, this relatively
slow transient evolution is clearly seen in the pressure
and the temperature of state 2, at the compressor
outlet. The slow evolution of T2 is likely the result
of thermal mass in the system and dynamic processes
in the refrigerant. After a half-hour, both p2 and T2
flatten out, and a steady-state is reached. At that
point, Pel, and Pcomp are closer (with a difference of
about 20 %).

With the “auto” mode however, measurements show
some frequency modulation to match the load—
though still not as smooth as one would get with a
PID controller. Rather, there seems to be discrete
frequency levels at which the controller chooses to op-
erate. Figure 4 clearly shows steps of about 7 Hz, and
the capacity varies accordingly, to try and match the
load. It is however not very clear what the frequency
levels are, as in the second half of the test, there are
narrow peaks reaching the maximum frequency. The
minimum frequency announced by the manufacturer
is 10 Hz, however the controller does not seem to be
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(a) Operation at 65% of the rated capacity.
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(b) The load exceeds the capacity. The frequency step at
0.5 h seems to be triggered when the quantities p2 and T2

reach their steady-state value.

Figure 3: Results with the “fixed-speed” mode over a
two-hour period.
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Figure 4: Results using the “auto” mode at 85 % of
the rated capacity.
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Figure 5: Results using the “auto” mode at 70 % of
the rated capacity.
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able to decrease the frequency lower than 40 Hz with-
out turning off, as shown in Figure 5. A possible
cause is that the compressor power is relatively low,
and it may not be able to operate properly at such
lower power levels.

Control strategies implemented by VCASHP manu-
facturers are proprietary, so modeling them requires
reverse engineering using the observed behavior. The
base control law is a variant of conventional PI or
PID algorithms, but the controllers have additional
rules that seem to aim at maximizing comfort (e.g.
during start-up or ramp-up phases) and protecting
the machine (by limiting temperatures, pressures, or
current). In addition to the compressor speed, the
controller also adjusts the fan speed (in “auto” mode)
and performs other operations such as defrost cycles
in heating mode. In order to isolate the control com-
plexities from the thermal performance aspects, the
controller model was separated from the performance
model, allowing different control strategies to be com-
pared for the same heat pump.

As explained in the previous section, the test bench
depicted in Figure 1 allows to control the tempera-
ture easily, however it faces challenges when it comes
to humidity control. When needed, the fan brings
fresh air to keep the humidity constant, however the
humidity ratio (HR) cannot be higher than that of
the outside air, so there is an upper bound on HR
values that can actually be reached. At the time of
writing, experimental results were only obtained at
low humidity, hence manufacturer data are used to
complete the performance map for higher HR values.

Another thing to bear in mind regarding the perfor-
mance map is that the compressor’s frequency cannot
be explicitly controlled like other quantities such as
the outdoor temperature, for it is imposed by the
controller depending on those other quantities—for
this reason, a color map is used for the frequency
in Figure 6. While the other input variables of the
performance map are independent—except for ṁa in
“auto” mode—all combinations of the selected val-
ues for those variables do not need to be tested, since
some of them correspond to impossible or very un-
likely situations, such as a very low temperature com-
bined with a very high humidity content.

It can be seen in Figures 6 and 7 that manufacturer
data are provided for very cold temperatures in cool-
ing mode, down to =10 ◦C. However, assessing per-
formance at such low temperatures is not really rele-
vant for air conditioning in the residential sector. In
the temperature range where experiments were car-
ried out, the experimental results and the manufac-
turer data show similar trends, even if not enough
data are available at this point for a complete valida-
tion. The measured total input power is more spread
out than the manufacturer data, however the air flow
rate is not the same for every point, while it is kept
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0.52
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(a) Experimental data.
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(b) Manufacturer data (Fujitsu, 2012).

Figure 6: Measured total input power vs outdoor air
temperature.
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(b) Manufacturer data (Fujitsu, 2012).

Figure 7: Measured total capacity vs outdoor air tem-
perature.
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Figure 8: TRNSYS model overview. The controller
and the VCAAHP itself are implemented as different
components.

to 830 m3 h=1 (high mode) in Figures 6b and 7b.

Model

The main objective of the model is, given a set of in-
let conditions, to compute the different performance
variables (Q̇c, Q̇cs, Q̇cl, Ptot, COP) and to compute
the outlet conditions (Ts, φs). The formers are de-
termined thanks to the performance map, and they
allow to compute the latters. Indeed, once they are
known, the only unknowns left in equation (1) are
hs and hx. The supply humidity ratio ωs = ωx can
be determined from hx and Tx = Tr. By neglecting
the (very small) pressure drop caused by the fan, Ts
and φs are obtained from hs, ωs and ps = pr. Note
that if Q̇cl = 0 W (i.e. Q̇cs = Q̇c), unnecessary cal-
culations can be avoided by simply setting ωs = ωr.
From ωs, the condensate mass flow rate is obtained
using ṁw = ṁa(ωr−ωs). Finally, the COP is directly
given by

COP =
Q̇c

Ptot
(9)

As mentioned above, since control strategies may vary
significantly from one manufacturer to another, that
part is not embedded in the model itself. Rather,
a separate TRNSYS component computes the fre-
quency and feeds it to the heat pump model (see Fig-
ure 8), so that the user can easily switch to another
one (possibly custom) if needed. Some users may also
need to use ωr instead of φr to quantify the humidity,
so a parameter allows to choose which input should
be used.

Trying to supplement experimental data with man-
ufacturer data represents a challenge, as published
data in the different manuals and specification doc-
uments is very often incomplete. The data in Fig-
ures 6b and 7b are for constant compressor frequency
and air flow rate, and the indoor dry-bulb and wet-
bulb temperatures are varied together (so that only
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(a) Simulated temperature and humidity.
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Figure 9: Comparison between measurements and
simulation. Simulated quantities are designated by a
superscript ∗ and plotted in gray.
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one humidity level is provided for a given temperature
level). In order to test the model without waiting for a
complete experimental performance map, additional
performance data for the same machine were obtained
from a published third-party test report (US DOE,
2011). Further correction for different humidity lev-
els and variable frequency were obtained from other
manufacturer data for comparable machines. The re-
sulting composite performance map does not aim to
represent the tested machine, but is simply used to
illustrate how the model would operate with a com-
plete performance map.

Figure 9 shows simulation results obtained using the
measurements of the test displayed in Figure 4 as in-
puts. The simulated total cooling capacity matches
quite well the measurements, while the total input
power shows a more important gap going up to 14 %
of the peak value. This difference has repercussions
on the COP, for which the difference between mea-
surements and simulation is more significant when the
measured and simulated power differ as well. The
measured supply air temperature and humidity are
not displayed in Figure 9, because the measurements
during the reported tests were not usable (showing
physically impossible conditions). This problem has
not been addressed yet and needs further investiga-
tion.

Conclusion

VCASHP performance depends on several environ-
mental and control variables, increasing the complex-
ity of the performance data (often expressed as per-
formance maps) that must be used to define a simu-
lation model of the equipment.

This paper describes a test bench that was developed
to obtain performance data for different VCASHPs
in heating and cooling modes, over a large operating
range. The paper presents partial cooling data which,
when completed by additional tests, will be used to
develop a complete performance map and TRNSYS
VCASHP component model. These results show that
the controller mode has a large impact on the oper-
ating regimes of the compressor, completely prevent-
ing frequency modulation in some cases. A TRNSYS
model has been developed for the heat pump and for
the controller. The TRNSYS model is exercised with
a performance map based on partial experimental
data supplemented with manufacturer data. Further
work will aim at completing the performance map
and demonstrating the use of the complete model.
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Abstract 

An oscillating mist fan is a low-energy means to reduce 

heat stress of people in hot environments by combining 

evaporative and convective cooling. Mist sprays can wet 

sensors, yielding the wet bulb temperature rather than the 

true dry bulb air temperature, which is needed to model 

the physiological effect of cooling. This research is a 

study in how simulation can help reveal the true 

conditions in a case where sensors in experiment may not 

be reliable measures of reality. Simulation reveals that 

temperature drops may be about 1˚C greater than recorded 

values. 

Introduction 

Thermal stress is hazardous to workers’ health, yet air 

conditioning of large spaces such as factories can be 

impractical. Hydraulic mist systems spraying fine water 

droplets provide cooling at low energy cost. When 

combined with a fan, the evaporation and convection 

cooling effects yield can greatly increase thermal comfort 

(Yamada, 2006). However, if used indoors, air could 

quickly reach saturation.  

An oscillating fan spreads the cooling effect over a wider 

area as well as keeping the indoor air well-mixed, 

promoting ventilation, while preventing local build-up of 

humidity and reducing the chance of undesired wetting. 

Measurement of the temperature changes inside and near 

mist are not reliable, as sensors may become wet and read 

near the wet bulb temperature rather than the actual dry 

bulb temperature. Further, the response time of many 

sensors is of the same magnitude or slower than the 

exposure time as an oscillating fan mist plume passes by.  

Computational fluid dynamics (CFD) simulation of the 

mist plume could reveal the actual temperature changes 

inside the mist, without the wet sensor and time-lag 

problems. If simulated temperatures match the reliable 

measured temperature beyond the mist plume where there 

is cooling but no wetting, and sensor time lag is accounted 

for, it might be assumed the simulated temperatures inside 

the mist plume better reflect reality than what wet sensors 

would yield. Knowledge of the true temperature transient 

over time is essential for evaluating the cooling effect 

both physiologically and of human thermal comfort due 

to thermal transients toward the comfortable state, the 

concept of alliesthesia (Parkinson and de Dear, 2015). 

Accurate prediction of the cooling effect of mist on the 

human body can be used to deploy systems effectively, 

and project reductions in the risk of heat stroke through 

human heat transfer models such as outlined in ISO 7933 

(International Organization for Standardization, 2004). 

CFD simulation can also be used to visualize the cooling 

effect and circulation of the air throughout the entire space. 

The changes in humidity can also be mapped for the entire 

space. Knowing the rate at which indoor humidity 

increases as a function of air exchanges and mist spray 

rate allows selection of a mist fan system of appropriate 

spray capacity as well as permissible duration of spraying 

to avoid exceeding a chosen humidity level. 

In this study, experimental measurements are compared 

to CFD simulation of the experiment done in Ansys 

FLUENT. 

Background on Mist Cooling 

Standards applicable to worker safety such as ISO 7243 

and ISO 7933 characterize the heat stress and require 

increasingly longer rest breaks or cessation of work 

entirely at increasing levels of thermal stress 

(International Organization for Standardization, 1989), 

(International Organization for Standardization, 1994). 

Performance and productivity generally decrease at 

effective temperature over 30˚C (Melikov et al, 1994).  

The risk of heat stroke increases exponentially at high 

temperatures (Miyatake et al., 2012), thus even a 

relatively small reduction in temperature could be highly 

beneficial in hot environments.  

In environment temperatures up to 30˚C, the use of forced 

convection of an isothermal airflow (a fan) can be an 

efficient way to maintain the heat balance of the human 

body (NIOSH, 2016). At higher temperatures, spot 

cooling with jets of cooled air is often used to reduce heat 

stress when air conditioning of the entire building is 

difficult. As for the limit at which full air conditioning is 

seen as wasteful compared to spot cooling, Mirza et al. 

(2000) recommend use of spot cooling instead of air 

conditioning of tin roof factory spaces in a hot desert 

environment when worker density is 6 per 100m2 or less.  

Yet, installation of a spot cooling ducting and diffuser 

system to cover all workstations from a central air 

conditioner, or using multiple small units can be 

expensive. Melikov et al. (1994) recommend that spot 

cooling jet outlets be “as close as possible to the person” 

to provide energy-efficient cooling. This can make layout 

impractical where the workers do not remain in a single 
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location or if workspaces are often moved for different 

projects. 

Water mists can be used to provide outdoor cooling on hot 

summer days at a low energy cost. In single-fluid 

(hydraulic) mist spray systems, water is pressurized and 

sprayed through nozzles to create fine droplets. Each 

nozzle commonly sprays on the order of litres per hour. In 

outdoor applications, the small droplets evaporate quickly 

enough that it is easy to position the nozzles such that 

surfaces in the cooled area will not be significantly wetted 

even in a sub-tropical climate (Yamada et al., 2006). Such 

sub-tropical climates include the south-eastern United 

States, much of Japan, Korea and eastern China, and 

much of the southeast coast of South America including 

Buenos Aires (Peel et al, 2007). However, if used indoors, 

care must be taken. An example of a clean room of 40m2 

floor area with about 200m3 volume in Japan, ventilated 

at approximately 2 air exchanges per hour, a mist fan at 

3.5m height spraying 5~20L/h of mist yielded some floor 

wetting (Miura et al., 2009). Wetting can be a safety 

hazard due to the chance of slipping, an equipment hazard 

due to wetting promoting corrosion or short circuits of 

electrical equipment, and a liability hazard from persons 

claiming damages (to clothing, personal effects) due to 

wetting, among other issues. 

The latent heat of evaporation of the droplets, which 

causes the cooling effect, is well over 100 times the 

electricity consumption of the high-pressure pump used 

here to create the mist spray. The major drawback is that 

evaporation also increases humidity. Further, the limit of 

the temperature reduction is to the wet bulb temperature. 

In outdoor and semi-enclosed spaces such as shopping 

arcades and stadiums, the natural ventilation of fresh air 

can help prevent the misted space from becoming 

saturated with water vapour. However, if a mist nozzle is 

used indoors, a small space could quickly reach 100% 

humidity if even a single spray nozzle is used constantly, 

unless the air exchange rate was high enough to 

compensate. 

Water mist droplets in non-saturated air evaporate, 

exchanging latent heat for sensible heat from the air. The 

droplet surface reaches a surface temperature within +/-

0.5˚C of the wet bulb temperature within about 1 

microsecond of formation in typical atmospheric 

conditions (Pruppacher and Klett, 1997). Further, their 

small mass allows the entire droplet temperature to reach 

the wet bulb temperature while the effect of air resistance 

decelerates the droplets to near-zero velocity relative to 

surrounding air within tens of microseconds. These nearly 

instantaneous temperature and speed effects can be 

calculated iteratively as outlined in the work of Chaker et 

al. (2002) and Holterman (2003). Thus, mist droplets can 

be assumed as being at near wet bulb temperature and 

relative air velocity of zero. 

The speed of evaporation of a droplet in still air is 

calculated by assuming that water vapour is an ideal gas, 

which evaporates at a rate proportional to the difference 

in its density between the droplet surface and the 

environment air. The droplet surface is a saturated state at 

the wet bulb temperature of the environment, such that the 

change in droplet radius, r over time can be approximated 

as,  

 𝑟
𝑑𝑟

𝑑𝑡
=

𝐷𝑀𝑤

𝑅𝜌𝑤
(
𝑒𝑜

𝑇𝑜
−

𝑒𝑠𝑎𝑡

𝑇𝑎
) (2) 

where D is the diffusivity of water vapour in air, Mw is the 

molecular weight of water, R is the ideal gas constant, ρw 

is the density of water, e0 is the vapour pressure of the 

environment, esat is the saturation vapour pressure, To is 

the dry bulb temperature of the environment and Ta is the 

saturated air temperature. This can also be expressed as, 

 𝑟
𝑑𝑟

𝑑𝑡
=

𝑘∆𝑇𝑤𝑏

𝐿𝜌𝑤
 (1) 

where ΔTwb is the wet bulb depression, k is the thermal 

conductivity of moist air, L is the latent heat of 

evaporation of water, and ρw is the density of water. This 

can be integrated over time to find the approximate time 

to complete evaporation, tev for a single droplet. Taking 

approximate values for properties of air and water at 25˚C, 

L=2250kJ/kg, ρw=1000kg/m3, k=0.025J/m-s-K and 

expressing drop size as diameter d in units of microns 

rather than meters, the approximate time for evaporation 

is, 

 𝑡𝑒𝑣 =
𝑑2

80∆𝑇𝑤𝑏
 (2) 

with wet bulb depression in units of Kelvin. Thus, for a 

20 micron diameter droplet on a typical hot day in Japan 

(35˚C, 45%RH, ΔTwb=10K) the time to complete 

evaporation is about 0.5s, while a 40 micron droplet 

would be about 2 seconds. However, this calculation 

assumes a single droplet in unchanging air conditions. As 

a mist cloud evaporates, ΔTwb becomes smaller, reducing 

evaporation speed in inverse proportion to the change. 

Still, if the mist is carried by air currents or forced 

ventilation for a few seconds before reaching any wall or 

ground surface, there should still be little or no wetting or 

pooling of water.  

As nearly all mist droplets completely evaporate within a 

few seconds, when examining ventilation of the space on 

the time scale of hours, mist spray can be assumed as an 

instantaneous source of water vapour with the same mass 

flow, F, as the mist spray rate. The transient mass flow 

balance of a ventilated room, assuming the water vapour 

is uniformly mixed through the air, is 

 𝑀
𝑑𝑌

𝑑𝑡
= 𝐹 + 𝑄𝑌𝑜 − 𝑄𝑌 (3) 

where Q is the constant ventilation mass flow rate into a 

room containing an unchanging mass of air M, where the 

mass fraction of water vapour of inside air is Y, and for 

outside air is Yo. Air density is assumed constant, as 

differences between indoor and outdoor air density can 

generally be ignored for moderate climates (ASHRAE, 

2013).  

In the case of constant-rate ventilation, the mass fraction 

of water vapour in the room reaching a steady state at Yss 

with continuous misting would be, 

 𝑌𝑠𝑠 =
𝐹

𝐸𝑀
+ 𝑌𝑜 (4) 

where E is the room air exchange rate, E = Q/M (here in 

terms of mass flow rather than volume flow). This 
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assumes that Q is sufficient to prevent Yss from reaching 

the saturated state, which would stop the mist evaporation. 

The water vapour mass fraction at any time for constant-

rate ventilation and mist spraying from an initial condition 

with water vapour fraction Yi, assuming the uniform 

mixing and no change in air density is, 

 𝑌𝑠𝑠 =
𝐹

𝐸𝑀
+ 𝑌𝑜 − [

𝐹

𝐸𝑀
+ (𝑌𝑜 − 𝑌𝑖)] 𝑒

−𝐸𝑡 (5) 

where t is elapsed time in hours. The inverse of the air 

exchange rate is the time constant of the ventilation 

equation (ASHRAE, 2013) with the asymptotic limit as 

Eq. (4). Some deviation from the equations is expected in 

experiment and in CFD simulation for reasons including; 

the mist spray slightly changes the temperature and 

density of the indoor air, the water vapour is not perfectly 

mixed throughout the indoor space, some larger mist 

droplets may settle on surfaces and not entirely evaporate, 

and the ventilation rate itself and mass of moist air in the 

room is neither constant nor perfectly balanced. 

As with traditional cooling towers (which are a form of 

evaporative cooling) mist cooling systems must be 

employed with strict maintenance and cleaning protocols, 

in accordance with ASHRAE Guideline 12 (ASHRAE, 

2015) to eliminate the risk of legionella contamination 

which can lead to deadly pneumonia outbreaks. The 

system here uses 4 methods to reduce the risk of legionella 

contamination; 

  1. Use of chlorinated tap water (all tap water in Japan is 

chlorinated to at least 0.1mg/L) 

  2. Purge of the misting system and pumps every night, 

and more strict purge and cleaning at the end and 

beginning of each cooling season. 

  3. Regular changing of filters. 

  4. Hot water purges of the system. Temperatures of 60ºC 

or higher will destroy legionella bacteria. (WHO, 2007) 

Method 

In the experiment, the cooling and humidification effect 

of a single large mist fan were measured. A circular 

header with 32 spray nozzles was mounted on the 

circumference of the fan outlet. The fan was mounted on 

a platform with the fan axis at 2.5m height as shown in 

Figure 1. This keeps the immediate downstream of the 

spray nozzles and high air speed (above 10m/s) at the fan 

outlet over the heads of workers and most equipment. The 

mist stream then tends to diffuse and sink toward the floor. 

The air speed profile of the fan was measured along the 

centreline (see Figure 2) at 1.2m height at 5m intervals. 

The fan was fixed, and air speed measurements taken with 

a hot-wire anemometer. The values shown in Figure 2 are 

the max/min values. At distance of 10m and greater from 

the fan, the air speed is usually lower than the maximum 

target velocity of 2.2 m/s as recommended for 

comfortable spot cooling by Melikov et al. (1994). 

The fan can oscillate over a 45˚ angle with a 50 second 

period. The fan can also be tilted up and down. In these 

experiments, the fan was either set level with horizontal 

as 0˚, or with a slight downward tilt at -4˚.  

Temperature and humidity sensors were set at 10 

locations, 8 within the sprayed area (Points A through H). 

An additional 2 sensors (Point I near the fan inlet and 

Point J at 15m distance perpendicular to the fan airflow 

centreline) were placed to monitor the indoor 

environment beyond the sprayed area, as shown in Figure 

2. The sensors were thermistors with capacitive film 

humidity sensors with built-in data loggers. Response 

time (90%) in still air is 7 minutes, though they can be 

expected to respond faster due to the forced convection 

from the fan. The measurement error of these sensors is 

rated as +/- 0.5ºC and +/- 5%RH. These were set to log at 

20-second intervals and referred to from here on as the 

“slow-response sensors”.  

 

Figure 1. Photo of mist fan (Fan diameter is 60cm) 

 

Figure 2. Layout of experiment and sensors 

T-type thermocouples made from 0.4mm single-core wire 

with solder beads averaging 1.1mm diameter as measured 

by micrometre were also mounted at each location, 

connected to an electronic data logger set to record at 1-

second intervals. From here on these are referred to as the 

“fast-response sensors”. They are rated as +/- 0.5ºC 

accuracy, but about 30 of these thermocouple sensors 

were calibrated in a uniform environment at 20ºC and 

only sensors within +/- 0.2ºC were kept for this 

experiment. In order to allow the mist to quickly affect 

them, they were not shielded as is typically recommended 

to prevent influence of radiant temperature. 
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The thermocouple response time is likely shorter during 

the periods of forced convection as the blown air and mist 

from the fan is affecting the sensor. An empirical relation 

for average Nusselt number, Nu for flow over a constant 

surface temperature sphere was developed by Whitaker 

(1972), 

 𝑁𝑢 = 2 + [0.4𝑅𝑒1 2⁄ + 0.06𝑅𝑒2 3⁄ ]𝑃𝑟0.4 (
𝜇

𝜇𝑤
)
1 4⁄

 (6) 

where, 

 𝑁𝑢 =
ℎ𝐷

𝑘
 (7) 

and h is the surface heat transfer coefficient, D is taken as 

the thermocouple bead diameter, k is the thermal 

conductivity of air, Re is the Reynolds number, Pr is the 

Prandtl number, µ is the dynamic viscosity of the fluid at 

the stream temperature, and µw is the dynamic viscosity 

of the fluid at the sphere surface temperature. The 

equation is valid for 0.71 < Pr < 380 and 3.5 < Re < 

7.6x104. If the thermocouple bead is a sphere of 1.1mm 

diameter (the average size used in experiment), for an 

airspeed of 0.2 m/s at the low end of the valid Reynolds 

number range, the Nusselt number is about 3.6, yielding a 

heat transfer coefficient of 85W/m2K. This yields a Biot 

number of 0.003, indicating that the bead temperature 

change can be treated as a lumped capacitance model, in 

which the time constant τ for temperature change is 

determined by,  

 𝜏 =
𝜌𝐶𝑉

ℎ𝐴
 (8) 

where ρ is the density of the thermocouple bead, C is its 

heat capacity, V is the volume, and A is its surface area. 

This yields a time constant of 3.0 seconds. If the air speed 

is 2m/s, as is the average at most measurement points in 

the experiment when affected by the fan, the time constant 

is 1.5s.  

The response time of the thermocouples under natural 

convection was confirmed by subjecting them to a large 

step temperature change as outlined in ASHRAE 

Standard 41.1 (2001). The thermocouples were taken 

from a room temperature environment at about 20˚C and 

moved into a freezer at about -15˚C while recording 

readings at 1s intervals. The average time for a 63% 

change in temperature reading ranged from 3 to 6 seconds.  

Procedure 

The experiment site was a factory warehouse with floor 

space of about 40,000m2, air volume of over 500,000m3 

(dimensions are approximately 250m X 150m X 14m) 

and no internal walls dividing the space. Walls and roof 

were non-insulated corrugated steel. Much of the space is 

storage, with some workstations with hand tools or small 

machine tools. Forklifts and large cargo vehicles regularly 

enter the space. Doors for vehicles and windows are in all 

four walls, allowing cross flow natural ventilation. The 

large volume and many open doors make the factory 

similar to an outdoor or semi-enclosed space, but with less 

worry of wind that might scatter the mist away from the 

intended cooling area. The oscillation of the fan aids 

circulation of the air, preventing a local build up of humid 

air in the targeted space. Even if the warehouse had no 

ventilation, it is expected that the humidification effect of 

the mist averaged across the building would not approach 

saturation even after several hours of continuous use.  

The system was already being used during work shifts, 

with word-of-mouth of positive reception by employees, 

but experiments and measurement were not allowed 

during normal work hours. The trials were done on a 

weekend between the hours of 10:00AM and 4:00PM. 

There was no work activity within the test area, and 

minimal activity in the entire warehouse as it was part of 

a 3-day holiday weekend (which made it possible to get 

permission to conduct the experiment in the first place). 

Several large vehicle doors, which accommodate trailer 

trucks, and are usually left open during working hours, 

were open during the trials. The initial air temperature in 

the factory ranged over 26-29ºC and humidity from 30-

45% during the test periods. A 30-minute testing cycle as 

shown in Figure 3 was repeated for 16 trials. The short 

spans of misting were intended to test the “recovery time” 

after stopping the mist. Further, the changes in outdoor air 

(and thus indoor environment) temperature and humidity 

over the span of the day could easily become a 

confounding factor when determining the effect of the 

mist on air conditions. If a mist spray trial were run 

continuously from 10:00AM to 1:00PM, while the 

outdoor and overall indoor temperature slowly rose by 3K, 

given that the mists used here typically yield a 

temperature decrease on the order of 1-2K, it would be 

difficult to isolate the mist cooling effect over the entire 

period. The effect of the fan only and fan with mist were 

measured in each trial, with the expectation that fan only 

periods would serve as a control case, yielding no 

significant change in temperature or humidity. The fan 

was set to oscillate for 12 trials, and fixed for 4 trials. The 

fan was set at a 0˚ tilt for 12 trials and at a -4˚ (downward) 

tilt for 4 trials.  

 

Figure 3. Experiment procedure schedule 

Simulation 

A CFD model of a portion of the factory with one mist fan 

unit was created in Ansys FLUENT 14.0 to determine the 

actual temperature drops that are difficult to measure, to 

help visualize the cooling effects across a large room 

volume and to test the effect of ventilation (as the 

ventilation rate of the experiment space was unknown). 

To reduce computation time, instead of a model of the 

entire factory space, a 40m x 80m x 14m room (as shown 

in Figure 4) with a mist fan of the same specifications as 

the experiment was modelled. The model used closed, 

adiabatic boundaries for all walls and ceiling, with the 

exception of two vehicle doors and 2 long windows for 

ventilation near the ceiling. These were positioned on 

opposite sides of the room, similar to the experiment site. 
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Ventilation was set as a uniform velocity flow from both 

the window and door on one side, with the opposite side 

set as a free outlet condition. 

 

Figure 4. Simulation dimensions and boundary 

conditions (Units in meters) 

The mesh is tetrahedral, comprising over 245,000 

elements across the entire volume. In the immediate 

radius (2m) around the fan, the maximum element length 

was set to 0.2m. Within a 16m-diameter sphere covering 

the immediate downwind region from the fan, the element 

size was set to 0.5m. Elements gradually become larger to 

a maximum size of 2m at the wall boundaries. The time 

step was set as 0.5 seconds. The fan was modelled as a 

solid wall tube with pressure boundaries at each end to 

generate the same air flow as the actual fan. The mist 

spray was modelled as a hollow-cone water droplet 

injection with 12 streams with the same total flow as the 

36 nozzles. The fan and nozzles spray assembly was set 

in a cylinder with a sliding mesh boundary with the 

surrounding air. This cylinder was set to oscillate at the 

same rate as the fan in experiment with a User Defined 

Function (UDF).  

Temperature, relative humidity, and air speed were 

recorded with virtual sensors at the same relative position 

to the fan as in the experiment. Average temperature and 

average water vapour mass fraction of the entire space 

were recorded at each time step. 

The simulation was run with an initial temperature of 

35˚C and initial humidity of 45%RH, typical of a hot 

summer day in Japan, such that the mass fraction of water 

vapour is 0.016kg/kg of moist air. The mist spray settings 

are set with the same flow rate (0.51m3/h) and average 

droplet diameter of a fan in the actual system. The droplet 

diameters were distributed over 10 bins to include the 

influence of larger droplets up to a maximum of 80 

microns, to match the values of the droplet diameter 

distribution as measured by the nozzle manufacturer. The 

air exchange rate is set at 1 by setting the inlet door and 

windows to allow a stream of moist air at the initial 

condition at a constant 0.31m/s, this roughly matches the 

“worst case” (slowest) air speed on site in the experiment 

days. The fan was set to oscillate with a 50 second period 

throughout the simulation, with mist spray starting at 

elapsed time of 1 second, to avoid compounding any 

instability of simultaneous fan and mist activation. The 

time step was 0.5s throughout the simulation. The mist 

sprays for 5 minutes, stops for 5 minutes, sprays for 5 

more minutes, then stops. To test the effect of increased 

air changes, the air change is increased to 4 at elapsed time 

of 7.5 minutes and continued at 4 until the end of the run. 

The entire simulation was repeated with the same mist and 

fan conditions, but with the initial air condition set at 27˚C 

and 40%RH as a water vapour mass fraction of 0.009 

kg/kg moist air, similar to the conditions during the 

experiments. 

Results 

The mist caused measurable temperature drops and 

humidity increases. As expected, humidity and 

temperature did not significantly change during the fan-

only periods. Examples of this sensor data are shown in 

Figure 5, which shows the measurements along the fan 

oscillation centreline (points A,D,G), with measurements 

of room environment not immediately affected by the 

mist at the fan inlet (point I) and well outside the mist area 

(point J) included. The flags along the x-axis show fan 

only operation “F”, and misting fan operation “M”, with 

the break between the 2 modes as blank space. 

Temperature drops by up to about 1.0-1.5K along the fan 

centreline (points A,D,G) while humidity only rises by 

about 5%. The cooling effect was slightly greater at the 

edge (points B,E,H). This is likely due to the oscillation 

pattern of the fan. Near each edge the fan and mist cloud 

lingers longer as the fan oscillation slows and reverses 

direction. At the centreline the fan and mist cloud passes 

by more quickly. However, the centreline experiences two 

passes of the fan and mist per cycle, while each edge 

experiences only one pass. The slow response of the 

sensors is also a factor.  

 

Figure 5. Example of temperature and humidity 

measurement by slow-response sensors 

The quick-response sensors only measured temperature. 

They clearly show the temperature dropping and 

recovering to nearly the initial temperature as the fan 

oscillates, as in Figure 6. This fast-response data was used 

to calculate an average temperature drop ΔTavg over each 

misting period and the average maximum temperature 

drop ΔTpeak. as shown in Table 1. According to ASHRAE 

55 (2013), time averaging of air temperature for comfort 

calculations is to be done for “periods of not less than 3 

minutes and not more than 15 minutes”, thus the value 

ΔTavg would be used if trying to evaluate the cooling effect 
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in the standard thermal comfort models. However, in our 

previous research (Farnham et al., 2015) it was found that 

skin surface temperatures can drop on the order of 1-2K 

within less than 10 seconds of exposure to mist, with 

similar rapid change in thermal sensation votes, thus 

ΔTpeak may be more valuable in estimating the thermal 

comfort vote of people exposed to an oscillating mist fan. 

Note that for the fixed fan case, the temperature changes 

at points not along the centreline (B,C,E,F,H) registered 

small positive and negative values. As the fixed mist was 

not directly affecting these points, they are likely random 

changes. 

 

Figure 6. Temperature drops using fast-response sensors 

during oscillating fan misting 

Table 1: Temperature change (average and peak) during 

misting periods. 

Point 
Fixed Oscillating 

ΔTavg (K) ΔTavg (K) ΔTpeak (K) 

A 2.7  0.5  2.5  

B -0.1  0.5  2.5  

C -0.4  0.1  1.4  

D 1.4  0.3  1.4  

E -0.6  0.4  1.7  

F 0.0  0.2  1.4  

G 1.2  0.3  1.1  

H -0.1  0.4  1.5  

The example data in Figure 6 includes a diagram of the 

calculation technique. The time-averaged temperature of 

the 5-minute periods before and after misting is stopped 

are calculated. The average of these two is treated as an 

interpolation that indicates what the temperature might 

have been in the room if no mist cooling had taken place. 

The difference between this “no mist” interpolation and 

the average temperatures (simple time average and 

average of peaks) during misting are taken as the 

temperature drop due to the mist. When oscillating, the 

relatively long time when no mist is passing over the 

sensors is included in ΔTavg, yielding a small time-

averaged change over the misting period. The larger 

ΔTpeak better shows the change when the mist effect is 

reaching the sensors during each oscillation cycle. The 

maximum temperature drop in each 50 second oscillation 

(or 25 seconds when measured along the centreline, as the 

mist passes twice) is taken, and all these maxima are 

averaged to yield the average of the “peak” temperature 

drops. When the fan is fixed, there is almost no change in 

conditions beyond the centreline points. There is also no 

periodic cycling of the temperature, and thus no need for 

the ΔTpeak calculation. Recent thinking on thermal 

alliesthesia (Parkinson and de Dear, 2015) has hoped to 

exploit the fact that thermal pleasure can be associated 

with thermal transients. The effect of repeated large, 

quick temperature drops from the oscillation with slower 

recovery to original ambient may have value in creating a 

pleasant thermal environment.  

To test the convergence of the model, the average mass 

fraction of water vapour in the simulated room was 

compared to the theoretical increase as calculated by Eq. 

(5) and shown in Figure 7. The values differ by less than 

4% throughout the simulated period, with the largest 

difference at the end of the period. 

 

Figure 7. Average vapour mass fraction (simulation vs. 

theoretical calculation) 

The temperature changes in the simulation tend to be 

greater than those in experiment at the same location. An 

example is shown in Figure 8. Note that because the 

simulation initial conditions were set uniformly 

throughout the space, while the experimental 

measurements varied over time and space, the 

temperatures measured in experiment and the 

temperatures according to simulation do not align well in 

a graph. To allow easier visual comparison of the 

temperature change, they are plotted on different vertical 

axes. The period of the temperature changes matches 

experiment well, but the simulated values tend to have 

larger changes. This may be due to the experiment sensor 

time lag not allowing them to register the full temperature 

drop before the mist has already passed. Virtual sensors 

in simulation effectively have no time lag, thus would 

represent the “actual” temperature changes in the 

simulation. Further, the flow pattern of the mist 

(turbulence, eddies, swirl, etc.) in the simulation could not 

be confirmed to match that in reality. If the mist in the 

simulation is more dense than in reality, such as due to 

slower radial diffusion of the mist cloud, that would also 

yield greater temperature drops at the virtual sensors. 

To test this time lag influence, a time lag is applied to the 

simulation temperature output. At each time step Δt, the 

simulation temperature of the following time step Ti+1,sim 

is taken as the “actual” temperature, and the difference 

between this and the current time step temperature Ti is 

taken as the step change, then a time constant τ is applied 

to find the apparent temperature at the next time step 

Ti+1as per the chosen time constant in Eq. 9,  
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 𝑇𝑖+1 = 𝑇𝑖 + (𝑇𝑖+1,𝑠𝑖𝑚 − 𝑇𝑖)(1 − 𝑒−∆𝑡 𝜏⁄ ) (9) 

Time constants of 1s and 2s are applied to examples of 

simulation output. The difference between the calculated 

temperature and the initial temperature is taken as the 

temperature change (with negative as a lower 

temperature) and shown in Figure 9 along with the 

temperature changes for original simulation data and 

experimental data. The experimental temperature change 

falls between the 1s and 2s temperature lags for most of 

the 300s in which the calculation was performed, 

indicating that the assumption that temperature drop due 

to mist may be larger than that registered by the sensors 

in experiment, due to the sensors time lag, may have merit.  

 

Figure 8. Temperature drops in experiment compared to 

simulation (Positions A and D, centreline)  

 

Figure 9. Simulation results for temperature drops, 

simulated sensor time lag, and experiment 

Simulation results for relative humidity at each virtual 

sensor indicated a similar trend in which the experimental 

humidity sensors may not register the full change in 

humidity. This is expected as the response time of the 

sensors (7 minutes in still air) is much slower than the 

oscillation period (50 seconds). Simulated relative 

humidity for positions A, D and G (10m, 15m and 20m 

from the fan, along the centreline) are shown in Figure 10. 

Instantaneous peaks are about 5 – 10% higher than the 

initial 41% humidity level. Measured humidity increase 

in experiment rose only to about 5% above initial values. 

Yet, both experiment and simulation show that in the case 

of intermittent spraying, there is little chance that the 

humidity level will increase to saturation, nor even 

70%RH, which is used as the stop condition for the 

automatic control system. The calculations considering 

air exchanges above showed that there is little chance of 

air saturation even after several hours of continuous 

spraying in this large space with this system. 

 

Figure 10. Simulation results for humidity rises along 

the centreline 

Cross-sections of temperature at elapsed misting time of 

299 seconds (1 second before misting is stopped), 

perpendicular to the fan airflow direction at the centre of 

the oscillation period are shown in Figure 11 (with initial 

conditions at 27˚C) where z indicates the distance from 

the fan. A cross section along the y-axis, parallel to centre 

of the fan oscillation is also included. The simulation at 

35˚C initial condition yielded nearly identical temperature 

changes. Note that the “z = 30m” cross-section is actually 

that at 29.9m from the fan, as the wall is at 30m. The 

cooled air appears to reach the far wall at z=30m, and 

circulates back toward the fan along the outer edges of the 

space. The cross-sections shown are to scale, with the 

height as 14m. The cooled air reaches well over half the 

height to the ceiling and appeared to be well-mixed across 

the lower half of the space in both cases. 

Conclusions 

The oscillating mist fan used here can yield peak 

temperature drops up to about 2.5K at the mist passes over 

a 45˚ angle at distances 10 – 20m from the fan. The time-

averaged temperature drops ranged from 0.1-0.5K. 

Unshielded thermocouple measurements showed that the 

temperature tended to recover to near the initial value by 

the time the mist returned for another pass. The mass flow 

of water mist sprayed is relatively small compared to the 

large volume of the space, thus continuous spraying for 

several hours is possible with no concern of saturating the 

air with water vapour, even at very low air exchange rates. 

CFD simulation shows that the transient temperature 

drops may be greater than measured in experiment. The 

response time of the sensors not allowing them to register 

the full effect as the mist passes is a likely factor. The 

simulation also shows that the cooled air is mixed over 

much more of the space than just the oscillation angle of 

the fan, preventing a local build up of moist air. 

However, it is also possible that the mist droplets may not 

have fully evaporated before reaching some of the sensors 

(especially the sensors at 10m distance, though visual 

observation seems to show that droplets have fully 

evaporated at about 15m distance) and thus the full 
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cooling effect may not have been evoked at 10m, which 

would affect the actual temperature drop timing and the 

sensor response timing. Further analysis of this timing and 

its effect on air temperature will be a subject of future 

study. 

It is expected the misting fan can increase thermal comfort 

for factory workers on hot summer days with no worry of 

large increase in humidity levels. The role of thermal 

alliesthesia could make the repeated temperature drops 

with slow recovery more pleasant than the time-averaged 

temperature drop would indicate. In continuing research, 

a statistical analysis of the results and a sensitivity 

analysis for the simulation (different mesh size, time step) 

is being done, while the comfort and physiological 

response of humans to the mist fan is being investigated. 
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Figure 11. Cross-sections of temperature at increasing distance from the fan, z,  

and along the fan axis, for a 27˚C case 
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Abstract 

Cold climate heat pumps integrating variable-capacity 

technologies can offer important energy savings for 

residential buildings across Canada. However, there is a 

lack of detailed and reliable performance data and models 

available to assess their true impact on building energy 

performance, especially when accounting for 

performance variations with compressor speed, 

operational sequences such as defrost, and on/off cycling. 

This paper presents an enhanced variable capacity heat 

pump (VCHP) component model developed in TRNSYS, 

which captures these unique short-term performance 

characteristics while remaining suitable for system-level 

simulations. The model is combined with detailed single-

family housing models in five regions across Canada to 

assess the energy performance of this system.  

Annual system simulations show that the substitution of 

HVAC system conventional in Canada for VCHPs has a 

strong potential to reduce mechanical system energy use. 

Annual savings average 33% for split systems and 54% 

for centrally-ducted systems, driven by the ability of 

VCHPs to meet space-heating loads at low ambient 

temperatures and to efficiently modulate across a wide 

range of heating and cooling loads, with higher part-load 

efficiencies than conventional heat pumps. A closer look 

at the VCHP performance during a typical winter day in 

Montreal highlights the importance of accounting for the 

short-term effects of defrost and recovery cycles on the 

heating capacity and power. A comparison with a 

conventional modelling strategy shows that the daily peak 

power can be underestimated by as much as 40% with 

these approaches. The use of more detailed models, as 

shown in this study, is necessary to support the adoption 

of this promising technology and to better understand the 

prospective grid impact. 

Introduction 

The built environment is a key focus area as the world 

transitions towards more sustainable, decarbonized 

energy systems. Similar to trends observed globally, 

residential buildings comprise 17% of secondary energy 

use and GHG emissions in Canada, with over 60% of this 

total directed towards space heating and cooling (NRCan, 

2018). Effectively reducing the energy used to heat and 

cool buildings is both a major challenge and a significant 

opportunity to develop and deploy low-carbon 

technologies. 

Heat pumps have been recognized as essential elements 

of low energy buildings, and offer several important 

benefits including: 

1. Efficiently addressing space heating and cooling, 

2. Facilitating the integration of renewable energy with 

the building mechanical system, and 

3. Linking the thermal and electrical networks of the 

building to provide peak management capabilities. 

In particular, air-source heat pumps (ASHPs) can be used 

as an efficient and economical means of satisfying 

building space conditioning needs. However, ASHPs in 

cold climates suffer from significantly degraded heating 

performance at lower ambient air temperatures, reducing 

energy savings. Cold climate heat pumps, leveraging 

variable-capacity technologies, have recently experienced 

increased growth in the North American market. These 

variable capacity heat pumps (VCHPs) use larger outdoor 

heat exchanger coil, variable-speed fans and inverter-

driven compressors to meet space-heating loads at low 

ambient temperatures, while still efficiently modulating to 

lower speeds and lower capacities during warmer 

conditions and in cooling mode (Sager et al., 2018). This 

technology can bring new levels of efficiency, comfort 

and versatility to space conditioning.  

Properly integrating heat pumps into the built 

environment is critical in order to maximize their benefits. 

However, this process is often complex, and involves 

considering the interaction between the mechanical 

systems, building envelope, and the outdoor environment. 

These factors require systematic analysis to maximize 

system benefits and spur growth in the heat pump market. 

Moreover, accurately assessing the energy performance 

of VCHPs is challenging due to a lack of data and suitable 

heat pump models or performance curves.  

Several studies have previously examined the integration 

of heat pumps into single-family residential housing in 

Canada. Kegel et al. (2012) performed a detailed 

simulation study to examine the energy and economic 

performance of heat pump systems for several housing 

vintages in Toronto. Tamasauskas et al. (2013) built upon 

this work by examining the potential of heat pump 

systems as a pathway to low-energy homes. While both 

these studies provided a rigorous basis for system 

analysis, the simulation method was based on simplified 

on/off controls of a single-speed heat pump, and did not 

take into account the significant impacts that cycling, 

defrost, and part-load operations may have on overall 
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energy use. The TRNSYS v.17 standard library includes 

only single- and dual-speed air source heat pump models, 

which are not adapted to variable capacity modelling 

(Klein et al., 2014). These models also lack the ability to 

represent key transients including defrost and start-up 

sequences. New approaches are needed to better represent 

these effects and quantify their impact on energy use. 

The main research contributions of this paper are the 

development of an enhanced VCHP model that 

characterizes key short-term heat pump features typically 

not included in existing models (e.g. defrost and start-up), 

and the subsequent application of this new model to 

annual system simulations. First, the dynamic heat pump 

model developed by St-Onge (2018) is introduced and 

used as a basis for several key modifications that better 

facilitate both short- and long-term system simulations. 

This new heat pump model is then integrated with detailed 

models of newly constructed single-family housing in five 

regions across Canada. Results are presented from the 

energy perspective to assess the potential of these systems 

in different climates. System performance is examined at 

several temporal resolutions to highlight the capabilities 

of the modified heat pump model and the importance of 

including short-term performance characteristics in the 

system analysis.  

VCHP characteristics and models  

General performance characteristics of VCHP 

While VCHPs offer significant energy saving potential, it 

is important to recognize the impact of several of their 

inherent performance characteristics. These include their 

ability to modulate capacity and their defrosting 

operation. Variable-speed compressor technology allows 

heat pumps to vary their cooling and heating capacity in 

response to a reduction or an increase in space-

conditioning load. The frequency of the electric supply to 

the motor is varied, changing the rotational speed of the 

compressor and thus the refrigerant flow. This precise 

load matching results in less on/off cycling compared to 

single-speed ASHPs, allowing to more smoothly meet 

building thermal loads. The wide range of capacity 

modulation enabled by the inverter-driven compressor 

also results in higher part-load efficiencies. Generally, the 

COP of VCHPs increases as the compressor speed is 

reduced – as identified in the part-load model for inverter-

driven heat pumps presented by Filliard et al. (2009).  

Another important aspect of heat pump operation is the 

need for defrosting. Under certain combinations of 

outdoor conditions (air and coil temperatures, relative 

humidity), frost can build up on the evaporator coil during 

heating operation. To avoid frost accumulation that would 

degrade heat pump performance, ASHPs then go into 

defrost mode. Most heat pumps employ a reverse cycle 

defrost strategy, where the cycle is temporarily reversed 

by changing the refrigerant flow using a reversing valve. 

The outdoor unit then acts as the condenser and the heat 

pump is in cooling mode, removing heat from the building 

space to melt the ice on the outdoor coil. This standard 

VCHP behaviour is associated with a temporary supply of 

colder air in the conditioned space, which affects the 

heating load and energy use. At warmer ambient 

temperatures, frost formation is not common, either 

because the evaporator coil are warm enough, or the 

heating cycles are short enough such that the outdoor air 

will melt the frost during off cycles if necessary. 

At the end of defrost, the heat pump goes back into 

heating mode, but cycle components need to be reheated 

and the pressure difference between the evaporator and 

the condenser must be built up. This recovery period is 

characterized by transitory effects in the refrigerant cycles 

and the heat exchangers, which temporarily limit the heat 

output and delay meeting the indoor temperature setpoint. 

Furthermore, when the defrost cycle is completed, the 

heat pumps have a tendency to operate at maximum speed 

for a short period, which is associated with a sharp 

increase in power draw. This control strategy is likely 

employed by heat pump manufacturers to recover more 

rapidly from the momentarily drop in indoor temperature 

that occurs while the heat pump undergoes defrost. Some 

researchers (Filliard et al., 2009) take into account defrost 

by applying a degradation coefficient to the heating 

capacity in their models, but this approach fails to capture 

peaks in electrical demand, which can have a noticeable 

impact on the electrical grid with widespread adoption. 

Type 3254 – First VCHP model  

The widespread adoption of VCHPs is hindered by 

limited available performance data and a lack of tools to 

evaluate their energy saving potential. On these grounds, 

St-Onge (2018) conducted detailed performance testing 

on a variable capacity mini-split ASHP and used the test 

results to develop a new component model to better 

estimate VCHP performance in TRNSYS. The newly 

developed Type 3254 makes use of a detailed 

performance map of the heat pump in heating mode, 

which incorporates capacity and power at different 

compressor speeds, and ambient and zone air 

temperatures. This performance mapping captures the key 

capacity modulation characteristics described above and 

contribute to modelling VCHP more accurately than by 

using manufacturer data available only at rated frequency.  

Additionally, the TRNSYS component model developed 

by St-Onge allows for simulation of the heat pump defrost 

cycles. Identifying the actual defrost strategy is a 

challenging procedure, with different laboratory 

historically getting different defrost test results for the 

same equipment while defrost control algorithms (timed 

defrost, adaptive defrost, ambient and coil temperature 

difference) are often proprietary to each heat pump 

manufacturer and model (and generally not made 

available to the public). In St-Onge’s model, the defrost 

cycles are characterized by parameters such as defrost 

duration, cycle frequency and length of recovery period, 

which are either constants or linearly dependant on 

outdoor air temperature. Extensive experimental testing 

estimated typical five-minute-long defrost cycles, 

occurring every 2.5 hours and followed by a thirty-minute 

recovery period – values in accordance with the testing 

conducted by Sager et al. (2018). Following defrost, the 

heating capacity is gradually increased over the recovery 
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period using an exponentially decaying penalty factor. To 

account for the low probability of entering defrost mode 

at warm ambient conditions, a parameter denoted defrost 

cutoff temperature is introduced. If the outdoor air 

temperature is above the cutoff (5°C used here) for more 

than half of the cycle duration (2.5 hours), defrost is not 

initiated. This model has been extensively validated using 

detailed experimental data from testing under part-load 

and full-load operations in various environmental 

conditions. The complete details of this model and its 

validation are outlined in St-Onge (2018). 

Type 3255 – Improved VCHP model  

The TRNSYS Type 3254 component model is modified 

and improved in this paper to facilitate system-level 

simulation. The first key modification made to the VCHP 

component model concerns the defrost mechanism. As 

explained above, heat pumps typically use a reverse 

defrost strategy during which the indoor unit cools the 

space to melt the frost on the outdoor coil. This temporary 

cooling was not modelled in Type 3254. 

Manufacturer data regarding performance degradation 

during defrost cycles is seldom available. As such, in this 

study, rated values for cooling operation are used to 

estimate the power consumption and the space cooling 

rate during defrost. Only sensible cooling is taken into 

account during reverse defrost cooling. Defrost cycles are 

certainly the most challenging aspect of detailed 

modelling of VCHPs and deserve further investigation 

beyond the current study to more accurately account for 

the defrost trigger and control mechanisms (e.g. ambient 

relative humidity dependence) as well as the performance 

degradation due to defrost. 

To properly estimate the energy savings associated with 

VCHPs, one must also accurately represent its power 

consumption. As highlighted above, this becomes 

increasingly important to eventually assess the grid 

impact of widespread heat pump adoption. A spike in 

power draw, corresponding to the maximum compressor 

frequency, is characteristic of startup behaviour for many 

VCHPs. The enhanced Type 3255 component model 

accounts for a spike in compressor frequency and power 

both when the heat pump turns on and when it comes out 

of defrost. The importance of this feature is shown in a 

later short-term performance analysis.  

It is important to note that emphasis is put on the heating 

mode because the current model was developed to include 

capacity and efficiency at different compressor speeds in 

this mode only. This is motivated by test data availability 

and by the importance of heating in the Canadian climate.  

Control strategy   

In addition to including the key aspects of VCHP 

performance identified above, it is also important to 

appropriately model how these capabilities are activated. 

The control strategy used to properly simulate phenomena 

such as capacity modulation and defrost and startup 

sequences with Type 3255 is explained next.  

In a typical air-to-air heat pump simulation model, a 

thermostat outputting on/off control functions according 

to setpoints and deadbands would be used to start or stop 

the unit as required. However, in this study, a PID 

controller (Type 23) is used to control the VCHP by 

sending a frequency signal as an input to Type 3255 as 

represented in Figure 1a. The control signal can vary 

between the heat pump minimum and maximum 

frequencies. Should the control signal be below a set 

minimum, the heat pump remains in standby mode for 

that time step. This input is then divided by the rated 

frequency (a user-provided parameter in Type 3255) and 

used as a normalized frequency value to interpolate the 

VCHP performance data file. The available heating 

capacity and power as well as the outlet air temperature 

and relative humidity to be supplied to the space are then 

obtained directly from the model.  

In cooling mode, the control strategy adopted is similar to 

what is described in the work of Kegel et al. (2014) and 

pictured in Figure 1b. The available total and sensible 

cooling capacity and heat pump power in cooling mode is 

extracted from the VCHP performance data file as a 

function of outdoor and indoor ambient temperatures only 

(no frequency dependence). The capacity of the VCHP in 

cooling mode is modulated with a PID controller 

according to the estimated percent cooling demand to 

meet the specified setpoint. This cooling load is then 

applied to the air stream using the Type 693 component 

to calculate the resulting supply air conditions. 

To properly account for part-load and cyclic operation, 

the power consumption from the unit must be corrected 

since the cooling aspect of Type 3255 is identical to the 

conventional ASHP model. Above the minimum part-

load ratio (ratio of the minimum to the maximum cooling 

capacity), the variable-frequency compressor permits 

modulation of the heat pump. The part-load performance 

under these conditions is calculated using the inverter-

driven heat pump part-load curve deduced from data from 

the Swedish Energy Agency (Filliard et al., 2009). The 

indoor fan is estimated to have a constant power draw 

throughout this operating range. Below this minimum 

turndown ratio, the heat pump is assumed to be cycling 

on/off. Under this regime, the part-load performance is 

calculated based on a modified version of the curve 

obtained from the National Energy Code of Canada for 

Buildings (NECB) (CCBFC, 2015). The indoor fan is 

assumed to follow the same cyclic operation and its power 

consumption is calculated using the estimated percent 

cooling demand. 

Auxiliary heating operation 

Cold climate heat pumps are commonly integrated in 

homes equipped with auxiliary heating equipment. These 

can consist of electric heat strips in the ductwork for 

central systems, or electric baseboards in non-ducted 

configurations. In the simulations, the auxiliary heaters in 

both cases have a setpoint slightly lower than that of the 

heat pump, to prioritize heat pump operations. However, 

when the heat pump cannot operate because the ambient 

conditions fall outside of its operating range, the auxiliary
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a) In heating mode    b) In cooling mode (Kegel et al, 2014) 

Figure 1: VCHP integration and control strategy 

setpoint is the same as that of the heat pump. 

During defrost, heat from the building is absorbed and 

rejected outside, which can adversely affect indoor 

comfort. The split ASHP system modelled is not equipped 

with internal heating elements to offset this effect, and 

rather relies on auxiliary electric baseboards to maintain 

the temperature setpoint in the zone. Centrally ducted 

systems rely on an auxiliary duct heater that turns on when 

defrost mode is activated to temper supply air 

temperatures in order to avoid thermal discomfort.  

System simulation 

To assess the performance of the improved VCHP model, 

annual system simulations are performed in TRNSYS 

v.17 (Klein et al., 2014) by combining the model with 

detailed base-case housing energy models for five regions 

across Canada. Appropriate CWEC weather files are used 

and a 2.5-minute time step is selected for the simulation. 

The energy savings of VCHPs can then be assessed for 

residential buildings in different climate zones. 

Base-case housing models 

The housing energy models are based on the Canadian 

Centre for Housing Technology (CCHT) twin test houses 

located in Ottawa, ON. These homes were designed to be 

representative of typical single-family housing in Canada 

and consist of two above-ground floors and a finished 

basement with a total heated floor area of 284 m2. The 

models were updated to meet the 2010 National Building 

Code of Canada (NBC) minimum energy efficiency 

performance requirements for the respective provinces 

(NRC, 2010). Key housing characteristics for new 

constructions in selected regions are included in Table 1. 

Additional modelling details and assumptions are 

summarized by Kegel et al. (2017).  

Standard TRNSYS components were used to model the 

building HVAC systems. The heating and cooling 

capacity of the HVAC equipment were modulated 

constantly to maintain the zone temperature setpoints 

(21°C in heating and 23°C in cooling), while accounting 

for reduced efficiencies when not operating at full load 

over a time step. Since the ability to model part-load 

behaviour is not inherent to most standard TRNSYS 

component models, the procedure detailed in Kegel et al. 

(2014) is used. The part-load performance of the fuel-

fired heaters, air conditioning units and fans is calculated 

using curves from the NECB (CCBFC, 2015).  

Heat pump system integration 

The base-case models serve as a reference for the variable 

capacity heat pump integration. Newly developed Type 

3255 is integrated in the housing models as a replacement 

for the conventional heating and cooling systems. 

Depending on the typical HVAC equipment installed in 

the base-case housing model, the integration follows that 

of either a ductless or a ducted air-source heat pump. 

Ductless split heat pumps are complemented with 

baseboard heating, whereas ducted central heat pumps are 

installed in homes typically equipped with natural gas or 

oil furnaces. Table 2 summarizes the rated performance 

of the ductless and ducted VCHP units analysed in this 

study, at AHRI reference conditions (Mitsubishi, 2017). 

The performance data provided by the manufacturer are 

for heating operation without any frost and do not include 

performance during part-load operation. The Type 3255 

VCHP component model developed better characterizes 

the performance of VCHPs by simulating the defrost 

behaviour and capturing the dynamic VCHP operation 

and performance. For the split systems, the performance 

map used in heating mode was developed by St-Onge 

(2018) using test data. For centrally-ducted VCHPs, the 

performance map was derived from available 

manufacturer data and part-load performance curves due 

to a lack of test data for this type of system integration.  

Results 

The results of the annual system simulations are presented 

for all the regions studied to assess the energy savings 

potential of VCHP technology compared to base cases. 

The performance at shorter time scales is then examined 

for the ductless VCHP integrated in Montreal, to facilitate 

an examination of short-term behaviour and a comparison 

with a common heat pump modelling approach.  

Annual energy performance 

The estimated annual energy consumption for the base 

case and the VCHP scenario for each region are presented 

next. A breakdown of the annual energy consumption for 

different systems is included in Table 3 for houses where 

the electric baseboards are coupled with a split VCHP. 

The heat pump integration provides a significant 

reduction in energy use for space heating and cooling 

(denoted  Htg/Clg) –  predicted  to  be  37%  and  28%  in  
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Table 1: Selected regions and respective key housing characteristics 

Region Characteristics Halifax, NS Montreal, QC Toronto, ON Vancouver, BC Whitehorse, YK 

Heating Degree Days 4,000 4,200 3,520 2,825 6,580 

Space Heating System 
Electric 

baseboards 

Electric 

baseboards 

Natural gas 

furnace 

Natural gas 

furnace 
Oil furnace 

Heating Efficiency 100% 100% 92.10% 92.10% 85% 

Space Cooling System 
Split AC unit 

COP = 3.3* 

Split AC unit 

COP = 3.3* 

Central AC 

COP = 3.5* 

Central AC 

COP = 3.4* 
 

DHW Fuel Electric Electric Natural  Gas Natural Gas Electric 

*At AHRI conditions      

Table 2: Characteristics of selected VCHP units 

Performance Characteristic per Region Halifax Montreal Toronto Vancouver Whitehorse 

Integration type Ductless Ducted Ducted Ducted 

Heating capacity (ton) 1.5 3 2.5 3.5 

AHRI Rated Heating COP 4.2 3.7 3.6 3.5 

AHRI Rated Cooling COP 3.8 3.7 3.7 2.9 

Minimum Operating Temperature (°C) -25 -25 -25 -25 

Halifax and Montreal, respectively. The relative savings 

are higher in Halifax due to its maritime climate, with 

more moderate winters and cooler summers than 

Montreal, leading to a lower total annual energy 

consumption. The VCHP operates in heating mode for 

approximately 2,810 hours yearly in Montreal (2,680 in 

Halifax), covering 60% of the total space heating load 

over the year (73% for Halifax). The VCHP in Halifax is 

estimated to spend about 12% less time in defrost mode 

than its counterpart installed in a home in Montreal. 

Despite replacing the existing split air conditioning unit 

by a similar system, savings of 50% in energy 

consumption for space cooling are observed in both cities. 

This can be explained in part by the VCHP efficiently 

modulating to lower loads and having a higher COP than 

the AC unit it replaces (4.2 vs 3.3). More importantly, the 

VCHP has a higher sensible heat factor (SHF) than the 

previous AC unit (0.84 vs 0.65), which allows for a more 

rapid cooling of the space, and, as a result, less time spent 

in cooling mode.  

Table 4 presents annual energy performance for the cities 

with central HVAC systems. By substituting the heat 

pump for even less efficient systems, its integration in 

central systems provides more substantial energy savings. 

The annual energy for space heating and cooling is 

estimated to be reduced by over 50% in all three regions, 

with the majority of the savings associated with space 

heating. In particular, Vancouver’s milder weather yields 

improved heating COPs and resulting energy savings 

primarily due to warmer ambient temperatures in the 

winter months. These conditions also result in the VCHP 

in Vancouver defrosting significantly less than in the 

other cities studied. Compared to the ductless integration, 

the centrally-ducted VCHP provides less cooling savings 

versus the base cases as it has characteristics comparable 

to the unit it replaces. The savings in fan power observed 

in Toronto and Vancouver can be explained by the switch 

from a furnace system with permanent split capacitor 

(PSC) single-speed motors to a heat pump with more 

efficient, electronically commutated motors (ECM) with 

variable-speed capability. In Whitehorse, the larger size 

VCHP implemented requires substantially higher 

airflows than those delivered by the oil furnace in the base 

case, offsetting the effects of energy efficient fans. 

Whereas the VCHP covers more than 95% of the heating 

load in both Toronto and Vancouver, this value only 

reaches 78% in Whitehorse. Due to the harsher climate, 

the fully sized auxiliary heater is used whenever the 

outdoor air temperature falls below the minimum 

operating temperature of the heat pump (-25°C). 

Short-term performance  

The newly developed model accurately captures the 

unique, short-term characteristics of VCHPs such as 

Table 3: Annual energy performance in Halifax and Montreal (split system) 

  Halifax Montreal 

  Base Case VCHP Base Case VCHP 

Heating (kWh) 12,460 7,640 16,090 11,450 

Cooling (kWh) 770 380 1,170 600 

Fans (kWh) 470 630 490 670 

DHW (kWh) 4,220 4,220 4,270 4,270 

Light/Equip (kWh) 9,520 9,520 9,520 9,520 

Total (kWh) 27,440 22,390 31,540 26,510 

Total Savings (kWh)  5,050  5,030 

Savings Htg/Clg (%)  37%  28% 
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Table 4: Annual energy performance in Toronto, Vancouver and Whitehorse (central system) 

  Toronto Vancouver Whitehorse 

  Base Case VCHP Base Case VCHP Base Case VCHP 

Heating (kWh) 13,240 4,920 10,350 3,410 29,550 12,030 

Cooling (kWh) 1,040 670 410 360  

Fans (kWh) 4,130 3,430 3,610 2,100 3,030 3,530 

DHW (kWh) 6,370 6,370 5,870 5,870 5,410 5,410 

Light/Equip (kWh) 9,520 9,520 9,520 9,520 9,520 9,520 

Total (kWh) 34,300 24,910 29,760 21,260 47,510 30,490 

Total Savings (kWh)  9,390  8,500  17,020 

Savings Htg/Clg (%)  51%  59%  52% 

performance variations with compressor speed, cycling, 

and defrost operations. Examining the performance at 

shorter time scales highlights the impact of such 

behaviour. Detailed simulation results for the Montreal 

region are used to showcase the advantages of this 

enhanced VCHP model. Figure 2 provides a closer 

examination of system performance during a 

representative day in March, with outdoor air 

temperatures ranging from -13°C to -2°C. The first 

portion of the day is associated with colder ambient air 

temperatures, which requires the heat pump to modulate 

its heating capacity by varying its compressor frequency 

between minimum and maximum values. The improved 

VCHP model implemented is able to quantify the impact 

of part-load operation on overall energy use by properly 

modelling part-load efficiency, which is higher due to 

capacity modulation over a wide range as compared with 

traditional single-speed heat pumps.  During this 

operation, the heat pump is predicted to undergo four 

defrost cycles, that is once every 2.5 hours, for a period of 

five minutes. This results in a slight drop in indoor air 

temperatures as the heat pump cycle is reversed to melt 

the ice on the outdoor coil. The split system modelled 

does not automatically resort to auxiliary heating to warm 

the supply air during defrost, but rather relies on the 

electric baseboards to turn on if the space temperature 

decreases too much. When the heat pump comes out of 

defrost, the compressor runs at full speed, associated with 

an abrupt spike in power draw. On the other hand, the 

VCHP heating capacity progressively ramps up to its 

steady-state heating capacity, following an exponential 

recovery curve. The heating capacity is temporarily 

limited during recovery because of transitory effects 

occurring at both heat exchangers and in the refrigerant 

cycle. There is therefore a delay in reattaining the setpoint 

temperature of the space. The short-term performance of 

the VCHP shows the twofold impact of defrost on heat 

pump performance: heating supplied to the house 

decreases, while space heating demand then increases due 

to the temporary cooling.  

As the day progresses, the outdoor air temperature rises 

and solar and internal gains reduce thermal demand in the 

house. The heat pump is then in standby mode between 

10:00 and 18:00, with an associated small standby power 

draw. Once the thermostat sends a signal that the zone air 

temperature has fallen below the setpoint and the heating 

load can be met by the minimum capacity of the heat 

pump, it switches back into heating mode. When starting 

up, the compressor spikes to its maximum frequency, 

which generates a peak in power draw and in heating 

capacity. The compressor speed is subsequently adjusted 

to match the space heating load. Under certain 

circumstances, as highlighted in Figure 2 from 18:00 to 

24:00, this max/min frequency alternation leads to the 

heat pump temporarily exhibiting cycling behaviour. In 

fact, the capacity available at maximum compressor speed 

when the heat pump turns on is frequently more than is 

required to keep the zone temperature within the desired 

range, so the heat pump rapidly turns off again. This 

on/off cycling can be examined thanks to the improved 

VCHP model developed, which captures dynamic 

behaviour during startup. The daily operation of the 

VCHP in Montreal emphasizes the ability of this 

technology to deliver capacity below and above its 

nominal rated capacity by changing its compressor speed 

and modulating other ancillary components. The 

importance of properly sizing HVAC equipment is also 

underlined by the on/off performance of the VCHP 

exhibited at higher ambient air temperature.  

Comparison with conventional heat pump modelling 

To highlight the importance of including short-term 

behaviour in the system analysis, a comparison was done 

with a commonly employed heat pump integration and 

control strategy, which allows for perfect modulation of 

the space conditioning load. An example of this is the 

control strategy devised by Kegel et al. (2014) described 

in Figure 1b, used to model the cooling mode of the 

VCHP, which was now extended to the heating mode for 

this comparison. This is similar to the methodology 

typically used in some building simulation programs (e.g. 

DOE2.1). For this comparison, the VCHP was modelled 

using a data-driven approach, combining the conventional 

air-source heat pump Type 954 component model with  

rated performance from the manufacturer and a 

performance map developed from the same test data used 

with Type 3255. The simulation results are presented in 

Figure 3 for Montreal for the same winter day. As 

expected, the heat pump is able to better maintain the zone 

temperature around the specified 21°C setpoint and there 

is no periodic drop in indoor air temperatures since defrost 

is not modelled. The VCHP heating capacity can be seen 

to modulate in order to satisfy the space heating load. 
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Figure 2: Simulation results for Montreal on March 11th using Type 3255 

 

Figure 3: Simulation results for Montreal on March 11th using Type 954  

More importantly, the VCHP power input closely follow 

the heating capacity and does not show periodic peaking 

consistent with compressor startup. Both models 

estimated a similar daily energy consumption for space 

heating (around 28 kWh), but without accounting for the 

important fluctuations in power draw associated with 

VCHPs startup and defrost, the peak power draw is 

drastically underestimated. The peak electrical demand 

over March 11th was underestimated by 40% (2.6 kW for 

Type 954 vs 4.3 kW for Type 3255) when using the 
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simplistic PLR and performance curve approach. The 

difference in simulated peak loads between both 

modelling strategies seemed to be exacerbated at higher 

ambient air temperatures, when the VCHP exhibits 

cycling behaviour. Whereas the daily peak of 4.3 kW 

estimated with Type 3255 happened during cycling, the 

conventional modelling strategy reported a maximum 

electrical power of less than 2 kW during this period. 

Detailed component models like Type 3255 are essential 

in better assessing the grid impact of widespread adoption 

of electrically driven space-conditioning equipment. 

Conclusions & future work 

Cold climate heat pumps with variable-capacity 

compressors show promising potential to deliver space-

conditioning energy savings. To better evaluate their 

performance and estimate these savings, an enhanced 

VCHP component model was developed building on the 

model of St-Onge (2018). This new model, TRNSYS 

Type 3255, incorporates key VCHP phenomena, 

including capacity and efficiency at different compressor 

speeds, and defrost and startup sequences which are not 

captured in existing heat pump models. Annual energy 

simulations were run by integrating the VCHP model in 

new construction housing models for five Canadian 

regions. The simulation results suggested that 

considerable reductions of the energy used for space 

heating and cooling could be achieved across Canada. 

Savings varied between 28% and 37% for the split-system 

VCHP (Halifax and Montreal) and between 51% and 59% 

for the centrally-ducted systems (Toronto, Vancouver and 

Whitehorse). Performance at shorter time scales was also 

examined, demonstrating the ability of the new model to 

better capture variable capacity compressor performance 

and the impacts of defrost and startup sequences. 

A comparison with a conventional heat pump modelling 

strategy – where the load is perfectly met at every time 

step – showed that the peak power can be underestimated 

by as much as 40% using the more simplified approach. 

Accurately modelling short-term heat pump behaviours is 

an essential element in assessing the grid impact of 

widespread heat pump adoption, and a key contribution of 

the new enhanced model.  

Future work will extend the testing of VCHP in cooling 

mode in order to obtain a complete performance map 

(with compressor speed dependence) under a variety of 

cooling loads and an extended range of outdoor 

temperatures – analogous to what was done for heating. 

Future work will also aim at providing a more detailed 

representation of defrost strategy. This includes providing 

model flexibility to vary the defrost duration and 

frequency based on outdoor conditions (air and coil 

temperatures, relative humidity).  
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Abstract 

The adjustable ventilation platform doors system in 

subway combines the advantages of platform-screen-

doors system and the platform-bailout-door system, in 

result, shows energy saving effect in HVAC system. This 

research paper studied the ventilation effect by network 

simulation method using STESS software. Based on the 

ventilation simulation results, the energy saving effect of 

the system was analysed. 

The study objective is subway, which can be transformed 

into a network airflow model based on hydromechanics 

principles and subway structures. Thus, network 

simulation was applied in the subway ventilation research. 

Based on modelling, the relationship between ventilation 

volume and open area was found and discussed, which 

has never be down before. Moreover, the simulation 

results enable further analysis on energy consumption of 

subway HVAC system. 

Introduction 

Nowadays, most of the subway stations apply the 

platform door system. There are two main categories of 

platform doors, the platform screen door (PSD) and the 

platform bailout door (PBD). The major difference 

between them is whether the platform door separates the 

platform and tunnel areas completely. These two forms 

have their pros and cons.  

In summer, the PSD system can reduce the air exchange 

among outdoor space, tunnel area and platform area due 

to its sailing feature. In this way, the cooling load reduces 

and thus leading to the energy saving effect of HVAC 

system in subway station. In transition seasons such as 

spring and autumn, the PBD system is able to take 

advantage of the air exchange caused by piston effect 

(Chen et al, 1998; Cross et al, 2017; Kim and Kim, 2007; 

Huang et al, 2010), so there is more ventilation in subway 

station. This characteristic means the subway station can 

achieve free cooling, and lower the energy consumption 

of HVAC system as a result.  Thus, the two systems have 

their own benefits in different periods, because of which, 

they are suitable for different climate zones. In general 

concept, PSD system is more energy-effective in warmer 

area, so as PBD system in cooler area. 

Recently, a combined system was proposed to take 

advantages of both PSD and PBD system (Hu and Lee, 

2004). The innovative system has an adjustable vent on 

top of the platform door controlled by mechanic valve.  

There are several related research on this Adjustable 

Ventilation Platform Doors (AVPD) System (Yang et al, 

2015; Zhang et al, 2017). Studies have pointed out the fact 

that this AVPD system achieve better energy performance 

compared with the traditional PSD or PBD system. 

However, none of them considered the air leakage 

between tunnel and platform area when the adjustable 

vents closed (in this circumstance, the AVPD serves as 

PBD).  According to the experimental research (Wang 

& Li, 2017), the air leakage is a common phenomenon. In 

this sense, the existed studies on AVPD system over 

evaluated their energy saving potential, so it is necessary 

to conduct further research in this topic. 

This paper applies STESS simulation to figure out the 

ventilation in both PSD and PBD systems. Based on the 

ventilation results, the energy saving potential in different 

climate zones is calculated. Last but not the least, the 

applicability of the AVPD system is discussed. 

Simulation method 

Simulation software 

This research adopts Subway Thermal Environment 

Simulation Software (STESS) to simulate the ventilation 

in both PSD and PBD systems. STESS was a numerical 

tool developed by Tsinghua University in 1980s based on 

field tests and theoretical analyses. STESS can simulate 

the dynamic thermal environment of subway to guide the 

design and operation of environment control system 

(Wang & Li, 2018). 

Simulation model 

The simulation model is created based on a real subway 

line located in Wuxi, a city in Jiangsu Province, China. 

There are 15 stations in the subway line, which is 

abstracted to node-branch model. Fig.1 shows part of the 

simulation model for the limited space of the page. The 

branches include interval tunnel branch, platform tunnel 

branch, piston air shaft branch, platform door branch and 

inlets branch.  

By adjusting the resistance value of the platform door 

branch using the listed data in Table 1, the ventilation in 

different situations can be acquired by STESS simulation, 

including in PSD and PBD systems. 
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Figure 1: Scheme of the simulation model. 

 

Table 1: Resistances of the platform door branch. 

Status of vents Vent’s area (m2) Resistance 

Closed (PBD) 0.36 40.00 

Semi-open 12 2.00 

Semi-open 24 0.50 

Semi-open 36 0.22 

Semi-open 48 0.13 

Open  60 0.08 

 

Simulation input data 

The major feature of the ventilation simulation in 

subways is the travelling pattern and its effect on 

ventilation. Therefore, the movement of trains should be 

taken into account.   

The movement of trains is decribed in two aspects: 

traction curve and train departure density. Figure 2 shows 

a typical traction curve of the subway train. Figure 3 

represents the train departure densities in phases when the 

passenger flow is high and low, respectively. 

 

Figure 2: Typical traction curve of subway train. 

 

Figure 3: Train departure densities in different phases. 

 

Simulation results 

The adjustable ventilation platform door (AVPD) system 

is equipped with vents. By opening the vents, the PSD 

system transfers to PBD system. Figure 4 shows the 

simulation results of the airflow volume in both PBD and 

PSD system, which is fluctuating corresponding to the 

movement of trains. 

 

 

Figure 4: Ventilation in PBD and PSD system 

 

However, the specific opening area of the vents and their 

effects on ventilation are not clear up to now. In this 

research, the ventilation volume in different vents area 

was calculated. Figure 5 shows the ventilation results 

under different vents’ areas. From the results, the airflow 

volume increases with the increasing of vents’ area, with 

the increasing rate decrease with the increasing vents’ 

area. The reason of this feature is that the majority of 

airflow from the upper stream is to going into the 

downstream of subway tunnel, so the contribution of 

reducing the platform door branch’s resistance is limited. 

Moreover, when the vents’ area reach 12 m2, the airflow 

volume can achieve 90% of the maximum level. When the 

vents’ area reach 24 m2, the airflow volume can achieve 

95% of the maximum level. Therefore, based on the 

economic consideration, the suitable area of the vents 

should be 12 m2. For a typical subway station, the length 
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of platform is 120 m, which means the width of vents is 

10 cm.  

 

Figure 5: Ventilation in different vents area 

 

Energy analysis method 

This chapter mainly covers the calculation method of the 

energy consumption in subway station. The cooling load 

is divided into two separate parts, station load and 

ventilation load. The energy consumption of subway 

station HVAC system is determined by both the cooling 

load and the operation strategy of the devices. 

 

Cooling load calculation 

The heat released by the automatic gate machine, lights, 

illuminated advertising signs, lifts and elevators, other 

equipment, and passengers composes the station load. 

Table 2. lists the load of equipment according to their 

number and power listed in the design data. 

The cooling load of passengers varies in both low-

passenger number and high-passenger number phases. 

The passenger flow in the low-passenger number phase 

was obtained from the measured data. While, in the high-

passenger number phase, it was obtained from the 

designed passenger level determined by the scale and 

location of the subway station and other factors. Most of 

the standard subway stations are of similar scale in China 

with the averaged dimension of 180 m and 20 m in length 

and width, respectively. The passenger load curves in 

both low-passenger number and high-passenger number 

phases are shown in Figure 6. Therefore, the station load 

is almost invariant during the year, as it is determined by 

the equipment and passenger number. 

 

Table 2: Components of station cooling load. 

Items Cooling load in 

Low-passenger 

(kW) 

Cooling load in 

Low-passenger 

(kW) 

automatic gate 

machine 
8.5 8.5 

light 28.4 28.4 

illuminated 

advertising sign 
15.0 15.0 

Lift & elevator 11.0 20.0 

Other equipment 6.2 6.2 

 

 

Figure 6: Typical passenger load curve during a day 

 

When the train travels in the tunnel, the piston effect 

causes the airflow from both tunnel and outdoors. The 

mass transfers of ‘tunnel air-indoor air’ and ‘outdoor air-

indoor air’ compose the ventilation load, which is 

changing from time to time with the airflow fluctuation. 

There are two elements in ventilation load calculations, 

one is the enthalpy difference of the indoor and outdoor 

air, the other is the wind volume. The calculation 

equations of the ventilation load from the tunnel air and 

the outdoor air are given as Equation (1) and (2), 

respectively.  

 

𝑄𝑡𝑢𝑛𝑛𝑒𝑙 = 𝜌𝐺𝑡𝑢𝑛𝑛𝑒𝑙(𝑖𝑡𝑢𝑛𝑛𝑒𝑙 − 𝑖𝑖𝑛)   (1) 

𝑄𝑜𝑢𝑡𝑑𝑜𝑜𝑟 = 𝜌𝐺𝑜𝑢𝑡𝑑𝑜𝑜𝑟(𝑖𝑜𝑢𝑡 − 𝑖𝑖𝑛)   (2) 

 

Energy consumption calculation 

Compared to the traditional platform door system like 

PSD and PBD system, the energy saving effect of the 

adjustable ventilation platform door (AVPD) system is 

based on its flexibility of ventilation. In summer, the 

vents are closed to reduce the ventilation cooling load 

from outdoor space. In transition seasons, the vents 

should open and the platform door serves as PBD, the 

ventilation is enhanced and the free-cooling effect is 

achieved through this way. Based on the above analysis, 

the primary research is to determine the switch condition 

of the close/open modes. 

When the station cooling load can be handled by 

ventilation, the AVPD should open and become PBD. 

When additional mechanic ventilation is needed to 

enhance ventilation, it is not economic to open the vents. 

Because some cases in transition seasons, the averaged 
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outdoor temperature is lower than the air temperature 

inside tunnel, if mechanic ventilation is applied, the fan 

will introduce the tunnel air rather than the outdoor air 

into the station area. Thus, when mechanic ventilation is 

used, the AVPD should closed and it serve as PSD. 

When the outdoor air is hotter than that inside the 

station, there is no doubt that the AVPD should closed, 

which is the same status as the previous situation. 

After deciding the switching condition of the close/open 

modes in AVPD, the next step is to calculate the energy 

consumption of different systems by time intervals. 

 

Energy analysis results 

Based on the method described, the durations suitable to 

open the adjustable vents and its energy saving 

performance list in Table 3. Two typical climate zones 

including the Hot summer-Cold winter (HSCW) zone (ex: 

Shanghai) and the Hot summer-Warm winter (HSWW) 

zone (ex: Guangzhou) are analysed. 

Table 3: Components of station cooling load. 

Climate 

zone 

Passenger 

flow 

Vents-Open 

period 

Energy 

saving 

(kWh/year) 

HSCW 
Low Mid-Oct to 

late-May 
11800 

HSCW 
High Late-Dec to 

late-Feb 
2600 

HSWW 
Low Mid-Dec to 

mid-March 
6700 

HSWW High / / 

 

According to the energy analysis results, the AVPD 

system has the best energy saving performance when the 

passenger flow is relatively low. In HSCW climate zone, 

the annual energy saving potential is 11800 kWh; in 

HSWW climate zone, the annual energy saving potential 

is 6700 kWh. However, when the passage flow is high, 

which means the cooling load reaches a peak value, the 

AVPD system hardly show any energy saving advantages. 

In HSCW climate zone, only 2600 kWh electricity saves 

annually. In HSWW climate zone, there shows no energy 

saving effect of this innovation system. 

 

Conclusion 

This paper uses STESS simulation to analyse the 

relationship between vents’ area and ventilation volume. 

According to the simulation results, the ventilation 

volume increases with the vents’ area increases, and then 

reaches a constant level. Based on the simulation result, 

the suitable vents’ width is set to be 10cm.  

Based on the ventilation simulation results, the energy 

saving potential was further analysed. In Hot summer-

Cold winter (HSCW) climate zone, the energy 

consumption calculation shows that the subway station 

with low-passenger flow can use the AVDP system 

achieving economic profits. However, in subway station 

with high-passenger flow, where the cooling load is very 

high and the energy saving potential is quite limited, so 

the AVDP system is not recommended. In Hot summer-

Warm winter (HSWW) climate zone, both of the low-

passenger flow situation and the high-passenger flow 

situation are not suitable to use AVDP system, for its poor 

energy saving performance.  

All in all, according to the energy performance analysis, 

the adjustable ventilation door system is only 

recommended in cities located in the Hot summer-Cold 

winter zone with low cooling load. 
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Abstract 

Airport terminal buildings are characterised by rapidly 

fluctuating occupancy levels in different zones. 

Occupancy is one of the major factors that influences the 

indoor environment and building energy consumption. 

The paper presents an approach to couple pedestrian flow 

model with energy simulation to predict the HVAC 

energy demands in the transitional environments. For the 

study, a medium sized airport at Visakhapatnam, India, 

located in warm and humid climate zone is considered. 

Occupancy dynamics of the terminal building is modelled 

and analysed through an agent based model (ABM). The 

results show a significant difference in the characteristics 

of the occupancy profiles between the various zones in the 

terminal building. A coupled energy simulation is carried 

out using the dynamic occupancy schedule obtained from 

ABM. The paper presents the impact of pedestrian density 

on HVAC loads at different zones. Also load profile for 

typical days compared for the peak load performance. 

Finally, the paper presents the comparison of HVAC 

loads predicted using the occupancy schedule based on 

flight operations and dynamic occupancy schedule based 

on agent based simulations.  

Introduction 

The civil aviation industry in India has emerged as one of 

the fastest growing industries in the country in the recent 

years. India is expected to become the third largest air 

passenger market by 2024 (IATA, 2018). Government is 

targeting five-fold increase in capacity at 124 airports. 

Terminal buildings are very energy intensive 

infrastructure and one of the highest energy consuming 

buildings (B. Edwards, 2005). The energy consumption in 

a major airport terminal lies between 100-300 GWh/Year 

which is comparable to 30,000 to 100,000 

households(CASCADE Consortium, 2012). Since a 

uniform thermal environment is to be maintained 

throughout the large volumes of spaces, an energy 

intensive HVAC solution is required. These system 

contributes a large share of energy consumption in 

terminal buildings which is about 66% in Ahmedabad 

Terminal and 80% in Adnan Menderes Terminal(Alba & 

Manana, 2016). Unlike office and residential buildings, 

terminal buildings have rapidly fluctuating occupancy 

levels throughout the different zones like check-in, 

security Check, hold rooms. Hence passenger occupancy 

plays a vital role in determining HVAC energy demand. 

Previous study by Mambo, Eftekhari, Steffen, & Ahmad, 

2015 on occupancy based HVAC systems in terminal 

buildings concludes that 21-48% of the total energy could 

be reduced by occupancy flow based controllers.  

There have been few studies on impact of occupancy in 

energy consumption in recent years. Study on Occupancy 

diversity on HVAC energy efficiency conducted by Yang 

et al., 2016 suggests that occupancy diversity results in 

increase of loads that are not actual demand for HVAC 

system, leading into inefficiency. Liu et al., 2018 

concluded that heat gain from the occupants is a 

significant contributor of total internal gain in a terminal 

building. Heat generated by occupants was measured to 

108 GJ compared to 205 GJ for lighting heat gain.  

Occupancy prediction is one of the major challenge in the 

estimation of peak demand and total energy consumption. 

There has been studies like (Liu, Liu, et al., 2018) and 

(Liu, Li, et al., 2018) in which dwell time for every zone 

collected using a questionnaire based survey while the 

number of passengers were calculated using surveillance 

video. There has been wide range of studies conducted to 

predict the occupancy for energy prediction in recent 

times. The paper by Yu, Fung et al., 2011 presents a 

cluster analysis approach to study the occupant behaviour. 

Studies conducted by Virote et al., 2012; He et al., 2015; 

Tahmasebi et al., 2016; presents stochastic methods for 

the occupancy modelling. Chen et al., 2018 have 

developed an agent based stochastic occupancy simulator 

to stimulate presence and movement of each occupant by 

using three stochastic models. This model was used to 

generate sub-hourly occupant schedules for individual 

spaces of a small office building.   

Agent based simulation models have emerged as a 

significant aid for predicting the impact of service time in 

pedestrian oriented activities. The study conducted by 

Verma et al., 2018 at Bangalore airport presents the use 

of agent based simulation for the prediction of dwell 

timings with the service time as input at various stages of 

services. 

The objectives of the study are to: (a) Evaluate the 

dynamics of passenger occupancy at different zones in 

terminal building during arrival and departure sequences 

(b) Estimate the HVAC energy demand using the 

dynamic occupancy profiles obtain through ABM (c) 

Compare the HVAC load and estimate energy use 

obtained using the occupancy schedule based on flight 

operations and dynamic occupancy schedule based on 

agent based simulations. 
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Details of the study 

A medium sized airport at Visakhapatnam (17.68° N, 

83.21° E), India is considered in the study. The terminal 

building has experienced significant passenger growth in 

the last decade with the construction of a new terminal. 

There is a significant growth in International passengers 

of about 36% in the last year. The airport handled about 

2.5 million passengers in 2017-18 with nearly 65 aircrafts 

movement per day. The Airport consist of single terminal 

building for serving both domestic and international 

passengers. Airport experiences a morning peak (6AM-

8AM) and evening peak (6PM-7PM) of passengers 

travelling in domestic flights. The terminal building is 

situated about 7 km away from city and about 8 km from 

the Bay of Bengal coast. Visakhapatnam represents a 

warm and humid climate zone as per national building 

code of India. It is classified as Climate zone 1A as per 

ASHRAE 169-2006 which refers to a very hot and humid 

climate.The city experiences all the three major seasons 

of summer, monsoon and winter. The hottest month are 

May and June in which maximum temperature frequently 

goes beyond 35°C. 

 

Figure 1 Annual variation  in air temperature (running 

mean /daily mean) for Visakhapatnam; Source : ISHRAE 

TMY2 data 

Building Description 

The terminal building is operational since 2009 and 

features a glass and steel construction. It has a floor area 

of 20400 m2 and is designed to hold 300 arrival 

passengers and 700 departing passengers. The terminal 

building has two floors available for passenger 

movement. Majority of the passenger flow is confined to 

the ground floor which consist of visitor concourse, 

passenger concourse, check-in hall, security checks, 

immigration checks, hold-rooms (1 international and 1 

domestic), baggage carousel and arrival hall. The first 

floor has hold-rooms along with airside corridor equipped 

with three aerobridges. 

Check-in hall with a height of 14m. is the largest zone in 

the terminal building (volume: 18300 m3). Check-in hall 

is connected to passenger concourse, security checks and 

baggage separated through interior glass partition (2m. 

height). The study categorizes the terminal building into 

16 zones based on the characteristics of passengers which 

includes dwelling time, occupant density and activity 

level.

 

Figure 2: Layout plan of the terminal building (Ground 

floor) 

Methodology 

The paper presents an approach to couple pedestrian flow 

model with energy simulation to estimate the HVAC 

energy demands in the terminal building. The study is 

categorised into two modules: pedestrian flow simulation 

and energy simulation. Occupancy dynamics of the 

terminal building is modelled and analysed through an 

agent based simulation tool (AnyLogic) followed by 

energy simulation carried out using the dynamic 

occupancy schedule. 

 

Figure 3: Integration between pedestrian flow model 

and energy simulation model 

Passenger flow modelling 

Passenger flow model is a sequence of events performed 

by the passengers during arrival and departure process. 

For this study, these set of events are categorized into 

process event and choice event based on the type. Process 

event is denoted by P and choice event is denoted by C(n) 

where n is number of choices offered. The nomenclature 

used in describing the passenger flow process is defined 

in Table 1. Arrival and departure process in the terminal 

building is explained in further section. 

Table 1 : List of choice events performed by the 

passenger agent 

Choice Event Abbr. Options 

Curb-side 𝐶𝑐𝑢𝑟𝑏 wait/serve 

Visitor Concourse 𝐶𝑡𝑦𝑝𝑒 Visitor/passenger 

Passenger 
concourse 

𝐶𝑐𝑜𝑛𝑐 Restaurant/washroom/wait 

Check-in type 

assignment 
𝐶𝑚𝑜𝑑𝑒 Online/counter/baggage 

Check-in counter  

assignment 

𝐶𝑐𝑜𝑢𝑛𝑡 Airline counters 

Travel Type 𝐶𝑡𝑟𝑎𝑣𝑒𝑙 Domestic/International 

Boarding floor 

assignment 
𝐶𝑓𝑙𝑜𝑜𝑟 Ground floor / First floor 

________________________________________________________________________________________________ 

________________________________________________________________________________________________ 
Proceedings of the 16th IBPSA Conference 
Rome, Italy, Sept. 2-4, 2019

 
2064

 

 
  



Departure process 

When a passenger agent reaches the airport terminal curb-

side. The curb-side of the terminal building is choice 

event which offers two choices to the passenger i.e. 

𝐶𝑐𝑢𝑟𝑏(𝑤𝑎𝑖𝑡) for wait and then access the service whereas 

𝐶𝑐𝑢𝑟𝑏(𝑠𝑒𝑟𝑣𝑒) for the passengers to directly access the 

service. 

Once a passenger agent decides to enter the terminal 

building, agent has to go through a ticket checking 

process (𝑃𝑡𝑖𝑐𝑘𝑒𝑡), where passenger’s ticket is checked and 

identity is verified by the security personnel. Once 

process 𝑃𝑡𝑖𝑐𝑘𝑒𝑡  is completed, agent has to perform two 

process events (𝑃𝑐ℎ𝑒𝑐𝑘𝑖𝑛  and 𝑃𝑑𝑜𝑚.𝑠𝑒𝑐𝑢𝑟𝑖𝑡𝑦) in case of 

𝐶𝑡𝑟𝑎𝑣𝑒𝑙(𝑑𝑜𝑚𝑒𝑠𝑡𝑖𝑐) route. If the agent chooses the 

𝐶𝑡𝑟𝑎𝑣𝑒𝑙(𝑖𝑛𝑡𝑒𝑟𝑛𝑎𝑡𝑖𝑜𝑛𝑎𝑙) route, it is followed by three 

process 𝑃𝑐ℎ𝑒𝑐𝑘𝑖𝑛 , 𝑃𝑑𝑒𝑝.𝑖𝑚𝑚 and 𝑃𝑖𝑛𝑡.𝑠𝑒𝑐𝑢𝑟𝑖𝑡𝑦 to complete 

the departure process. While performing the departure 

process, agent has to pass through five choice events, 

namely 𝐶𝑡𝑦𝑝𝑒, 𝐶𝑚𝑜𝑑𝑒 , 𝐶𝑐𝑜𝑢𝑛𝑡, 𝐶𝑡𝑟𝑎𝑣𝑒𝑙 and 𝐶𝑓𝑙𝑜𝑜𝑟 .  Visitor 

concourse (𝐶𝑡𝑦𝑝𝑒) is the choice event to filter the visitor 

and passenger agents. Only agents who choose the 

𝐶𝑡𝑦𝑝𝑒(𝑝𝑎𝑠𝑠𝑒𝑛𝑔𝑒𝑟) is allowed to perform further events. 

Passenger concourse 𝐶𝑐𝑜𝑛𝑐 is associated with 

discretionary event such as restaurant (𝑟𝑒𝑠𝑡), washroom 

𝐶𝑐𝑜𝑛𝑐(𝑤𝑎𝑠ℎ) and waiting 𝐶𝑐𝑜𝑛𝑐(𝑤𝑎𝑖𝑡). 

Check-in Hall consist of three choice events. 𝐶𝑚𝑜𝑑𝑒  

distinguishes the stream of passenger agents into different 

categories of check-in mode such as online and counter 

based check-in. Agent choosing 𝐶𝑚𝑜𝑑𝑒(𝑜𝑛𝑙𝑖𝑛𝑒) is 

directly assigned to choice process 𝐶𝑡𝑟𝑎𝑣𝑒𝑙 which 

determines security checks. There are 20 check-in 

counters in the check-in zone. These check-in counters are 

allotted to agent as per choice event 𝐶𝑐𝑜𝑢𝑛𝑡 , based on the 

flight number. 𝐶𝑡𝑟𝑎𝑣𝑒𝑙 event determines whether the 

passenger is domestic or international. Domestic security 

checks have 4 counters while international security have 

3 counters. The security counters are assigned based on 

the queuing length. After the completion of check-in and 

security check, passenger agents are directed towards the 

𝐶𝑓𝑙𝑜𝑜𝑟  process which directs the passenger to go to their 

respective hold rooms either at ground floor or at first 

floor. There are two hold-rooms in ground floor and first 

floor. There are 1 International and 1 domestic hold room 

on each floor. The allocation of hold-room depends on the 

flight number. For the passengers boarding their flight via 

aerobridge, go through escalator or elevator to reach first 

floor. While the other passenger agents have to wait on 

the ground floor hold rooms for their flight. Passenger has 

to wait in hold-rooms till the boarding process starts. 

 

Arrival process 

While performing arrival sequence, passenger agent is 

required to perform different set of events based on travel 

type (International or Domestic). In case of domestic 

passenger, Agent is required to perform one choice event 

𝐶𝑏𝑎𝑔𝑔𝑎𝑔𝑒   and one process event 𝑃𝑏𝑎𝑔𝑔𝑎𝑔𝑒 . There are two 

baggage belt for the domestic passengers. 𝐶𝑏𝑎𝑔𝑔𝑎𝑔𝑒  

assigns the baggage belt number to the agent based flight 

number. In case of international passenger, agent is 

required to perform three process events and one choice 

event. Three process events are arrival immigration  

(𝑃𝑎𝑟𝑟.𝑖𝑚𝑚), Baggage Carousel (𝑃𝑏𝑎𝑔𝑔𝑎𝑔𝑒) and Custom 

check (𝑃𝑐𝑢𝑠𝑡𝑜𝑚). The terminal building has four arrival 

gates, 3 gates are in the first floor which connected via 

aerobridge, while 1 is at the ground floor for the 

passengers arriving through bus. Terminal has two 

arrivals each at ground floor and first floor. After arrival 

passenger walk through the airside corridors to reach the 

arrival hall. Passengers arriving at first floor has to come 

to the ground floor for their baggage via escalator and 

elevator. The allocation of the baggage carousel is based 

on the flight demand. Terminal building has two separate 

baggage zone for international and domestic passengers. 

The domestic zone has 2 carousels while the international 

zone has 1 carousel. In arrival hall, stream of passengers 

is divided into international and domestic passengers. 

International passengers have to pass through the queuing 

system at immigration counter before baggage carousel. 

In the baggage carousel zone passenger stream is again 

divided into two categories depending upon the 

passengers with baggage and without baggage. Once the 

baggage collection activity is performed, domestic 

passengers directly move towards the exit gate, while the 

international passengers has to pass through custom 

checks.  

 

Field investigation 

The passenger flow in the airport terminal is service 

oriented sequence and hence service points are identified 

in the terminal building based on the departure and arrival 

process described in previous sections. There were eight 

service points identified in the process of arrival and 

departure. A pilot study is conducted to obtain the input 

for the modelling of choice process and stochastic 

process. Firstly, for the departure process, measurement 

is taken at the service point at departure entry gate, check-

in counters, security checks and immigration counters. 

Similar to the departure process, service points are 

identified for the arrival process and measurement is 

obtained. Measurement is carried out in all the service 

points and processing time of the service is measured as 

follows: 

𝑇𝑐ℎ𝑒𝑐𝑘𝑖𝑛 =  𝜏𝑠𝑡𝑎𝑟𝑡 −  𝜏𝑒𝑛𝑑  

 

Where 𝑇𝑐𝑜𝑢𝑛𝑡𝑒𝑟  is processing time at the service counter; 

𝜏𝑠𝑡𝑎𝑟𝑡 is the time at which passenger reaches the service 

counter and 𝜏𝑒𝑛𝑑 is the time at which passenger leave the 

counter after servicing is completed. Table 2 presents the 

probability distribution with parameter observed during 

the field investigation. The probability distribution is used 

for modelling the stochastic process at various service at 

airside corridor in the unobstructed stretch of 40 m. The 

average walking speed obtained is 0.7 m/s with a standard 

deviation of 0.37 m/s. 
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Agent based modelling 

Agent based model of passenger flow for the terminal 

building is developed using AnyLogic software tool. The  

software provides a graphical interface for modelling the 

complex stochastic environment. For this study, the entire 

operation at the terminal are categorised into separate 

discrete events shown in Figure 4. And between these 

events, the passenger agents are modelled as per the 

characteristics of the passengers observed during the field 

investigation. Modelling of the discrete events and agent 

is described in the next section. 

 

Table 2 : Probability distribution of processing time  and 

number of counter of various service points 

Service Points No. of 

Counter 

Probability 

Distribution 

Parameter 

(in 

minutes) 

Departure Entry 

Gates 

3 Uniform a=0.25, 

b=0.52 

Check-in 

Counters 

20 Normal µ=3.8, 

σ=0.36 

Domestic 

Security Checks 

4 Normal µ=2.8, σ 

=1.4 

Departure 

Immigration 

6 Normal µ=2.1, 

σ=0.25 

International 

Security Checks 

3 Normal µ=3, σ=1.5 

Arrival 

Immigration 

5 Normal µ=3, σ=1.1 

Customs 

Counter 

4 Normal µ=1.5, 

σ=1.2 

Baggage 

carousel 

3 Normal µ=8.4, 

σ=2.3 

 

The different discrete events during the process of arrival 

and departure is classified into two sub categories based 

on their function. Service points are modelled as 

stochastic process based on the data collected during the 

field investigation. While the decision making events 

during the sequence follows choice model. These 

individual discrete events are then sequenced as per the 

arrival and the departure process explained in the previous 

sections. Figure 5 explains the choice model and 

stochastic process for departure process in the terminal 

building. The bold label represents the stochastic process 

while the diamond shape represents the choice model.  

 

 

Figure 5 : General departure process performed by 

passengers 

Some of the stochastic process such as check-in and 

security involves queuing of the passengers. The process 

involves queue modelling apart from the stochastic 

service models. Check-in process is modelled as single 

serpentine queuing with 5 service points. The service 

team is sensitive towards the servable length of the queue. 

To model this behaviour two subgroups are created, based 

on length of queue viz. high crowded and low crowded. 

In case of check-in, queuing area can hold up to 350 

passengers at a time.  On the basis of this 150 passengers 

Figure 4: Series of discrete events performed by the agent in the process of departure in the terminal building 

modelled in AnyLogic 
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are categorised as low crowded. During the process when 

there is low crowd, only 3 check-in counters are 

functional while when there is high crowd all the 5 

counters are functional. 

Agent based approach is used to take account of the 

individual passenger’s transition in the terminal building. 

Hence every passenger is modelled separately using 

AnyLogic. Walking speed of all the passenger agents are 

randomly assigned using normal distribution (µ=0.7, 

σ=0.37 m/s). Point of service for the passenger depends 

upon the factor such that the mode of check-in. In order 

to determine the service points for the passengers, each 

passenger agent is assigned characteristics to take 

decision while performing the sequence. For the 

modelling of the passenger characteristics, agent with 

decision variable and storage variable is developed as 

described in the Figure 4. The passenger agents are then 

grouped according to their flight agents. The flight agent 

is then triggered using the function which follows the 

departure and arrival schedules provided by the airport 

authority. 

Energy Modelling 

Building energy model for the terminal building is 

developed using OpenStudio software tool and energy 

simulation is performed using EnergyPlus engine. The 

following section explains the modelling procedure in 

detail. 

The terminal building is categorised in 68 thermal zones 

based on spatial characteristics. These thermal zones are 

further categorised into 19 space types based on the 

internal loads and operational schedules. Since terminal 

building consist of many large volumes and connected 

spaces, these spaces are further divided into subzones by 

creating thermal space boundary for a holistic output. 

Construction material is assigned to the corresponding 

geometry as per the specification provided in the as built 

drawing. Lighting and occupant heat gain are the major 

contributors of total internal gains in the terminal building 

(Liu, Liu, et al., 2018). Each zone in the terminal building 

is associated with different level of activities and have 

their corresponding metabolic rates. Therefore, the space 

is categorized in three classes based on the activity levels 

viz.; walking, standing and sitting. The occupant load for 

the zone with the major activity as walking is taken as 285 

W/person. While zones with standing and sitting activity 

are taken as 133 W/person and 115 W/person. Lighting 

load is assumed as 16.14 W/m2 for the service area such 

as check-in counter and security check. The lighting load 

of 6.45 W/m2 is taken for the concourse and 10.76 W/m2 

for the baggage areas as per ASHRAE 90.1-2007. The 

infiltration rate of 0.61 ach (Liu, Liu, et al., 2018) is taken 

considering opening and closing of gates. 

Simulations with dynamic occupancy schedules 

The study focus on the impact of occupancy schedule on 

the energy implication of the terminal buildings and the 

occupancy prediction model is developed using ABM. 

Passenger occupancy at different zones of the terminal is 

predicted for a typical operational day at an interval of 1 

minute. Results from the ABM simulation is then 

converted to EnergyPlus schedule using small processing 

script. The zone wise occupancy schedule is then used as 

an input for the energy simulation. For the prediction of 

HVAC loads, ideal air loads are considered for all zones 

accessible to the passengers maintained at 24°C. The 

HVAC loads for the terminal building is predicted for a 

typical summer day (May 21) at an interval of 1 minute. 

Also an annual simulation at a reporting interval of 10 

min. is performed to predict the annual cooling load. 

Results 

Firstly, the occupant count at the different zone of the 

terminal building is predicted through the ABM 

simulation for typical operational day. Occupancy 

fluctuation at different zones of terminal building is 

shown in Figure 6. The occupancy fluctuation in check-in 

zone shows larger variation with a mean occupant count 

of 150 and standard deviation of 136. The peak occupancy 

in check-in zone is obtained to be 425 passengers during 

the morning peak. The maximum occupancy throughout 

the zone is observed in domestic hold room with occupant 

count of 496. The overall peak occupancy of 1378 is 

Figure 6 : Predicted occupant count at different zones of terminal building for a typical weekday 
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observed in the terminal building during the evening peak 

hours. Occupancy profile of all the zones are obtained 

from the simulation results. Comparing the occupancy 

profile of various zones, it was observed that all hold-

rooms show different characteristics from the other zones 

in the terminal. A comparison of occupancy profile of 

check-in and hold-room is shown in Figure 7. The hold-

room occupancy profile shows gradual increase in the 

occupant count till the peak is achieved and there is 

sudden drop in the occupant count as soon as boarding 

starts. While other zones such as check-in shows a gradual 

increase in the occupant count till the peak then there is 

gradual decrease.  

 

 

Figure 7 : Comparison of occupancy profiles in Check-

in hall and Hold room during an operational day 

Secondly, passenger dwelling time at the different zone of 

the terminal building is predicted through the ABM 

simulation for typical operational day. The mean dwelling 

time of 36 min. is obtained at international hold-room 

which is highest amongst the zones in the terminal 

building while lowest mean dwelling time is observed in 

immigration arrival zone which is less than 4 min. The 

mean dwelling time of 11 min. is obtained in check-in 

zone while 13 min. is obtained for security checks. Figure 

8 shows the dwelling time at the different zone of the 

terminal building. 

 

Figure 8 : Dwell time probability distribution 

Energy simulation is performed with occupancy 

schedules generated using ABM simulation. The 

characteristics of heat gains in the terminal building is 

analysed annually and for typical summer day. Annual 

heat gains by envelope and infiltration for the whole 

terminal building are 2800 GJ and 3000 GJ respectively. 

Annual internal heat gains from the lighting is 6100 GJ 

while occupant contributes around 2400 GJ. The results 

show a significant contribution of occupant on total 

internal heat gains in the terminal building. 

Figure 9 shows the characteristics of occupant heat gains. 

The peak internal heat gain during a day is obtained at 

evening time with a total heating rate of 130 kW. 

 

Figure 9 : Characteristic of occupant heat gains on a 

weekday 

Figure 10 shows the result of the sub-hourly cooling load 

predicted with the simulated occupancy profile compared 

to those by the standard flight schedule profile for a 

typical summer weekday. In the case of flight schedule 

profile, peak load of 311kW is obtained at 2 p.m. While 

in case of simulated occupancy profile, peak load of 269 

kW is obtained at 12:30 p.m. 

 

Figure 10 : Characteristics of sensible cooling load at 

Check-in hall in a typical summer weekday 
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Figure 11 shows the variation in cooling load profile for 

the check-in counter simulated with different occupancy 

profiles i.e. flight schedules and simulated occupancy 

profile. Peak cooling load of 67 kW is obtained for both 

the occupancy profile. 

 

Figure 11 :  Characteristics of sensible cooling load at 

Check-in hall in a typical summer weekday 

Impact of passenger density on cooling load 

The regression analysis of passenger density and their 

corresponding cooling load for different zones is 

conducted to understand the impact of passenger density 

on cooling load. The result shows highest correlation 

(R2=0.82) obtained at the domestic security zone while 

least correlation of (R2=0.18) is obtained for the 

immigration zone. The results indicate that impact of 

occupant density on cooling load is more predominant in 

domestic security counter. Further analysis of cooling 

load with the dwell time suggests that impact of occupant 

density on cooling load is dominant in the zone where 

dwell time of the passenger is more. 

 

Figure 12 : Correlation of pedestrian density and 

cooling load at domestic security check 

 

Table 3 : Regression analysis between pedestrian density 

and cooling load across zones 

Zone Equation R2 

Security domestic y = 19.52x + 2.70 0.83 

International bus lounge y = 62.04x + 8.19 0.74 

International hold-room y = 132.81x + 29.51 0.70 

Domestic bus lounge y = 59.51x + 10.65 0.69 

Check-in hall y = 137.76x + 26.67 0.59 

Domestic hold-room y = 152.25x + 38.19 0.46 

Security international y = 22.69x + 3.06 0.42 

Immigration departure y = 43.51x + 3.10 0.32 

Domestic baggage y = 113.17x + 18.57 0.29 

International baggage y = 79.10x + 17.41 0.25 

Immigration arrival y = 53.74x + 4.32 0.18 

 

Comparison of cooling demand with different 

occupancy schedule  

The results indicate that there is an annual reduction of 

27% of cooling demand calculated using simulated 

passenger schedules compared to the flight schedules 

while maintaining set point temperature as per ASHRAE 

55 thermal comfort baseline. The results further indicate 

that, there is a potential for about 40% cooling demand 

reduction during winter and 22% during summer season. 

Figure 13 shows monthly comparison of cooling demand 

using different schedules.  

 

 

Figure 13 :  Comparison of monthly cooling demand 

using different occupancy schedule 

Conclusion 

The paper describes a method of coupling an agent based 

occupancy model to energy simulation model in order to 

predict the accurate energy prediction for the terminal 

building application. The approach of coupling 

occupancy model to energy model is capable of   

predicting high resolution (up to 1 minute) thermal 

demands of a terminal building. The occupancy profile 

generated by the ABM is applied to energy model to 

derive the cooling hours. The study reveals the 

contribution of occupant in the total internal heat gain 
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inside the terminal building. It has also been established 

that dynamic occupancy schedule has potential to reduce 

the peak demand in the terminal buildings. Further from 

the results of the annual cooling demand, it can be 

concluded that there is potential of reducing energy 

consumption using occupancy based controllers in the 

terminal buildings. The results obtained through ABM 

simulation are useful for developing set-point values for 

the HVAC and lighting controls for the different levels of 

occupancies among the zones. 
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Abstract 

In this paper a comparison between separated heating and 

cooling vs. reversible heat pumps-based configurations in 

the HVAC equipment of a significant non-residential 

building, is carried out over an entire reference year. 

Simulation is performed with hourly time-steps in two 

European cities (Berlin and Rome), taking into account 

latitude-related weather conditions, envelope properties, 

whole-building response when air conditioning is 

switched-on or switched-off. A sensitivity analysis is 

carried out considering different solutions for façades and 

fenestration properties, and lamps efficiency. The 

comparison reveals an higher sensitivity of the results to 

climate severity, windows shading, and inner lighting 

levels. The discussion of the results leads to assess the 

competitiveness of reversible heat pumps in terms of 

energy demand, as a function of the considered options. 

Introduction 

Reversible heat pumps are increasingly considered in 

building’s HVAC applications across all Europe as a 

remarkable driver of decarbonization; so much that the 

standard for the energy performance of electrical heat 

pumps published in March 2016 (European Committee 

for Standardization, 2016) recently implemented the 

Ecodesign Directive 2009/125/EC (European Parliament  

2009) stating new performances evaluation criteria, 

assuming the Strasbourg’s city climate as a reference. 

Moreover, the use of halogen incandescent lamps was 

recently inhibited in the EU (in Italy since September 

2018) thus widely implementing lighting solutions based 

on LEDs technology. Nevertheless the European climate 

has a wide range of variability (Spena, 2010), mainly due 

to latitude’s span and different distances from the sea. In 

addition, as latitudes rise and internal gains decrease as a 

consequence of higher energy efficiency, generally the 

building’s heating loads grow, while cooling and 

electricity needs tend to decrease. As widely recognized 

in the last decade (Ashrae, 2017; Reddy, 2006; Rodriguez, 

2013; Brouns, 2016), the actual behavior of a non-

residential building (Pessenlehner, 2003) can be predicted 

only by a dynamic simulation (Lam, 1996; Shiel, 2018). 

Present paper investigates the sensitivity of the results 

when using reversible heat pumps as central heating and 

cooling equipment, in two different and significant 

Europe’s climates, in order to explore to what extent the 

competitiveness of reversible heat pumps can differ 

through the EU. Of this topic, not enough stressed in the 

literature, still remains poor the awareness in the 

European standards. 

The first part of this work, mainly concerning whole-

building dynamic simulation, will mainly deepen on the 

effects of severe winter conditions and of fenestration 

features on the energy demand of the considered building. 

The second part, consisting in the sensitivity analysis, will 

deepen on how its equipment arrangement, especially in 

case of reversible heat pumps, could be optimized 

depending on the site.  

Methods 

Source code 

Building energy simulation programs, representing 

different degrees of modeling complexity, have been 

intensively tested in the last decade (Judkoff, 2011 and 

2014). But all building models are simplification of 

reality, and a complex balance among level of modeling, 

time-step granularity, and scope of the simulation is 

always needed (ASHRAE, 2017). For the purpose of the 

present study, which is essentially of comparative nature, 

a proprietary SW code created in the ’80s (Spena, 1984) 

and over time improved and devoted to specific purposes, 

was dedicated and implemented. Weather data, set-point 

temperature levels, building envelope and fabric 

properties, equipment performances are described partly 

by deterministic (Spena, 2010), partly by stochastic 

models (Spena, 1997) using algorithms and source code 

routines.   

The source code structure 

The simulation code was applied to the whole-building  

system, to obtain trends of energy demand over time to be 

used as the basis for comparisons and sensitivity analysis.  

Two locations representative of respectively a continental 

(Berlin, lat. 52,3°N) and a Mediterranean (Rome, lat. 

41,5°N) climatic condition at nearly equal longitude 

(12,3° vs. 13,2°) were compared. The following issues 

were considered. 

• Glazing: 

- single glass, low emissivity  

- double glass, low emissivity  

- triple glass, low emissivity  

• Fenestration: 

- no-shading 

- plastic roller filled with insulating polymers 
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The code structure is a main routine supported by four 

dedicated subroutines operating iteratively (Spena, 1984; 

Spena, 2017). As a first approach, to simplify the 

procedure, the following counters are used: 

- one reference day per month 

- four surface exposures  

- building usage range from 7:00 to 20:00 hrs. 

Daily results are extended prior monthly and then yearly 

in terms of total heating, cooling and electrical energy 

demand. The reference fabric is an existing large non-

residential building situated in an urban area of Rome (see 

Figure 1) weekly used from Monday to Friday. It may be 

noticed that its common architecture appears 

representative enough for the aim of the present study: 

opposite feature departures will be explored by the 

sensitivity analysis. 

 

Figure 1: Building satellite view. 

External conditions 

Thermal flows through the walls were obtained from 

Fourier’s general equation, also taking into account the 

inward flowing fraction of absorbed solar radiation by 

means of the so-called sol-air temperature (ASHRAE, 

2017). A generally stabilized periodic regime was 

simulated (Tabunschikov, 1993; Spena, 2017) as follows: 

q(𝑡) = 𝑈 ∗ (𝑇𝑠𝑎̅̅ ̅̅ ̅ − 𝑇𝑖) +  𝑈 ∗  σ ∗  (𝑇𝑠𝑎(𝑡 − 𝜑) − 𝑇𝑠𝑎̅̅ ̅̅ ̅)                   

(1)                                

where:   

- 𝑡 = time (hrs)            

- 𝑈 = overall heat transfer coefficient (
𝑊

𝑚2∗𝐾
)       

- 𝑇𝑠𝑎 = sol-air temperature (°C)   

- 𝑇𝑖 = indoor air temperature (°C)   

- 𝜎 = heat flow damping (dimensionless)       

- 𝜑 = phase-lag (hrs). 

Correction factors were introduced in (1) to properly 

consider either the effects of solar radiation on walls, 

either multi-layer walls together with their surface 

convective phenomena. Outdoor weather data are taken 

from reference years elsewhere described (Spena, 2017; 

http://www.eurometeo.com).  

Solar radiation 

Heat loads due to solar radiation on the building envelope 

varies according to the sun vs. surfaces relative 

postioning. We considered as independent variables: i) 

location, i.e. geographical coordinates; ii) time; iii) cloud 

coverage; iv) façade exposures. The ASHRAE 

atmosphere model (ASHRAE, 2017) was implemented 

with a Monte Carlo-based algorithm (Spena, 1997) able 

to generate the components of the total solar radiation.  

The building model 

The building of Figure 1 has an aspect ratio (surface area 

over volume) of roughly 0,3. It consists of 8 floors for an 

overall height of about 27 m. The overall enveloping area 

amounts to 12.800 m2. Office rooms cover the 64% of 

available floor area; the remaining 36% is connective 

space. Table 1 shows the envelope wall properties. 

Table 1: Walls properties. 

 
U (

𝑊

𝑚2∗𝐾
) 

Thickness (m) 

External walls 0,302 0,45 

Roof 0,279 0,36 

Ground floor 0.360 0,52 

Building fenestration varies as a function of the different 

exposures, its (window area/overall façade area) ratio 

values ranging from a minimum of 0,20 to a maximum of 

0,48. Glazing properties are reported in Table 2, where 

SHGC is the solar heat gain coefficient (ASHRAE, 2017). 

 Table 2: Glazing properties. 

 
U (

𝑊

𝑚2∗𝐾
) 

Transmittance SHGC 

Single glass 3,023 0,8 0,19 

Double glass 1,511 0,64 0,15 

Triple glass 1,279 0,51 0,12 

In the base configuration, windows are double glazed. In 

case of window-shaded configuration, an additional 

thermal resistance of 0,192 
𝐾∗𝑚2

𝑊
 was considered. 

Facilities  

• HVAC 

Full air conditioning within nearly all the building space 

is provided by an air-controlled-ventilation + fan-coils-

system. A set of AHU are devoted to balance latent-heat 

internal loads and to supply the standard-required ACR; 

while fan-coils units balance sensible-heat loads. During 

winter season primary air is pre-heated, then humidified 

and post-heated; during summer season primary air is 

cooled and dehumidified, and post-heated. Indoor set-

point temperatures and ventilation rates are assumed 

according to the standards respectively FprEN 16798-

1:2018 (ECS, 2018), and ISO 17772-1:2017. 

�̇� = 𝐴𝐶𝑅 ∗ 𝑉 (
𝑚3

ℎ
)                                                                  (2)                                                                                           

• Lighting 

According to the standard UNI EN 12464, indoor lighting 

levels are assumed (ECS, 2011; Fontoynont, 1999) for 

offices and connecting spaces at average values of 

respectively 400 lx, and 50 lx. Natural lighting 

contribution was estimated on the basis of the Average 
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Daylight Factor and of the fenestration actual area. Either 

LEDs lighting technologies based on lamps with 

efficiency of 70 lm/W, and halogen incandescent lamps 

with efficiency of 22 lm/W were simulated and compared. 

• Central heating and cooling equipment                                                                                     

The following configurations are compared: 

1. Heating and cooling separately provided by fuel-fired 

furnaces, and by electrical chillers (FFC) 

2. Both heating and cooling provided by reversible heat 

pumps (RHP).  

The reversible heat pumps performance (3) was splitted 

over two coefficients, depending one on external 

temperature (Figures 2 and 3), and the other on load factor 

as follows (Figures 4 and 5). 

𝐶𝑂𝑃 = 𝐶𝑂𝑃(𝑇𝑜𝑢𝑡) ∗ 𝜉                                                  (3) 

 

Figure 2: Heating. 

 

Figure 3: Cooling. 

It is also assumed that in case of external temperatures 

lower than 10°C any request of refrigeration could be 

fully satisfied by free cooling. 

 

Figure 4: Heating. 

 

Figure 5: Cooling. 

Simulations are carried out on the building model by first  

varying fenestration properties and latitudes, and then 

considering daily usage periods and temperatures setting. 

Results 

HVAC transient’s simulation 

Transients after the HVAC equipments are switched-off 

and switched-on were also taken into account. The overall 

building+equipments system has been considered as 

homogenous, and suddenly subjected to steps as follows: 

- system temperature during the time after HVAC 

equipments are switched-off:  

𝑇𝑠𝑦𝑠𝑡𝑒𝑚(𝑡) = �̅�𝑜𝑢𝑡 + (𝑇0𝑐 − �̅�𝑜𝑢𝑡) ∗ 𝑒−(
𝑡

𝜏
)            (4)   

- time to reach the set-point temperature during heating or 

cooling after HVAC equipments are switched-on:                                                                       

𝛥𝑡 =
𝐶∗(𝑇𝑠𝑝−𝑇0ℎ)

𝑃ℎ𝑛−(𝑈∗𝑆)∗(�̅�𝑖−�̅�𝑜𝑢𝑡)
                                                 (5)      

Calculations were done iteratively. The following rises.                                                   

• System response after HVAC is switched-off 

Because of daily average external temperatures almost 

always lower than the system’s one, switch-off of the 

HVAC equipment is often followed by a cooling 

transient. According to Eq.n (4) temperature’s decay 

highly depend on temperatures initial departures (as a 

function in turn of location, season, and set-point values) 

and on thermophysical system’s properties. Figures 6 and 

7 report the temperature’s decay as a function of glazing 

in typical winter and summer conditions. Each sketch 

refers to different locations and windows shading sets. 

Three representative cases are considered. 

 

Figure 6: January (single, double and triple glass). 

 

Figure 7: August (single, double and triple glass). 

From single to triple glass, lower decay slopes are shown. 

This effect decreases as external temperature rises 

(depending on season and latitude). 

• System response after HVAC is switched-on 

The time needed to reach the set-point temperature (5), in 

addition to the quantities considered before, also depends 

on the size of the equipment’s installed power. Figures 8 

and 9 report, respectively again for winter and summer 

conditions, the time needed (hours) to reach the set-point 

temperatures. As expected, stepping from winter to 

summer transients become increasingly shorter.  
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Figure 8: January. 

 

Figure 9: August. 

It can be observed that, in winter season and at equal 

glazing, lower latitudes require a longer heating transient. 

This is mainly due to the lower equipment’s installed 

power, which is in turn a consequence of the building’s 

lower power demand (Spitler, 2009) in steady-state 

design conditions. Such an effect appears prevailing on 

that of the higher external temperatures. 

Base-cases yearly overall energy demand trends 

Figures 10 and 11 report the yearly end-uses energy 

demand of the whole system, in the two base-cases FFC 

and RHP when expressed as a function of the lighting 

technology. Halogen lamps (22 lm/W) and LEDs ones (70 

lm/W) are at the opposite sides of the graphs. 

 

Figure 10: FFC, Fuel-fired furnaces and chiller 

configuration. 

 

Figure 11: RHP, Reversible heat pumps configuration. 

In case of FFC configuration (Figure 10), the transition 

from halogen to LEDs technologies will lead to weak 

heating increases, faced by high decreases of both cooling 

and electricity demand, whatever the latitude. These 

trends are mainly due to simultaneous lower lamp’s 

thermal dissipation and electrical power consumption. 

Northern (Berlin) lines slope are higher because of the 

higher artificial lighting need. An overall reduction of 

electricity demand can be also observed in the case of 

RHP configuration (see Figure 11). Being heating directly 

linked to electricity, despite lower cooling demand, 

Berlin’s upper values result higher than Rome’s ones. 

Sensitivity analysis 

Sensitivity analysis was carried out over a number of 

cases obtained combining envelope’s characteristics with 

different lighting systems and HVAC configurations for 

each latitude. The considered parameters were: 

- Walls overall heat transfer coefficient, Uw (
𝑊

𝑚2∗𝐾
) 

- Glass transmittance, τg (-) 

- Windows overall heat transfer coefficient, Ug (
𝑊

𝑚2∗𝐾
 ) 

- Lamps efficiency (halogen, 1; and LEDs, 2), ηl (
𝒍𝒎

𝑾
 ) 

- Roof factor, Rf (-) 

- Indoor lighting level, lx (lux) 

- Walls insulating layer conductivity, k (
𝑊

𝑚2∗𝐾
 ) 

- Combined surface heat transfer coefficient, h (
𝑊

𝑚2∗𝐾
 ) 

More in detail: 

-Rf is a shape factor also taking into account the relevance 

of the roof over the entire building figure. It increases as 

the building height decreases 

-h is the sum of convective and radiative heat transfer 

coefficients according to the relation: 

ℎ = ℎ𝑐 + ℎ𝑟                                                                   (6)                                                          

where (w is the wind speed):                                                           

 ℎ𝑟 = 4 ∗ 𝜀 ∗ 𝜎0 ∗ 𝑇�̅�
3
                 (7)                        

{
ℎ𝑐 =  5,62 + 3,9 ∗ 𝑤        if   𝑤 ≤ 5 

𝑚

𝑠
 

 ℎ𝑐 =  7,2 ∗ 𝑤0,78               if   𝑤 > 5 
𝑚

𝑠
 
                       (8) 

Variations of all the considered parameters up to ±30% 

with respect to the values of the base-cases were 

investigated (see Table 3), assuming this range as the 

maximum error in case of human evaluation, and/or of 

intrinsic decay in material properties.  

Table 3: Parameters value’s range. 

  Rome   Berlin  

 -30% Base 

case 

+30% -30% Base 

case 

+30% 

Uw  0,211 0,302 0,393 0,211 0,302 0,393 

τg  0,448 0,64 0,832 0,448 0,64 0,832 

Ug  1,058 1,511 1,965 1,058 1,511 1,965 

ηl 1  

ηl 2  

15,4 

49 

22  

  70 

28,6  

 91 

15,4  

 49 

22  

   70 

28,6  

   91 

Rf  0,0875 0,125 0,1625 0,0875 0,125 0,1625 

lx  280 400 520 280 400 520 

k  0,022 0,031 0,041 0,022 0,031 0,041 

h  

w 

14,6 

1,03 

20,9 

2,64 

27,2 

4,24 

18,8 

2,2 

26,9 

4,3 

35,1 

6,3 
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Discussion 

In the following we will refer to extreme values of each 

range, as a first approach neglecting intermediate 

departures. Each graph reports, as a function of the 30% 

percentage considered, the corresponding sensitivity, in 

percent, of yearly energy demand, when referred to each 

base-case, namely to the FFC or RHP configurations. 

• The case of low lighting efficiency (halogen lamps, 22 

ln/W) 

- FFC, Southern location (Rome) 

 

Figure 12: Yearly heating demand sensitivity. 

 

Figure 13: Yearly cooling demand sensitivity. 

Heating demand at the considered Southern location 

(Rome, see Figure 12) is more influenced by surface’s 

overall heat transfer coefficients and lamp’s efficiency. 

 

Figure 14: Yearly electric demand sensitivity. 

Lower sensitivity can in general be observed because the 

base-case demand is mainly due to primary-air handling. 

The highest departures occur for Ug, depending on 

surfaces and transmittance of glazing. The high 

sensitivities observed in cooling and electricity demand 

given by lamp’s technologies (Figures 13 and 14) 

highlight the remarkable influence of internal heat gains. 

 

- FFC, Northern location (Berlin) 

 

Figure 15: Yearly heating demand sensitivity. 

 

Figure 16: Yearly cooling demand sensitivity. 

 

Figure 17: Yearly electric demand sensitivity. 

Northern location (Berlin, see Figures 15, 16, 17) 

sensitivity trends are qualitatively similar to those of the 

Southern location. However, higher values generally 

occur, owing to the increasing impact of heating and 

artificial lighting with latitude. As a matter of generality, 

in Northern climates particular attention should be paid to 

glass transmittance effects on cooling: both the graphs 

point out the complex influence of τg on these loads. 

- RHP configuration 

 

Figure 18: Yearly electric demand sensitivity. 
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Figure 19: Yearly electric demand sensitivity. 

The use of reversible heat pumps leads to energy end-uses 

of the only electric type. Obtained values are generally 

lower than FFC configuration’s ones because of the 

opposite heating and cooling sensitivities to equal 

parameter variations. This also leads to different effects 

of walls overall heat transfer coefficients, glass 

transmittance, and glass transparency, at each latitude.   

• The case of high lighting efficiency (LEDs lamps, 70 

lm/W) 

- FFC, Southern location (Rome) 

 

Figure 20: Yearly heating demand sensitivity. 

If compared to Figure 12, Figure 20 presents higher 

departures because of the lower lamp’s heating 

dissipation, which increases the heat demand and 

magnifies the impact of several parameters on it. This has 

also effects, although opposites, on cooling and electricity 

demand (see Figures 21 and 22). 

 

Figure 21: Yearly cooling demand sensitivity. 

 

Figure 22: Yearly electric demand sensitivity. 

Those results confirm how deeply lighting systems can 

influence energy demand, highly depending on both the 

glazing extension and the internal lighting levels. 

- FFC, Northern location (Berlin) 

 

Figure 23: Yearly heating demand sensitivity. 

 

Figure 24: Yearly cooling demand sensitivity. 

 

Figure 25: Yearly electric demand sensitivity. 

What above remains true also for Northern (Berlin) 

latitude, despite some sensitivity differences: namely, an 

higher artificial lighting influence, and an opposite glass 

transmittance effect, on electricity demand. 
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- RHP configuration 

 

Figure 26: Yearly electric demand sensitivity. 

 

Figure 27: Yearly electric demand sensitivity. 

Eventually, also in the RHP configuration the complex 

loads interaction is well reflected on final energy 

sensitivities (see Figures 26 and 27), with the only 

exception of specific parameters strictly related to 

electrical consumption like indoor lighting levels, and/or 

lamp’s efficiency. 

Conclusions 

In the first part of this work, concerning the simulation of 

the end-uses energy demand from the whole building 

system, several aspects were investigated. Among these, 

the following appear relevant. 

With the only weak exception of the heating demand, in 

both the locations in case of fuel-fired furnaces and 

chillers configuration, lamps efficiency increases could 

nearly halving either cooling and electrical needs. This 

result only partially recurs in case of reversible heat 

pumps configuration, being highly smoothed in the 

European southern locations. 

The adoption of reversible heat pumps results always 

beneficial, allowing for lower energy demand in all the 

scenarios. In case of LEDs lamps, it enables us to reach a 

nearly equal end-uses overall energy demand at both the 

latitudes; while in case of halogen lamps the overall 

demand of the Northern one nearly doubles, and the 

Southern one increases of about 40%. Hence as a 

consequence of the European directives, abandoning the 

halogen lamps appears virtually to nullify across Europe, 

with a widespread use of LEDs devices, the effect of the 

climate differences over an entire year of exploitation. As 

far as the system response to HVAC switching-on or 

switching-off is concerned, increases of the thermal mass 

of the building are suggested as beneficial, while 

maintaining, in Northern locations, low insulation and 

transmittance levels. This, when considering that higher 

thermal mass values lead to opposite effects during 

transients of cooling and heating, therefore will alert 

against walls insulation excesses in Southern countries. 

In the second part of the study, concerning the sensitivity 

analysis, results show that non-residential buildings, 

generally characterized by wide glazing and by high-

grade lighting and ventilation requirements, are subjected 

to a complex set of conflicting effects. Their typical 

medium-low heating demand (mainly due to primary-air 

handling) and medium-high cooling and electricity 

demand, result respectively both increasing with latitude, 

and decreasing with lamps efficiency.  

In case of use of separated heating and cooling by means 

of fuel-fired furnaces and chillers, the system appears 

more sensitive to glass transmittance (which affects the 

heating demand) and indoor lighting (affecting cooling 

and electricity demand). While, in case of adoption of 

reversible heat pumps, the system appears highly 

sensitive only to lamps efficiency and lighting levels. 

Symbols 

q(𝑡) Heat flow (
𝑊

𝑚2) 

𝑡 Time (h) 

U Overall heat transfer coefficient (
𝑊

𝑚2∗𝐾
) 

𝑇𝑠𝑎 Sol-air temperature (°C)   

𝑇𝑖 Indoor air temperature (°C)   

𝜎 Heat flow damping (-)       

𝜑 Phase-lag (h) 

�̇� Ventilation air flow-rate (𝑚3 ∗ ℎ−1) 

ACR Air Change Rate (ℎ−1)  

V Room volume (𝑚3) 

𝐶𝑂𝑃 Coefficient of performance (-) 

𝐶𝑂𝑃(𝑇𝑜𝑢𝑡) 𝐶𝑂𝑃 related to external temperature (-) 

𝜉 Load factor (-) 

𝑇𝑠𝑦𝑠𝑡𝑒𝑚 Switching-off system temperature (°C) 

𝑇0𝑐 Switching-off initial temperature (°C) 

τ Whole-building time-constant (h) 

S Overall envelope surface (𝑚2) 

C Thermal mass (
𝐽

𝐾
) 

𝛥𝑡 Time to reach set-point temperature (h) 

𝑇𝑠𝑝  Set-point temperature (°C) 

𝑇0ℎ Switching-on initial temperature (°C) 

𝑃ℎ𝑛 Rated heating power (𝑊) 

�̅�𝑖 Heating average system temperature (°C) 

h Combined surface heat transfer 

coefficient (
𝑊

𝑚2∗𝐾
) 

hr Radiative surface coefficient (
𝑊

𝑚2∗𝐾
)  
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hc Convective surface coefficient (
𝑊

𝑚2∗𝐾
) 

𝜀 Surface emissivity (-) 

𝜎0  Stefan-Boltzmann constant (
𝑊

𝑚2∗𝐾4) 

𝑇�̅� External mean surface temperature (°C) 

w Wind speed (
𝑚

𝑠
) 
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Abstract 

This paper presents a self-tuned HVAC controller that 

provides customized thermal conditions to satisfy 

occupant preferences while minimizing energy 

consumption. The evolution of personalized thermal 

preference models (online learning with a Bayesian 

clustering and classification algorithm) and the delivery 

of thermal conditions with model predictive control 

(MPC) form a closed-loop. The self-tuned controller was 

implemented in an occupied, open-plan office space with 

a radiant floor cooling system. The results showed that it 

can decrease occupant dissatisfaction with the thermal 

environment compared to a baseline MPC approach. To 

evaluate the effectiveness of the self-tuned controller in 

balancing energy use and occupant comfort, we 

developed a simulation platform which includes building, 

optimal control, and occupant modules. The simulation 

results demonstrate a new method to automate the HVAC 

system adjustment during the building operation. 

Introduction 

Well-recognized thermal comfort models have succeeded 

in predicting average comfort-related responses; 

consequently, they were adopted in standards for 

operation of HVAC systems in office buildings 

(ASHRAE, 2013, ISO, 2005). However, studies have 

shown that general thermal comfort models cannot 

accurately predict comfort of individual occupants 

(Fanger, 1970, Gagge et al., 1986, de Dear and Brager, 

1997, 1998). As a result, typical HVAC systems cannot 

achieve high levels of satisfaction for all occupants. 

Moreover, because of the conservative control settings 

based on general comfort standards, HVAC energy use in 

office buildings remains significant despite the higher 

equipment efficiency and the use of improved controls 

(Nicol and Humphreys, 2009, 2010, Hoyt et al., 2015). 

Incorporating occupants in sensing and control 

frameworks (i.e., human-in-the-loop) is a potential 

solution, along with using feedback from individuals to 

learn their comfort-related responses and provide 

customized environments (Jazizadeh et al., 2014, 

Ghahramani et al., 2014, Li et al., 2017). In such studies, 

the first step is learning the conditions that satisfy each 

occupant, i.e., training personalized comfort models. To 

this end, numerous machine-learning and data-driven 

techniques, from logistic regression to neural networks, 

have been examined (Liu et al., 2007, Daum et al., 2011, 

Zhao et al., 2014, Chen et al., 2015). The key performance 

metrics for evaluating learning methods are still debatable 

(e.g., prediction accuracy, data/computational efficiency, 

etc.), but recent studies initiated a discussion on 

appropriate metrics (Ghahramani et al., 2015, Kim et al., 

2018, Lee et al., 2019).  

The second step is operating the HVAC equipment 

considering the learning outcomes. Personalized comfort 

models used in most previous studies return a “score” 

(e.g., predictive probability with logistic regression) for a 

person being comfortable/satisfied with a given set of 

inputs. Controlling the HVAC system to provide a single 

condition may ensure thermal comfort, however, it could 

be too conservative and could compromise energy 

efficiency. Therefore, in some of the studies mentioned 

above, the authors considered a range of comfortable 

conditions by setting a threshold for the score. However, 

this approach does not guarantee that this range always 

exists. Moreover, defining a control range for multiple 

occupants in an open-plan office requires heuristic rules. 

A few studies attempted to integrate advanced building 

controls, such as MPC, into a human-in-the-loop 

framework to maximize system performance (Zhao et al., 

2016, Chen et al., 2016). However, there are no studies 

conducted with real occupants in their office work 

environment.  

This paper presents the first self-tuned HVAC controller 

that integrates model predictive control and personalized 

thermal preference models, and its successful 

implementation in a real occupied office. We demonstrate 

a new algorithm that provides a set of lower and upper 

operative temperature bounds (for spaces of both single 

and multiple occupancy), without tweaking the output of 

personalized comfort models nor solving multi-objective 

optimization problems. In addition, we develop a 

simulation platform including building, occupant, and 

optimal control modules to demonstrate how the 

advantages of self-tuned control can be realized in 

practice.  

Development of the self-tuned controller 

The operation of the proposed self-tuned HVAC 

controller includes four processes with two key modules 

that form a closed loop (Fig. 1):  

• Collecting occupant feedback on the thermal 

conditions 
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• Developing/updating personalized thermal preference 

models based on daily feedback  

• Updating the control bounds for the next day  

• Controlling the HVAC system with MPC given the 

updated operative temperature control bounds.  

 

Figure 1: Sequence of processes in the self-tuned HVAC 

controller. 

Office environment and sensor network 

An open-plan office space (9.9 m by 10.5 m) was used as 

test-bed for this study. The building has a Building 

Management System with Niagara framework and JACE 

controllers for the HVAC operation and data acquisition 

system. The space has a hydronic radiant floor system 

(Fig. 2) and wall diffusers for ventilation. The radiant 

floor is separated into 8 independently controlled loops 

for localized thermal control in each sub-zone. RTD 

sensors and thermocouples were installed in eight sections 

(0.6 m from the floor and on floor) to measure the air and 

slab surface temperatures. Ultrasonic flow meters (TUF-

2000M) and thermocouples were attached at each pipe 

loop. Incident solar radiation on windows was measured 

with a pyranometer (LI-COR 200-SL). A wireless data 

acquisition system was deployed for the data collection. 

 

Figure 2: Open-plan office space with radiant floor 

system and local control capabilities. 

Learning module: Personalized thermal preference 

modeling 

The module that learns thermal preferences of 

individuals, by developing personalized preference 

models with their feedback, is an important component of 

the self-tuned controller. The method is described in detail 

in Lee et al. (2017, 2019). To learn individuals efficiently, 

we use a Bayesian clustering and online classification 

algorithm that consists of two stages:  

(i) Discovering clusters of people with similar 

preference characteristics. Fig. 3 shows the final 

four sub-models in our generalized model. Each of 

the plots is the predictive probability distribution of 

occupant thermal preference (i.e., “want warmer,” 

“no change,” “want cooler”). Solid lines represent 

the median values of the probabilities (i.e., median 

models), and shaded areas represent the associated 

95% credible intervals (i.e., 2.5- and 97.5-quantiles 

of the predictive probability).  

(ii) Classifying new occupants into clusters by 

computing the probability of new occupants 

belonging to each cluster, based on their feedback. 

In this way, we infer personalized models for the 

new occupants. We introduce hidden personal 

parameters with informative priors to handle the 

uncertainty related to unmeasured variables such as 

metabolic rate, local air speed and clothing level 

(Lee et al., 2019):  

• The metabolic rate follows a truncated Gaussian 

distribution with hidden mean and variance  

• There is a linear relationship between air 

temperature and clothing level reflecting 

behavioral adaptation 

• Distribution of air speed follows the distribution in 

the subset of ASHRAE RP-884 database.  

 

Figure 3: Predictive preference probability distributions 

calculated with sub-models for the four clusters. The 

displayed results have the following settings: MRT=air 

temperature, air speed=0.05 m/s, relative humidity=50 

%, metabolic rate=1.2 met, and clothing level=0.6 clo. 

Model predictive control module and implementation 

A data-driven grey-box building model is constructed 

based on the state-space formulation. The model includes 

five states including the air and slab surface temperature. 

The cooling rates from the AHU and radiant floor system 

are controlled inputs. Exogenous disturbances due to 

internal heat gains (equipment, lighting, and people) and 

weather (ambient temperature and solar radiation) are also 

considered. The details of the model structure and paper 

estimation approach are presented in Joe et al. (2018). The 

RMSE for the air and slab surface temperature in each 

section ranges from 0.43 to 0.68 °C, which is considered 

satisfactory. The cooling source in the actual test-bed is 

provided from the campus plant. For this study, an air-

cooled chiller model (Trane CGAM20) is used 
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(EnergyPlus, 2015). Its nominal capacity is 68.9 kW and 

the COP is 2.67. The objective function is the electricity 

consumption of the chiller and the decision variable is the 

Part Load Ratio (PLR). The dimension of the controlled 

input vector is 48 for a 24hr prediction horizon with 30 

min time-step. Details of the objective function and 

solution algorithm can be found in Joe at al. (2018) 

MPC calculations are performed in MATLAB on a server 

computer that has access to weather forecast data for 24 

hours. The optimal cooling rates are calculated and sent 

to Niagara server. Then the valves in the radiant floor 

system are activated to satisfy the signal in each loop for 

a given time step (30 min). After each time step, using 

sensor data for the zone and slab temperatures, the control 

and exogenous input are sent to the server computer, for 

the state estimation by the Kalman filter.  

For the disturbance prediction, the occupant and 

equipment heat gains are set to 65 and 50 W respectively 

based on ASHRAE Standard 55 (ASHRAE, 2013) and 

historical data from the test-bed. The occupancy schedule 

is from 8 a.m. - 6 p.m. MRT is calculated using the 

measured air and slab surface temperatures as the air 

fspeed is less than 0.2 m/s (ASHRAE, 2013). A dedicated 

experiment was carried out to determine the weighting 

coefficients of the air and slab surface temperature, which 

were found to be 0.77 and 0.23 (Joe et al., 2018). The limit 

of the maximum difference between the air and slab 

surface temperature is set to be 7 °C (Krajcik et al., 2016), 

and the low-bound of the slab surface temperature is set 

to be 15 °C to eliminate potential thermal discomfort. The 

maximum available cooling capacity was 5 kW based on 

maximum water flow rate of 12 gallon per minute and 15 

°C minimum slab surface temperature. 

Integrating preference learning and MPC: Operative 

temperature control bounds 

To integrate the learning and MPC modules, we 

determine a set of lower and upper operative temperature 

(𝑇op) control bounds using the personalized preference 

models. The best set of lower and upper control bounds 

(𝑇lb
∗ , 𝑇ub

∗ ) is the one that minimizes the operational cost 

during the control period. Here, the cost includes both 

energy consumption and occupant satisfaction.  

We define the meaning of choosing a set of control 

bounds, and also introduce a cost matrix 𝐶  (Fig. 4) to 

make the optimization feasible. Choosing a set of control 

bounds represents our expectation, �̂� , that the target 

occupant(s) would be satisfied within the bounds as: 

�̂�(𝑇op, 𝑇lb, 𝑇ub) = {

1, 𝑇ub ≤ 𝑇op
2, 𝑇lb < 𝑇op < 𝑇ub
3, 𝑇op ≤ 𝑇lb

                (1) 

where �̂� = 1, 2, 3 represent “want cooler,” “no change,” 

and “want warmer,” respectively. The cost matrix 𝐶 

defines costs for different misclassification cases. For 

example, if a person wants warmer conditions (y= 3), and 

the controller expects the person would want no change 

(�̂� = 2), then the misclassification cost for the instance is 

𝑎  (element 𝐶3,2 ). We assign a higher cost (4) for 

misclassifying instances of “want warmer” or “want 

cooler” relative to each other. 

 

Figure 4: Cost matrix for the calculation of operative 

temperature control bounds. 

The optimization is then simplified to (Eq. 2): 

(𝑇lb
∗ , 𝑇ub

∗ ) =

argmin
𝑇lb,𝑇ub

∫∑ 𝐶𝑦,�̂�(𝑇op,𝑇lb,𝑇ub)𝑝(𝑦|𝑇op, RH, 𝐲𝑜 , 𝐗𝑜 , 𝐃𝐚𝐭𝐚)𝑝(𝑇op)
3
𝑦=1 𝑑𝑇op (2) 

where 𝑝(𝑦|𝑇op, RH, 𝐲𝑜, 𝐗𝑜 , 𝐃𝐚𝐭𝐚)  is the predictive 

distribution of the target occupant personalized model, 

given 𝑇op  and RH , and 𝑝(𝑇op)  is the probability 

distribution of operative temperature (assumed uniform).  

The parameter 𝑎 controls the balance between occupant 

satisfaction and energy consumption, i.e., the 

personalized comfort-energy trade-off. Here, 𝑎 should be 

positive and less than 2 to make the cost of 

misclassification always positive. By regulating the value 

of 𝑎, and the value of each matrix element, we can select 

the relative importance of detecting occupant satisfaction 

vs dissatisfaction, and the relative priority for energy 

savings.  Fig. 5 shows how 𝑎  modulates the control 

bounds with a personalized model: lower/higher 𝑎 results 

in wider/narrower 𝑇op control range respectively. In our 

experimental implementation, we set 𝑎 = 1. 

 

Figure 5: 3 different control bounds with different  𝑎’s. 

We can easily extend this approach to calculate the 

optimal control bounds for a space shared by multiple 

occupants (but conditioned by one radiant floor loop) by 

integrating for all occupant preferences.  

Experimental implementation 

We implemented a “baseline” and the self-tuned 

controller in the open plan office with a radiant floor 

system (Fig. 2) during August-October 2018. Here, the 

“baseline” controller, used to control each of the eight 
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floor sections, is the MPC module with a set of default 

control bounds (21.1 ℃ - 25.5 ℃), based on the 

generalized preference model (Fig. 3). Nine occupants, 

22-33 years old, participated in the study. The feedback 

collection took place during weekdays between 9:00 a.m. 

and 6:00 p.m. Two occupants had their desk in each floor 

section. Each occupant participated in the experiment for 

a minimum of 16 days to a maximum of 25 days 

depending on availability. The occupants reported their 

thermal preference every hour when they were present in 

the office via a web interface. To ensure thermal 

adaptation, they were asked to take the first survey one 

hour after their first (and intermediate) arrivals in the 

office. For the first five days in August, the baseline 

controller was used. Then we implemented the self-tuned 

controller for 19 weekdays. Personalized preference 

models were updated based on their daily feedback. 

Subsequently, the local control bounds in each thermal 

zone were updated with personalized preference models 

of occupants in that zone. Finally, we applied the baseline 

controller again for three days, for further data collection 

and validation checks.  

Fig. 6 shows the evolution of the upper and lower 𝑇op 

control bounds of operative temperature over the period 

with the self-tuned control, for two radiant floor sections 

(4 occupants). Day 0 means the last day of the first 

baseline period. The control bounds evolve fast during the 

first three days and converge after 7 to 13 days. The 

converged control range of section 1 is significantly lower 

than the default range, while that of section 3 is only wider 

for the low temperature side.  

 

Figure 6: Evolution of upper and lower 𝑇𝑜𝑝 control 

bounds during the period with the self-tuned controller. 

Fig. 7 shows the upper/lower control bounds and the 

operative temperature trajectory of section 1 (subject 1) in 

two different days with the default control bounds and 

self-tuned (converged) control bounds, respectively. The 

participant was satisfied with the converged control 

bounds and the lowered operative temperature. The 

operative temperature was low in the morning and 

gradually increased over time, because the MPC 

controller pre-cooled the space in the morning, when 

outdoor temperature is low and the chiller COP is high. 

 
Figure 7. Thermal preference votes from subject 1 with 

the default control bounds and self-tuned control bounds 

(two different days). Blue triangles and green circles 

represent “want cooler” and “no change” votes, 

respectively. Dashed lines represent operative 

temperature upper and lower bounds. 

To evaluate the controller’s performance in terms of 

comfort, we use the percentage of dissatisfaction votes. 

From the experimental results, we conclude that the 

proposed self-tuned controller adjusted the bounds based 

on subjects’ preference votes, and reduced the level of 

occupant dissatisfaction from 33% to 19% (median 

values) while using 23% more cooling energy, as 

expected. Note that if we used a different 𝛼 in the cost 

matrix of Fig. 4, the results would differ. To further 

investigate this, a simulation study was conducted. 

Simulation study  

Simulation platform 

A simulation platform was developed (Fig. 8) to mimic 

the closed-loop processes of Fig. 1. A building model, 

controlled by the MPC module, returns the operative 

temperature (𝑇op) with a timestep of 30 minutes. In this 

study, we used the same model and input data for both 

MPC and building simulation to eliminate other effects 

(e.g., accuracy of predictive model, error in disturbance 

forecast, etc.). We used nine synthetic occupants with the 

personalized preference models of the tested subjects in 

the experiment. They generate synthetic preference votes 

(𝑦) every hour from 9:00 am to 5:00 pm (i.e., nine votes 

per person per day) using the resulting operative 

temperature at each time. The preference learning module 

trains/updates personalized preference models, while the 

control bounds (𝑇lb
∗ , 𝑇ub

∗ ) are updated at 6:00 pm every 

day. Here, the preference learning module does not have 

any information about synthetic occupants a priori. We 

run the simulation with measured weather data for 

September. The simulation environment is developed in 

MATLAB and Python, including the MATLAB Engine 

API for Python. 

Fig. 9 shows the evolution of the upper and lower 𝑇op 

control bounds with the self-tuned controller for two 

radiant floor sections (4 occupants) where 𝑎 = 1 . The 

results are in agreement with Fig. 6 (evolution of control 

bounds in the experiment), indicating the individual 
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differences between control sections. In addition, the 

agreement between the two figures supports that the 

simulation platform is appropriate to evaluate the self-

tuning (learning) feature of the proposed controller. 

 

Figure 8: Simulation platform that includes the learning 

and MPC modules. 

 

Figure 9: Evolution of upper and lower 𝑇𝑜𝑝 control 

bounds with the self-tuned controller in simulation. 

 

Self-tuned thermal controller for efficient comfort-

energy trade-off 

Fig. 10 shows the effect of two sets of control bounds for 

the baseline controller (red box plots) and seven different 

𝑎 ’s for the proposed self-tuned controller (black box 

plots), on both dissatisfaction level and the mean daily 

energy consumption. We used results of days 5-20, i.e., 

after the control bounds converged with the self-tuned 

controller.  

Since the indoor temperature is low in the morning and 

gradually increases over time with the MPC, synthetic 

occupants experienced lower and higher temperatures 

more frequently compared to the real occupants. Note that 

a dissatisfaction level of 0.5 can be interpreted as 

occupants are being dissatisfied with the thermal 

conditions during the half of their workhours on average. 

Therefore, the default control bounds (21.1-25.5 ℃) 

would not be suitable in real office buildings for people 

with similar thermal preference responses with the 

participants of the experimental study, even if they may 

result in energy savings, as shown in Fig. 10. Comparing 

the baseline controller with control bounds of (18-22 ℃) 

and the proposed controller with 𝑎 = 1, we can see that 

an ad hoc decision on control bounds can result in both 

higher dissatisfaction level and higher energy 

consumption. In other words, the proposed controller uses 

energy more efficiently compared to the baseline for 

providing a similar level of satisfaction. 

To evaluate the effects of 𝑎 on occupant satisfaction and 

energy consumption, we tested seven cases, 𝑎 =
0.25, 0.5, 0.75, 1, 1.25, 1.5, 1.75. Blue line in Fig. 10 is 

the Pareto front of the proposed controller in this multi-

objective control problem. The results show that 𝑎 can 

effectively control the comfort-energy trade-off. This can 

be a self-learning process. For example, if there are 

complaints from occupants, the system will be able to 

self-tune and adjust automatically increase their 

satisfaction, while consuming more energy. This process 

can be automated using the self-tuned controller 

developed in this study, instead of using uncertain 

decisions by building managers, resulting in energy waste 

or occupant dissatisfaction. 

 

Figure 10: Daily dissatisfaction level (y-axis) and mean 

daily energy consumption (x-axis) of different baseline 

and self-tuned controllers. 

Conclusion 

In this paper, a novel self-tuned HVAC controller is 

presented, which improves occupant thermal satisfaction 

and energy efficiency. The controller learns the 

preferences of real occupants from their feedback, is 

automatically updated, and controls the system operation 

to optimize energy consumption. We implemented our 

self-tuned controller in an open-plan office space 

conditioned with a radiant floor cooling system, to 

facilitate local thermal environment control. The results 
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showed that the self-tuned controller can decrease thermal 

dissatisfaction votes compared to a baseline MPC 

controller. The relative comparison of satisfaction and 

energy results depends on how the default bounds are 

selected, as well as on the parameters used in the cost 

matrix for the proposed self-tuned controller.  

To further evaluate the performance of the controller and 

generalize the results, the self-tuned controller with a 

building model and synthetic occupant preference profiles 

were incorporated into a building simulation platform. 

The evolved control bounds in the simulation closely 

resembled those in the experimental implementation. This 

supports that the simulation platform is appropriate for 

evaluating the self-tuning feature of the controller. In 

other words, similar simulation approaches can be used in 

the future to test smart and user-interactive controllers.  

The simulation results show that an ad hoc decision on 

control bounds can result in both higher dissatisfaction 

level and higher energy consumption. In addition, the cost 

matrix tuneable parameter can effectively control the 

comfort-energy trade-off. The system can self-learn and 

is able to adjust automatically to satisfy more occupants 

as required. In this way, uncertain decisions resulting in 

energy waste or occupant dissatisfaction can be avoided. 
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Nomenclature 

𝑦: thermal preference (1: want cooler, 2: no change, 

3: want warmer) 

𝑇op: operative temperature 

RH: relative humidity 

𝑇lb: lower operative temperature control bound 

𝑇ub: lower operative temperature control bound 

𝐶: misclassification cost matrix 

𝑎: parameter in 𝐶 modulating the control bounds 

𝐲𝑜: thermal preference data used to develop the 

personalized thermal preference model of an 

occupant 𝑜, 𝐲𝑜 = (𝑦𝑜
(1), … , 𝑦𝑜

(𝑁)) where 𝑁 is the 

number of data points 

𝐗𝑜: operative temperature and relative humidity data 

used to develop the personalized thermal 

preference model of an occupant 𝑜 , 𝐗𝑜 =

{𝐱𝑜
(1), … , 𝐱𝑜

(𝑁)}  where 𝑁  is the number of data 

points and 𝐱 = (𝑇op, RH) 

𝐃𝐚𝐭𝐚: training data used to develop the generalized 

model (i.e., subset of ASHRAE RP-884 DB) 
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Abstract 

The most commonly used thermostat control variable in 

heating, ventilating and air-conditioning systems is air 

temperature. The requirement for thermal comfort in 

international standards are however based on operative 

temperature. Will the adoption of operative temperature 

based control lead to better thermal comfort and how will 

this affect the energy use? The position and type of 

thermostat may also influence the comfort in the occupied 

zone. These questions were studied by simulations of 

three heating and cooling systems, fan-coil system 

(convective system) and two radiant systems: floor 

heating/cooling system and radiant ceiling 

heating/cooling panel system in three different 

geographical locations (Copenhagen, Paris and Rome). 

Besides the simulations, the influence of the position was 

tested in an experimental room with a convective and a 

radiant heating/cooling system. 

Introduction 

Several indoor environmental parameters influence 

thermal comfort of the occupants. In all existing 

international standards for the indoor environment, the 

requirements for the thermal environment and the room 

temperature are given by using the operative temperature 

as reference (ISO EN 7730, EN 16798-1, ISO 17772-1, 

ASHRAE 55). The operative temperature is defined as the 

uniform temperature of an enclosure where a person 

would exchange the same amount of heat by radiation 

plus convection as in the actual non-uniform environment 

(ISO EN 7730). Thus the sensor should represent the 

same ratio of heat exchange as the person.  

The operative temperature can be expressed as: 

 

 
 

c a r r
o

c r

h t h t
t

h h

  



, (1) 

Where, to is the operative temperature, ta is the air 

temperature, tr is the mean radiant temperature (°C), hc is 

the convective heat exchange coefficient, and hr is the 

radiant heat exchange coefficient for a person (W/m2K). 

In practice, in most cases where air velocity is small (<0.2 

m/s) or where the difference between mean radiant 

temperature and air temperature is small (<4 °C), the 

operative temperature can calculated with sufficient 

approximation as the mean value of air and mean radiant 

temperature: 
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a r
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 , (2) 

This means that air temperature and mean radiant 

temperature are equally important for thermal comfort in 

a space and therefore they have the same influence in 

providing acceptable thermal conditions. 

In particular, the mean radiant temperature, and 

consequently the operative temperature, are not evenly 

distributed and vary according to the location in the room. 

With radiant surface heating and cooling systems, the 

mean radiant temperature depends strongly on the surface 

temperatures of the heated/cooled surfaces, but also on the 

angle factors between the human body (position of 

occupant) and the room surfaces, as well as on the 

emissivity of the surfaces (ISO EN 7726).  

Therefore, if the operative temperature is measured by a 

sensor, the result will be influenced not only by the 

position, but also by the shape, size and colour of the 

sensor. 

The energy use or losses/gains in a space is due to 

transmission (including solar transmission) through 

exterior surfaces and ventilation. For ventilation, the room 

air temperature is the reference, whereas for the 

transmission the operative temperature is a better 

reference. 

In HVAC (heating, ventilating and air-conditioning) 

systems, the most commonly used parameter to control 

indoor thermal environment is the air temperature (ta). 

This is accomplished either by a thermostat installed in 

each zone (room) or by a 'central' thermostat controlling 

the conditions of several zones based on the average air 

temperature set point of those zones.   

Simulation study of the influence of room 

sensor type on energy use and thermal 

comfort 

As the operative temperature is more closely related to the 

influence of room temperature on thermal comfort 

compared to air temperature, the use of operative 

temperature based thermostat control (TC-Top) have been 
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studied and compared with air temperature based 

thermostat control (TC-Ta) in a few research papers.  

Jain et al. compared the effects of the two controls on 

energy use in perimeter zones of highly glazed buildings 

in New Delhi (India) through simulation. Their results had 

shown that energy use in highly glazed buildings can be 

under-estimated by the use of TC-Ta. In another 

simulation study, Julien et al. found an increase of 18.7% 

on heating load when TC-Top was compared with TC-Ta. 

In a simulation study by Niu et. al.,  an increase of 7% in 

an office building in Hong Kong was found.  

The effect of HVAC system and geographical location 

Wang et.al. (2019) did a dynamic computer simulation 

study of energy use and indoor thermal environment of 

offices conditioned by means of three different HVAC 

systems: fan-coil system (FCS), floor heating/cooling 

system (FHCS), and radiant ceiling heating/cooling panel 

system (CHCPS). The study was based on whole year 

simulation for three cities, Copenhagen, Paris and Rome.  

The building model used in all simulations included a 

central module of an office building with two offices 

separated by a corridor (Figure 1). Both the corridor and 

each of the offices were treated as separate zones. The 

selection of the building module was based on earlier 

work by Olesen and Dossi (2004) and Kolarik et.al. 

(2011). The total floor area used in modelling was 48.4 

m2. The offices had only one outside façade. The other 

walls were assumed to be adiabatic. The building was a 

light construction with steel frame and thermal insulation. 

Figure 1 shows the studied room module. 

 

 

Figure 1: Section of the room module (reproduced from 

Olesen and Dossi, 2004). Dimensions in m. 

 

The difference in monthly mean outdoor air temperature 

for the three cities are shown in Figure 2. 

  

 

Figure 2: Average monthly outdoor temperature. 

The internal heat load from people, light and equipment 

was set at 32 W/m2. Windows in the office zones were 

equipped with only internal solar shading (light woven 

drape). When the solar radiation incident on an inside 

glass pane exceeded 200 W/m2, internal drape would be 

activated. When the internal shading was drawn, the total 

shading coefficient of the window was multiplied by a 

factor of 0.71 and the short-wave shading coefficient of 

the window by a factor of 0.67. The effect of the internal 

blinds on the U-value of the window was considered by a 

coefficient of 0.87. The solar shading devices had simple 

two-position (on/off) control. For each type of simulated 

HVAC system, the indoor units cooperated with a 

ventilation system with heat recovery (effectiveness was 

0.6). The ventilation system operated on weekdays from 

8:00 to12:00 and 13:00 to 17:00 with lunch break. The 

supply airflow was 2 L/(s.m2), which was about 2.6 air 

change per hour (ACH), with constant supply temperature 

of 19 °C. Natural infiltration would change according to 

the variation of climate file and would be much lower than 

0.5 ACH (0.39 L/(s.m2)). 

The temperature of offices and corridor was set to 25±1 

°C for cooling and 21±1 °C for heating. The cooling 

would be turned on when the temperature is higher than 

26 °C and be turned off when the temperature is lower 

than 24 °C. The heating would be turned on when the 

temperature is lower than 20 °C and be turned off when 

higher than 22 °C. There were air- and operative 

temperature sensors in each room. 

The fan-coils (FCS) operated during occupied hours with 

a supply water temperature of 15 °C for cooling and 40 

°C for heating. The Floor Heating/Cooling System 

(FHCS) operated with a supply water temperature for 

cooling of 15 °C and 40 °C for heating. In the simulation 

the lowest floor surface temperature was 21.8 °C and 

there was no condensation. The Radiant Ceiling 

Heating/Cooling Panel system (CHCPS) operated with a 

supply water temperature of 19 °C for cooling and 40 °C 

for heating. Considering the direct contact of cooling 

panel with air, to avoid condensation the supply water 

temperature of CHCPS was set higher than FCS and 

FHCS. 

The amount of the energy used to condition the indoor 

space in the building module was determined and 

compared for all simulated HVAC systems. In the 

analysis, only two parts of energy (kWh) delivered to a 

particular HVAC system were considered: (1) zone 

heating/cooling – thermal energy supplied to indoor units; 

(2) ventilation system heating/cooling – thermal energy 

supplied to heating/cooling coils in air handling units to 

condition the air supplied to the zones. Since the main 

concern was to compare the effect of two thermostat 

controls, other energy cost by fans, pumps etc. was not 

included.  
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(a) Cooling energy use in simulated year 

 

(b) Heating energy use in simulated year 

Figure 3: Annual heating and cooling energy use. 

 

The annual heating/cooling energy use per square meter 

of the space (kWh/m2.yr) was calculated. 

The results of the energy use calculations are shown in 

Figure 3. The values are the combined energy use for the 

three rooms, South, North and corridor.  

 

Table 1. Total energy use for heating and cooling. 

Location Type of system Type 
of 

control 

Total 
cooling 

and 
heating 

kWh/m2.yr 

Copenha

gen 

Fan Coil 

FCS 

TC-Ta 25.7 

TC-Top 29.3 

ΔE -14% 

Floor 

Heating/Cooling 

FHCS 

TC-Ta 30.6 

TC-Top 29.0 

ΔE 5% 

Radiant Panel 

Heating/Cooling 

 

CHCPS 

TC-Ta 32.7 

TC-Top 30.0 

ΔE 
8% 

Paris  Fan Coil 

FCS 

TC-Ta 28.0 

TC-Top 32.0 

ΔE -14% 

Floor 

Heating/Cooling 

FHCS 

TC-Ta 32.4 

TC-Top 30.4 

ΔE 6% 

Radiant Panel 

Heating/Cooling 

TC-Ta 33.8 

TC-Top 31.2 

 

CHCPS 

ΔE 
8% 

Rome Fan Coil 

FCS 

TC-Ta 53.4 

TC-Top 60.2 

ΔE -13% 

Floor 

Heating/Cooling 

FHCS 

TC-Ta 56.6 

TC-Top 54.8 

ΔE 3% 

Radiant Panel 

Heating/Cooling 

 

CHCPS 

TC-Ta 58.0 

TC-Top 56.0 

ΔE 
3% 

 

 

 

Table 1 shows the estimated total energy for heating and 

cooling for air (TC-Ta) and operative (TC-Top) 

temperature control together with the calculated % 

difference (ΔE).   

To evaluate the performance of type of control, the 

resulting comfort in the rooms must also be considered. 

In this study, the South office will be used as most effect 

is expected here because of the sun radiation. The thermal 

comfort was analysed according to EN 16798-1 (or ISO 

17772-1). Table 2 shows the different thermal comfort 

categories according to EN 16798-1 and ISO 17772-1. 

 

Table 2. Thermal comfort categories according to EN 

16798-1 (or ISO 17772-1). 

Category Operative temperature (°C) 

During cooling  During heating 

I  23.5-25.5 21.0-23.0 

II  23.0-26.0 20.0-24.0 

III 22.0-27.0 19.0-25.0 

IV <22.0 or >27.0 <19.0 or >25.0 

 

The %-distribution of the operative temperature in the 4 

categories in Table 2 was calculated from the results of 

the simulations. Only the hours of occupancy from 08:00 

to17:00 is analysed. The results for the south office is 

shown in Figure 4. 

 

________________________________________________________________________________________________ 

________________________________________________________________________________________________ 
Proceedings of the 16th IBPSA Conference 
Rome, Italy, Sept. 2-4, 2019

 
2088

 

 
  



 

Figure 4: Statistics of thermal comfort levels in 

South office. 

The control mode has a significant influence on the 

resulting thermal comfort in the room.  

For a convective system (FCS), the comfort 

improvements by using an operative temperature control 

is very significant. Especially for the warmer environment 

like Paris and Rome, where more cooling is needed. By 

using the operative temperature as thermostat, the number 

of hours in Cat IV was reduced to less than 5% even in 

the warmest climate. However, this behaviour results in 

an energy penalty of 13-14% (Table 1).  

For a radiant system, the difference between the two 

control modes are less significant. In both control modes 

the number of hours in Cat IV is 5% or less. Using an air 

temperature control will improve comfort in a room 

heated/cooled by a radiant system. The number of hours 

in Cat IV will be reduced to 2% or less. This also come 

with an energy penalty of 3-8%.  

During cooling, the supply water temperature of FHCS 

was set as 15 °C and at 19 °C for CHCPS. In the 

simulation, the lowest temperature of the cooling surface 

was 21.8 °C for FHCS and 21.3 °C for CHCPS, without 

any risk of condensation. As the heat exchange coefficient 

for a cooled ceiling is higher than for a cooled floor, the 

ceiling panels can provide better cooling than the floor. 

This explained the result that CHCPS had better thermal 

comfort conditions than FHCS under the same control 

conditions during cooling, especially when located in 

Rome. 

As the window size has a very significant influence on the 

load and the mean radiant temperature in a room, a further 

simulation was made with a 100% window façade instead 

of 30%. The simulation was only made for Paris. As the 

larger window required more energy for cooling, the 

radiant ceiling panels were simulated with a supply 

temperature for cooling of 19 Co and 16 Co.  The results 

of the energy calculations are shown in Table 3 and Figure 

5. 

 

 

 

 

 

 

Table 3. Total energy use for heating and cooling for two 

window sizes. 

 

Paris  

 

Fan Coil FCS 

30% window 

TC-Ta 28.0 

TC-Top 32.0 

ΔE -14% 

Fan Coil FCS 

100% window 

TC-Ta 44.1 

TC-Top 59.5 

ΔE -35% 

Radiant Panel 

Heating/Cooling 

CHCPS 

30% window 

19 oC, supply 

TC-Ta 33.8 

TC-Top 31.2 

ΔE 

8% 

Radiant Panel 

Heating/Cooling 

CHCPS 

100% window 

19 oC, supply 

TC-Ta 61.6 

TC-

Top 
55.2 

ΔE 
10% 

Radiant Panel 

Heating/Cooling 

CHCPS 

100% window 

16 oC, supply 

 

TC-Ta 65.4 

TC-Top 57.3 

ΔE 

12% 

 

 

 

 

 

Figure 5: Annual heating and cooling energy use for fan 

coil and two window sizes.  
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Figure 6: Statistics of thermal comfort levels in 

South office for radiant ceiling panels. 

 

  

 

 

Figure 7: Statistics of thermal comfort levels in North 

office (left) and South office (right) for fan coil system. 

.  

Experimental testing of the influence of 

sensor colour, shape and position 

In an experimental study by Simone et. al. (2007) several 

types of sensors (ellipsoid Figure. 8, sphere Figure 9 , 

half-sphere Figure 10, flat,  grey, black, white, polished), 

were used to measure the operative temperature in a 

chamber with different combinations of air temperature 

and radiant heated or cooled surfaces. Besides comparing 

the type of sensor, the influence of the sensor position in 

the room was experimentally investigated. All sensors 

were calibrated and the accuracy was + 0.2 K. 

Sensor size 

The optimal size of an operative temperature sensor was 

investigated by looking at the theory for convective and 

radiant heat exchange for an object. In moderate indoor 

thermal environments the air velocity is normally lower 

than 0.15 m/s and the temperature difference between air- 

and mean radiant temperature is lower than 5 K. For such 

boundary conditions a diameter between 0.03 and 0.05 m 

for the sphere, and a length between 0.04 and 0.07 m for 

the flat shape may suffice (the one used in the present 

experiment had 3 cm diameter). The lower the air velocity 

the smaller the required sensor. 

 

 

    

Figure 8: 

Ellipsoid-

shaped 

sensor. 

Figure 9: 

Spherical 

sensor. 

Diameter 

4cm. 

Figure 10: 

Half-sphere 

sensor. 

Diameter 4 

cm. 

Figure 

11: Air 

temperatu

re sensor. 

 

 

Sensor colour 

Three coloured sensors (black, grey, white) and one 

polished aluminium flat sensor were used in the 

experiment. The sensors were first exposed to a radiant 

ceiling (about 42 oC). The results in Figure 12 show that 

  

 

 

Figure 12: Sample of measured temperatures for 

flat sensors exposed to heated ceiling. 

  

 

the colour of a sensor is not important when exposed to 

long-wave infrared radiation. A polished sensor, however, 

will reflect more of the radiation and show less influence.  

In the present test the polished sensor showed 1 to 2 K 

lower temperature, depending on the position to the 

heated ceiling. Room sensors or thermostats may often be 

exposed to short-wave radiation from direct or diffuse 

sunlight. This was tested in another experiment. The 

sensors were exposed to short-wave radiation produced 

by a high temperature sun-spot lamp. The sensors’ 

direction to the lamp was changed from a perpendicular 

(position 1a), 45o angle (position 1b) and a 90o angle 

(position 1c).  

 

heated ceiling

20.00

21.00

22.00

23.00

24.00

25.00

26.00

1 2 3 4 5

position

te
m

p
e

ra
tu

re black

polished

white

grey

Heated Ceiling

T
e

m
p

e
ra

tu
re

 [
°C

]

Position

heated ceiling

20.00

21.00

22.00

23.00

24.00

25.00

26.00

1 2 3 4 5

position

te
m

p
e

ra
tu

re black

polished

white

grey

Heated Ceiling

T
e

m
p

e
ra

tu
re

 [
°C

]

Position

________________________________________________________________________________________________ 

________________________________________________________________________________________________ 
Proceedings of the 16th IBPSA Conference 
Rome, Italy, Sept. 2-4, 2019

 
2090

 

 
  



 

Figure 13: Influence of sensor colour when exposed to 

sun-lamp at different angles. 

 

The results in Figure 13 shows that the colour and 

finishing of the sensors had a significant influence on the 

temperature reading when exposed to short-wave 

radiation. The lowest effect was on a white and a polished 

sensor; the highest was on the black sensor. The highest 

differences (approximately 6 K between black and white) 

appeared when all sensors were placed 3.5 m from the 

lamp and faced front perpendicularly to the lamp. By 

turning around the horizontal axis from the 

perpendicularly facing position (0°) to parallel with the 

radiation from the lamp (90°), sensors receive less short-

wave radiation and the influence decreases. In a real 

room, the angle of the short-wave sun radiation varies 

during the day. Generally, a grey sensor gives 

intermediate results between black and white (see Figures 

12 and 13), but closer to the black, and the polished sensor 

gives results very close to the white, especially when the 

sensors face the light source directly. 

Influence of sensor shape and position 

Different sensor types (Figures 8-11) were positioned in a 

test room with a heated/cooled window, heated/cooled 

ceiling, heated/cooled wall, heated floor, and 

combinations. All sensors were positioned at 1.1 m 

height. The reference was an ellipsoid shaped sensor in 

the centre of the test room. The flat sensor was circular 3 

cm diameter and painted grey.  

In all cases the air temperature in the test room was 

controlled by piston flow (uniform air temperature 

distribution) through a perforated floor in the range (19-

21 °C).   

Table 4 shows the difference between the reference 

operative temperatures in the centre (ellipsoid sensor) 

compared to air and the measured sensor temperatures in 

different locations. This is influenced by both the 

difference in sensor type and position. The radiant 

temperature asymmetry is used to describe the non-

uniformity of the radiant environment. 

 

 

 

Table 4. Comparison of measured sensor temperature in 

different locations with the reference operative 

temperature in the centre (ellipsoid).  

B: sensors at side wall; A: sensors at centre facing 

window;  E: sensors at backwall facing window. 

 

Set-up 

Radiant  

asymmetry, 
∆tp,max  K 

∆Top (ellipsoid-sensors) 

K 

Hor. Ver. sensors B A E 

Cooled 
window 

 

0.7 1.3 

air -1.0 -1.0 -1.0 

sphere   -0.6 -0.9 -1.2 

flat  -0.8 -0.1 -0.9 

half 
sphere 

-0.1 -0.4 -0.8 

                                                                       

Cooled 
Window 

Heated 
Ceiling 

 

15.6 1.6 

air 0.9 0.8 1.0 

sphere   0.1 0.1 0.1 

flat  -0.8 0.9 -0.2 

half 
sphere 

-0.4 0.6 -0.1 

Heated 
Ceiling 

 

18.8 0.2 

air 1.9 1.6 1.4 

sphere   0.4 0.2 0.1 

flat  -0.4 -0.2 -0.2 

half 
sphere 

-0.2 -0.2 -0.2 

Heated 
floor 

 

6.1 0.2 

air 0.1 0.1 0.4 

sphere   0.0 -0.1 0.1 

flat  -0.2 -0.2 0.1 

half 
sphere 

-0.2 -0.2 -0.1 

 

 

 

Column A shows the results for all sensors in the centre. 

This comparison is thus influenced only by the type of 

sensor and not the position. Even if in some cases the 

radiant temperature asymmetry was quite big, the 

difference between operative and air temperature were in 

only one case higher than 1 K (heated ceiling). Column B 

and C show the difference between the reference 

operative temperatures in the centre compared to the 

measured sensor temperatures in different locations. This 

is influenced by both the difference in sensor type and 

position. In most cases the results show relatively small 

differences between the sensors and the reference 

operative temperature in the centre. However, the sphere 

in general is not better than the flat and the half-sphere. In 

most cases the difference between local air temperature 

and operative temperature in the centre is bigger than the 

difference between the other sensors and the operative 

temperature. 
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Discussion 

Building simulation studies show that the impact of using 

a thermostat control based on air temperature or on 

operative temperature can be very significant both 

regarding energy use and thermal comfort. The largest 

differences are found if an air system like fan coil is used. 

If controlled by air temperature the thermal comfort is not 

acceptable. Therefore it is recommended to use an 

operative temperature control for air systems. The 

improved comfort with an operative temperature control 

will result in a significantly higher (> 14%) energy use. 

For a radiant system like floor heating/cooling or radiant 

ceiling panels, the difference between using air 

temperature control compared to operative temperature 

control is smaller both regarding thermal comfort and 

energy use. For comfort, air temperature control is the 

best for radiant systems. The reasons are the larger 

difference between air- and operative temperature in 

spaces with air systems. With radiant systems the radiant 

surface do compensate for a cold (or warm) window, so 

the difference become smaller (Kazanci et al. 2018). 

The occupant behaviour is an important factor and may 

counteract for differences in control systems. If the 

occupant is feeling too warm or cold he/she will adjust the 

thermostat setting to provide better comfort and in this 

way compensate for any differences between thermostat 

set-point and operative temperature in the occupied space. 

This is possible in single office conditions; but may be 

more difficult in landscape offices. 

Another development in the field of temperature 

measurements in buildings is the use of wireless indoor 

environmental quality (IEQ) sensors. Their increasing use 

in buildings might provide the possibility of using them 

instead of the typical wired sensors in Building 

Management Systems (BMS). However, their use in BMS 

will have different effects on indoor environment, energy 

performance and system operation. Recent studies 

identified the measurement capabilities of state-of-the-art 

wireless IEQ sensors (Mylonas et al. 2019). 

Conclusion 

The results showed that air temperature based thermostat 

control and operative temperature based thermostat 

control had different impacts on fan-coil system and 

radiant systems. For fan-coil system, the use of operative 

temperature based thermostat control had better thermal 

comfort conditions and higher energy use than that of air 

temperature based thermostat control. For the two radiant 

systems, the results were the opposite. The results were 

almost the same in the different geographical locations 

simulated. Besides, the thermal comfort difference 

between the two controls of north office was smaller than 

that of south office. 

For fan-coil system, in south office, compared with air 

temperature based thermostat control, the hours of Cat. I 

(-0.2≤PMV≤0.2) increased 8 % for building in 

Copenhagen, 9 % for Paris and 14 % for Rome. 

Meanwhile, total energy supply increased 14 % in 

Copenhagen and Paris and 13 % in Rome. For radiant 

systems, the total energy use reduced 3 % to 8 % 

depending on location and type of system when operative 

temperature based control was used.  

The experimental study showed an influence of the 

thermostat position in a room on the thermal comfort in 

the occupied space. 
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